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Problems in Measuring Steam Flow at 1250 
Psia and 950 F With Nozzles 


and Orifices— 


Measurement of steam flow at 1250 psia and 950 F with nozzles 
and orifices is discussed (a) during their calibration and (b) 
during performance tests on a turbine. All primary elements 
were constructed to ASME specifications, the nozzles being of 
long-radius, low-ratio design with throat taps, the orifices em- 
ploying radius taps. 

The calibrations for the flow nozzles indicated that reliable 
repeatable results could be obtained although one nozzle ex- 
hibited an abrupt increase in discharge coefficient of about 0.5 
per cent at about 2 per cent pressure differential. The measured 
coefficients of discharge were within Power Test Code ‘‘probable 
tolerances’’ of +1.25 per cent. The calibrations of the orifices 
were of little value because of permanent distortion of the orifice 
plates as a result of difference in expansion between the plates 
and their holding flanges. 

For measuring steam flows to the turbine, additional orifices 
were made up of different material, reducing distortion of the 
plates to the point of being negligible. The results of the turbine 
test with orifices and nozzles in series indicated excellent agree- 
ment between the flows based on orifice data using calculated 
coefficients and those determined from nozzle data using co- 
efficients obtained from the calibration. Some trouble was ex- 
perienced from deposits found around the nozzle throat taps. 

While this paper presents data indicating excellent agreement 
of the two methods of flow measurement during the turbine- 

- performance tests, it also points out the need for more experi- 
mentation and knowledge of steam-flow measurement at ele- 
vated temperatures and pressures. 


Introduction 


In EARLY 1956 three long-radius, low-ratio ASME type flow 
nozzles and four square-edge orifices were calibrated by the 
Medium Steam Turbine, Generator and Gear Department of 
the General Electric Company at West Lynn, Mass. The 


1 The opinions or assertions contained in this paper are the private 
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and expressed opinions they believed to be correct and reliable. How- 
ever, because of the constant advance of technical knowledge, the 
widely differing conditions of possible specific applications, and the 
possibility of misapplication, neither the authors nor their employers 
make any warranty with respect to, or assume any liability arising out 
of this paper, its contents, or its use. 

3 Head Applied Physics Division, Naval Boiler and Turbine Labora- 
tory, Naval Base, Philadelphia, Pa. Mem. ASME. 

«Mechanical Engineer, Advance Engineering, Medium Steam 
Turbine, Generator and Gear Department, General Electric Company, 
West Lynn, Mass. Mem. ASME. 

Contributed by the Research Committee on Fluid Meters and 
presented at a joint session with the Power Test Codes Committee 
and the Power Division at the Annual Meeting, New York, N. Y., 
December 1-6, 1957, of Tae AMERICAN Society OF MECHANICAL EN- 
GINEERS. 

Nore: Statements and opinions advanced in papers are to be 
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calibrations were made so that accurate steam flow measure- 
ments could be made during steam-rate tests to be run on a 
turbine at the Naval Boiler and Turbine Laboratory (NBTL) 
at Philadelphia. Other test programs at the laboratory made it 
impracticable to weigh the flow for these steam-rate tests. The 
steam flows at which measurements were to be taken ranged from 
15,000 to 216,000 lb per hr. Three sizes of flow nozzles and 
three sizes of orifices were required to keep differential pressures 
within reasonable values. 

The flow nozzles and orifices were designed to be installed in 
the inlet steam line to the turbine. One size of flow nozzle and 
the corresponding size of orifice were assembled in series for the 
tests for which these sizes were suitable. These were changed 
for other sizes when test conditions required it. 

The turbine inlet pressure was to range from 1050 to 1195 psig 
and the inlet temperature from 925 to 940 deg F. The inlet 
pressures and temperatures for the nozzles and orifices in the 
turbine inlet pipe, of course, would be somewhat higher. 

Aside from the need for these calibrations for turbine steam- 
rate test requirements, very great interest was aroused in them for 
several reasons. The square-edge orifice was the flow-measuring 
element preferred by the NBTL engineers for precision flow 
measurements, while the ASME long-radius, low-ratio nozzle 
with throat taps was preferred by the G.E. engineers. In each 
case experience was confined almost wholly to the preferred 
element. Here was an opportunity to compare these elements in 
three different sizes and at conditions of pressure and temperature 
at which few, if any, calibrations had been made previously. 

Because the effective flow capacity of the high-pressure boilers 
at Lynn was limited to about 117,000 lb per hr, the largest flow 
nozzle and orifice had to be calibrated at reduced pressures 
throughout most of their flow ranges. Except for this, the 
inlet pressures and temperatures were held approximately at the 
values expected for the turbine test conditions. Sufficient 
calibration runs were made to cover the required ranges of 


differential pressure. oe. 


Primary Elements > 


ore 
Flow Nozzles. The flow nozzles were designated as D-2863, 


D-2864, and D-2865. Ratios of significant dimensions to meas- 
ured throat diameters are given in Table 1. The letter symbols 
refer to dimensions indicated in Fig. 1. The values of Ds», are 
actual average throat diameters measured in the planes through 
the centers of the throat taps. A defect in the forging required 
enlargement of the throat diameter of D-2863 by 0.0227 in. or 
1.5 per cent over the drawing dimension. 

These flow nozzles were made from Type 410 chrome-iron 
forgings of about 300 Brinnell hardness. The bores were machined 
in a contouring lathe using very accurate templates. This was 
followed by a light polish which brought the bore finish to about 
8 microin. Metal plugs were used in the throat tap holes during 
the final machining and polishing. After the plugs were removed. 
a special burring operation left the corners at the intersections 
of the holes with the bores sharp and square. 
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as Table 1 Flow nozzle dimension ratios 


Nozzle a/D, a,/De b/D, C/Ds d/D, h/d L/D, 
D-2863 l 0.985 0.954 0.656 0.740 0.083 4 0.248 
D-2864 2.7 09: 1.000 0.969 0.667 0.750 0.092 3 0.250 
1)-2865 3.8 0.998 0.967 0.665 0.748 O.112 0.249 
ASME Code (1)5 1.000 31/32 0.667 O.750 0.125 0.250 


Table 2. Orifice data 


Stainless-steel _ Average —Over-all thickness, in.— Diam 
Orifice no. no. diameter, in. In pipe In flanges ratio (Dy Di) 


Ortrices Usep DurInG CALIBRATION 
304 1.9797 7 1/4 0.300 
304 3.4306 1/4 520 
304 4.4854 | / 1/4 680 
304 1.9786 1/4 300 
OriricEs Usep IN RBINE Test 


430 4 4843 


3 680 
430 1.9777 3 

] 

l 


8 

8 300 
430 1.9782 4 .300 
430 3.4284 4 
430 4.4850 4 


520 


/ 680 


~Y4" PIPE TAP 1/,-in. thickness and were fabricated in strict conformity with 


4 HOLES ASME-AGA Standards. The cylindrical portion of the bore 

s was limited to '/, in. and extreme care was taken so that the 
upstream edge of the bore was sharp and square. No light was 
reflected from this edge when viewed without magnification. 
The plate was beveled at an angle of 45 deg from the cylindrical 
portion to the downstream face. 

The orifice plates used during the turbine test also were made 
in strict conformity with the ASME-AGA Standards, except 
that two of them had maximum thickness of */; in. within the 
pipe bore. Where they were clamped between the pipe flanges 
the '/,-in. thickness was maintained so that all the pressure taps 
were in the same locations relative to the cylindrical portion for 
all the onfices. It was felt that with the 45-deg bevel the same 
flow mechanism would exist in the plates with the increased 
thickness required for strength as would exist in plates of thick- 
ness specified by the Code. 

The principal dimensions of the plates as taken before use 
and the diameter ratios to the 6.595-in-ID pipe are given in 
Table 2 

Comparison of the actual width of the cylindrical portion with 
ASME-AGA limitations is given in Table 3. 


7 Table 3 Orifice comparisons with ASME-AGA limitations 


—Width of cylindrical portion,— 
Fig. 1 Diagram of flow nozzle in. 
Criterion Code maximum = Actual 
In order to check the accuracy of the bore contours a low- (4) '/s of pipe diam (D) 7 a 132 1/8 
(b) '/, of orifice diam (d) 0.2477 1/8 
(D — 0.577 1/8 
2 quan: A 


melting alloy was poured into each nozzle and the resulting 

casting was compared with a 10 times size layout ina comparator. (c) '/, of dam height 

These comparisons showed that the bore contours were very 

accurate and that the ellipses came in truly tangent to the * Based on smallest orifice diameter of 1.9777 in. 

cylindrical throats. Measurements of throat diameters in 12 

places for each nozzle showed a maximum range of 0.033 per cent Meter Runs 

in the measurements of any nozzle. The 6.8-in. OD centered Flow-Nozzle Piping. Fig. 2 shows the piping in which the 

the nozzles in the 6.87-in-ID approach pipe to a concentricity oy nozzles were assembled for calibration. The inlet pipe 

well within ASME Code limits. was bored to a diameter of 6.87 in. and a finish of approximately 
Orifices. Two ects of orifices were used: One set for the 150 microin. for a distance of almost 4 diameters ahead of the 

calibration and one set for the actual turbine operation. It was pressure taps. The net length of straight pipe between the 

the original intention to use the calibrated orifices for the turbine flow straightener and the nossle was about 12 diameters and a 

operation, but, owing to the distortion discussed in subsequent — 9_ 45, meter length followed the nozzle. The inside of the in- 

paragraphs, it was necessary to make another set. spection opening cover was contoured flush with the pipe bore. 
The orifice plates used during the calibration were all of Table 4 gives the ratios of nossle-throat diameter to pipe di- 


’ Numbers in parentheses re - or to Bibliography at end of paper. ameter. 
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Fig. 2 Flow-nozzle piping for calibration setup 
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8° FLOW STRAIGHTENER 
Big. Flow straighteners 


Table 4 
Diam ratio, D./D, 
0.220 
0.394 
0.486 


Nozzle 
D-2863 
1)-2864. 


Fig. 3 shows the resistance flow straightener used for both 
calibration and the turbine test. Its net passage area of 11.4 
sq in. is about 31 per cent of the pipe area and from 1.3 to 6.4 
times the throat areas of the nozzles. 

The flow nozzles and straightener were assembled in the same 
piece of pipe for both the calibration and the turbine test. 
However, in the turbine test the straightener was preceded by 
a 4-ft length of 8-in. pipe and then an 8 X 6-in. reducer. The 
flow nozzle was followed by a 4-ft length of straight pipe and 
then an 8 X 6-in. reducer. 

Orifice Piping. The orifice piping was fabricated in strict 
accordance with ASME-AGA Standards. It was inspected 
carefully during fabrication and also between tests. The same 
piping was used for both the calibration and the turbine test. 
Approximately 22 pipe diameters of approach piping were 
included to assure the same entering-velocity pattern as would 
be encountered in the turbine tests. The measured dimensions 
of this piping (taken at 4 diameters in each of the measurement 
planes) are given in Table 5. 


7 Table 5 Meter tube diameters, in. 


Plane two ID from 
upstream face of 
orifice plate differential taps 

6.605 5. 591 

576 >. 591 

599 5. 593 

600 593 
Average of all measurements = 6.595 in. 


Plane of 
outlet-pressure 
differential taps 


». 599 


).599 


Plane of 
inlet-pressure 


600 


599 


Pressure differential taps used were of the ASME “radius- 
tap’’ location; i.e., the upstream tap being located one inside 
pipe diameter from the upstream face of the orifice plate, and 
the downstream tap one-half inside pipe diameter from the up- 
stream face of the orifice plate. Two taps were located at 180 
deg from each other at both upstream and downstream locations. 
The diameter of the pressure-tap holes was '/, in. and they 
were located to within +0.002 in. of the required location. 
The amount of the straight portion of the taps extended more 
than two hole diameters from the inside of the pipe before 
being enlarged to a '/.-in. IPS threaded connection. [Every 
possible precaution was taken to assure that these holes were 
perpendicular to the pipe, free from burrs, and slightly rounded 
so that only the static pressure of the steam was measured. 


Calibration Setup and Instrumentation 


The piping arrangement and calibration setup are shown in 
Fig. 4. The nozzle is located at the right-hand end of the lower 
leg of the outer U-shaped pipe. from the flow 
nozzle is a 90-deg elbow followed by a short length of straight pipe, 
then a 45-deg elbow, and then a 12/'-ft length of straight 
pipe leading to the orifice. The inlet and outlet pressure taps 
for the orifice can be seen coming out of the flanges just upstream 
from the connection to the Bourdon gage. The back-pressure 
control valve with its bypass valve can be seen in the vertical 
The steam then passed 
to the condenser through pipes containing many (recirculated) 


Downstream 


portion of the pipe following the orifice. 


condensate sprays. 

Steam was taken from the 1500-psi boilers which, at the larger 
At the smaller flows 
a steam turbine with gagged governor was operated in parallel 
with the calibration setup. 
desired temperature in a separately fired superheater. 


flows, supplied steam to these tests alone. 


The steam was superheated to the 
Inlet 


pressure was controlled by means of a pressure control station: 


Fig. 4 View of calibration setup 
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Fig.5 View of flow-nozzle pipe 


which normally controls pressure automatically, but in this 
case was operated by hand. 

The pressure connections on one side of the pipe for the flow- 
nozzle inlet and throat can be seen in Fig. 5. One thermocouple 
in its well also can be seen. During the calibration runs heat 
insulation was heaped up over the tops of the wells. The pressure 
connections are run horizontally for several feet from the 
pressure taps to permit accurate determination of water legs. 

Fig. 6 shows the pressure connections for the orifice on one 
side of the pipe. The condensation pots were supplied by NBTL. 
Fig. 6 also shows some of the dead-weight gages used to measure 
pressure. These dead-weight gages had been calibrated and 
were sensitive to a pressure change of 1 or 2 hundredths of a 
pound when spinning properly. 

Calibrated thermocouples were used for the temperature 
measurements. Those used for the flow nozzle inlet tempera- 
tures were chromel-constantan inserted in ASME type finned 
wells. Those for the orifice inlet temperatures were iron- 
constantan inserted in special total-temperature wells (2). 
During the calibrations the cold junctions were immersed in 
water and ice baths. Emf’s were read from portable semi- 
precision type potentiometers. 

The pressure differences across the nozzle and orifice were 
measured with a total of four 120-in. high pressure mercury 
manometers which were located on the wall shown at the rear 
in Fig. 6. These had been made up at NBTL using two 60-in. 
single-column manometers for each. During the calibrations 
one man read the upper column level and another read the lower 
at the same time. 

The connections to the dead-weight gages and manometers 
were filled with water before the start of the tests. The effective 
vertical water legs were measured and recorded carefully. 

Condensate was weighed in tanks mounted on calibrated 
scales. The water inlet and discharge valves were operated 
automatically in response to timing switches which were set for 
4-min filling times. These timing switches were operated from 
a controlled circuit whose frequency is held constant within 2 
parts in 100,000 as calibrated for long periods against the Arling- 
ton time signals. A check on the condenser showed that it 
was tight at the start of the tests. A signal light was installed 
so that the levels in the condenser hotwell and other reservoirs 
could be read at the times when the condensate flow was switched 
from one weigh tank to the other. 
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Fig. 6 View of orifice pipe 


Duplicate instruments connected to separate sensing points 
were provided for each pressure, differential pressure, and 
temperature measurement. 


Calibration Procedure 


In setting each calibration point, the flow and flow-nozzle 
inlet temperatures were first adjusted to approximately the 
desired values. Next the flow-nozzle inlet and differential 
pressures were adjusted alternately until the desired values 
were reached. The temperature was then readjusted, and, when 
conditions became steady, readings were started. In each 
assembly the nozzle and orifice diameters were so related that, 
when the desired steam conditions were set for the flow nozzle, 
satisfactory conditions were established automatically for the 
orifice also. 

Reading intervals were as follows: 


...every 2 min 
every 4 min 
..every 1 min 
. every 4 min 
..every 4 min 


Inlet pressures..... . 
Inlet temperatures. . 
Differential pressures . 
Reservoir levels 

Leakages from the system were very small. Each was measured 
at least once during each run. Condenser leakage and barometer 
were read twice or more during each run. 

In most of the runs readings were continued until test condi- 
tions had been acceptably steady for an hour or more. In a 
few cases practical considerations made it advisable to cut 
down the period of acceptable readings to less than 1 hr. 


Calibration Runs 


A summary of calibra- 


In all 27 calibration runs were made. 
tion data is given in Table 6. 


Condition of Primary Elements After Service pi ah an 


Flow Nozzles After Calibration. After calibration the flow- 
nozzle surfaces were covered with a dark-gray oxide film. There 
were small specks of deposit adhering to the surfaces of the inlet 
bellmouths. The sizes of the deposits ranged from very tiny to 
about 0.01-in. diam. None of these deposits was in or very 


~ 
: 
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ily, Table 6 Summary of calibration data aft & Alle 


Period of —Average flow-nozzle data—. ——Average orifice data 
used Average Inlet Inlet Per cent Discharge Orifice Inlet Inlet Percent 
Run Date readings, flow, N ss press. coefficient tested press, temp, press. 
no. (1956) min lb/hr s si diff c no. psia deg F diff 
1/15 j 13854 j 3. ' 0.540 988 1 1207. 929 0.510 
2/28 19580 a2. 36. 1.049 992 1220. 934 0.987 
2/28 25589 33. 1.813 991 1209 932. 1.725 
2/28 30841 32. 2.626 998 1198 931 2.56 
2/29 j 36704 ; 9: 3.618 999 1209. 929. 
2/29 29603 « 931. 2.399 997 1205. 930. 
20822 a7. 93° 1.178 992 1224 932. 
14310 . 0.572 993 1208 931 


60863 0.963 997 1216 
77867 36. 36 1.560 .997 1221 
92262 37. 34. 2.189 999 1216. 
106409 3.078 : 1172 
66546 5 1.159 1214 
82252 1.777 1209. 
97515 33.¢ : 2.471 1 1209 
111984 72. : 4.374 1035 


102569 i 50. 1.083 1240 
2.096 54 
3.430 00: 751 
5.793 «B74. 
8.782 00: 470. 


0.528 . 9 1209. 
1.039 Of 1220 
919.6 1.724 . 9 1215. 
920.4 2.620 998 1203. 
907.5 3.632 1211. 
905 .0 3.124 1208 


ue 


Lo) 


936 
936. 
934. 
919. 
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Table 7 Condition of flow nozzles after calibration 


Approx 
distance 
from near- 
est deposit 


— Throat diam at pressure taps, in. Bore finish to plane of 


Before calib, After calib, 
in. in. 
1.5127 1.5126 
2.7093 2.7096 
3.3375 3.3374 


Per cent microin. _ press taps, 
change after calib in. 
—0.0066 16 to 19 

+0.011 8 to 11 

—0.0033 9 to 10 


Table 8 Condition of orifices after calibration 


——Orifice diameter, in. 
Orifice Before After 


——Dishing,* in.—— 


no. calibration calibration Decrease Max Min 


1 1.9797 1.9663 
2 3.4306 3.4116 
3 4.4854 4.4776 
4 1.9786 1.9656 


0.0134 3/16 ADprox avg 
0.0190 0.013 —0.002 
0.0078 0.009 


0.0130 0.035 0 = 
ra 


* In all cases except for the —0.002 in. dimension shown, the dishing was such that the inner 
edge of the orifice moved downstream relative to the outer edge. 


close to the cylindrical throats. Additional data are given in 
Table 7. 

It was concluded that nothing had happened during the calibra- 
tions to affect the flow measuring accuracy of the nozzles. 

Flow Nozzles After Steam-Rate Tests. As the flow nozzles were 
successively removed from the pipe as the tests proceeded, 
deposits were observed in the throats as well as in the entrance 
bellmouths. Comparison of the test-pressure differences as 
indicated by the two differential manometers showed a variation 
between the two of 0.26 to 1.09 per cent, except that in one 
run with flow nozzle D-2863, the difference was more than 5 per 
cent. In this case a heavy deposit was found near one throat 
tap while the surface was fairly clean in the vicinity of the other 
throat tap. In working up the flow for this test, the differential 
based on the side of the heavy deposit was omitted. 


Orifices After Calibration. Inspection of orifice No. 1 after its 
calibration indicated a conical dishing of */i5 in. and 0.7 per cent 
decrease in diameter. Because of blow-down operation be- 
tween runs Nos. | and 2 resulting in high unbalanced pressure, 
the true cause of the dimensional change was not ascertained, 
and the other orifices were calibrated, including a replacement 
for No. 1; i.e., No.4. Although the severe dishing found in No. 
1 orifice might be attributed to the high unbalanced pressure, all 
of the diameter change could not. The condition of all orifices 
as indicated in Table 8 was such that these orifices were con- 
sidered useless for turbine test measurement. 

Unfortunately hindsight is far superior to foresight and the 
true cause of the warping and change in orifice diameter was not 
determined until after the calibrations were complete. Further 
consideration indicated that the cause of the diameter change 
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1S 3/6 12 
19 3/7 80 
20 3/7 +60 
21 3/7 44 
22 3/9 60 13763 281 1215 
23 3/9 48 19644 1232 
24 3/9 60 25237 1284.9 
58/9 68 31106 1233.3 
26 3/10 36 37323 1253.3 
27 «3/1036 34465 1244.1 
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as 


was due to tight clamping of the orifice plate between the orifice 
flanges and the difference in coefficient of expansion of the flanges D2 *1.5127 
and the plates. The orifice material was 304 stainless steel and 
the flange chrome-moly. In addition the orifice plate will 


always warm up rate so that each JAN. '56 TEST 
start-up operation should be conducted in such a manner as to . I € “© a FEB ‘56 TESTO 


prevent excessive thermal stress. MAR ‘56 TEST © 

Orifices After Turbine Test. The help of Messrs. Beitler, 
Sprenkle, and Bean of the ASME Fluid Meters Committee was 
solicited and during discussions with these gentlemen the use of 
130 stainless steel was recommended. It also was recommended 


that a thicker plate be used if possible. Because of fixed tap loca- 
tions, only the portion of the plate inside the pipe could be made 
thicker In the turbine test, steam temperature during each 
start up was increased slowly to allow the orifice plate to be 
nearly the same temperature as the flanges at all times. With 
the new material and the foregoing precautions the change in 
orifice diameter was reduced to a point where it could be tolerated. 
The results of after turbine test inspection are given in Table 9. 
Fig. 7 shows the percentage changes in orifice diameter after Rend : 

calibration and after steam rate tests. PREVIOUS EXPERIENCE 


DISCHARGE COEFFICIENT -C 


Do 3.3375 


Table 9 Condition of orifices after turbine test 


——-Orifice diameter, in. 

Orifice Before After Number 
no. test test Change Dishing.” in. of hours } : : 
5 4.4843 4.4845 +0. 0002 Max 0 017 Fig. 8 Nozzle-discharge coefficient versus per cent pressure drop 
6 1.9777 1.9773 —0.0004 None 
7 1.9782 1.9786 +0.0004 None 
8 3.4284 3.4264 +0.0020 Max 0.060 
9 4.4850 4.4872 +0.0022 Max 0.025 


* Dishing is in the direction of steam flow. 
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Fig.9 Nozzle-discharge coefficient versus throat Reynolds number 
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The discharge coefficients are shown plotted against Reynolds — 
5 20 25 30 35 40 number at the nozzle throat in Fig. 9. The ASME Code curve | 
DIAMETER OF ORIFICE BEFORE USE is shown for comparison. 

Orifices. The uncertainties resulting from diameter change and _ 
warpage of the orifice plates used in the calibrations make the 
coefficients obtained of very dubious value For each orifice | 
two coefficients may be calculated, one based on the pre-use 
diameter and the other on the diameter measured after tests. 

Flow Nozzles. The test discharge coefficients for the three In the region of calibration the caleulated coefficient is substan- 7 
flow nozzles are shown plotted against per cent pressure difference tially independent of Reynolds number so that an average of 
in Fig. 8. P, is the inlet pipe pressure and Ap is the pressure the values obtained from test points may be used for compara- 
difference from inlet pipe to throat. tive purposes, Table 10. 

The points for D-2863 (1.5127-in. throat diam) show an abrupt Fig. 10 shows a comparison of average coefficients obtained - 
rise between 100Ap/P, of 1.9.and 2.4. One line is drawn through from calibration compared with computed coefficients (see 


the points ignoring this abrupt rise and other lines have been 
The points for D-2864 (2.7092 in. Table 10 Orifice flow coefficients from calibration 


100 ( 


Fig. 7 Percentage change in orifice diameter after use 


Calibration Results 


drawn taking it into account. 
throat diam) give a hint of a similar jump, but of smaller degree. Average flow 
A horizontal line seems to represent best the points for D-2865 - ~-Reynolds number-— ~—coefficient— 
(3.3375-in. throat diam). The dashed lines represent our past Orifice Based on pipe diameter Original 

experience based on six flow nozzles calibrated during 13 turbine ' seenne ones oun 
steam-rate tests. The diameter ratios range 0.323 320 3300000 ) 596 
steam tests. The diameter ratios ranged 32. bas 4 1315000 3580000 0 585 
0.593. Pressures and temperatures were all below 600 psig 2 3350000 6400000 0 617 
and 800 F. 3 4300000 5400000 0.676 
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Table 11 


Variations in calibration test readings =~ 


A—Inlet Pressure, Inlet Temperature, and Pressure Difference 


Inlet press. 
Inlet temp. 
Press. diff. 


all runs ~ 
0 007° 0.20 psi 
0.05% 2.1 
0.24%, 0.19 psi 


Avg, 
0.08 psi 
0.65 F 
0.06 psi 


Measurement 


* These maximum values oecurred during run no. 1 made in January, 
B—Weighed Flow 


ont - oll 


Difference between average 
weighings in two tanks, 
per cent-—— 
—Other runs— 
Max Avg 
0.29 0.14 


> 


Run | 
0.75 
final diameter is 
=) 
_ correc ted ed weighed flow 
theoretical flow = 


The corrections applied to the weighed flows were: he -_ 


Appendix). This curve indicates that the 
probably more nearly correct than the original. 


Calculation Methods 


Flow Nozzles. The coefficient of discharge 7 


Scales calibration. 
Allowance for the buoyancy of air. 
leakages and for 


(a) 
fe) 
reservoirs. 


Corrections for measured surges in 


Calculations of theoretical flows were based on formula [31], 
An average value of 1.275 
isentropic expansion exponent k. Allowance 


paragraph No. 134 of reference (1). 
was used for the 
was made for thermal expansion of the nozzle as specified in 
the Code. Specific volumes were taken from the Keenan nad 
Keyes’ Steam Tables. 

Orifices. Orifice coefficients for both the calibration tests and 
the turbine tests were computed using equations and methods as 
“Fluid Meters, Their Theory and Application, ASME 

fesearch Publication.”’ All taken from the 
fourth edition (1937) with the exception of the equations used to 
predict the flow coefficients. The latter were computed from 
equations supplied by H. 8. Bean which will be included in the 
fifth “Fluid Meters.” these 


set forth in 


equations were 


forthcoming edition of Since 


equations have not vet been published, they have been reproduced 


in the Appendix. 


Kt = FLOW COEFFICIENT FROM CALIBRATION 
Kes = COMPUTED FLOW COEFFICIENT 
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Fig. 10 Orifice-flow coefficient change versus diameter 


4 


Average difference between A and B-——-—. — 
—Max for any run— — 
0.02%; 
0.15% 3.5 F 
0.640%" 


Variation in average of A and B during a run—— 
Avg, all runs———. —-Max for any run— 
0.60 psi 0.051% 2.6 psi 

0.26% 7.0 F 

0.06 psi 0.27% 0.20 psi 
1956 (see Fig. 8). 


Variation in weighings 
——during run, per cent 
—Other runs— 

Max Avg 


1.28 0.51 


— ee 

Run 1 

2.95 


Discussion of Calibration Results 


Flow Nozzles. Table 11 gives information as to the steadiness 
of the calibration test readings. In this table the readings of 
duplicate instruments read simultaneously are designated as 
Aand B. The percentages given for inlet pressure and tempera- 
ture are percentages of absolute values. The left-hand columns 
show the degree of agreement between the duplicate instrument 
readings, while the right-hand columns show the fluctuation of 
the readings during a run. 

Due apparently to phenomena within the condenser, the rate 
of flow out as indicated by the weighings tends to fluctuate more 
than the rate of flow in as indicated by the differential-pressure 
readings. However, the flow weighings for run 
No. 1® varied so much that the discharge coefficient for this run 
is somewhat questionable, especially trouble was 
experienced with the weigh tanks during this run. 

Referring to Fig. 8 it is seen that when checking runs were 
made at approximately the same percentage pressure difference, 
the repeatability of the discharge coefficient was very good. 
The only exception is at the smallest flow points for the smallest 
flow nozzle. The March, 1956, tests on the small flow nozzle 
were made after it has been removed from the pipe and then 


manometer 


since some 


reassembled. 
The standard deviations of the test points from the curves as 
drawn are listed in Table 12. 


Table 12 Standard deviations of nozzle discharge coefficients 


Standard 
deviation 
0.0016 
0.0019 
0.0009 
0.0013 


Nozzle throat 
diam, in Remarks 
Broken line 
Single line 
Single line 

3.3375 Single line 

The reason for the abrupt increase in discharge coefficient for 
the small nozzle at about 2 per cent pressure difference is not 
apparent, but similar jumps have been observed before with 
both water and air (3). 

D. E. Kimball has analyzed many flow-nozzle calibrations 
made during turbine steam-rate tests on Lynn-built General 
Electric turbines. Some of the results of these already have been 
published (4, 5). He has studied the effect of diameter ratio 
on discharge coefficient in 15 tests using 6 flow nozzles with 
diameter ratios ranging from 0.323 to 0.593. While the sample is 
too small and the data too scattered for final conclusions to be 
drawn from it, yet a definite trend of increasing discharge 
coefficient with increase in diameter ratio is indicated. This 
would seem to indicate that the distribution of velocity in the 
approach pipe is such that the effect on nozzle flow is appreciably 


See Fig. 8, ‘January, 1956, Test.” 
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MODIFIED DISCHARGE COEFF 


DISCHARGE COEFFICIENT -C 


REYNOLDS NUMBER, Ror REYNOLDS NUMBER, Ror 
Rpt = THROAT REYNOLDS NUMBER 


Fig. 11 Effect of modified velocity-of-approach factor on nozzle- 
discharge coefficient 


greater than that which would result from uniform velocity in 
the full pipe diameter. The rising tendency of nozzle-discharge 
coefficient with increase in diameter ratio would be eliminated if 
the pipe diameter were to be multiplied by 0.969 when used in 
the velocity-of-approach factor of the theoretical flow calculation. 

In Fig. 11 a comparison is shown of discharge coefficients for 
the NBTL test flow nozzles calculated with and without the 
0.969 factor. The data for runs at throat Reynolds numbers less 
than 4 < 10* have been omitted since only the smallest nozzle 
was tested in this range. These plots show that the variation 
of coefficient of discharge with diameter ratio is greatly reduced by 
the use of this 0.969 factor. No modification of this factor will 
give appreciably better correlation of the data. 

Orifices. The results of the orifice calibrations are summarized 
in Fig. 10. When based on the final value of measured diameter, 
the average coefficients fell within the tolerance allowed in 
table 10 of reference (1) or 1.18 per cent. Since the computed 
coefficients are based on the results of many orifice calibrations, 
Fig. 10 is a comparison with previously published data. However 
the fact that results were within established tolerances is of 
academic interest only, since the deformation of the orifice 
plates would preclude their use under the requirements of 
reference (1). 


_ TRANSACTIONS OF THE ASME 


Flow Comparisons of NBTL Steam-Rate Tests 


Since the orifices used in the turbine test were not calibrated, 
their performance can be evaluated only by indirect means as 
follows: 


(a) Compute the flow rate by the calibrated flow nozzles and 
compare with the calculated value of orifice flow using flow 
coefficients calculated from the equations given in the Appendix. 

(b) Compute the flow rate from the enthalpy drop across 
the HP-IP units and from the measured load absorbed by the 
water brake after making suitable corrections for gear losses, 
bearing losses, radiation losses, and leakage flows. This method 
is more reliable at higher turbine loads where the water 
brake is more accurate and applicable and where the mixing of 
the gland supply steam did not affect exhaust-temperature 
measurements. 

(c) Compute the flow rate from uncalibrated orifices installed 
in the turbine exhaust and after making suitable corrections 
for extraneous flows compare with flow rates computed from 
inlet orifices using a coefficient of discharge for all orifices com- 
puted from equations given in the Appendix. 


The orifice meters installed in the turbine-exhaust lines and 
those used to measure leakage flows were fabricated and in- 
stalled to strict ASME-AGA specifications. 

The results of these three methods together with similar 
ratios for the flow nozzles are given in Table 13. 


Conclusions 


1 Steam flow measurements with ASME long-radius, low- 
ratio throat tap nozzles can be made without calibration with 
confidence that the results will be within ASME Power Test 
Code “probable tolerance’’ of +1.25 per cent (1) at pressures 
up to 1250 psia and temperatures up to 940 F. However, in 
order to obtain such results the tests must be planned and run 
carefully, using accurately made nozzles installed according to 
Code specifications. 

2 Carefully made flow measurements using such nozzles 
which have been calibrated with the same approach pipe and 
straightener that are used for the tests should give results that 
are accurate within +0.2 per cent. 

3 When long-radius, low-ratio type flow nozzles are to be 
used for steam flow measurement, it is important that the steam 


Table 13 Flow comparisons of NBTL steam-rate tests 


Ratio of orifice flow to—— 


(a) (b) 


Orifice Run Flow lb/hr 
no. no. from nozzle 
A-l 15199 
A-2 39530 


A-2R 38592 
A-28 35828 
)- 38741 


76875 
94512 
107719 
107491 


Nozzle Heat bal. 


On do 


123160 
170169 
216518 
218168 


> 
NI 


> 
de 


216411 
216567 


do 


Average 0.999 


Exhaust 
orifice no. 


.008 


.001 D-2865 


1.006 


——Ratio of nozzle flow to———__ 


(c) (d) (e) 
Nozzle 
Orifice 


0.994 
1.005 
006 


.007 
.003 


Heat bal. 
D-2863 
D-2863 


D-2863 
D-2863 
D-2863 


.003 
.004 
.006 

006 


1.009 
1.010 
1.008 
1.007 


D-2864 
001 D-2864 
006 D-2864 

.001 D-2864 


D-2865 
D-2865 
D-2865 


0.996 
1.002 
0.997 
1.001 


0.992 
0.998 
0.996 
1.002 


.004 
005 
004 


0.995 
0.996 


005 D-2865 0.997 


D-2865 1.003 
.004 1.001 1.003 


982 
| | 
S A B AA | Ol 
| 
Exhaust 
orifice 
0.995 
0.904 
0.997 
og 0.997 1.006 1.012 
0.996 1.006 1.004 
0.994 1.002 1.012 
7 0.994 1.001 1.007 
ai 9 1.009 1.005 0.996 
1.002 1.004 1.003 
f 1.004 1.001 1.000 
0.998 0.999 003 
5 1.005 1.002 000 
1.003 
« 
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be clean. The boilers supplying steam should be so operated 
that there will be no carryover of solids during the tests and the 
piping should be thoroughly blown down before assembly of 
the flow nozzles in it. A means of access should be installed 
immediately following the flow nozzle so that it can be inspected 
and cleaned, if necessary, without removing it from the pipe. 

4 Long-radius, low-ratio flow nozzles made of 12-14 per cent 
chrome-iron appear to be dimensionally stable at temperatures 
up to at least 940 F. In our experience, also, flow nozzles of 
this material have not shown any corrosive attack when used 
for steam or condensate. 

5 The orifices in the steam-flow line to the turbine checked 
flow measurements by the three other means very well as indi- 
cated by the data in Table 14. 


Table 14 Test ratios 


Average 
0.999 
1.003 
1.004 


Minimum 
0.994 
0.999 
1.001 


Maximum 


1.009 


Method 


(a) Nozzle 
(b) Heat balance 
(c) Exhaust orifice. . . . 


If only uncalibrated orifices had been available for this turbine 
‘test the average of - have been accurate to 0.1 


error. Although agreement of 
_ methods is shown by the foregoing data, until weighed conden- 

sate calibrations can be made, precise statements regarding the 

accuracy of orifice-metering at elevated steam temperatures 
and pressures cannot be made. No single set of experiments 
no matter how carefully conducted can advance the art of steam- 
_ flow measurement at these conditions, and the need is clear for 
"7 more work in this range, particularly for weighed-condensate 
calibrations. 


Work of this nature is the result of the efforts of many persons, 
the authors being those privileged to present it. The personnel 
of the General Electric Company, Medium Steam Turbine, 
Generator and Gear Department, Lynn, Mass., and the 
Naval Boiler and Turbine Laboratory, Philadelphia, Pa., 
responsible for the actual conduct of this work and their ihins 
“are gratefully acknowledged. 
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APPENDIX 


General Equations for Flow Coefficients of Square-Edged Orifices 
for Use With 1-D and */:-D (Radius) Taps as Furnished by Howard 
S. Bean. The tables to be included in the fifth edition of the 
ASME Fluid Meters Report have been computed from these 
equations. Ali calculated flow coefficients for the square-edged 
orifices used in this paper have been —— from these 


Nomenclature 
K (number) = flow coefficient (includes velocity-of-approach 
factor) 
Ky (number) = limiting value of Kas Rp = @ 
D (inches) = actual inside diameter of pipe (particularly inlet 
section) 
8 (ratio) = ratio of orifice diameter to pipe diameter 
Rp (ratio) = Reynolds number based on pipe diameter 
A (ratio) = 1000/./Rp 
b (number) = slope of K — }-lines 


Equations 


= K, + 
Ky = (0.6014 — 0.01352D~'/*) + (0.3760 + 0.07257D~'/*) 


+ BY + 1.59 | 


0. 00025 
+ 0.0025D 


0.0011 0.0004 
b = (0.0002 + + (0.0038 
(00 ) ( ) 


[62 + (16.5 + 5D)B"*] 


Discussion 


K. C. Cotton.’ The authors have done a commendable job of 
pointing out some of the difficulties encountered in measuring 
steam flow. I certainly agree that it is necessary to use a cali- 
brated precision flow-measuring device when striving for ac- 
curacies of the order of magnitude of +0.2 per cent. A device of 
this type should be installed just prior to the test to avoid the 
possibility of deposits or damage and removed immediately after 
the test for inspection. 

In testing large steam turbine-generator units the problem of 
obtaining an accurate measurement of steam flow becomes ex- 
tremely difficult for the following reasons: 


1 Lack of facilities capable of accurately calibrating at the 
proper temperature, pressure, and flow. 

2 Problems involved in the installation of a removable flow 
section in high-pressure and temperature lines. 

3 Thermodynamic loss associated with properly designed 
flow-measuring devices. 


Our experience shows that the performance of large steam 
turbines can be accurately determined by calculating steam flow 
based on measured condensate flow, heat balances around 
feed-water heaters, and the measurement of extraneous steam and 
water flows. This method is discussed by E. M. Kratz in ASME 
Paper No. 54—A-259 entitled “Experience in Testing Turbine- 
Generators in Central Stations.’””’ Mr. Kratz also compares the 
results with those obtained from station steam flow measure- 
ments. However, this method requires considerable instrumen- 
tation and careful isolation of the cycle during the test. It would 
simplify our problems if an accurate measurement of steam 
flow could be made; therefore, I agree with the authors that 
there is a need for more experimentation and knowledge of steam- 
flow measurement at elevated temperatures and pressures. 
There is also a need for facilities capable of calibrating water flow 
measuring devices at the proper Reynolds number for large steam 
turbine-generator tests. 


Authors’ Closure 


We thank Mr. Cotton for his discussion and agree with his 
conclusions. 
We are particularly interested in his comment on the lack of 


7Supervisor, Turbine Performance Engineering, General Electric 
Company, Schenectady, N. Y. Mem. ASME. 


[2] 
on te 
[3] 


facilities for calibrating flowmetering devices at proper tempera- 
ture, pressure, and flow rate. Several laboratories are equipped 
to calibrate very large condensate flows at room temperature. 
However, working temperatures at normal test flow measuring 
points may run as high as 300 F in modern regenerative feed 
heating cycles. At this temperature the Reynolds number for a 
given metering element at a given pressure drop is five times that 
at 70 F. The writers know of no facility that is available for 
calibration of flowmetering elements with condensate at tempera- 
tures in the usual flow measurement range. 

It is customary to assume that 
for flow 
extrapolated with good accuracy to high Reynolds numbers 


discharge 
can be 


coefficients of 


nozzles and flow coefficients for orifices 
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= 4 


from data at lower Reynolds numbers, provided the calibration 
data are extended to regions where the curves tend to flatten 
off. However, we cannot evaluate test data with precision un- 
less calibrations at the test conditions have been made. Our 
tests with steam show that long extrapolations may not be 
justified if the desired accuracy is to be maintained, but we do 
not have enough data to draw any firm conclusions. 

The Fluid Meters Committee of the ASME is aware of these 
problems and has instituted a long-range program of investiga- 
tion. A special subcommittee has been formed to undertake a 
research program in the problems of high-pressure high-tempera- 
ture steam and water-flow measurement. It is hoped that indus- 


~~ 
t 


try will provide the necessary support to make the needed facili- 


ties available. 


Dependence of 
Cylindrical Reactor Fuel Elements 


Upon the Method of Cooling 


By K. R. MERCKX;,! 


Thermal stresses and strains within cylindrical uranium-reac- 
tor fuel elements cooled by various methods are determined with 
a method of analysis which uses a material model relating the 
strain rate, temperature, strain, and stress. Solid and hollow 
cylindrical fuel elements internally, externally, and internally- 
externally cooled, operating in the temperature ranges of 200 to 
600 C are used as numerical examples. For the cases with equal 
temperature drops, the stresses vary by 8 per cent while the 
plastic strains vary 140 per cent. The thermal stresses and 
strains in solid and hollow fuel elements externally and in- 
ternally-externally cooled are compared for equal power genera- 
tions. The maximum stress may be reduced 35 per cent and 
the maximum plastic strain 75 per cent if a solid fuel element is 
replaced by an internally-externally cooled fuel element (inner 
radius outer radius = 0.4) producing the same power per foot. 


Nomenclature 


Tue following nomenclature is used in the paper: 
e; = principal strain deviation (i = r, @, z) 
= strain due to thermal expansion 
principal stress deviation /2G 
principal stress 
time parameter 
temperature 
cylindrical co-ordinates 


r/b = dimensionless radius 


> - 
ian 
=s,2 = second stress deviation invariant 
2/3D(e; — er)? = second strain deviation invariant 
strain-hardening coefficient 


outer radius 
inner dimensionless radius 
plastic strain from tensile stress 


t 
exp fi f dt = integration kernel 


Mt 
f g(u, t)dt 
) 


elastic shearing modulus 
differentiation with respect to time 


> + f = differential operator 
ol 


Introduction 
The removal of the heat generated by the fission process in 


reactor fuel elements causes thermal gradients within the fuel 


1 Senior Scientist, Hanford Laboratories Operation, General Elec- 
tric Company. Mem. ASME. 

Contributed by the Nuclear Engineering Division and presented 
at a joint session with the Applied Mechanics Division at the An- 


~ nual Meeting, New York, N. Y., December 1—6, 1957, of Toe Amenrt- 


can Society OF MECHANICAL ENGINEERS. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
20, 1957. Paper No. 57—A-136. 


Thermal Stresses in 
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material. When the reactor fuel elements are metallic and are 
required to maintain their physical integrity, the thermal stresses 
caused by suppressing the incompatible thermal expansions be- 
come an important fuel-element design parameter. Because 
fuel-element power output and life are primary factors in deter- 
mining the cost of operating a nuclear reactor, the knowledge of 
how methods of cooling and temperatures of operation affect the 
generation and relaxation of thermal stresses is needed toselect the 
most economica methods of cooling the fuel material 

In order to determine realistically the thermal stresses ‘n high- 
temperature metallic fuel elements, the time and temperature- 
dependent effects of plastic deformation must be considered. A 
previous paper by the author (1),? presented a method of solution 
for the thermal stresses in cylindrical reactor fuel elements which 
utilized a material model with a stress, strain, and temperature- 
dependent strain rate. Since that paper was presented, the 
previous method of solution has been improved in order to avoid 
computational difficulties which proved to be limiting in several 
numerical examples. Thus this paper will present the generalized 
method of analysis and the numerical results obtained with 
this method of analysis for solid and hollow cylindrical fuel ele- 
ments. The hollow eylinders will be assumed to be cooled in- 
ternally, externally, and internally-externally in order to demon- 
strate the effects of various methods of cooling cylindrical fuel 
elements. 


Thermal Stress Equations 

A realistic analysis of the mechanical behavior of a reactor fuel 
element cannot be made without a material model which ac- 
counts for the plastic and irradiation dependence of the material 
behavior. In the analysis which follows the material law is gen- 
eral enough to incorporate both plastic and irradiation effects if 
sufficient experimental results were available, but for the numeri- 
cal examples, the unirradiated properties of uranium are used to 
evaluate the material model. Thus the calculations presented in 
this paper approximate the stress conditions within fuel elements 
on their initial start-ups. 

The equations which follow are for a thick-walled cylinder or a 
solid rod, where the temperature is independent of the axial and 
circumferential dimensions, z and @. The cylinder is assumed 
to be in a condition of plane strain or the axial strain, e,, de- 
pendent only on the time ¢. The material is assumed to be in- 
compressible, homogeneous, isotropic, and can be represented by 
the following equations of plastic flow (2) 


de; der = ds; + fi E*)s, dt = z) 


The stress deviations are divided by twice the elastic shearing 
modulus in order to keep the calculations dimensionless. The 
strain-hardening coefficient f is determined with a series of creep 
tests. The rate of plastic strain, for a creep test where the tem- 
perature and stress is constant (der = ds; = 0), can be described 
with Equation [1] as 

2? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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< 
where o is the tensile stress and € is the tensile strain. If the rate of thermal expansions é7 is constant and C is assumed - ¢ 
Equation [1], written in terms of rates, is to be constant, Equations [7] and [8] can be solved for C. If the > 

radial stress is zero on the inner and outer surfaces of the cylinder, 


the value of C is 


where @ is the operator éiwh + s(u, 0) 


 uglu, At) 
du 
Equations [2] are nonlinear equations; but if f is assumed to be a utg(u, At) 
known function or r and t, methods (3) developed for the solution 
of the linear viscoelastic equations can be used. The values of the 
stresses, strains, and f(r, 0) at the start of each increment are 
those which are calculated for the end of the previous increment. 
The time dependence for each f is adjusted to agree with the value =e 
of f calculated at the end of the time increment where the time at #4 4: 
varies from 0 to At during each increment of time. € gu, t) dt — =A 
For a cylinder where end effects can be neglected—this is 
equivalent to the condit on of plane strain—Equations [2] can be 
written as 


é; er = Os, 


'9] 


where 


For a solid cylinder C = 0. 
The additional terms which are needed to determine the strain- 
hardening coefficient f are calculated as follows* 


When Equations [4; are substituted into the compatibility con- 
dition 


where = e,(u, 0) + €At 


u = r/b = dimensionless radial distance Be 

b = outer radius of cylinder =3 =(e, — er)? 
the resulting equation for s is 
1 3 

du Ou 


Numerical Examples 


The solution of Equation [6], for f which are dependent on u Numerical calculations were made for uranium cylindrical fuel _ 
and ¢, is elements with a material model which was evaluated with creep 
At data (4) from unirradiated uranium. Equation (5) for f between | 
s(u, At) = xu, Od | f ég dt + s(u, | 100 and 600 C, obtained from the analysis of creep data, is . 
0 


= E-™ exp (a) sinh cS 
where where 


@e t 
g = exp f, f dt [8.00-0.427 sign (7 — 300)| 7 — 300)'/*] tanh (102) 
3 Cle) 266 — 0.6257 + 6.25 x 10-7? 

The value of C in Equation [7] is determined with the boundary o +a = +H 
conditions on the radial stress ¢,. The equation for equilibrium T = [C] 
of the radial forces 


u— = —4Gs E = [%] 
du 


is integrated to yield the following equation for the radial stress 


— 
i 
x 
> \ 
‘ 
8 = 
| | 
Equilibrium condition for zero axial force and the assumption ¢, is" 
independent of time during increment Av. 
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G=7X10'[pi/%i 
The linear coefficient of thermal expansion is assumed to be 
a = 18 X 10~*[%/C] 
and the thermal expansion is 
er = alT(u, t) — T(u, 0)) 
The temperature distributions are of the form 
= 200 + 1, 


200 + 400 k(u), t> 1/2 | 
4 


where the distribution function k(u) was evaluated for the follow- 
ing four cases: 
1 Solid Cylinder 
k(u) = 1 — u? 
2 Hollow Cylinder Externally Cooled (Cored) (u; = 0.4) 
1 — + u? Inu? 


k(u) = 
1 — u,? + u,? In u,? 


3 Hollow Cylinder Internally Cooled (u; = 0.4) 


u,? — u? + In(u?/u,?) 
ku) = 
— 1 — Inu? 


7 4 Hollow Cylinder Internally and Externally Cooled (I & E) 
(u, = OA) | 
In u? 


Inu? 


In u,,? 
»% In 
where 


u? 
1 u? 
1 — u,,? 


1 — u,? 


In u,? 


These four examples show the effects that different methods of 
cooling a cylindrical fuel element have upon the values of thermal 
stresses and strains. Uniform heat generation and constant 
thermal conductivity have been assumed in deriving the tem- 
perature distributions k(u). In the calculations, the power is 
assumed to increase linearly for '/; hr and then remain constant. 
The cylindrica! fuel elements are assumed to be initially free of 
stresses and strains. For each increment, the strain-hardening 
coefficient f is assumed to be dependent upon time in the follow- 
ing manner: 

1 Period of Increasing Power Generation (¢ < 1/2) 
flu, t’) = flu) — alu’, OSU SA)” 

2 Period of Constant Power Generation 
ten 


f(u, = (O<t’ < At) 


1 + a(u)t” 
The value of f)(u) is the stable value of f at the end of the last in- 
crement. The value of a(u) is adjusted by an iteration procedure 
to predict the value of f(u, At) which agrees with the value of f 
calculated with the stresses and strains calculated at the end of 
the time increment. This method of analysis has been program- 
med (6) on an I.B.M. 650 Digital Computer, 
be 


The evaluation of the method of thermal-stress analysis pre- 
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State Temperature 
Overstion 


Cored (u « 0. 4) 
land E (u = 0.7) 


Internally Cooled 
(u 1.0) 


Solid (u +0) 


Equivalent Plastic Sirain (%) 


0.4 t 
ime (Hours) 


Fig. 1 Plastic strain at interior (600 C max) of fuel elements cooled 
by various methods. Initial and cooling surface temperature = 200C; 
maximum temperature = 600 C obtained at ¢ = 0.5 hr. 
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Solid (u = 1.0) 


© 
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Equivalent Plastic Strain (%) 
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Fig. 2 Plastic strain at cooled surface (200 C) of fuel elements cooled 
by various methods. Maximum temperature = 600 C obtained at 
¢ = 0.5 hr. 


sented in this paper results in values of stresses, strains, and 
strain-hardening coefficients for each increment of time ¢ and 
radius u. Because of the volume of data obtained from the 
evaluation of the four cases described in the previous section 
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Table 1 
Fuel surface near coolant at 200 C. 


Max heat 
generation, 
kw/ft 


Max temp, 
deg C 
600 


Fuel-element type 

Solid element 

Externally cooled hollow 
element = 0.4) 


600 
460 50 
Internally-externally 
cooled element 
(uw = 0.4) 600 
200) 


228 
50 
Internally cooled element 
element (u; = 0.4) 600 
Nore: 
u = ratio radial distance to outer radius. 
= ratio core radius to outer radius. 


land E (u = 1.0) 


Internally Cooled 
(u = 0. 4) 


Solid (u = 1.0) 
Cored (u = 1.0) 


3 
= 

a 
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> 
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= 
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Fig. 3 Equivalent tensile stress at cooled surface of fuel elements 
cooled by various methods. Initial and cooling-surface temperature 
= 200 C; maximum temperature = 600 C, obtained at ¢ = 0.5 hr. 


(solid, cored, I and E, internally cooled), only graphs of several 
of the significant variables are presented. Fig. 1 shows the time 
variation of the equivalent plastic strain (EF — 2S/3) in the 
highest temperature region of all four cases, while Fig. 2 contains 
the time dependence of the equivalent plastic strain at the 
cooled surfaces (200 C). The equivalent plastic strain can be 
compared with strain limits established by appropriate strain- 
cycling tests (7). Fig. 3 contains the time dependence of the 
equivalent tensile stress‘ at the cooled surface of the fuel material 
where the stresses obtain their maximum values. The stresses in 
the highest temperature region have very low values (1) due to 
the rapid relaxation which occurs in uranium at 600 C. Fig. 4 
shows the radial distribution of the equivalent tensile strain E at 
the end of the half-hour period of power increase. 

Because the power generation of a fuel element is an important 
factor in determining the operational expenses of reactor fuel 
elements, the solid, cored, and I and E fuel-element cases also 
were calculated for power generations equivalent to that of the 

‘The equivalent tensile stress is the von Mises yield criterion for 


materials which are triaxially loaded and equal to the tensile stress for 
simple uniaxial loadings. 


Thermal stress and strain values calculated for cylindrical fuel elements. 


76.8 


42.8 


Max =, 
equivalent Max equivalent plastic | 
stress, strain, 
psi per cent 


34500 


loin 


33800 
31500 


36800 
22300 


0.734 ( 
0.138 ( 


36700 0.785 ( 


Equivalent Tensile Strains (%) 


0.4 0.6 
Solid Element 


Fig. 
cooled by various methods. 
increase. Initial and cooling-surface temperature = 
mum temperature = 600 C, obtained at‘ = 0.5 hr. 


4 Equivalent tensile strain distributions of fuel elements 
Strain at ¢ = 0.5 hr after period of power 
200 C; maxi- 


solid case. Only the maximum temperatures and rates of tem- 
perature rise (factors multiplying A(w) in Equation [11]) are 
altered. Table 1 contains the maximum temperatures, power 
generations per foot of fuel element, maximum stresses, and 
maximum plastic strains for all the cases This table shows that 
the cored fuel element had very large internal plastic strains 
(1.35 per cent) for high-temperature operation, but these are 
greatly reduced (0.45 per cent) when compared to the solid fuel 
element producing equal power. The internally and externally 
cooled fuel element has relatively high surface plastic strains 
(0.734 per cent) for the 400 C temperature drop but has very low 
plastic strains (0.138 per cent) when compared to solid and cored 
fuel elements with equal power generations. Fig. 5 shows the 
time dependence of the cooled surface plastic strains for the three 
equal power cases of the solid, cored, and I and E elements. 
Besides alterations of the magnitudes of the thermal stresses 
and strains for various limits of high-temperature operation, the 
radial distribution of these quantities also is altered. Fig. 6 
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Fig. 5 Plastic strain at cooled surface (200 C) of fuel elements 
cooled by various methods. For all cases: Power generation = 50 
kw ft; solid case, = 600 C; cored case, Tmax = 460C; Land 
E case, Tmax = 290 C. 


shows the variations of the equivalent tensile strain in cored fuel 
elements (surface 200 C and core 490 C and 600 C) operating at 
two different power levels. This figure shows that for these 
particular temperature conditions the central strain decreased 
64 per cent while the surface strain decreased 21 per cent for the 
Thus these 
calculations indicate that hollow externally cooled fuel elements 


27 per cent decrease in the temperature gradient. 


have rapidly increasing plastic strains on their failure-prone sur- 
face when the maximum temperature is increased. 

Throughout this discussion very little emphasis has been given 
the stress condition of the various fuel geometries. Table 1 shows 
that for the four cases with equal temperature drops, there is 
only an 8 per cent variation in the stress, while the case with the 
lowest surface stress (cored fuel element) has a maximum plastic 
strain, in fact, 140 per cent greater than the solid fuel element. 
Because these strains occur at different temperatures, a direct 
comparison of their relative magnitudes should not be made. The 
only case (I and E element, 7, = 290 C) which has a signifi- 
cantly lower stress level was calculated for a temperature drop of 
only 90 C. 

This paper does not discuss the method of relating the me- 
chanical condition of the fuel material to mechanical failure proba- 
bilities. 
lating any thermal-stress calculations to the probability of me- 
A discussion of this very important facet of 


Many controversial assumptions must be made in re- 


chanical failure. 
mechanical design of fuel elements is included in a document (8) 
which is being compiled. 

The numerical evaluation of the examples introduced several 
programming problems. The form of the material law was 
modified to the form given by Equation [10] in order that reasona- 
ble values of the strain-hardening coefficient be calculated for 
very low strains. {Factor tanh (102) was included in the expres- 
sion for m.| Special limits on the converged value of the strain- 
hardening coefficient f for small strains are established to reduce 
the computing time. The value of the strain-hardening coefficient 
f at ¢ = At does not converge to a stable value when the initial 
value of f is used as a first approximation. A special technique 
of setting upper and lower bounds on the assumed values for f at 


76 8 kw, ft and T = 600 C 
max 


= 460 C 


50 kw ft and Ten 


bquivalent Tensile Strain (%) 


0.4 t 8 1.0 


Ratio Radial Distance to Outer Radius 


Fig.6 Variation of eouiveient tensile strain in a cored fuel element 
for different power generatious. For surface and initial temperature 
= 200 C; strain at¢ = 1.0 hr with 0.5-hr period of power increase 
and 0.5-hr period of constant power generation. 


the ¢ = Aft for every time and radial increment (value of «) is 
necessary in order to obtain stationary values for f. Details (6) of 
these programming procedures are on file. Mention of the special 
problems, which are encountered in using material laws obtained 
from experimental data, is included to show how the method of 
numerical evaluation depends upon the stress and strain de- 
pendence of stress relaxation during the initial application of the 
thermal gradients. 


Conclusions 


Analysis of the numerical data obtained with the method of 
analysis presented in this paper resulted in the following general 
conclusions: 

1 For equal temperature drops (7 max Tin) and mean 
temperature, the maximum thermal stresses in reactor fuel ele- 
ments do not vary appreciably when the method of cooling or 
shape of the temperature distribution is changed. 

2 The maximum plastic strain occurring within fuel elements 
cooled by various methods can vary considerably for equal 
temperature drops. 

3 The actual strain distribution is extremely dependent upon 
the mean temperature, especially in those cases where the hottest 
surface is not restrained (cored fuel elements). 

4 For a given power generation and similar geometry, the 
stress and strain condition within a fuel element can be improved 
by reducing the average distance which the heat generated within 
the fuel material has traveled to reach the coolant (I and EF 
fuel elements compared to solid, cored, and internally cooled). 
Thus the mechanical condition of a cylindrical fuel element 
shows a greater dependence upon over-all temperature drops than 
upon the magnitude of local temperature gradients. 
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Discussion 


H. Poritsky.* This paper forms an interesting extension of the 
more common thermal-stress calculations, by showing how these 
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stresses relieve themselves through creep. A similar analysis has 
been carried out by the writer, but while it has been submitted to 
the Society, it is at present in the throes of being revised to meet 
the referee’s recommendations. 

Calculations of this type enable the engineer to predict more 
nearly what the true stresses existing in a material are under 
actual conditions, for instance for a fuel element in a nuclear pile, 
and therefore constitute an important advance in stress calcula- 
tions. Ultimate criteria of failing no doubt will be based on the 
past history of the true stresses and the total creep. 

The relative complexity of the creep calculations is due to the 
fact that over each time interval one has to solve the equations of 
elasticity corresponding to refitting the various elements after 
they have crept and changed dimensions. In the present problem 
this requires only the solution of a second-order differential equa- 
tion, and can be carried out on a high-speed computing machine. 
For other shapes, it might require the solution of the more 
complicated three-dimensional equations of elasticity. At present 
this would be difficult to accomplish even with high-speed com- 
puting machines. 

As the author remarked at the time of presentation, no hy- 
potheses for creep laws have yet been advanced for cases where 
creep takes place first in one direction, then in the opposite direc- 
tion. Here there is a distinct need of further work by theoretical 
engineers and metallurgists. 

Since the basic hypothesis regarding the Hencky-von Mises 
manner of applying one-dimensional creep data to multiple-stress 
creep has not been tested completely, direct comparison between 
the calculated creeps and measured dimensional changes should 
be carried out say for thin pipes, so as to serve as a check on the 
assumptions made in these calculations. _ 
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Vibration of Rods Induced by Water 


in Parallel Flow 


An experimental determination was made of the type and 
magnitude of vibration in the simulated fuel rods of a hetero- 
geneous nuclear reactor with water flowing parallel to the rod 
axes. Triangular lattices with equivalent hydraulic diameters of 
0.0708, 0.198, and 0.470 ft were studied at a single rod length. 
The test rods employed had a range of natural frequencies of 
vibration in water of 5 to 25 cycles per sec. This range was ob- 
tained by using '/; and */,-in-diam rods made of brass or alumi- 
num, by making some rods hollow and others solid, and by using 
fixed and pin-ended support conditions. The water velocity was 
varied from 6 to 21 fps, at room temperature. It was found that 
the vibration can be significant for reactor conditions. The rod 
vibration was observed to be self-excited, resulting in the rods 
vibrating at their natural frequencies independent of the water 
velocity. A theoretical study of the forces acting on the rods was 
made from which it appears that ten variables (of which six were 
varied in these tests) influence the amplitude of vibration of the 
rod. A correlation was derived and the resulting equations give 
a good fit with the test data. 


Nomenclature‘ 


cross-sectional area of rod 
proportionality constant 
hydraulic diameter 
Young’s modulus of elasticity 
strain-gage factor 
rectangular moment of inertia 
= load-deflection end-fixity factor = (10 + aL)/(2 + 
aL) 
= amplitude-strain end fixity factor 
= constant 0.203 for pin-ended rods; 
ended rods 
= length of rod, in. 
Reynolds number = p VL/yz 
diameter of rod, in. 
U(y) = velocity of flow 
velocity of flow (average) in rod bundle 
strain-gage bridge voltage, volts 
= output voltage of bridge, volts 
uniformly distributed load on rod 


1 Engineering Advisor, Nuclear Development Corporation of 
America, White Plains, N. Y.; formerly, ag Engineer, Walter 
Kidde Nuclear Laboratories, Garden City, N 

?Manager of Experimental Engineering Department, 
Kidde Nuclear Laboratories, Garden City, N. Y. 

3 Research Engineer, The Trane Company, LaCrosse, Wis.; 
formerly, Process Engineer, Walter Kidde Nuclear Laboratories, 
Garden City, N. Y. 

4 Wherever dimensional terms are used in nondimensional groups, 
any consistent set of dimensions may be used. Wherever equations 
are used which require specific units, the units are those referred to 
here. 

Contributed by the Nuclear Engineering Division and presented 
at a joint session of the Nuclear Engineering and Applied Mechanics 
Divisions at the Annual Meeting, New York, N. Y., December 1-6, 
1957, of Tue American Socirety oF MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME February 
16, 1956. Paper No. 57—A-94. 


te 


0.1715 for fixed- 


Walter 


By D. BURGREEN,!' J. J. BYRNES,? ann D. M. BENFORADO# 


z = co-ordinate measured from center of rod 

= f(z), deflection of rod 
end fixity of rod 

= root of frequency equation P 
deflection of rod at mid-point in. 
nondimensional vibration parameter = p,V*L‘/EI 
strain, in/in. 
viscosity of water 
density of rod 
density of water 
period of vibration 
frequency of vibration 7 


= nondimensional vibration parameter = p,V*/yw 
= proportional to 
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Introduction 


Heterogeneous water-cooled reactors are often designed for 
high-power density and present a problem in the removal of the 
heat from the core. The problem is generally resolved by em- 
ploying high water velocities to improve the heat transfer. 

In a recent study® of heat transfer of water flowing across a 
bundle of rods simulating a reactor core, excessive vibration was 
observed at high velocities; it was found that the rods were sub- 
ject to self-oscillation rather than vibrations resulting from the 
shedding of von Karman vortexes. These somewhat unantici- 
pated results suggested that self-excitation also might occur in a 
rod bundle with parallel flow, and although the vibration would 
not be expected to be as severe as in the case of crossflow it might 
yet present a mechanical-design problem. Accordingly, a short 
experimental program was carried out. Since the primary pur- 
pose of the test was only to determine if the induced vibration 
constituted a mechanical-design problem, the investigation was 
limited in scope. However, in the absence of other experimental 
determinations, the results may prove to be of interest to reactor 
designers and others faced with similar problen:s. 

The measurements were carried out in a flow loop originally 
designed for the measurement of the heat transfer to water flow- 
ing parallel to the rod bundle.* A triangular lattice was used for 
the vibration tests. The range of variables studied is shown in 
Table 1. The rod length was not varied. All tests were con- 
ducted with water near room temperature. The strain was 


Study made jointly by Brookhaven National Laboratory and 
Walter Kidde Nuclear Laboratory for the Atomic Energy Commis- 
sion. Resu!ts unpublished. 

¢“Heat Transfer to Water Flowing Parallel to a Rod Bundle,” by 
P. Miller, J. J. Byrnes, and D. M. Benforado, AIChE Journal, vol. 
2, 1956, p. 226. 


Table 1 
Variable 


Rod diameter, in.. . 

Rod material 

Rod frequency in water, cps... 
Rod end conditions... . . 


Range of Variables in Vibration Tests 


Range 
and 5/, 
brass and aluminum 
5-25 
pin, fixed-ended 
solid and hollow 
0.0708, 0.198, 0.470 
6 1 


Rod cross section ioe 
Equivalent diameter of lattices, ft. 
ae ater velocity, fps 


measured by two pairs of strain gages attached to the surface of 
the rod. Cerese wax was used to waterproof the strain gages. 
This paper presents first an experimental section, followed by a 
theoretical analysis. 


Description of Equipment 
Fig. 1 is a view of the equipment. The 
loop was constructed of welded carbon-steel pipe with bolted 
flange connections. Starting at the lower left-hand corner of the 
illustration and proceeding clockwise, water flowed upward 
through the test lattice, which was enclosed in a flanged section of 
10-in. pipe. The water then flowed through an 11-ft horizontal 
run (22 pipe diameters) of 6-in. pipe before passing through an 
orifice for flow measurement. After a 2'/.-ft horizontal run (5 
pipe diameters), it entered a vertical downcomer (8-in. pipe ) lead- 
ing to the suction side of the circulating pump. A surge tank was 
mounted above this downcomer, consisting of an 18-in. section of 

2-in. pi} 


Circulation System. 


separated 


Fig. 1 Water-circulation loop for vibration measurements 
from the circulating system by a bottom plate with a 1-in. open- 
ing. The pump was a Weinman bronze-fitted, horizontal split- 
case, cast-iron centrifugal with outboard bearings, direct-driven 
by a 25-hp motor. The pump had a single impeller and operated 
at a constant speed of 1745 rpm. Flow rate was controlled both 
by means of a gate valve in a 4-in. bypass line around the pump, 
and a gate valve in the main 6-in. discharge line from the 
pump. A Heliflow cooler was installed in a 1l-in. bypass across 
the pump to maintain the water at room temperature. 

Instrumentation. Water flow was measured with an orifice 
meter equipped with standard ASME horizontal flange taps, 
using a 4.175-in. orifice in a 6-in. line (6.065-in ID). The differen- 
tial pressure across the orifice was measured by means of a mer- 
cury manometer. 

The water temperature was measured with a mercury ther- 
mometer set in an oil-filled well in the 8-in. line upstream of the 
test section. 

The vibration of the test rods was measured by means of pairs 
of Baldwin SR-4 500-ohm strain gages mounted 180 deg apart at 
the mid-point of the rods. The gage pair was arranged as shown 
in Fig. 2 in a 25-volt d-e Wheatstone-bridge circuit with a similar 
pair of dummy gages mounted on opposite sides of a cantilevered 
foil outside of the test loop. Bridge balance, as indicated by the 
d-c microammeter, was obtained by adjusting the bending of the 
foil. The output of the bridge circuit was fed to a Brush No. 905 
amplifier, the output of which was fed in turn to a Brush BL201 
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Fig. 2 Strain-gage bridge circuit used for vibration measurements 


oscillograph. A multipoint switch was used to select the gage 
pair to be studied. 

Test Lattice. The test lattice consisted of « vertical bundle of 
rods supported by an upper and a lower grid plate. The lattice 
was enclosed in a cylindrical steel case of 6' , in. 1D, which was 
contained in a 10-in. pipe. The case was supported at the top by 
a flange which was sandwiched between two flanges connecting 
two sections of the 10-in. pipe. The annular space between the 
pipe and inner case was filled with water at the system pressure, 
but the top supporting flange prevented any flow through this 
space, forcing all the water through the lattice. 

The rods were 4.0 ft long (clear distance between support 
plates). They had an OD of 0.625 in., with the exception of one 
'/.-in. test rod, and were arranged in a triangular lattice. 

The test rods were mounted in the various lattice arrangements 


which are shown in Fig. 3. The central rod position which was 


HYDRAULIC DIAMETER= 


0.0708 ft. (No Allowance 
for Wall Effect) 


B. HYDRAULIC DIAMETER= 


0.1980 ft 
Wall Effect) 


(Allowance for 
= 


> 
— 


HYDRAULIC DIAMETER= 
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Wall Effect) 


Fig. 3 Arrangement of rods in various lattices used in vibration 
studies 
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common to all lattices was occupied by the same rod in all tests. 
The other test rods were arranged at the corners of the hexagon, 
symmetrically about the center location, so that the wall effect 
in the intermediate lattice would be equivalent for all of these test 
rods. 

In the 0.0708-ft equivalent-diameter lattice which had a tri- 
angular pitch spacing of 0.914 in., the 6'/,-in. case enclosed 37 
complete rods and 18 partial rods which were attached to the 
walls. These partial rods were present in all three lattice arrange- 
The location of the six vibration test rods is indicated. 
The other rod positions were occupied by dummy rods (i.e., °/s-in 
diam solid aluminum rods not equipped with strain gages). 

In the 0.1980-ft lattice, which had a triangular pitch spacing of 
1.579 in., the case encompassed 13 full rods of which 7 were the 
vibration test rods 

In the 0.470-ft lattice the case only encompassed a single rod 
and as such could not be described accurately as a triangular lat- 
However, the result is included as a first ap- 

proximation of such a lattice 

The rod-support plates were made of aluminum; the top was 

'/, in. thick and the bottom was '/,in. The openings in the sup- 

port plates for water flow had a diameter of 0.485 in.; they were 

arranged in a hexagonal pattern which resulted in an average of 
two openings for each rod, giving free-flow area of 44.3 per cent 

(13.6 sq in.) for Case A. 

Dimensional tolerances for the test lattice were established on 
the basis that they should contribute to the probable error of the 
_ heat-transfer measurements® equally with other sources, such as 
flow measurement, temperature measurement, and so on. A 
_ table listing the dimensional tolerances is given in the heat-trans- 
fer paper. 

Test Rods. To evaluate the different parameters which might 

_ affect the amplitude of the rod vibration, eight different vibration 
test rods were constructed, of which seven were tested in the 
lattices. Table 2 lists the pertinent data for each of the rods. 

The No. 1 rod was used only for calibration of the strain instru- 


ments. 


tice arrangement. 


rods supported at both ends. As it was found that the rods sup- 
ported at both ends did give measurable amplitudes, no addi- 
tional consideration was given to the cantilevered rod and it was 
not included in the analysis. 

The strain gages were fixed to each solid rod by cementing them 
to four flats (which facilitated mounting) that were machined at 
“0-deg intervals around the circumference of the middle of the 

rod. The flats were made by milling out '/\ in. of metal, provid- 

a flat surface in. wide 2 in. long. For the cantilevered 
-rod the flats were located at the fixed end. In the case of the 

hallo rods the strain gages were mounted at the middle on the 
rounded surface. 

‘The gage-connecting wires were cemented along the surface of 
the rod; the gages and the connecting wires were waterproofed 


993, 
over the length of the rod with cerese wax. The cerese wax was 
poured in place and machined to a uniform outer diameter as in- 
dicated in Table 2. 
of the top of the test section through a sealed connection in the 
wall of the piping and went to a terminal board, Fig. 1. 

The fixed-end rods were machined with a */\s-in. threaded por- 
in. upper and the 


The connecting wires were brought outside 


tion at the ends which passed through the ! 
‘/-in. lower grid plates, until they shouldered against a larger- 
diameter section of the rod. A nut was then tightened over this 
threaded end to fix the rod ends to the grid plates. 

The pin-ended rods were prepared by turning the ends of the 
rods down to 0.202-in. OD and threading a portion of the upper 
end with a 10-32 thread. The rod was then passed through the 
upper grid plate, and a cone-shaped nut with the apex downward, 
was screwed on to the top end. This cone-shaped nut rested in a 
countersunk hole in the grid plate, the included angle of which 
was slightly greater than that of the nut. In this way the end 
condition gave a minimum restriction to bending of the rod while 
preventing lateral movement. The lower end simply passed 
through the lower grid plate, the hole in which was countersunk 
to a thin edge. 


Fig. 4 Condition of test rods on completion of tests 


A view of the test rods 2, 3, 4, 5, 7, and 8 on completion of the 
tests is shown in Fig. 4. The cerese-wax coating over the strain 
gages and connecting wires can be seen, together with the top end 
conditions of the rods. On several of the rods it can be seen that 
the cerese-wax waterproofing did not stand up too well and the 
effect of this on measurements is discussed later. 


Experimental Procedure 

Calibration of Strain-Measuring Instruments. The scheme of 
calibration of the Brush recorder for measuring the dynamic 
strain was as follows: The Brush instrument was capable of 
measuring only alternating signals with frequencies from '/» to 


Table 2 Test rod data 


Rod Material 


aluminum 
aluminum 
aluminum 
aluminum 
aluminum 
aluminum 
brass 

aluminum 


End 
fixity 
pin 
pin 
fixed 
pin 
fixed 
fixed 
pin 
pin 


Type 
solid 
solid 
solid 
hollow 
hollow 
solid 
solid 
solid 


Length 


———Dimensions, in. 


Cerese 


wax 
OD in. 
720 
715 
725 
765 
765 
675 
725 
600 


Remarks 


Intercalibration rod 

Beam, supported at both ends 
Beam, supported at both ends 
Beam, supported at both ends 
Beam, supported at both ends 
Cantilevered, supported at top 
Beam, supported at beth ends 
Beam, supported at both ends 


OD ID 
625 
625 
625 
625 
625 
625 
625 


500 


0.570 
0.570 


4 
# eantilevered rod supported from the upper grid plate, was in- 
cluded as an afterthought, since it was not known whether 
measurable amplitudes of vibration would be obtained in the test F } 
‘ 
og 
1g 
48 
48 
48 
48 0 
48 
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100 cps. The instruments available for chec king its operation, a 
K-2 potentiometer and an Ellis BA12 strain indicator, were capa- 
ble of measuring only static strain. A mechanical rod oscillator 
was therefore built which could impose both static and dynamic 
strain on a rod, and the two types of instruments could then be 
intercalibrated using the same displacement in both static and 
dynamic tests. 

The mechanical rod oscillator consisted of a ball bearing which 
contacted the rod causing it to bend between two support points 
in an oscillatory manner. The oscillatory motion was produced 
by a */2-in. shaft on which the ball bearing was mounted ec- 
centrically. The '/:in. shaft was supported on both sides of the 
test rod by pillow bearing blocks. A variable-speed motor was 
attached to one end of the shaft. Both static and dynamic rod 
deflections were measured with a dial indicator having a total 
travel of '/2 in., subdivided in increments of 0.001 in. It was 
found that the dial indicator gave sufficiently good response to 
measure the dynamic deflection. 

For the bridge circuit shown in Fig. 2 
the output voltage of the bridge by 


the strain is related to 


Rod No. 1 was used in the intercalibration of the static and 
dynamic strain-measuring instruments. The measured values, as 
obtained with the Brush oscillograph, the Ellis BA-12, and the K-2 
potentiometer, for the strain in this rod were found to agree 
within 5 per cent of the values calculated from theory. The 
strain versus amplitude for rods Nos. 2 through 8 was then ob- 
tained by relying on the theoretical relationships between strain 
and amplitude, taking into account the actual end fixity. The 
actual end fixity was obtained from the measurement of the 
natural frequency of vibration of the rod, as explained in the 
Analysis section of this paper. 

Measurement of Bridge-Circuit Leakage Resistance. The leakage 
resistance of the strain-gage circuits to ground was measured be- 
fore the flow loop was filled with water, in aecordance with the 
recommendation of the manufacturer, and was generally found to 
be of the order of 2 X 10° ohms. 

The cerese wax, which was recommended by the strain-gage 
manufacturer for waterproofing, was built up in layers and then 
machined to the thickness indicated in Table 2. It did not stand 
up too well under the test conditions. The leakage resistance to 
ground deteriorated rapidly on some of the gages, while others 
were affected only slightly. In addition to those gages which 
stood up well, and those which failed completely, there were a 
few on which sporadic data were obtained, the gages operating 
properly for part of the time and giving erratic readings at other 
times. 

Natural Frequency of Vibration. To determine the natural 
frequency of vibration of the rods, the full lattice with the rods 
located as shown in Fig. 3(a) was assembled inside the test sec- 
tion. With no water in the loop, the side of one of the flanges was 
dealt a sharp blow with a sledge hammer. The output of a given 
strain-gage couple was then recorded and the natural frequency of 
vibration in air determined from the recorder trace. This process 
was then repeated for each pair of gages on each of the rods. The 
natural frequency in water was determined in the same way after 
the loop was filled with water. 

Induced Vibration. The flow test data were obtained by setting 
the water flow rate with the throttling valve and reading the flow 
rate on the mercury manometer. A pair of gages on the rod to be 
studied was selected by means of the selector switch and the 
bridge was balanced by adjusting the deflection in the foil on 
which the two dummy strain gages were mounted. The calibra- 
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tion of the Brush instrument was then checked by applying a 
known voltage to the input jack of the amplifier and reading the 
indicated output on the recorder. The output of the strain-gage 
bridge circuit was then connected to the Brush recorder and ap- 
proximately 30 in. (corresponding to 30 sec) of record was ob- 
tained, after which the calibration of the instrument was re- 
checked. All of the data were obtained at a chart speed of 25 mm 
per sec. The temperature of the water and the orifice pressure 
drop for the flow measurement were recorded. 


Experimental Results 

A summary of the experimental data is presented in Tables 3 to 
9 together with certain calculated values employed in the analysis. 

Typical samples of the strain recordings obtained at different 
water velocities are shown in Fig. 5. Traces A and B were ob- 
tained in determining the natural frequency of vibration in air 
and in water by the hammer-tapping technique. Traces C and D 
are for vibrations induced by the water flow. It can be seen that 


> Matural Prequency in Water 


Fig. 5 Typical sample of data 


the frequency of the induced vibration of the rod is independent 
of the water velocity. It also can be seen that the amplitude of 
the induced vibration is not constant, but rises and falls with time 
in a nonuniform manner. The induced frequency of vibration of 
this rod was 15 cps compared to its natural frequency of 17 cps 
determined in static water. In general, the agreement between 
the induced frequency and the natural frequency was good; how- 
ever, as seen in Tables 3 to 9, there were a few cases, notably 
the '/;-in. diam rod, in which the agreement was poorer. 

To correlate the strain as a function of the flow rate, the maxi- 
mum amplitude as well as the integrated area under the recorded 
strain curve was plotted against the water velocity for one rod. 
The integrated area under the curve was obtained in two ways; 
by cutting out the envelope of ie curve and weighing it, 


e 
| 
Rod Noe 2 Sez 
1 Second 4 
q CHART NO 
Rod Moe 2 Velocity 12.4 ft/sec 
BRUSH ELECTRON 
Rod Mos 2 “ator Velocity ft/sec 
BRUSH 
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Table 3 Summary of data*—rod No. 2° 


Measured — Calculated — 
Maximum Maximum 

Lattice Strain gage strain, vibration 

Strain hydraulic Water Rod bridge € amplitude 

gage diameter, velocity, frequency, output,‘ micro- A 
ft ft/sec cycles/sec mv in/in. in. 
470 in air 
470 0 
470 6. 
470 
470 
470 
470 
470 


' 


ooo 
uw on ou 
anne 


0.00317 
0.00705 
01410 
01939 
02467 
02996 


~ 


1u8 
198 >. 25 9.8 00740 
198 6 9.8 00740 
198 i i 

198 
198 
198 
18 
198 
198 


— 


~ 


00229 
00616 
OOU8T 
02714 
03208 


cocececeoso coco 


on 


tor 


o 


0708 


oouce 


0.00423 
0.00634 
0.00529 
0.00740 
0. 00740 
0.01058 
0.00052 


cCoooceo 


—mooooc.. 


00529 
00634 
00529 
00740 
00846 
01269 
.01269 
01269 


0.0708 
0.0708 
0.0708 
0.0708 


c 


3 
2,4 
2,4 
2,4 
2,4 
2,4 
2,4 
2,4 
2,4 
2,4 


: : Water temperature was maintained near room temperature. The maximum range during tests with this rod was 57-97 F. 
=5 
on Output reported is maximum peak-to-peak reading obtained. i 
and by counting the squares under the curve. Both methods dependence of the amplitude of vibration on the water velocity 
gave the same results. The results obtained from the am- Table 10 shows the slope obtained from similar plots for all of the 
plitude and the integrated-area methods of correlation gave rods. In addition, this table gives the amplitude of vibration 
essentially the same slope for the line on a log-log plot and it that was read from the curves at a velocity of 10 fps. In some 
was decided to use the maximum amplitude only, for the correla- instances the curve had to be extrapolated downward to this 
tion of the remainder of the data. value since no observation actually was obtained at this velocity. : 
Fig. 6 shows a plot of the maximum deflection of rod No. 2 asa . 5: . 
function of water velocity for the three lattices tested. The Discussion and Analysis 
amplitude of vibration is a derived value calculated from the The objectives of this experiment were twofold: 
measured strain. T he following equation — used in calculating 1 To determine the magnitude of vibration that might be ex- 
the amplitude of vibration from the strain recording pected in the reactor design under consideration. edn 
Kol? 2 To formulate a mechanism of rod vibration in parallel flow 
$= x< 10-3 ......[2] such that the frequency and amplitude of vibration of the rods 
é could be determined when the variables which might inftucnce 


the vibrations were specified. 


As discussed subsequently, the value for the end fixity constant 
Ky was calculated for each rod from the measured value of the To some extent these are contradictory. To accomplish o 
natural frequency of vibration of the rod. first objective the test lattice must resemble closely that of the 
Fig. 6 is typical of the results obtained and serves to illustrate reactor under consideration. On the other hand, the second is 
general agreement that was found between two sets of strain best accomplished by a wide range for each of the variables that 
gages (when each pair was working), the deviation of the in- influences the rod vibration. If too many variables covering too 
dividual points from a straight line on this log-log plot, the effect wide a range are included in a single lattice it then raises questions 
of changes in the equivalent diameter of the lattice, and the strong _as to the validity of some of the results. vin a eet i - 


. 
=, 
y/D 108 
5.67 
12.6 
25.2 
34.7 
44.2 
53.6 
10.4 9 58 498.0 26.4 
16.0 12.4 988.0 26.4 
6.0 7.57 2265.0 8.17 
10.4 9.58 499.0 22.0 
16.0 12.4 988 .0 35.2 
28.0 16.4 2090.0 96.6 
28.0 16.4 2290.0 115.0 
48 5.64 18.3 12.2 1085.0 5 
72 8.46 21.0 13.2 1400.0 7 a 
60 7.05 23.0 14.8 1700.0 6 : 
84 9.87 33.4 16.5 2750.0 9 + 
84 9.87 37.4 17.5 3280.0 
20 14.10 32.6 18.9 3060.0 12! =. 
08 12.69 52.2 20.7 5400 0 
| 
0.0708 12.4 60 7.05 0 18.3 1085.0 6 _ 
0.0708 13.4 72 8.46 0 21.3 1400.0 7 7 
0.0708 15.0 60 7.05 0 23.0 1700.0 6 . 
15.8 84 9.87 0 33.4 2750.0 
17.8 11.28 0 37.4 3280.0 10: 
19.2 44 16.92 0 32.6 3060.0 15: a 
@ 
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Table 4 Summary of data*—rod No. 3° 


Measured 
Strain 
gage 
bridge 
output, 
mv° 


Lattice 
hydraulic 
diameter, 

ft 


Rod 
lrequency, 
cycles/sec 


Water 
velocity, 
ft/sec 
in air 


Strain 
gage micro- 
in/in. 
198 
198 
198 
198 
198 
198 
198 
198 
198 
198 
198 
198 


0708 

O708 

0708 

0708 7 22. 0.6 05 
0708 i 

0708 

0708 : 25 0.: 82 
0708 22 0.7: 46 


6 Water or temperature was maintained near room temperature. 
bk, = 2 
© Output reported is maximum peak-to-peak reading obtained. 


LEGEND 


© 0470 ft. LATTICE | 
0 0.1980 ft. LATTICE 
4 0.0708 ft. LATTICE _} 
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BLACK (GAGES 2) 
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| 
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= 
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o 
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x 
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Fig. 6 Variation of maximum amplitude of vibration with water 
velocity for rod No. 2 


The experiment as performed was a compromise. The variables 
which might influence the vibration are as follows: 


Lattice arrangement 
Velocity of flow 

Density of fluid 
Viscosity of fluid 
Density of rod 

Diameter of rod 
Moment of inertia of rod 
Modulus of elasticity 


Maximum 
strain, € 


The maxi 


fluid, 


Maximum 
vibration 
amplitude, 
in, Q 10-4 


y/D X 104 


000968 5 .57 103 
001564 45 209 
009375 510 
01666 1160 


103. 

209. 

510. 
1160 


001564 
00833 
01651 


614 
1270 


QOO893 
00446 


00178 ‘§ 2.3 495 
00536 24.8 17.5 1270 


mum range during tests with this rod was 57-97 


9 End fixity of rod 
10 Rod length 
Of these variables, all but the rod length, the density of the 
and viscosity of the fluid were varied. To vary the rod 
length would have been very costly. To vary the water density 
and viscosity would have required high temperature tests and 
would have involved elaborate preparations for the waterproofing 
of the strain gages. 

The six parameters that were varied in this test were spread 
over a fairly wide range, as shown below: 


Range 
factor 


Variable Range 


Velocity of flow, fps........- 
Rod material density, pef. . 

Rod moment of inertia, in... 
Rod modulus of elasticity, psi 
End fixity. 


6 to 21 

0.1 and 0.31 

0.00245 to 0.00735 

10 X 10% and 12 x 10° 
1 to 2.92 


Hydraulic diameter, ft. 0.078 to 0.470 

The straightforward approach to the analysis of a problem of 
this type would be to set up and solve the differential equation 
representing the forces involved in the rod vibration. In this 
case it is difficult to set up such an equation, as the manner in 
which the hydrodynamic forces act on the rod is not well defined. 
While further study of the velocity and pressure distribution 
about a rod may give sufficient information to describe the force 
field, it is probable that the resulting equation, if it could be set 
up, would be very complex and not amenable to analytical solu- 
tion. 

It was suggested previously that the type of vibrations that 
may be expected in a parallel flow system would be of the self- 
excited variety; and the results of this experiment indicate that 
these are indeed the types of vibrations which do occur. In 
practically all of the tests, the rods vibrate at approximately their 
natural frequency of vibration at all flow velocities. It is be- 
lieved that if all of the rods were identical (as they would likely 
be in a reactor), they would vibrate in the transverse direction 
precisely at their fundamental damped frequency of vibration. 


3 
0 3.46 
0 5.36 
ads 0 33.2 
7.45 9.58 0 5.36 
14.1 12.4 0 29.7 
24.4 16.4 0 59.0 
15.9 13.2 0 10.9 
| | 0 3.7 
21.7 
+ 
= il 
| 0.015} _. +1 = 
| 
0 
2 
000 
0.001 
3 4 § 
“4 
=F 4 
7 
8 — 
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Table 5 Summary of data*—rod No. 4’ 


Measured —Calculated 
Strain Maximum Maximum 
Lattice gage '/, strain, vibration 
Strain hydraulic Water Rod bridge € amplitude, 
gage diameter, velocity, frequency, output,‘ micro- 6 
i ft ft/sec cycles/sec mv in/in. in. 
air 


to 
ou 


52 00458 
12 OOUST 
38 7.96 02097 
6 5 04935 


00397 
00987 
01851 
05199 


00529 je 2° 2020 0 
00529 2520 0 
00740 2: 26 3040 0 
01057 28 29.6 4230.0 
01163 2 4410 0 
6 4: 5. § 01269 33.4 6330. 0 
7.5 28.‘ 02115 2.6 30.4 82. 70 
O708 in al 35.0 
O708 5.0 ‘ 
O708 2.! 5.0 00634 
O708 : 5.0 0.6 7.0 00529 : 
O708 5 ; 4 8 00740 0 
O708 5 2 00952 6 
O708 7.8 20.0 00846 0 
0708 ( 5 92 22 56 01692 37.4 
4 20.0 4: >. ¢ 01269 1 
0708 ¢ 17.5 j 19 7 01480 5 


2020 0 
2520 0 
3040.0 
1230 0 
4410.0 
6330 0 
7230.0 
8270 0 


3 


“ Water temperature was maintained near room temperature. The maximum range during tests with this rod was 57-97 F. 


of = 5. 
+ Output reported is maximum peak-to-peak reading obtained. 


Table 6 Summary of data*—rod No. 5° 
Measured —Caleulated 


Strain Maximum Maximum 

Lattice gage 1/, strain, vibration 
Strain hvdraulic Water Rod bridge € amplitude, 
gage diameter, velocity, frequency, output,‘ micro- 6 

pair ft ft/sec mv in/in. in. 10-* 

198 in ai 25 
198 
108 y 4.$ 00313 
108 9 7! 5 7 00520 
108 ) 2: 01356 
198 5 ; 03124 
198 
198 5 00313 
108 00520 
198 2.6 6 9.7 01250 
108 1.6 03124 


O708 in air 
0708 13.4 ( 00714 2: 1480 
0708 17.8 00892 31. 2060 
0708 21.0 1.6 9.7 01250 : 3400 
0708 
0708 5. 0. 00714 4 2050 0 
0708 00802 9.0 33. 2880 0 109 
1.6 31.4 
9 


0708 01250 3400.0 153 
0708 >. 92 01071 4860.0 131 


* Water temperature was maintained near room temperature. The maximum range during tests with this rod was 57-97 F. 


Output reported is maximum peak-to-peak reading obtained. 


Ar: y/D 
x 10-4 104 
6 410 0 
0.198 9.75 5 9.6 17.2 828 0 35.200 
0.198 12.6 ) ig. 8 22 3 2100.0 74.5 
0.198 16.6 ) 32.7 29.4 4800.0 176.0 
0.198 5 0.45 5.29 5.98 13.6 410.0 it 
0.198 9.75 ) 1.3 13.16 11.3 17.2 973.0 35.2 
0.198 12.6 ) 2.1 24.68 18.8 22.3 2100 0 66.0 
0.198 16.6 ) 5.9 69.32 33.7 20.4 4800 0 185.0 - 
0 0708 in air ) 
64.6 
00.3 
120.0 
142.0 
155.0 
180.0 
258.0 
1 
73 
64.6 
> 00.3 
116.0 
206 
155.0 
|_| x 10-4 x 108 
2 338.0 18.6 : 
3 730.0 48.0 
4 1680.0 112.0 
= 
6 166.0 11 2 
2 338.0 18 6 
3 730.0 44 6 
4 1860.0 112.0 
4 


Lattice 
hydraulic 
diameter, 

ft 


Water 
velocity, 
ft/sec 


Strain gage fr 
pair 

1,3 198 
198 
198 
198 
198 
198 
198 
198 
198 
198 
198 


* Water temperature was maintained near room temperature. 


tests with this rod was 61-91 F. 
* Cantilever rod, not included in analysis. 


cye 


Rod 
uency, 
es/sec 


Table 7 Summary of data*—rod No. 6° 
—— Measured 


Strain Calculated 
Maximum 
vibration 

amplitude, 

in. 


Maximum 
1/, strain, 
microin/in. 


gage 
bridge 
output,° 
mv 


5.8 


o 


Ot be Or Or Orde Or Or 


0.203 
0.307 
0.416 
0.486 


8.2 


0.312 
0.359 
0.486 
0.694 


The maximum range during 


Output reported is maximum peak-to-peak reading obtained. 


Measured 


Table 8 Summary of data*—rod No. 7* 


Strain 
gage 
bridge 
output,° 


Lattice 
hydraulic 
diameter, 

ft 
198 
.198 


Rod 


uency, 


Water 
velcoity, fr 
ft/se 


OOO 


~ 


1 
1 
2 
2 
2 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
] 
2 
2 
2 
2 
2, 
2 
2 
2 
2 
2,4 


* Water temperature was maintained near room temperature. 
bk, = 5. 
© Output reported is maximum peak-to-peak reading obtained. 


Each rod in the lattices shown in Fig. 3 has many degrees of free- 
dom corresponding to the various possible modes of vibration. 
Of these, all but the fundamental mode may be discarded, since 
an excessive amount of energy is required to cause the rod to 
vibrate with significant amplitude at the higher modes. If the 
natural frequencies of the various rods differ from each other, 
then the arrangement becomes somewhat complicated with the 
natural resonant frequencies of the system as a whole, not coin- 
ciding with natural frequencies of the individual rods. 

It has been observed in other tests with a lattice of identical 
rods that when one of the rods is set into vibration its amplitude 


Maximum 
1/; strain, 


The maximum range during tests with this rod was 57-97 F. 


Maximum 
vibration 
amplitude, 

6 

x 10-4 
340.0 
760.0 
3900.0 
340.0 
1530.0 
3900.0 
1530.0 


in. 


0.00494 
0.00616 
0.04442 
0.00494 
0.02221 
0.02732 
0.01727 


xX rs 


1650.0 
1850.0 
3250.0 
4050.0 
4280.0 
6020.0 
7110.0 
8150.0 


0.01269 
0.01480 
0.01480 
0.01375 
0.01375 


will damp out, and then some other rod in the lattice will begin to 
vibrate and gradually increase its amplitude of vibration. As the 
vibrations of the second rod damp out, a third rod will begin to 
vibrate, and so forth. This is a type of sympathetic vibration, 
wherein one vibration element is set into resonant vibration with 
another element even though the means of transmission of the 
vibrations may be poor. Thus each of the rods in the lattice 
takes turns in resonating as a result of the impulses that are 
transmitted through the common rod supports or the water. 
When the rods in the lattice have different natural frequencies of 
vibration as they do in this experiment, then there is a tendency 
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“= 
gage | Licro- y/D 
pair n/in x 
PR 1 0.56 6.58 
9.75 1 0.70 8.22 
0.198 16.6 5.04 59.22 
0.198 1 6.58 
0.198 12.6 1 29.61 
0.198 16.6 1 36.42 
0.198 12.6 1 23.03 
0.0708 in air 1 ov 
0.0708 0 1 
- 0.0708 12.4 1 8.46 0.00634 24.6 1 
‘ 8.46 0.00634 25.6 1 
11.28 0.00846 40.2 1 
14.10 0.01058 44.5 1 
; 14.10 0.01058 45.0 1 
14.10 0.01058 58.2 2 
18.33 0.01375 62.7 2 
: 708 22.0 1 19.74 0.01480 68.8 2 
708 12.4 1: 5.64 0.00423 22.0 1 
708 13.4 1: 8.46 25.6 14.5 1850.0 
: 708 15.0 1 11.28 40.2 16.1 3250.0 
8.0708 16.8 1: 16.92 40.1 18.1 3650.0 
0.0708 17.8 1 19.74 51.0 19.2 4840.0 k 
: 7 0.0708 19.2 i 19.74 52.3 20.7 5300.0 
0.0708 21.0 1: 18.33 62.7 22.6 7110.0 
0.0708 22.0 1) 18.33 76.6 23.8 9060.0 
7, 
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Table 9 Summary of data*—rod No. 8° 
Measured 


Strain gage 
pair 


Lattice 
hydraulic 
diameter, 

ft 


Water 


ft/sec 
.198 
.198 
.198 
198 
198 
.198 
198 
198 
.198 


NNN 


Rod 
velocity, frequency, 
cycles/sec 


—Calculated 
Maximum Maximum 
strain, vibration 

micro- amplitude, 
in/in. in. 


Strain 
gage 
bridge 
output, 
mv* 


0.02648 
0.03045 
0.03178 
0.03431 


0.03178 
0.01324 
0.04369 


® Water temperature was maintained near room temperature. 


tests with this rod was 61-91 F. 
1/;-in. rod, not included in analysis. 


© Output reported is maximum peak-to-peak reading obtained. 


Table 10 Data obtained from plots of maximum amplitude of 
vibration as a function of water velocity 
Maximum 
vibration at 10 
ft/sec amplitude, 
in. 


Lattice Slope of curve 
hydraulic 


diameter, 
ft 


0.4700 
0.1980 
0.0708 
0.1980 
0.0708 
0.1980 
0.0708 
0.1980 
0.0708 
0.1980 
0.1980 
0.0708 
0.0708 


0.0025° 
0.0025 
0.0003° 
0.0102 
0.0027° 
0.0063 
0.0016° 
0.3400 
0.0085 
0.0031° 
0.0245 


We wok 


ow 
S& 


* See Fig. 6. 
® Value obtained by extrapolating curve down to velocity of 10 fps. 
All other values fell in range of test data. 


for them to vibrate at the natural frequency of the system as a 
whole, in addition to their tendency to vibrate at their own 
natural frequency. If the predominant frequency of the system 
is not much different from that of the rod, then the rod may ap- 
pear to vibrate in beats. In the perfectly uniform lattice, where 
the frequencies of the rods are almost identical to the frequency 
of the system, the beats are very long. If the rod frequency de- 
viates substantially from the system frequency, then the beats are 
of shorter duration. These beats actually were observed in the 
tests. 

In examining the data in Tables 3 to 9, it will be observed that 
some of the rods vibrate at frequencies somewhat removed from 
their natural frequency. In view of the multiple degrees of free- 
dom of the system, this deviation from the natural frequency is 
not considered unusue]. The one rod which shows a large devia- 
tion from its natural frequency is the '/2-in. rod. This rod pre- 
sents the only nonuniformity in a lattice of uniform °/s-in. diam 
rods. Table 9 shows that, while the natural frequency is 12 eps, 
the rod vibrates at 22 cps when water is flowing through the 
lattice. A possible explanation of this behavior is that the 
greater slenderness of the rod makes it more susceptible to excita- 
tion via the supports. Rather than vibrate at its own natural 
frequency, it vibrates with the frequency of adjacent rods or with 
the frequency of the system. It also may be possible that this 
effect is related to the nonuniformity that a '/,-in. rod introduces 
into the lattice. Additional tests would be needeJ to ascertain 
the actual cause of this discrepancy. In the subsequent analysis 


of the pattern of these data, the '/:-in. rod has not been included. 
Analysis. It is assumed that the forcing function is propor- 
tional to the hydrodynamic force of the water, p,V*. The 
strength of the eddies that act on the rods is further taken propor- 
tional to the clear space between rods, or proportional to the hy- 
draulic diameter D, giving the force per unit length of rod as 


Cp,DV? 


Oty 
> = 


and the damping force 


The differential equation of this simplified system is approxi- 

mately 
Oty oy 
+5 — + pA 
ox* ot 


A dimensional analysis of Equation [3] shows the nondimen- 
sional dependent variable y/D, besides being a function of the 
independent variables z/L and t/r, is dependentu pon the follow- 
ing three nondimensional numbers 


( pV ( (az 
Considering that in self-excited systems, the actual frequency 
of vibration is the natural frequency of the rod, or 
EI 
p,AL‘ 


it is seen that the first two numbers are not independent. The 
two nondimensional numbers that are effective are, therefore 


The foregoing numbers which are respectively designated as T 


7) 099 
4 ( 25.0 32.4 
=: 20.0 88 33.8 
4 22.5 2.88 33.8 > 
_ The maximum range during 
| 
. 
| 
bl é The restoring force due 
ty 5 at 
pre 
dy 
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and 2 have a definite physical significance. The first represents 
the ratio of the hydrodynamic force of the water to the elastic 
force in the rod, and the second represents the ratio of the hy- 
drodynamic force of the water to damping force on the rod. There 
is one other number that may be included, namely, the Reynolds 
number. 

In setting up Equation [3], one term was excluded because of 
the uncertain manner in which it affects the vibrations. Consider 
the water flowing along a rod that is slightly inclined to the flow. 
The viscous drag on the rod in the direction of the axis is 


ol 


= 


The force per unit length of rod in the transverse direction is 


D ol’ Oy ol” uVD 

oy Ox wa 


therefore 


The foregoing term could be added on the left-hand side of Equa- 
tion [3] and yield the nondimensional number 


“ hich is the Reynolds number. The Reynolds number represents 
the ratio of the hydrodynamic force of the water to the viscous 
force of the water. The difference between R and Q should be 
noted. The first represents the transverse component of the axial 
drag of moving water on a stationary rod, and the second repre- 
sents the transverse viscous force on a rod vibrating in stationary 
water. The second is considered to be the predominant viscous 
force. 

For this first attempt at correlating the data, the effect of the 
Reynolds number will be discounted. The behavior of the rods 
will be assumed to be completely influenced by T and Q. A 
preliminary examination of the test data suggests the expression 


(6) 


% a The amplitude of vibration also will be influenced by the man- 


ner in which the rod is supported in the grid. An end-fixity fac- 
tor k, is therefore also included and the expression becomes 


in which C is a proportionality constant. 

The problem of end fixity arises first in computing the ampli- 
tude of vibration from the basic strain data. If the strain is known 
and the deflected shape of the rod is known, then the amplitude 
The shape or mode of vibration of the rod 
depends, however, on the end fixity of the rod. The end fixity, 
in turn, determines the frequency of vibration. The relationship 
between end fixity and frequency of vibration for bars vibrating 
in their first symmetrical mode is given as 


can be computed. 


—2B8L 
aL = 


ata 


+ tanh 


L 
tan 


where GL /2 is the characteristic root of the frequency equation 
and related to the frequency of vibration by 


The value of 81/2 is computed from the data obtained from the 
five test rods when they were vibrated in air at their fundamental 
frequency. 

The values are listed below: 


Hinged Clamped Hinged Clamped 
solid solid hollow hollow 
aluminum aluminum aluminum aluminum 

1.53 1.80 1.47 1.80 


Hinged 


brass 


1.53 


For a hinged rod, the characteristic root is 1.57 or 7/2. It is 
seen that the root for three hinged cases is sufficiently close to 
1.57 to be considered fully hinged. The characteristic roots of 
the clamped rods, on the other hand, indicate that they are not 
actually clamped. If they were fully clamped, their characteristic 
root would be 2.37 instead of 1.80. Substituting this characteris- 
tic root into Equation [8], the end fixity for the ‘‘clamped”’ case 
is found to be aL = 2.17. If it were truly clamped, aL would be 
infinite. 

The relationship between deflection and strain at the center of 
the rod vibrating freely in its first mode is 


BL 
cosh 


For the hinged and clamped cases ky is, respectively, 0.203 and 
0.1715. Using Equation [10] to make the conversion from 
measured strain to deflection is proper so long as it is assumed 
that the deflected shape of the rod, as it is buffeted by the water, 
approximates the first natural mode of vibration. It is possible 
that a more accurate deflection curve is obtained by assuming the 
rods to be uniformly loaded by the hydrodynamic water forces. 
For a uniformly loaded rod the value of ko instead of being given 
by the bracketed quantity in Equation [10] is given as 


L +10 
kou 


The values of ko, obtained from Equation [11], for the hinged 
and clamped cases, are 0.2085 and 0.186, respectively. These 
conversion factors are 3 and 8 per cent larger than the correspond- 
ing conversion factors obtained from Equation [8], and indicate 
that a large error is not introduced in selecting a deflected shape 
to be used for strain-amplitude conversion. Equation [11] is 
more or less arbitrarily chosen to make the conversion from 
strain measurements to the actual amplitudes of vibration listed 
in Tables 3 to 9. 

For consistency, the computation of the factor k, in the semi- 
empirical Equation [7], which relates the ampiitude of vibration 
to the end fixity of the rod, is obtained in a like manner by as- 
suming the rod to be loaded uniformly. The equation for a rod 
having an end fixity aL which is uniformly loaded is 

Ely = - 


wL*z? (6 + aL wht (10 + al 
[12] 
24 48 2+ aL 384 \2+ aL 


wig, 
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Fig. 7 Variation of relative amplitude of vibration with vibration 
parameter 


for the hinged condition, and 


6 = = = for aL = 2.17 

384 El 
for the clamped condition. If the bar were ideally clamped, the 
factor would be unity, instead of 2.92. 

Results of Analysis. From the test data shown in Tables 3 to 9, 
the nondimensional parameters appearing in Equation [7] are 
evaluated. The data are plotted in Fig. 7, with 6/D as ordinate 
and k,I"'’?Q as abscissa. A total of 103 test points is plotted. It 
will be observed that the data form a very definite pattern with- 
out excessive scatter. A straight line fitted to the curve is found 
to have a slope somewhat different from unity, which implies 
that the initial guess at the form of the nondimensional equation 
is not quite correct. The equation of the fitted line is 

0.83 X (13) 
Only four out of the 103 test points are in error more than 50 per 
cent from that given by Equation [13], and these four points are 
in the low-amplitude ranges. It is noted that the experimental 
amplitudes of vibration discussed in this paper refer to the 
peak amplitudes obtained. 


Conclusion 


Appreciable vibration of the fuel rods of a nuclear reactor can 
be induced by the flow of coolant parallel to the rods. This feature 
should be checked in proposed reactor designs. The induced 
vibration is of the self-excited type resulting in the rods vibrating 
at their natural frequency independent of the coolant velocity. 

An expression for rod vibration has been formulated and the 
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experimental data have correlated with this formulation to vield a 


semi-empirical equation as follows 


1.3 
( ) = 0.83 X 10-"&T'2 [13] 

D 

This equation should serve as an aid in the design of rod lat- 
tices. However, it should be regarded as preliminary and subject 
to refinement as additional data in parallel flow become available 
A verification of the derived expression from experiments using 
rods of different lengths and diameters is needed. In addition, 
the effect of viscosity and coolant density should be verified. 
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D.R. Miller.?. The authors have presented an interesting paper 
and have done well in obtaining an empirical correlation of non- 
dimensional parameters relating the observed vibrations to a 
number of pertinent variables. 

The writer hopes that other investigators of fluid-flow condi- 
tions in applications where rods or tubes are subject to parallel 
flow will submit vibration data which have been checked for 
correspondence with the authors’ correlation of parameters. 

There are some features of the test setup which are not repre- 
sentative of many reactor fuel-rod and flow-passage configura- 
tions, but their results indicate the need for tests for flow-induced 
vibration on flexible fuel rods. There are some details of the test 
setup which produce components of transverse flow within the 
test lattice and evidently around the lattice enclosure. However, 
these transverse-flow components appear to be too weak to cause 
the vibration which was observed. It would be of considerable 
interest to know whether vibration would occur with idealized 
conditions of flow distribution, and streamlining of the rods and 
their supports. This question could probably be investigated in 
an open-water channel with a streamlined flexible plate mounted 
parallel to the stream, using visual observation to determine the 
characteristics of the eddies produced, if any. Alternatively a 
transparent housing and a small number of rods could be studied 
with dye, smoke, or streamers used to indicate flow paths and 
eddies. 

In reference to their previous studies of vibration of rods due to 
transverse flow, the authors concluded that the vibration was 
self-excited rather than produced by von Karman vortexes, — 
dently because the vibration occurred at the natural frequency 
of the rods rather than at a frequency proportional to the water _ 
velocity. There have been several papers which indicate that the 
vibration of the rods modifies the frequency of shedding of vor- 
texes over a substantial range of fluid velocities. ® 

Farquharson and McHugh* made wind-tunnel tests on elas- 
tically supported rigid models of transmission-line conductors 


? Consulting Engineer, Knolls Atomic Power Laboratory, General 
Electric Company, Schenectady, N. Y. Mem. ASME. 


Rigid Models,”’ by F. B. Farquharson and R. E. McHugh, Jr., Power | 
Apparatus and Systems, Trans. AJ EE, part 3, vol. 75, 1956, pp. 871-_ 
878. 
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quencies of the models with wind velocities corresponding to a 
Strouhal number (product of frequency and diameter divided by 
flow velocity) of 0.2. They observed less intense vibration at the 
natural frequencies of the models for a range of velocities which 
bracketed those at which maximum response occurred. They 
concluded that the vibration of the models controlled the fre- 
quency of vortex shedding over a range of wind velocity from ap- 
proximately 85 to 120 per cent of the true resonant velocity. A 
discussion by Scruton® presented vibration characteristics of an 
elastically supported rigid bar of square cross section with one face 
normal to the direction of transverse air flow. Two conditions of 
vibration response were observed. With increasing wind-veloc- 
ity, vibration began at a Strouhal number of about 0.16 based on 
the width of the face of the bar, and vibration persisted for a range 
of velocity which depended upon a nondimensional damping 
parameter. With weak damping the vibration persisted to about 
twice the velocity at which vibration was first observed. With 
sufficiently strong damping, no vibration was observed. These 
vibrations were stated to be typical of instability due to vortex 
shedding. When the velocity was increased sufficiently, a gallop- 
ing mode of vibration occurred and persisted with further increases 
in velocity. The velocity at which galloping began increased as the 
damping of the system was increased. This reference does not 
state that the flow-induced vibrations occurred at the first-mode 
natural frequency of the system, but the writer presumes this to 
be the case. 

Studies of the vibration of an elastically supported circuiar 
cylinder caused by transverse flow of water have been reported by 
Price."° Strong vibrations were observed for velocities from about 
0.4 to 0.7 fps, with a velocity of 0.48 fps corresponding to coinci- 
dence between the zero-velocity natural frequency and an exciting 
frequency computed on the basis of a Strouhal number of 0.2. 
Over the range of velocities giving a strong response the frequency 
of vibration varied through a range from about 92 to 111 per cent 
of the zero-velocity natural frequency, with vibration frequency 
increasing with flow. Price refers to a previous author’s conclu- 
sion that the vibration of a cylinder affects the frequency of vor- 
tex shedding. 


G. Sonnemann.'! The authors have brought to light a very 
important practical problem in reactor design; namely, the 
possibility of rod vibration due to parallel flow. However, it is 
felt that the deductions based upon the limited experimental 
data are in need of further amplification. 

It is of interest to note that a sharp blow by a sledge hammer 
produced the self-excited motion of the rods since this does leave 
open to question whether or not the flow separation produced by 
the elbows in the loop induces a sufficient frequency spectrum 
to again cause the rods to vibrate. This in itself would be of 
great practical interest. However, more unfortunate for the 
analysis is that for all rods the natural frequency in stationary 
water is a multiple of 5, thereby creating a distinct possibility of 
subharmonic excitation which could be common to all, par- 
ticularly, as shown in Fig. 1 of the paper, the flow disturbance 
due to the elbow will still be present upon entry into the test 
section. 

In discussing the results it is felt that several factors were not 

® Discussion by S. Scruton of the paper ‘‘Progress Report on the In- 
vestigation of Galloping of Transmission Line Conductors,” by A. T. 
Edwards and A. Maderski, Power Apparatus and Systems, Trans. 
AIEE, part 3, vol. 75, 1956, pp. 666-686. 

© “Suppression of the Fluid-Induced Vibration of Circular 
Cylinders,” by P. Price, Paper no. 1030, Journal of the Engineering 
Mechanics Division of ASCE, vol. 82, no. EM 3, 1956, pp. 1030-1 to 
1030-22. 
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Table 11 


Water Rod 
velocity, fequency, vibration 
fps cycles per sec amplitude, in. 

In air 35. 0 
0 
0.00529 
0.00529 
0.00740 
0.01057 
0.01163 
0 01269 
0.01480 
0.02115 


Maximum 


CON Ma 


brought to light sufficiently. Though it appears that a stable von 
Karman vortex street is not to be expected, the crossflow, i.e., 
the flow across the rods to equalize the pressure, can lead to a 
forced vibration. The vortex shedding, since it will not neces- 
sarily consist of one frequency, could include the frequency of the 
rods. This could account for the apparent independence of 
velocity. Reduction of the natural frequency from air to water is 
to be expected because of the increase in the “virtual mass” of 
the system. Surprising is the inconsistency of the reduction even 
within one rod group. Another point of interest is the reduction 
of frequency with amplitude; for example in Table 5 the third 
set of data show the data given in Table 11. 

In the table note that the amplitude of vibration doubles as 
the velocity is increased from 12.4 to 17.8 fps with an equivalent 
increase of rod frequency; i.e., 15 to 20. If the relation between 
frequency and cross-flow velocity were of the type governing the 
von Karman vortex shedding one would write 


Rod frequency = (const) (water velocity) 


and under these circumstances, assuming the same percentage 
cross-flow velocity from the water velocity, the rod frequency 
should be 21.8 instead of 20. This indicates that possibly the flow 
redistribution is less severe with increasing velocity except that 
the last line shows a marked deviation. This sudden drop in 
frequency accompanied by a large increase in amplitude is ex- 
perienced in almost every test. It would appear that the in- 
creased amplitude leads to a higher virtual mass which in turn 
reduces the frequency of vibration. Though apparently the vibra- 
tion is taking place at the natural frequency, it would be better 
to state that the vibration occurs at the damped natural fre- 
quency. This would clarify shifting the frequency since, as the 
damping increases or decreases, which reflects itself in the virtual 
mass and the amplitude, one would move in the proper frequency 
direction. It does not appear possible from the tests in the paper 
to separate the virtual-mass effect and the damping effect. 

It is noted that the tests focus attention upon a relatively little 
explored area; namely, oscillatory behavior of rods in parallel 
flow with some crossflow due to maldistribution. 
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The authors are hopeful, along with D. R. Miller, that other 
investigators will present studies of the vibration of rod clusters 
in parallel flow or in crossflow so that more light will be shed on 
this phenomenon. As stated in the paper, the study was not 
comprehensive but it was intended rather that it “‘be regarded as 
preliminary.” We are in agreement with D. R. Miller that a 
more elaborate setup which would eliminate transverse flow 
components, wall-effects, etc., would improve the test. It is 
doubtful, however, that it would be possible in a basically com- 
plex system of closely spaced rods and lattice support plate to 
eliminate all extraneous effects, although a more intensive study 
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could possibly pin-point these effects. The studies that are re- 
ferred to in the discussion, involve a single cylinder in transverse 
flow. The investigations of Farquharson and McHugh, of 
Scruton, and of Price have shown, in general, that the frequency 
of vibration of a symmetrical cylinder in crossflow varies linearly 
with velocity of flow, or that Strouhal number remains more or 
less constant over a wide range of velocities; and as expected 
there is resonance when the frequency of vortex shedding coin- 
cides with the natural frequency of the cylinder. In addition 
to this basic behavior of a rod in crossflow, these investigators 
have found, as D. R. Miller points out, other effects such as the 
influence of the natural frequency of the cylinder in determining 
the vortex shedding frequency and the strong effects of damping 
on the vibration. Edwards and Madeyski, on the other hand, 
have found that a noncircular cylinder placed in a crossflowing 
stream vibrates at its natural frequency of vibration, and they 
attribute this vibration to self-excitation. The differences in 
the results obtained by the various investigators are understand- 
able; the former are due to the reactions on the cylinder by the 
uniformly produced vortexes and the latter are a combination of 
lateral and torsional vibration produced by self-excitation, 
similar to that experienced by a fluttering aileron. Other effects 
that accompany the basic aspects of the vibrations suggest that, 
even in the simple configuration of a cylinder in transverse flow, 
the complete mechanism of induced vibration is not fully under- 
stood. 

In the Brookhaven crossflow experiment, which consisted of 
a lattice of closely spaced rods, simulating a section of a reactor, 
the rods were found to vibrate at their natural frequencies over 
a large range of flow velocities. It would appear that the funda- 
mental behavior of a bundle of rods in crossflow is different from 
that of a single symmetrical rod in crossflow. It does not appear 
remarkable, in retrospect, that a rod bundle does not behave as a 
single rod does, since the close spacing of the rods inhibits the 
free formation of von Karman vortexes. The fact that in cross- 
flow the rods in the bundle vibrate at their natural frequencies 
and with large amplitude, at high velocities of flow, is of interest. 
In the present parallel-flow experiment, the measured amplitudes 
of vibration were much smaller but the rods exhibited again the 
tendency to vibrate at their natural frequency. 

G. Sonnemann has pointed to a number of features of the 
experiment which appear to need amplification. First, the 
authors do not believe that it is correct to state that the hammer 
blow produces self-excited vibrations. They are simply vibra- 
tions produced by an impulse, which excite the natural frequencies 
of vibration of the rod. Second, the eddying pattern associated 
with flow separation at the elbows of the loop would be essentially 
eliminated by the small flow passages in the lattice support plate. 
Further, the fact that the natural frequencies of vibration of the 
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rods in water appear to be a multiple of 5is fortuitous. In Table 
6, for example, three out of four tests show the natural frequency 
in water to be 22.5 cyc/see which is not a multiple of 5. An ex- 
amination of the trace of picked up vibrations will show irregu- 
larities and “noise” which make it difficult to assign a precise 
frequency to a vibration pattern. For this reason, the estimated 
frequencies appear generally in multiples of 2.5, and this also 
accounts for the apparent inconsistency in natural frequency even 
when there is no flow 

The authors agree that flow equalization about the rod may be 
a feature associated with this type of vibration but do not agree 
that this can be construed as forced vibration. Assuming the 
mean flow is essentially parallel to the axis of the rods, the result- 
ing vibration, caused by the extraction of energy from a steady 
flowing stream, is self-excited vibration, regardless of any flow re- 
distribution in the immediate vicinity of the rods. Also, the dis- 
cusser has taken two particular points out of a table of data to 
show that the rod frequency increases with water velocity. Let 
us take two other points, namely, 17.8 fps and 22.0 fps. These 
show that the frequency decreases with water velocity. Ob- 
viously, discrete points in data which have scatter do not neces- 
sarily represent the true trend. Our opinion of the true trend is 
that the frequency remains constant at all velocities. 

There are, no doubt, a large number of possible sources of 
excitation in this experiment. There are frequencies present 
which are associated with the velocity of sound and lengths of the 
various runs of pipe, the diameter of the pipe, as well as the 
various thicknesses or lengths of the components that make up 
the system. There are frequencies associated with the eddies 
and shed vortexes at points where there are sudden changes in 
flow direction and around objects in the path of flow. 

Any of these disturbances, if they are close enough to the rods 
not to damp out, or if the path of transmission is favorable, 
may excite vibrations in the rod. Those vibrations that are 
associated with sound waves traveling either through the water 
or through the solid components would not change in frequency 
with increased flow. (The pump speed is constant.) Those 
vibrations that are associated with eddies and vortexes would 
increase in frequency with increasing velocity. Thus there are 
available forcing functions of constant frequency and of increas- 
ing frequency. If by chance there were available forcing func- 
tions of constant frequency that coincided with the natural 
frequencies of each of the rods, then they could be excited. The 
probability of their being present at the rod supports with suf- 
ficient energy to cause the rods to vibrate is, however, extremely 
small. The more probable explanation is that the vibrations 
are self-excited, accompanied by a steady pattern of flow redis- 
tribution around the rod, which perpetuates itself after an initial 
rod disturbance, 
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Thermodynamic Properties of Water 


q By H. H. REAMER,' G. N. RICHTER,' W. M. DeWITT,! ano B. H. SAGE? 


J As a part of an investigation of the properties of water at ele- 
vated temperatures and pressures, a study of the Joule-Thomson 
coefficient and the isothermal enthalpy-pressure derivative of 
steam has been undertaken. This experimental program is di- 
rected to the study of these coefficients at about temperatures be- 
tween 400 F and 1500 F and at pressures up to 15,000 psi or toa 
specific weight of the fluid such that the coefficients approach the 
inversion point. Some measurements in the region of negative 
Joule-Thomson coefficient may be undertaken. 


Introduction 


In THIs study the measurements of the Joule-Thomson coef- 
ficient will represent an extension of the earlier studies of Davis 
(1, 2) and of Kleinschmidt (3,4). Values of enthalpy were ob- 
tained by Havlicek and Miskovsky (5) and heat capacities were 
reported by Knoblauch and Koch (6). These data were used by 
Keenan and Keyes (7) as a part of the experimental background 
for an excellent tahulation of the thermodynamic properties of 
steam. Most of the experimental data were limited to tempera- 
tures below 850 F and to pressures below 5000 psi. 

Recently there appeared in the Russian literature new measure- 
ments of the volumetric behavior of steam (8) and these data 
were supported by other measurements of the effect of tempera- 
ture and pressure upon the enthalpy of water (9). This informa- 
tion was brought together into a rather extensive tabulation of 
the thermodynamic properties of steam (10). These derived 
values were somewhat at variance with the earlier tabulation of 
Keenan and Keyes (7). Recently a program of study was ini- 
tiated on the enthalpy of steam at pressures up to about 15,000 
psi in the temperature interval between 500 F and 1100 F (11). 

In addition, the influence of pressure and temperature upon the 
specific volume of water is being studied at the University of 
Toronto (12) and should supplement the recent work by Ken- 
nedy (13). These more recent measurements, coupled with the 
Joule-Thomson and enthalpy-pressure coefficients to be deter- 
mined with the equipment described here, should suffice to estab- 
lish the thermodynamic properties of water at temperatures up to 
1500 F and for pressures as high as 15,000 psi. 


Experimental Approach 


The equipment was designed to investigate both the Joule- 
Thomson coefficient and the isothermal enthalpy-pressure de- 
rivative. A limited number of measurements of the isobaric heat 
capacity may be attempted later in the program. The former 


1Chemical Engineering Laboratory, California Institute of Tech- 
nology, Pasadena, Calif. 

2 Professor of Chemical Engineering, California Institute of Tech- 
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’ Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Contributed by the Research Committee on Properties of Steam 
and presented at a joint session of the Research Committee on Prop- 
erties of Steam and the Power Division at the Annual Meeting, New 
York, N. Y., December 1-6, 1957, of THe AMERICAN SocreTy OF 
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Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, Septem- 
ber 25, 1957. Paper No. 57—A-266. 
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studies will be carried out at a series of states, utilizing relatively 
small pressure differences which in all cases will be less than two 
atmospheres. In order to obtain Joule-Thomson data, the fluid 
will be circulated through a porous alumina thimble under con- 
ditions closely approximating constant enthalpy. Measurements 
of the change in temperature for a known change in pressure will 
be made. The second set of measurements will involve the eval- 
uation of the rate of electrical energy addition necessary to keep 
the outlet temperature of the fluid the same as that at the inlet to 
the thimble, while steady flow occurs at a known rate. From the 
latter data the isothermal enthalpy-pressure coefficient can be 
Measurements of this coefficient will not be made at 
states for which it has a positive value. It should be emphasized 
that neither of the flow processes follows exactly an isenthalpic or 
isothermal path. It is necessary to take into account appropriate 


obtained. 


small corrections in order to obtain the desired thermodynamic 
properties from the measured quantities. By methods of analysis 
that are available as a supplement to this paper (14) these small 
corrections for deviation from the desired path can be evaluated. 
Because the methods are treated elsewhere, space does not permit 
their discussion here. 


Methods of Measurement 


Temperature. The determination of thermodynamic tempera- 
tures is required to establish the state of the svstem. It is neces- 
sary to correct the readings of the sealed thermocouples used for 
the temperature measurements, to take into account the in- 
fluence of velocity of flow upon the measurements. In the pro- 
posed work, temperature will be measured with thermocouples 
located parallel to the direction of flow, and detailed information 
concerning the recovery factors (15) required for the small correc- 
tions is already available. It is believed that the nature of the 
design will eliminate the need for any correction for the thermal 
flux along the small tubes used to house the platinum, platinum- 
rhodium thermocouples, and platinum resistance elements to be 
used for the temperature measurements. Equipment is available 
which permits the solution of the pertinent nonlinear differential 
equation in a straight-forward manner, if such corrections should 
be required. Thermocouples will be surrounded by gold-plated 
radiation shields at nearly the same temperatures as those of the 
thermocouples. Independent studies of radiation transfer to the 
sensing elements showed that the radiation corrections will not 
be important. 

The relationship of the platinum, platinum-rhodium scale of 
temperatures to the international platinum scale for temperatures 
above 500 F is not considered a part of this program. It is pro- 
posed to compare the potential of the platinum, platinum-rho- 
dium thermocouples against available thermocouples of the same 
type which have been calibrated at the National Bureau of Stand- 
ards. A Wenner potentiometer manufactured by the Leeds and 
Northrup Company will be employed to measure the electromotive 
force of the thermocouples. This measurement will establish the 
temperature of the water up and downstream from the porous 
thimble relative to the platinum, platinum-rhodium scale. A 
White double potentiometer will be used to determine the tem- 
perature differences between various parts of the apparatus. 
Platinum resistance thermometers will be emploved as secondary 
indications of the temperature of the flowing stream. 
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Pressures will be measured by means of a balance 
An uncertainty of 


Pressure. 
involving a piston-cylinder combination (16). 
0.03 per cent or one pound psi, whichever is the larger measure of 
uncertainty, is involved. The measurement of pressure difference 
will be accomplished by means of a mercury-in-steel manometer 
maintained at 130 F. A special temperature-transition section 
between the manometer and the remainder of the apparatus is 
being provided to vield a sharp line of demarcation between the 
two densities of water in the connecting tubing. 

Materials. Water used in this investigation will be obtained 
from the distilled water supplies of the California Institute of 
Technology and will be subjected to deaeration. The purity will 
be checked by conductivity methods and, when introduced into 
the equipment, the water will contain less than one part of im- 
purity in a million. 

At the temperatures encountered in this investigation, it is 
probable that the system being studied will approach physico- 
chemical equilibrium between the water and the materials of 
construction. For this reason it is necessary to utilize materials 
of construction which yield small concentrations in the liquid or 
gas phase when in physicochemical equilibrium with water at a 
temperature of 1500 F and a pressure of 15,000 psi. 

Commercially available fused aluminum oxides were used in 
the construction of the resistance thimble and for electrical insula- 
tion. The equipment in the high-temperature region is as simple 
as possible and the major materials of construction are a high- 
chrome stainless steel, platinum, gold, and aluminum oxide. Car- 
bon wearing rings are being utilized in connection with pumps in 
the helium-filled portion of the system and sapphire bearings are 
being employed to support the rotating members of the centrifugal 
pump. Gold alloy or platinum gaskets are being used throughout 
except for one or two points where it has been found desirable to 
employ copper. The tendency for gold to work-harden makes the 
gaskets unusually rigid over a wide range of temperatures. A 
high-chrome stainless steel with a low creep at 1500 F was em- 
ployed (17) for construction of the high-temperature portions of 
the system. 

Equipment. Fig. 1 is a schematic flow diagram of the appara- 
tus. The calorimeter is shown at A. The valve A‘ is employed to 
change the flow cycle from measurements of the Joule-Thomson 
coefficient to those of the isothermal enthalpy-pressure deriva- 
tive. An eight-stage centrifugal pump B enclosed in the same 
pressure housing, provides the circulation for the Joule-Thomson 
measurement. The fluid is brought back to substantially the 
temperature of the surrounding helium bath during its passage 
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Fig. 1 Schematic flow diagram for Joule-Thomson and related 
measurements 
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through conduit B’. This is necessary for control of temperature 
of the gas entering the calorimeter after the small, nearly isenthal- 
pic increase in temperature during passage through the centrifu- 
gal pump B. The gas entering the vessel A can be maintained 
within 0.01 deg F of the temperature of the surrounding bath. 
An increase in temperature of several degrees Fahrenheit through 
the eight stages of the centrifugal pump B is to be expected at 
Pressure difference is measured by means 
of pressure-compensated, EF. 
This manometer, together with the vessel G and all other 


the lower pressures. 
mercury-in-steel manometer 
auxiliary equipment, is located within an agitated air bath main- 
tained at a temperature of 130 F. Variations in temperature with 
time, greater than 0.01 F at a given point, are unlikely in this 
bath. The operation of the manometer EF consists in moving 
the injector piston L manually until the mercury level in E just 
closes the circuit with the electrical contact shown in the figure. 
A visual reading of the difference in mercury height is not possible 
but the corresponding reading is made from the position of the 
piston L. The displacement caused in F by movement of the in- 
jector is compensated by an equal and opposite displacement in 
chamber G, thus avoiding either change in pressure or total 
volume as a result of movement of the injector. 

Pressure in the equipment is determined through the mercury- 
in-steel U-tube H. 
filled side of the U-tube in the fashion that has been employed by 
many investigators in this field. Suitable manual adjustments of 
the quantity of oil in the system will be provided in order to keep 
the U-tube in balance. The total quantity of water in the system 
will be adjusted through the container I which is maintained at 
130 F in the agitated air bath. Large variations in pressure are 
accomplished through the use of the air chamber J which is 
partially filled with mercury. Minor adjustments in pressure are 
accomplished by means of the manually operated injector K. 


A pressure balance is connected to the oil- 


Valves are provided to control the introduction and withdrawal 
of material. All these valves are maintained at 130 F. 

The equipment so far described permits the operation of the 
apparatus for the Joule-Thomson measurements. However, 
since it is necessary to determine the weight rate of flow with an 
accuracy comparable to that with which the measurements of the 
isothermal enthalpy-pressure derivative are to be made, additional 
equipment is required for the latter measurement. This consists 
of a second somewhat larger pressure-compensated injector D also 
shown in Fig. 1. The injector is driven at a predetermined rate 
by a suitable modulated speed-control system (18). This system 
is controlled by a quartz crystal and uncertainties in the rate of 
injection greater than 0.01 per cent are unlikely. The water is 
introduced from the chamber C which is partially filled with 
mercury. After passing through the calorimeter A, the water is 
returned to C’ with no net change in the total volume of the sys- 
tem. When the injector has reached the end of its stroke the 
direction of motion is reversed and the positions of the valves 
associated with the chambers C and C’ are interchanged. It is 
believed that steady state may be re-established during a fraction 
of the period of a single stroke. If this should not be the case, a 
second injector system will be provided which will take up the 
circulation before the end of the stroke of the first injector has been 
reached. The constant rate of injection can then be controlled 
sufficiently accurately by having the rate of travel of one injector 
decrease slowly while the other gradually accepts the load. 

In reaching approximately steady state the centrifugal pump B 
is employed for both the enthalpy and Joule-Thomson measure- 
ments. It is driven at a constant speed by means of a modulated 
control system (18) based on a quartz crystal. The uncertainties 
in the speed of rotation of the pump B are not more than 0.01 per 
cent. There are numerous details inherent in each part of the 
equipment portrayed in Fig. 1 which are not shown. The pump B 
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Fig. 2 Details of calorimeter 


is driven through a pressure-compensated cylinder-sleeve com- 
bination. This device provides a satisfactory means of obtaining 
drives at speeds up to 3000 rpm through the walls of high-pressure 
vessels and will be described in a later part of this discussion. 

The details of the calorimeter A of Fig. 1 are shown in Fig. 2.4 
The entire assembly is mounted on the closure block N within the 
primary pressure vessel A’. The gas enters the calorimeter at 
D” through the outer radiation shield E’ and passes around the 
resistance thermometers H’ and then through the radiation shield 
i” and upward around the platinum, platinum-rhodium thermo- 
couple I’. It then passes through the next radiation shield J’ 
and through a stainless-steel screen shown as a dotted line and 
then through the alumina thimble A”. After leaving the thimble 
the gas passes thiough the electric heater L’ which is mounted on 
another stainless-steel screen and then enters one of the inner 
radiation shields J”. It passes upward around the resistance 
thermometer H” and through the innermost radiation shield and 
again downward past thermocouples I” and out through the 
central tube M. The radiation shields were first constructed from 
gold sheets but a much more stable configuration was obtained 
by electroforming the shields from nickel and gold plating. The 
resistance thermometers and electric heaters are of conventional 
type. The tubes containing the thermocouples and resistance 
thermometers are fastened to the block N by means of fittings 
not shown in Fig. 2. The arrangement of the thermocouples is 
shown in the insert to this figure. Both the resistance thermome- 
ters and thermocouples are so arranged that the aluminum-oxide 
insulations and associated wire can be removed without disturb- 
ing the tubes shown in Fig. 2. This arrangement materially 
simplifies the operation of the equipment from a maintenance 
standpoint as it is possible to replace thermocouples and re- 
sistance thermometers without removing samples from the 
equipment. 

The thermocouples are so arranged as to permit the direct 
measurement of temperature relative to the ice point and also to 
allow the temperature difference between the inside and outside 
of the thimble te be determined directly if this should be desirable. 
‘The thermocouples and resistance thermometers shown in Fig. 2 
were calibrated against the indication of two platinum, platinum- 
rhodium thermocouples which had been standardized at the 

4 Detailed working drawings of all parts of the equipment can be 
obtained from the authors for the cost of reproduction. 
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Nationa: Bureau of Standards. One of these standard thermo- 
couples was maintained in the helium bath as a control instrument 
and the second was retained for use as a comparison standard in 
order to determine if there was any drift of the thermocouple 
from extended use at elevated temperatures. The alumina 
thimble A” was lapped with diamond dust at its lower edge to an 
optically flat surface, and contact with a similarly flat surface on 
the stainless steel closure yielded a satisfactory seal between the 
closure and the thimble over a wide range of temperatures. A 
small spring constructed of a platinum-tungsten alloy and 
mounted on the calorimeter housing A’ was used to hold the 
thimble against the closure block N. In effect this arrangement 
afforded an unsupported area seal when the circulating system 
was in operation, since the pressure outside the thimble was 
approximately 1 atm higher than the pressure within the 
thimble. 

The passage of the gas around the radiation shields permits the 
gas to become somewhat more uniform as to temperature. The 
dimensions of the thermocouples I’ and I” were so chosen as to 
yield the minimum error considering the uncertainty in the re- 
covery factor (15), conduction along the axis of the shielded 
thermocouple, and the uncertainties associated with convective 
thermal transport. Each of the stainless-steel tubes is sealed into 
the closure N by a special fitting. Each of the small tubes is filled 
with helium at approximately the pressure of measurement from 
the pressure compensation space provided around the calorimeter 
housing A’. The fluid circulation from the thimble passing 
through tube M leaves from between the two unsupported-area 
seals shown at O in the upper part of Fig. 2. 

The detailed arrangement of the calorimeter A and pump B of 
Fig. 1 is shown in Fig. 3 within the primary pressure vessel A’. 
After leaving the calorimeter as described above, the fluid passes 
downward and returns to the centrifugal pump B. After eight 
stages of compression, the gas passes through an adequate thermal 
exchanger in the conduit B’ of Fig. 1, and re-enters the calorimeter 
again at D” as shown in Fig. 2. The circulation passages have 
been omitted from Fig. 3 in the interest of simplicity. 

The centrifugal pump B of Fig. 3 is driven inside a tubular ex- 
tension C’ of the lower part of the primary pressure vessel A’ 
through a rod-cylinder assembly as indicated at F’ in Fig. 4. The 
pump operates at from 100 to 2000 rpm in order to give the requi- 
site head over the wide range of specific weight of fluid to be en- 
countered. The numerous electrical leads are brought from the 
apparatus through the tubes E’ and E” shown in Fig. 3. These 
tubes and passages are filled with perforated aluminum-oxide 
disks as shown at E’ in Fig. 5. The entire vessel A’ of Fig. 3 is 
closed by means of the closure N which is held in place by the nut 
P and is sealed by the unsupported-area seal shown atO,. The 
double seal O of Fig. 3 is provided so that the calorimeter can be 
removed from the equipment without disconnecting the tubing 
from it. 

The thermal leakage into the apparatus is determined from the 
change in temperature of the interior of the calorimeter with time 
when no gas is flowing into it. The energy added to the gas 
stream by means of the heater L’ of Fig. 2 is determined by con- 
ventional calorimetric methods utilizing a White type potenti- 
ometer for these electrical measurements. 

The seals of the electrical leads are arranged in the fashion 
shown at Q and Q’ in Fig. 5. As shown in Fig. 3, tubes C’, EB’, 
and EI” are attached to the primary pressure vessel at 8”, S, and 
S’. The section of metal is decreased to the minimum at T, T’, and 
T’ in order that the guard heaters U, U’, and U’ will not require 
excessive energy to maintain a negligible temperature difference 
between the primary pressure vessel A’ and the tubes above the 
heaters U, U’, and U”. Cooling sections are provided at W, W’, 
and W” although shown in the figure only in the last case. Oil is 
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employed for cooling at these points as well as at the periphery of 
the outer cell V as shown in Fig. 3. 

The electrical seals shown at Q and Q’ in Fig. 5 are of conven- 
tional soapstone type and are provided for six leads as shown in 
the section Y-Y’ of that figure. In order to provide space for 
the electrical seals into the pressure-compensation, helium-filled 
space, a fitting block R of Fig. 5 is provided. It is attached to the 
tube E’ with an unsupported-area seal maintained at a substan- 
tially constant temperature of 100 F. All of the tubing E’ and 
E’ of Fig. 3 is filled above R to a minimum porosity with per- 
forated cylinders as indicated in Fig. 5. All thermocouple leads 
are brought out in platinum and joined to copper wire in a large 
copper block which is maintained at 100 F. 

The general arrangement of the vessel to provide pressure com- 
pensation to the primary pressure vessel A’ is shown in Fig. 3. A 
high-pressure helium bath at X is provided with a two-stage 
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Fig. 5 Details of electrical connections 


centrifugal agitator X’ and a circulation shield Q’. The bath is 
provided with two radiation shields Z and Z’, and experience indi- 
cates that not more than 200 watts of electrical power need be 
added to the inner shield Z’ by means of a heater controlled by a 
suitable modulating circuit (18) to maintain the temperature of 
the primary pressure vessel A’ at the desired values. All tubing 
and electrical connections brought out of the bath are provided 
with guard heaters and secondary differential thermocouples to 
maintain small temperature gradients in the lines entering the 
bath. 

The two-stage agitator X’ of Fig. 3, shown also in Fig. 4, is 
connected to a cylinder-sleeve combination through the tube 
shown at C” and is driven through the special double-sleeve, rod- 
cylinder combination V’ of Fig. 4. A valve not shown in Fig. 3, 
but included in Fig. 1, is located in the upper part of the primary 
pressure vessel A’ of Fig. 3 to control the introduction and with- 
drawal of water from the system during measurement of the iso- 
thermal enthalpy-pressure coefficient in the calorimeter A. 

A direct-connected motor F” in Fig. 4 is used to drive the 
pump B through the rod-cylinder combination F’ as depicted. 
The speed of the pump B is controlled by a quartz oscillator by 
means of the scanning disk G’ (18) used with a photoelectric cell. 
The arrangement of the cooling coils W, W’, and W” on the tubes 
leading from the outer pressure vessel V is shown in Fig. 4. 

To avoid creep at high temperature the vessel A’ of Fig. 3 is 
enclosed in a mild-steel pressure vessel V and the space between 
the outer radiation shield Z of Fig. 3 and the inner surface of V is 
filled with magnesium oxide insulation and with helium at the 
pressure existing within A’. With the primary pressure vessel 
A’ at 1500 F, the inner surface of V reaches a steady tempera- 
ture of about 115 F when the outer surface is held at 100 F by 


Fig. 4 General arrangement of 
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circulating water through the continuous spiral groove depicted 


be in Fig. 3. 
Fig. 6 shows the details of the rod-cylinder combination used 


to seal the shaft from the pump B of Fig. 3. The unsupported- 
area seal at AA of Fig. 6 is used to attach the tubing C’ from the 
primary pressure vessel A’ to this rod-cylinder seal. A closely 
fitting rod-cylinder combination BB constructed of tool steel and 
provided with a lantern CC is used to accomplish the actual seal. 
Oil is introduced as showa at DD in the insert of Fig. 6 to provide 
lubrication. The rotating trap EE prevents possible contamina- 
tion of the sample by coliecting within the top part of the cap any 
oil passing the seal. No difficulties have been experienced with 
seals of this type at speeds of rotation as high as 2000 rpm as long 
as the pressure of the compensation oil is kept close to the pressure 
within the primary vessel. 

Accuracy. Differences in pressure across the thimble can be de- 
termined with an uncertainty of 0.1 per cent or 0.001 psi, which- 
ever is the larger measure of uncertainty. Temperature differ- 
ences are measured with a precision of 0.02 deg F. The tempera- 
ture of the bath is related to the thermodynamic scale within 
0.5 F and may be much closer. In any event, temperatures are 
measured with an uncertainty of 0.1 deg F at a temperature of 
1500 F. The accuracy with which the temperature of the bath is 
known relative to the international platinum scale depends upon 
the stability of the calibrated platinum, platinum-rhodium ther- 
mocouple. 

It is probable that the accuracy of measurement of pressure 
will be approximately 0.03 per cent or 1 psi, whichever is the 
larger measure of uncertainty. 

On the basis of the foregoing discussion, it appears that the 
Joule-Thomson coefficient may be measured within 0.2 per cent 
throughout the range of conditions investigated and the isother- 
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mal enthalpy-pressure derivative should be determined within 0.3 
per cent. It is expected that the heat capacity will be evaluated 
within 0.4 per cent throughout the range of conditions to be 
covered in this investigation. It should be emphasized that 


these methods are not well suited for investigations in the liquid ; 


phase and it is not planned to include such measurements. - 
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Viscosity of Steam and Compressed Water 


By J. KESTIN? J. R. MOSZYNSKI,* PROVIDENCE, R. I. 


Noting the highly imperfect state of present knowledge re- 
garding the viscosity of steam, the paper describes an instru- 
ment designed for the measurement of the viscosity of steam 
and compressed water. The project, undertaken under the 
sponsorship of the ASME Steam Research Committee, aims at 
exploring the applicability of the method of observing small 
torsional oscillations of bodies of revolution to the purpose in 
hand. 


Introduction 

THE transport properties of steam, in particular its viscosity, 
have been measured by a number of observers (1—15),* but with- 
out much ultimate success. Even the very careful measurements 
on the viscosity of water at atmospheric pressure and moderate 
temperatures (16, 17) show disturbing discrepancies which have 
been recently emphasized by Lindgren (18). Keenan and Keyes 
(19) discussed our knowledge of these properties in a summarizing 
report and stated that: “It is imperative that the present dis- 
cordant array of transport quantities be disposed of through new 
research.”’ 

A comparison of available results on viscosity (20) reveals that 
at 1 atm pressure the discrepancies over a range of temperatures 
from 100 to 1200 C are of the order of +4 per cent. At higher 
pressures, the discrepancies of a selected group of data (7, 8, 11) 
are of the order of +10 per cent, whereas the values in refer- 
ences (4, 9) show deviations of up to +80-—5 per cent from a com- 
mon median. It is noteworthy that some recent tables (21, 22) 
which are supposedly based on the same experimental data (7) 
show discrepancies of up to 5 per cent at 600 C. Attempts to 
calculate viscosity from empirical intermolecular potentials (23 
to 25) also have met with only limited practical success. 

It is clear that the preceding statement made by Keenan and 
Keyes is fully justified and that a fresh start is necessary. 

In examining the methods of measuring viscosity used in the 
past, it is noted that the bulk of the data were obtained with the 
aid of capillaries. To this there were only a few exceptions. 
Schiller (4) attempted to determine the viscosity of steam by 
determining the point at which the coefficient of discharge of a 
standard nozzle becomes independent of the Reynolds number; 
at present, little reliance is placed on his measurements. Haw- 
kins, Solberg, and Potter (9) used the Lawaczek method of a 
body falling through a tube filled with steam and fitting to it 
with a small clearance. They found their data unreliable (10) 
and repeated the investigation using the capillary method. Jack- 
son (11) used an annular viscometer, similar in principle to the 
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eapillary-flow method, and differing only in the details of design. 
Finally Braune and Linke (2), Kundt and Warburg (14), and 
Vogel (15) employed the principle of small oscillations performed — 
by a disk between two flat plates to measure the viscosity of — 
steam and numerous other substances at low pressures and tem- 
peratures up to about 400 C. Their results although evaluated 
on the basis of a very rudimentary theory agree well with those 
of other workers. 

The various alternatives to the capillary-flow method have — 
been examined critically by Kestin (26), who advanced the 
opinion that at present oily the oscillating-body viscometer of-_ 
fered a reasonable alternative. The work in the 
present paper and undertaken under the sponsorship of the Steam 
Research Committee of the ASME, in co-operation with the 
International Conferences on Steam Properties, will assess these 
chances in greater detail. 

The historical background and the main characteristics of the 
method have been described in two recent publications (26, 27) 
and need not be repeated here. The present paper will concen- 
trate on describing the details of the installation for measure- 
ments at high pressures and temperatures which is now being | 
completed. The instrument is a development of the one used 
previously for high-pressure work on gases by Kestin and Pilar- 
ezyk (28). 

The instrument consists of a high-pressure bomb made of type 
347, 18-8 stainless steel, sealed with the aid of tie-bolts made of 
Inconel X, and provided with a synthetic sapphire, Bridgman- 
type window. The oscillating system, a free disk, a free sphere, 
or a disk confined between two plates, is enclosed in the bomb and 
carries a reflecting mirror on a stem. The bomb is mounted on a 5 
titanium-carbide ball bearing and is enclosed in an automatically 
controlled heater surrounded by a manually controlled radiation 
shield. The bomb is filled with water under a vacuum. De- 
pending on the final state required, the water may be pressurized 
from outside, or steam may be raised in it by heating. 

The oscillation is started by rotating the bomb on its bearing, 4 
and is observed by a telescope which is trained on a precision 
back-lighted scale through the mirror which oscillates with the 
suspension system. Temperatures are measured with the aid 
of calibrated thermocouples, and pressures are measured with a 
set of precision Bourdon gages. Time is measured by an elec- 
tronic counter operated manually, or by a high-precision stop 
watch. At every step, great care is taken in achieving exact 
alignment and a high degree of precision. 

The theory of the instrument is contained in several publica- 
tions. The theory of the oscillating sphere was given by Kestin 
and Persen (29). The theory of the oscillating disk which 
takes into account the effect of its edges was given by Newell (31) 
and by Newell and Azpeitia (30). They still require experimen- 
tal verification. A method for introducing an empirical 
correction was given by Kestin and Wang (32). a” oe 


described 


General Features of Experimental Arrangement = = = 


The instrument covers a range of up to 300 atm in pressure 
(4400 psi) and 500 C in temperature (930 F). A line diagram 
of the installation is shown in Fig. 1. The oscillating system is 
enclosed in a high-pressure bomb 1, provided with a Bridgman- 
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Fig. 1 High-pressure bomb 


type window made of synthetic sapphire 2. The bomb is rigidly 
suspended from a base-plate 3 which rests on three columns 4. 
_ These, in turn, are supported on a large thrust bearing 5 with 
balls made of titanium carbide. The bearing is attached to a 
_ foundation plate 6 and is so arranged that it can be adjusted on 
three points. In this manner it is possible to align the suspension 
wire so that it becomes coincident with the axis of rotation of 
the thrust bearing. The final adjustment is described in the 
next section. 

The oscillatory motion is started by rotating the inner as- 
sembly on the bearing back and forth through several degrees 
and locking it into the zero position, somewhat in the manner used 
by Iwasaki (33). 

The whole assembly is surrounded by a heater 7 which is 
equipped with two systems of electrical windings; one, manually 
controlled for rapid heating, and the other, automatically con- 
trolled to maintain a prescribed temperature in the bomb, 
constant within about 0.01 deg C. The space 8 inside the heater 
is filled with helium to enhance good thermal conductivity. The 
massive bomb provides a large amount of thermal inertia; the 
sensing element, made in the form of a sheathed nickel resistance 
thermometer 9 is connected to a commercial Wheatstone-bridge- 
type temperature regulator 25, provided with a saturable-core 


transformer for regulation. 
> 


i 
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The heater 7 is surrounded with a radiation shield 10 covered 
on the outside with 3 in. of glass-wool insulation 11 and a bright 
sheet-metal sheath. The heaters in the radiation shield are 
regulated manually. 

The viscometer rests on a heavy concrete foundation 12 
whose upper part contains a refractory insulating insert 13. 

The bomb is provided with measuring chromel-alumel thermo- 
couples 14, and communicates with the outside through a high- 
pressure tube 15 made of stainless steel. The tube is provided 
with a rupture-disk safety valve 16 connected to a flexible pipe 
17 carried to the outside of the building. The high-pressure tube 
is further fitted with a heater 18 followed by a water-cooled 
jacket 19 thus locating the vapor-liquid interface at a well- 
defined point. This arrangement is identical in principle with 
that used by Keyes (34). Beyond the jacket the tube incorpo- 
rates a flexible section which branches out to connect with a 
Bourdon-type pressure gage 20, a mechanical vacuum pump, and 
the filling arrangement. The latter incorporates a hand-oper- 
ated pressure generator in order to provide water at high pressure 
inside the instrument. The motion of the oscillating system is 
observed through the high-pressure window 2, and through mica 
windows 21 and 22. Observation is made with reference to a 
fixed glass precision scale 23 graduated at 0.5-mm intervals with 
lines inscribed through chemically deposited silver. The scale 
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is strongly illuminated from the rear, and its reflection from a 
mirror, carried by a stem connected with the oscillating system, 
is read through a telescope 24 equipped with a thin hairline. 


Details of the Experimental Arrangement 


The Oscillating System. In order to cover the very large 
range of operation required for measurement on steam and 
water, it is necessary to use several oscillating systems. The 
suspension is so designed that different oscillating bodies, disks or 
spheres, can be accommodated in it. 

The suspension assembly is shown in Fig. 2. The method of 
gripping the wire, made of a 92 per cent platinum 8 per cent 
tungsten alloy, and supplied by Messrs. Sigmund Cohn of Mount 
Vernon, N. Y., is purely mechanical to avoid affecting its proper- 
ties by the local application of high temperature; e.g., such as 
would occur in brazing. Wires varying in diameter from 0.001 
to 0.003 in. are available, as well as strips rolled down from the 
round to an aspect ratio of 10:1. Adjustment for length is 
provided in that the tube 1 can be raised or lowered in the chuck 
2. Thus the desired natural period 7 can be obtained easily. 
The miniature chuck 3 is provided with two jaws for gripping 
the wire or strip which can be aligned with reference to the central 
hole in the washer 4. The whole assembly is provided with a 
measure of adjustment on the flange 5, which is held in position 
with the aid of three screws. This facilitates the centering of the 
wire with respect to the axis of rotation of the ball bearing 5 
shown in Fig. 1. The bottom assembly carrying the disk 6 or the 
sphere 7 is designed on the same principle. The details of the 
design are shown in the insert on the right-hand side of Fig. 2. 
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This represents the scheme adopted for the sphere and shows that 
extreme care has been taken to eliminate protruding parts. 
The design for the disk is similar to the one shown here, except 
for the fact that two small cylindrical nuts on either side of the 
disk accommodate the jaws and holder for the stem. In the 
latter case, the corrections due to these protrusions are very 
small and of the order of 0.05 per cent, because of the much higher 
moment of inertia of the disk. The carefully centered rod 8 car- 
ries a 4-mm-sq mirror 9 made of optically polished front rhodium- 
plated synthetic sapphire or highly polished Inconel X. 

All parts of the suspension system, other than the disks, sphere, 
wire, and mirror are made of type 347 stainless steel. 

The High-Pressure Bomb. In the design of the high-pressure 
steel bomb, Fig. 3, careful consideration had to be given to the 
choice of materials to secure resistance to corrosion and adequate 
strength at the elevated temperatures but still preserve reasonable 
physical dimensions. The main parts are made of columbium- 
stabilized 18-8 stainless steel (type 347), but the highly stressed 
tie-bolts and other fasteners are made of Inconel X. The vessel 
has been designed for a maximum working stress of 17,000 psi 
whereas the bolts have been designed for 28,000 psi. The maxi- 
mum working stresses do not exceed 77 per cent of the effective 
yield stress (0.2 per cent permanent set) or 31 per cent of the 
ultimate at 500 C. The operating conditions are always below 
the region where creep becomes important. It will be noticed 
that these criteria are only slightly less stringent than those 
recommended in the ASME Boiler Code (35), i.e., 62.5 and 25 
per cent, respectively. 

The details of the design are shown in Fig. 3. The base-plate 1 
rests on three columns 2 and carries the adjustable top suspen- 
sion assembly 3 described previously. The body of the bomb 4 
is fastened by means of the tie-bolts 5 and sealed with the aid of 
soft, hydrogen-annealed copper gaskets 6 held on the outside 
by stainless-steel retaining rings 7. Before assembling the 
body 4 the suspension system is accessible to observation by 
surveying instruments for the purpose of alignment. The as- 
sembly is covered with the dome 8 sealed by an annealed copper 
washer 9 also provided with a retaining ring 10, and carrying an 
American Instrument Company high-pressure connection 11 to 
the high-pressure '/,-in. OD X */,-in. ID tube 12 made of 18-8 
stainless steel. 

The body 4 is provided with an American Instrument Com- 
pany high-pressure drain 13 and Bridgman-type unsupported- 
area window. A cross section through the window assembly is 
shown in the insert. A highly polished disk 14 made of syn- 
thetic sapphire bears on the highly polished surface of a clamping 
ring 15 which is secured by four bolts 16 and sealed with the 
aid of acopper ring 17. To insure tightness of the window during 
initial evacuation, it was found necessary to bond it to the clamp 
ring with e: oxy resin. Since this material deteriorates at about 
380 C, initial tests will be confined to temperatures below this. 

The body is guided into position by two removable plugs 18 
in order to protect the suspension system. The water charged 
through tube 12 and drilling 19 is prevented from impinging on the 
oscillating system, and a tube 20 protects the rod and mirror. 
A baffle 21 provides a flat boundary underneath the disk. 

Heating and Temperature Control. The main features of the 
heating system, composed of an inner heater 7 and a radiation 
shield 10, Fig. 1, have already been described. High-temperature 
mineral-insulated heating cable enclosed in a stainless-steel 
sheath is used throughout, and the winding is bifilar to eliminate 
any danger of alternating electromagnetic field influencing the 
oscillating system. The cable is brazed to the outer surface of 
the heater or radiation-shield enclosure to insure good thermal 
contact. The radiation shield is, in addition, surrounded by a 
shell of highly polished sheet metal, the space between the wind- 
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Fig. 3 Line diagram of installation 


ing and the shell being filled with insulating material. Addi- 
tional cartridge-type heaters are inserted radially in the founda- 
tion plate 6, Fig. 1, and form part of the radiation shield. The 
inner heater and the radiation-shield windings are rated at about 
5 kw each at 230 volts. 

All heating circuits are arranged in the same way. The heat- 
ing coils are divided into segments, 1,, ls, 13, . . . connected in 
parallel, Fig. 4(a), and each is provided with an external adjusta- 
ble rheostat. These rheostats 2;, 22,... are adjusted by trial 
and error to provide a uniform temperature distribution on the 
inner metal wall of the respective heater, and proportion the 
current through the main heaters. The heaters can be supplied 
with either 110 or 220-volt AC, as selected with the aid of switch 
4. An adjustable autotransformer 3 provides regulation. Fig. 
4(b) shows the arrangement for the automatic control of the 
small inner heater. The signal from the resistance thermometer 
6 reacts on a bridge contained in the control unit 5. This is an 
Electron-O-Therm Senior, model 148 HT, manufactured by the 
Technical Equipment Company of Walnut Creek, Calif. The 
unbalance in the bridge affects a saturable-core transformer and 
provides over-all control. An additional steady output is also 
available. It is expected that inside the high-pressure bomb the 
temperature during one experiment can be kept to within 0.01 
deg C. Since the viscosity of steam changes by at most 0.32 
per cent per 1 deg C, the error from this source is completely 
negligible. 

Measurement of Logarithmic Decrement. As already men- 
tioned, the logarithmic decrement is measured by directly ob- 
serving the amplitudes. This is done with a dumpy level-type 
telescope, made by Messrs. W. & L. E. Gurley of Troy, N. Y., 
and capable of giving a variable magnification up to 42x. The 
observer sees the reflection from the mirror of a portion about 
2 cm long of the glass scale. The scale (made by the same firm) 
has division lines 0.0012-in. thick at 0.5-mm intervals and is 
accurate to 5 microns. It is strongly illuminated from the 
back, showing bright lines on a dark background, and is placed 


TRANSACTIONS OF THE ASME 
ut an accurately measured distance of about 2 meters from the 
mirror. Great care is taken to mount the telescope rigidly on a 
special pedestal, and to align the equally rigidly mounted scale 
with the optical axis of the system. This is donein a conventional 
manner with the aid of two high-precision Keuffel and Esser 
theodolites. 


Amplitudes can thus be measured to within 0.1 mm. Dis- 


regarding the small corrections due to different refraction on the 
inner and outer faces of the flat window, i.e., at the steam-sap- 
phire and sapphire-helium interfaces, the damping decrement is 


1 tan~!a,/L 
n 
2am tan~! dase /L 


if, as is usual, evaluation is made m oscillations apart to increase 
accuracy. Here a, denotes the nth reading on the scale, anim 
denotes a subsequent reading m oscillations later, and L denotes 
the distance between the axis of oscillation and the seale. In 
order to eliminate zero-adjustment errors, as well as human errors 
stemming from the change in direction, the following scheme, 
used in the Kamerlingh-Onnes Laboratory in Leiden (courtesy 
Dr. G. J. van den Berg) is adopted. Consecutive observations 
are built up in blocks 


A. = da, + 28,, + 


where a, and 8, denote the angular amplitudes to left and right, 
respectively. The decrement then becomes 4 


1 A, 


274m 


ove 
The maximum absolute error in the decrement is 


6A Léa + aéL 


A a? + L? 


tan~!a/L 


Substituting a = 0.01 em, L = 200 em, 6L = 0.05 em, a = 50cm, 
and m = 3 we obtain 


6A = 0.00005 


In order to make the probable relative error of N = 3 deter- 
minations of the order of 0.1 per cent, we find that the smallest 
decrement admissible is A = 0.006. When the decrement is 
large, the damping may become so fast that at the end of the 
initial transient the amplitude reduces to a small value and the 
relative error in its measurement increases, thus making the error 
in the decrement larger than for small values. Consequently, 
there exists an upper practical limit to the value of A. Further- 
more, the maximum amplitude is limited by the onset of second- 
ary motion. Bearing in mind these considerations, and allowing 
at least six complete oscillations before measurement and addi- 
tional eight oscillations for the measurement itself between am- 
plitude limits of 90 cm and 20 cm, respectively (for a distance 
between scale and mirror of L = 200 cm) it is found that the 
upper limit is at A = 0.045. 

Present experience confirms that in the range = 

0.006 << A < 0.045 

satisfactory measurements can be performed. 

Pressure and Temperature Measurement. In order to cover the 
range of pressure measurement with an approximately uniform 
accuracy, it is necessary to provide five high-precision Bourdon 
gages. These have been supplied by the Heise-Bourden Tube 
Company of Newton, Conn. and have the ranges: 

0-100 psi 0-300 psi 0-900 psi 0-2500 psi 0-7500 psi 
Each gage is accurate to 0.2 per cent of its maximum range. “J - 
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The gages are provided with makers’ certificates and will, in 
addition, be recalibrated with reference to an M.I.T.-type high- 
precision dead-weight tester available in the Department of 
Chemistry at Brown University through the courtesy of Prof. J. 
Ross. 

In line with the procedure laid down by the ASME Technical 
Committee on Steam, the temperature will be measured with 
the aid of three 22 B & S gage chromel-alume!l, carbon dioxide- 
annealed thermocouples calibrated against National Bureau of 
Standards, standardized 14-mil-diam Pt, Pt-Rh thermocouples. 
The calibration will be performed in an NBS-type bath and with 
reference to a Leeds & Northrup, Wenner potentiometer reading 
to 0.1 pvolt. The measurement itself will be performed with 
the aid of a Leeds & Northrup type K3 slide-wire potentiometer 
reading to 0.5 pvolt. 

Calibration of Suspension Wire. In principle, it is not neces- 
sary to calibrate the suspension system in order to determine its 
natural period 7, if measurements of the period T and decre- 
ments A are made simultaneously. This is due to the fact that 
there are two equations available (32) so that two quantities, say, 
the viscosity wu and the natural period 7», are thereby deter- 
mined. In practice, however, this implies an accuracy in the 
measurements of the period 7 which as yet has not been achieved 
in the laboratory. Consequently, a separate determination of 
the natural period 7» is essential. In addition, it is necessary to 
calibrate the wire for its internal damping, as expressed by Ac. 
This should be done under conditions insuring that the viscous 
drag on the suspension system is negligible, in practice in a 
vacuum of the order of 10-§ mm Hg, when the mean free path, 
e.g., in air, is 500 cm, and by far exceeds the linear dimensions 
of the container and oscillating system. 

In the authors’ experience, it is not possible to create vacua in 
this order in a vessel which must normally operate at high pres- 
sure for the simple reason that one can only afford very narrow 
connections to the cylinder; in fact, the connections must be so 
narrow that they preclude the use of a diffusion pump. The 
idea of disconnecting and blanking-off the high-vacuum connec- 
tions after calibration and before charging was considered and 
discarded as too cumbersome, particularly because of possible 
trouble with seals. 

In order to meet these objections, the following scheme for 
calibration has been devised: A moderate vacuum, of the order 
of several microns Hg is required in any case to insure the purity 
of the charge, so that it is possible to determine values of the 
period and decrement under these somewhat unsatisfactory 
conditions, created with the aid of a two-stage mechanical 
pump equipped with an air ballast. We shall denote them by 7; 
and A,, respectively. In addition, a separate vacuum system, 
whose details will be omitted in this paper, is available. This 
allows us to calibrate the wire for inner damping. Assuming 
that the damping characteristics of the material of the wire are 
expressed in the usual manner by the damping coefficient 


a5 


k= 
E 


where E denotes the energy dissipated in a complete strain cycle 
and £ is the maximum strain energy stored during the cycle, it is 


found that 


It is tied (36) that the damping factor k depends on the 
shearing stress in the wire, but with the very small shearing 
stresses used in the suspension wire, its value may be assumed 


constant. This fact has been confirmed by preliminary experi- 
ments on a substantial variety of suspension wires. Thus the 
value of A, is independent of the length of the wire and is a char- 
acteristic of the material alone. 

Since it is very difficult to transfer the oscillating system 
intact from the high-vacuum system to the main bomb, we must 
assume that the wire used for measurement is of a different length, 
and that it is not possible to determine 7) in the high-vacuum 
system. However, the damping in the main bomb at a pressure 
of several microns Hg is so small that the well-known relation 
between period and decrement which is independent of damping 
[see, e.g., (27)] can be assumed. Thus 

1+4? 1+A? 


1 + 
(; + 


The high-vacuum calibration system is provided with a 
shielded copper radiation heater for the suspension wire enabling 
us to determine A, as a function of temperature. The values of 
T, and A, can be measured at different temperatures in the bomb 
itself. 

Measurement of the Period. The period of oscillation is meas- 
ured by means of either a stop watch accurate to 0.05 sec or a 
six-decade Hewlett-Packard electronic counter. The measure- 
ment is started and stopped by the observer and in view of the 
uncertainty of the latter’s reaction time, which is of the order 
of 0.2 sec, the accuracy of the electronic counter, which is one 
count in 10’, by far exceeds the requirements of the experiment. 

By measuring the period over at least 10 complete oscillations, 
it was found possible to reduce the error to about 0.1 per cent. 
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Economic Choice of Generator 


_ By L. K. KIRCHMAYER! anp A. G. 


This paper presents a method of analysis for the economic 
choice of generator unit size based on probability mathematics. 
The application of this method to a study of an assumed single 
integrated system is given as well as a study of two interconnected 
areas. 


Introduction 


A FOREMOsT requirement of the electric utility industry is to 
supply the load with a standard of reliability consistent with cus- 
tomer good will. To meet this requirement, reserve generating 
capacity must be installed on the system. Since, historically, 
the forced-outage rate of generating units has been about the 
same regardless of the unit size, the larger the size of generating 
units used the larger will be the reserve capacity required. On 
the other hand, larger sized generating units can be installed at a 
lower cost per kilowatt. These two opposing factors are the 
major considerations in obtaining an answer to the question of 
the most economic size of generating unit to install on a given 
power system. 

This paper presents a method of analysis of this problem and 
an illustration of the application of this method to determine the 
most economic size of steam-electric generating units that should 
be added to an assumed single integrated system. A further 
application of similar methods has been made to evaluate the 
economic benefits of interconnecting areas in order to reduce the 
required reserve capacity. Finally, an evaluation is presented of 
optimum unit-size expansion patterns for integrated areas for 
various initial system sizes, interconnection distances, and forced- 
outage rates. 


Method of Analysis 


The method of analysis** involved in undertaking a unit-size 
study involves the following three parts: 


1 Calculation of probability of capacity outages. 
2 Calculation of loss of load probability. 
3 Evaluation of present worth of cost for economic compari- 
son of various alternatives. 


Parts 1 and 2 are required to ensure that each of the alterna- 
tives to be studied provides the same system reliability in serving 


the system load. 

1 Calculation of Probability of Capacity Outages. We first re- 
quire a table which lists the probability of occurrence of forced 
generator outages as a function of the magnitude of the forced 
outage. 

1 Manager, Operational Investigations, Analytical Engineering Sec- 
tion, General Electric Company. Mem. ASME, 

2Senior Engineer, Power Generation Engineering, Engineering 
Planning and Development Section, General Electric Company. 
Mem. ASME. 

3“‘An Investigation of the Economic Size of Steam-Electric Gen- 
erating Units,” by L. K. Kirchmayer, A. G. Mellor, J. F. O'Mara, 
and J. R. Stevenson, Trans. AIEE, vol. 74, part 3, 1955. pp. 600-609. 

‘“The Effect of Interconnections on Economic Generation Ex- 
pansion Patterns,"’ by L. K. Kirchmayer, A. G. Mellor, and H. O. 
Simmons, Jr., Trans. AI EE, vol. 76, part 3, 1957, pp. 203-214. 

Contributed by the Power Division and presented at the Annual 
Meeting, New York, N. Y., December 1-6, 1957, of Toe AmERICAN 
Society oF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 15, 1957. Paper No. 57—A-154. 
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Define the forced-outage rate for a unit as p and the availability 
rate as g. Typical values of p and gq are 


= Availability rate 


=q = 0.98 


1.00 


To illustrate the method of building up the required table, con- 
sider two units of 100 mw, one having a forced-outage rate of 
2 per cent; the other, a forced outage rate of 3 per cent. This 
information is presented in Table 1, ,* 


-Unit 2— 
Probability 
of outage 
occurrence 
0.97 
0.03 


Table 1 Unit data 
Unit 1 ~ 
Probability 
of outage 
occurrence 
0.98 
0.02 


Capacity 
out 
0 mw 
100 mw 


Capacity 
out 


0 mw 
100 mw 


Table 2 Method of calculation 
Unit 2 


100 mw 


0.03 


Omw (0.98)(0.03) 100 mw 
(0.02)(0.03) 200 mw 


ie 

Capacity out Probability of occurrence its 
0 (0.98)(0.97) = 0.9506 


100 (0.02)(0.97) + (0.98)(0.03) = 0.0488 
0.0006 


200 (0.02)(0.03) = 

The method of obtaining the required table for the system 
formed by these two units is given in Table 2. From this table 
note that the probability of occurrence of 0 mw being out on 
forced outage is equal to the product of the probability that unit 
1 is available (0.98) and probability that unit 2 is also available 
(0.97). The probability that unit 1 is available and unit 2 is 
out, which would result in a total outage of 100 mw, is equal to 
the product of the probability of unit 1 being available (0.98) 
and the probability that unit 2 is out (0.03). Similarly, the 
probability that unit 1 is available and unit 2 is out, which corre- 
sponds to a capacity outage of 100 mw, is equal to 0.02 X 0.97. 
The probability that both units are out on forced outage is equal 
to 0.02 X 0.03 which corresponds to a total forced outage of 200 
mw. Note that the capacity outage corresponding to the prod- 
uct of any row and column probabilities is equal to the sum of the 
corresponding capacity outages. The final results are given in 
Table 3. As a check, note that the sum of the probabilities is 
unity, thus indicating that all possible happenings have been ac- 
counted for. 

An IBM 650 magnetic drum computer has been programmed 
to calculate the required table of the probability of occurrence of 
outages as a function of the magnitude of the outage in a manner 
similar to that described. 


0 mw 

— Unit 1—— 0.97 
Omw 0.98 (0.98)(0.97) 
100 mw 0.02 (0.02)(0.97) 100 mw 


Table 3 Final results 
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Forced-outage rate = p = 0.02 


4 
q 

= 


1016 

2 Calculation of Loss of Load Probability. Forced outages are 
of concern to us only when they are of such a value that insufficient 
capacity remains to meet the system load. Consequently, our 
next step must involve combining the probability of occurrence 
of the load with the previously described probability of occur- 
rence of forced outages. Consider Fig. 1 which indicates the 
daily peak-load variation as a function of time. For outages 


100 % CAPACITY 


On 


ah Ae 
DAILY PEAK 
VARIATION 
= 


LOSS OF LOAD PROBABILITY DAYS / YR 


TIME 


Fig. 1 Daily peak-load variation as function of time 
less than the value R indicated in Fig. 1, there is always sufficient 
capacity to meet the load. For an outage O, which has the 
probability of occurrence p,, there will not be sufficient capacity 
to meet the load for time ¢,. The loss of load probability cor- 
responding to this particular outage (O,) is equal to the product 
pi, When considering all possible values of outages (O,), the 
loss of load probability is then given as 


Loss of load probability = Zp,t, 


The loss of load probability is a chance figure similar to the 
chance figure of one half which corresponds to obtaining a head 
when flipping a coin. The practice of the industry has been to 
express this chance figure in the units of days per year. 

In actually conducting calculations of the type indicated, the 
effect of planned maintenance is considered by increasing the load 
by an amount corresponding to the planned maintenance outage. 
When appropriate, the analysis also should include the effect of 
load-forecasting errors and interconnections as outlined else- 
where. 

By varying the magnitude of peak load for a given assumed 
total capacity, it is possible to obtain a curve such as curve 1 in 
Fig. 2 for which the loss of load probability is plotted as a func- 
tion of assumed peak load. As the peak load increases, as indi- 
cated by lines a, b, and c, it will be noted that the loss of 
load probability increases. Assume that the maximum loss of load 
probability is to be 0.1 day per year. When the peak load reaches 
the value indicated by c, we have now exceeded the maximum 
loss of load probability and would proceed to add another unit 
to the system. Curve 2 of Fig. 2 corresponds to the loss of load 
probability with a new unit added to the system. The loss of 
load probability now drops below 0.1 day per year. 

3 Evaluation of Present Worth of Cost for Economic Comparison 
of Various Alternatives. For each year of each alternative expan- 
sion, the annual costs are calculated including the following 
items: 


1 Generation investment 
2 Fuel consumption 

3 Generation operation and maintenance 
4 Transmission investment 

5 Transmission operation and maintenance 


‘Elements of System Capacity Requirements,"’ by C. W. Watch- 
orn, Trans. AIEE, vol, 70, part 2, 1951, pp. 1163-85. 

* “Generating Reserve Capacity Determined by the Probability 
Method,” by Guiseppe Calabrese, Trans. AIEE, vol. 66, 1947, pp. 
1439-50. 
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Fig. 2 Loss of load probability in days per year as a function of peak 
load 


To effect an economic comparison between alternative schemes, 
it is necessary to refer all annual costs to the present time by con- 
sidering the time worth of money. This total present-worth 
cost may be considered as the funds which would have to be pro- 
vided today at a given interest rate to be able to finance the opera- 
tion of the system for the period of time under consideration. 

Computer programs for an IBM 650 internally programmed 
magnetic-drum computer have been prepared for automatically 
and economically accomplishing parts 1, 2, and 3. 


Study of Single Integrated System 
System Studied 


In the study of a single integrated system a basic existing sys- 
tem of 2000 mw total generating capability was assumed con- 
sisting of twelve 25-mw units, twenty 50-mw units, and seven 
100-mw units. 

Expansion of this existing system was carried out from 2000 
mw to a system of approximately 10,000 mw following four dif- 
ferent patterns of expansion as follows: 

(a) 7.5 tod Per Cent Expansion. The size of new units added 
was kept within a band of 7.5 to 5 per cent of the installed ca- 
pacity of the system after addition of the unit. Thus the first unit 
added to the 2000-mw system was 160 mw and every time new 
generation was required, this same size unit was added until the 
160-mw unit became approximately 5 per cent of system capacity 
after the last addition. When this point was reached, the next 
unit size would again be 7.5 per cent of the total system capacity 
including that unit. vad 


(d) 250-mw Expansion. The size of units added was initially 
kept within a band of 7.5 to 5 per cent of the system capability 
up to units of 250-mw capacity, after which the system expansion 
was continued with 250-mw units regardless of system size. 


1 It has been assumed that the standard of reliability of the 
power system is such that sufficient generating capacity must be 


(b) 9to 6.5 Per Cent Expansion. 
(c) 13 to 9 Per Cent Expansion. 


Assumptions 


Physical System 
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available such that the probability of loss of load is one day in ten 
years. By this is meant that the chance of a combination of 
generating unit outages resulting in inability to meet the load is 
one in 10 X 260 weekdays or 0.00038. 

2 Unless otherwise stated, a combined forced-outage rate of 2 
per cent for the generating unit (combined boiler and turbine- 
generator set) was assumed. This is in line with recent experi- 
ence on generating units. To determine the effect of possible 
lower reliability of very large units, a forced-outage rate of 3 per 
cent was assumed in some cases. 

3 It was assumed that each boiler-turbine-generator unit on 
the system would be out of service for 20 weekdays a year for 
planned maintenance. 

4 The variation in system weekday peak load throughout 
the year was assumed to be a straight line from 100 to 80 per cent. 
This is reasonably typical for most power systems except for some 
systems in the south where the summer and winter peaks are 
approximately equal. 

5 The load was assumed to double every ten years. 

6 The load-duration curve of the system was assumed to be 
as shown in Fig. 3. This curve is based on a system load factor 
of 60 per cent, which is typical of many large power systems. 
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Economics 


1 The installed cost of new generation was assumed to vary 
with unit size as shown in Fig. 4. 

2 Operating labor cost and maintenance cost in dollars per 
kw per year were assumed to decrease with unit size as shown in 
Fig. 5. 

3 The heat rates of the various sizes of units were assumed as 
shown in Fig. 6. Above 200 mw, the heat rate was assumed to 
be constant as it was thought that these larger units would all 
use the maximum practical steam conditions and that no im- 
provement in heat rate would be realized only from increased 
size. It is realized that unit heat rates, particularly in the 
larger size units, will almost certainly continue to improve in the 
future and this improvement will make the use of larger generat- 
ing units more attractive. 

4 Fuel was assumed to cost 25 cents per million Btu 

5 The fuel and operating costs of units kept on spinning re- 


serve with negligible load factors were neglected. 7, oe 
Method 


The following is a brief outline of the procedure followed in 
carrying out the study. 
For each combination of generators, consisting of the old exist- 
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ing generators (amounting to 2000 mw) and all new generators 
added to the system in accordance with the previously defined 
patterns of expansion, the probability of occurrence of particular 
amounts of generation on forced outage was determined. It was 
necessary to take into account a program of planned maintenance 
which would require each generating unit to be out of service for 
20 weekdays per year. In so far as system reliability is con- 
cerned, it was assumed that the total load can be considered as 
the actual system load plus the capability of generation out of 
service for maintenance. Therefore, using the peak-load varia- 
tion curve referred to previously, the maintenance period of each 
machine on the system was scheduled in such a manner that the 
sum of the actual load and the capacity of units out for mainte- 
nance at any time was kept as uniform as possible. 
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Fig. 4 Investment cost as function of unit size 
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Fig. 5 Operating and maintenance cost as function of unit size 


Using the probability of outage factors determined for each — 


combination of generating units, it was then possible to deter- 
mine, for each of the assumed loads, how many days per year 
there would be insufficient generating capacity available to meet 
the load. From these data, curves could be drawn, indicating 
the probability of loss of load as a function of load for each value 
of installed generating capacity. 


Starting with a basic system of 2000 mw capability of genera- 


tion, the load for each year was calculated until the system load 
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was approximately 10,000 mw. In order to adhere strictly to a 
one day in ten years loss of load probability, it was necessary in 
some cases to add a large block of generation when only a few 
additional megawatts of reserve were required. To be practical 
in these cases, the loss of load probability was allowed to increase 
to a maximum of one day in seven years. 

The annual cost of generating power was calculated based on 
the assumed costs of Figs. 4 and 5 and the heat-rate curve of Fig. 
6. 

The fuel costs are dependent upon the capacity factor for the 
various units. Capacity factor as used here can be defined as 
the ratio of the kilowatthours actually generated in a year by the 
particular unit to the maximum kilowatthour capability of the 
unit. The calculation of the capacity factor of each machine 
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Fig. 6 Net station heat rate as function of unit size 


was obtained by reference to the system load-duration curve as 
shown in Fig. 3. It was assumed that each new unit added to 
the system would be base loaded. With a maintenance period 
of 20 weekdays per year and a forced outage rate of 2 per cent, 
each new unit could supply about 90% of its total kw/hr ca- 
pability. By filling in the area under the load duration curve with 
the generators associated with a particular load, the capacity 
factor for each size machine on the system was determined. 


Discussion of Results 


Fig. 7 is a plot of the installed generation required to meet vari- 
ous loads with a probability of being unable to meet the load of 
one day in ten years. The curves are for each of the various pat- 
terns of expansion studied and take into account a program of 
planned maintenance. 

It is apparent that there is a great difference in the reserve 


Table 4 Cost of various expansion patterns expressed in 
terms of per cent increase over base case 


Invest- 
ment 7.5- 9- 13- 7.59- 9g2- 
cost 5 6.5 9 5 6.5 
case 250 per per per per per 
no. mw cent cent cent cent cent 


1 1.0 1.0 Base 1.5 1.8 2.0 
2 ay 2.1 2.1 5.9 3.2 4.4 


* Outage rate 3 per cent for machines over 250 mw. 
Base = 2.068 billion dollars. 

Case 1—Decreasing investment cost curve of Fig. 4 
Case 2—Flat investment cost after 200 mw. 
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capacity required depending on the size of generating units added 
to the system. In order to justify economically the use of the 
larger units, the extra costs associated with the increased reserve 
must be overcome by lower investment, operating, and mainte- 
nance costs for the larger units. 

To effect the comparisons between the various patterns of ex- 
pansion, present-worth evaluations were utilized. 

A summary of the relative costs of the different patterns of 
system expansion on a present worth basis is shown in Table 4. 
The figures in the table indicate the percentage increase in cost 
over the indicated base condition. The results indicated by Case 
1 correspond to the decreasing investment curve of Fig. 4; the 
results indicated by Case 2, to a flat investment cost for units 
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Fig. 7 Reserve as function of system peak load with loss of load 
probability of one day in ten years 


greater than 200 mw. The cost comparisons given in Table 4 
are also shown graphically in Fig. 8 for a forced-outage rate of 2 
per cent. 


Interconnected-System Study 


A more general study than previously described has been under-_ 
taken to indicate the relative significance and effect of various 
system and unit parameters upon the choice of economic genera- 
tor unit size for two interconnected areas. 

System Studied. In this study the system formed by two iden- 
tical load areas A and B, as indicated in Fig. 9, was investigated 
with and without interconnecting transmission facilities. In- 
vestigation of optimum unit-size-expansion patterns was carried 
out for various initial system loads, ranging from 400 to 3200 mw. 
Interconnection distances between areas ranged from 0 to 200 
miles. The unit forced-outage rates were varied from 0.01 to 
0.04. 

Unit additions to the interconnected system were made alter- 
nately to each area. For example, starting with interconnected 
areas A and B of equal capacity, a unit of a given mw size (as 
determined by the expansion pattern) was first added to area A. 
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Fig. 9 Schematic representation of system studied 
Since the capacities of the two areas were now unequal, it was 
defined as a “‘staggered”’ condition as contrasted with the “bal- 
anced” condition of equal capacity in each area. For the next 
addition to the system, a unit of the same mw size was added to 
area B. The system was then once again balanced; each area 
having the same total generating capacity. 

Starting with a balanced condition, the unit size to be added to 
area A for step n in the expansion is given by 


<= 
xX, = N, 
100 — y 1 eee 
where 


X, = unit size in mw to be added at step n 
y = per cent that unit size is to be of area capacity 
N,-1 = total area capacity in mw for preceding step 
N, = total area capacity after addition of unitX, = — 
For example, assume that we have a balanced system with a 
total system capacity of 2000 mw. Areas A and B will then each 


have a capacity of N,-. = 1000 mw. Assume also that the ex- 


_ differential fuel cost was determined from the differences in net_ 
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pansion pattern being considered is y = 10 per cent. The unit 


to be added to area A would be 
10 


xX, = ——— X 000 = 111 mw 
100 — 10 
With the addition of this unit, the total capacity of area A is 
N,, = 1000 + 111 or 1111 mw, resulting in a staggered condition. 
The capacity of area B remains at 1000 mw until the next step 
in the expansion which will call for the addition of 111 mw to 
area B. With this addition, the system will be brought into a 
balanced condition once again. 


Assumptions 


The assumptions made in this study are for the most part 
similar to those described previously. The following comments 
point out either differences in the assumptions or additional as- 
sumptions over those originally discussed. 


Physical System 


1 The standard of reliability of the system was such that suf- 
ficient generating and interconnecting transmission capacity 
must be available so that the probability of loss of load averages 
1 day in 10 years. In determining unit additions, the maximum 
allowable loss of load probability was 1 day in 2 years. 

2 The forced outage rate of the transmission system was con- 
sidered to be negligibly small. 

3 The percentage reserve requirements remained constant 
for any given per cent expansion pattern. 
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Economics—Generation ) 


In this study, the effect of different heat rates was approxi- 
mated by use of an equivalent annual fuel-cost differential. The 
annual cost of generation including fixed charges, operation and 
maintenance, and fuel-cost differential is shown in Fig. 10. The 
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Fig. 10 Annual cost of generation including fixed charges, operation 
and maintenance, and fuel-cost differential 


unit heat rates shown in Fig. 6, an equivalent capacity factor of 
approximately 60 per cent, and a fuel cost of 25 cents per million 
Btu. 
1 The cost of expanding a 100-mile overhead ene 
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Fig. 11 Cumulative investment for expansion of 100-mile overhead 
transmission system 


system is developed in Fig. 11. An average cost of $58/kw was 
used during the expansion at 115 kv and $37/kw during expansion 
at 230 kv. 

2 In order to explore the effect of greater interconnection 
cost, results are also presented with twice the 100-mile cost de- 
veloped in Fig. 11. This cost also can be approximately thought 
of as a 200-mile cost. 


Determination of Tie Capacity. The system reserve in per cent 
of the system capacity as a function of the unit-size pattern is 
plotted in Fig. 12 for the case of no tie between the areas and for 
the case of a tie sufficiently large so that the two areas may be 
considered as one. 

The tie requirements for the balanced-capacity condition may 
be approximately determined as follows: Consider, for example, 
the case of identical areas for which y = 20 per cent. By refer- 
ence to Fig. 12, it is seen that the required system reserve in per 
cent of the system capacity is 40 per cent for the case of no inter- 
connection. If areas A and B are interconnected with sufficient 
transmission capacity so that the two areas may be considered as 
one, the reserve requirements are reduced to 22 per cent of the 
system capacity as obtained from Fig. 12. This relationship is 
illustrated schematically in Fig. 13. Since the reserve in each 
area has been reduced, it is necessary that the tie capacity be 
equal to (40 — 22) X '/, or 9.0 per cent of the system capacity. 
In case the tie capacity is less than 9.0 per cent, the reserve bene- 
fits are reduced as indicated in Fig. 14. As shown in this figure, 
no gains are obtained in reduction of reserve by increasing the tie 
capacity beyond a certain amount. A similar procedure was used 
for the staggered condition. 

The tie-capacity requirements as a function of the unit-size pat- 
tern is indicated in Fig. 15 for both the staggered and balanced- 
capacity conditions. In the staggered case, of course, the 
tie-capacity requirements are increased since more generation is 
in one area than in the other. 

Discussion of Results. With the capacity and load require- 
ments given for each year, the present-worth costs of operating 
and expanding the system over a 30-year period were calculated. 
The costs included in this study are the annual investment, oper- 
ating and maintenance costs for generation and transmission, to- 
gether with a consideration of fuel-rate differential as influenced 
by unit size. 
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Fig. 12 System reserve as a function of unit-size pattern 
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Fig. 13 Determination of tie capacity for balanced-capacity condi- 
tion 
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Fig. 15 Interconnection capacity as a function of unit-size pattern 
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Fig. 16 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various initial loads with forced-outage rate of 2 per 
cent 


Fig. 12 shows system reserve requirements in per cent of system 
capacity as a function of unit size with and without an inter- 
connection between areas. When the first unit of a given mega- 
watt size is added, resulting in a staggered capacity addition, this 
unit is a larger per cent of the total generation than the second 
unit of this size which brings the system back to the balanced 
condition. Consequently, the per cent reserve is greater for the 
staggered condition than for the balanced condition. This effect 
is more pronounced for the larger unit-size patterns. From Fig. 
12, it is seen that when larger unit sizes are used, the advantage of 
an interconnection increases appreciably. 

Fig. 16 shows present-worth cost ratios as a function of unit 
size expansion patterns. Each set of curves applies to the ex- 
pansion from a different initial system size with and without 
interconnections of various distances. For each set of curves the 
cost of expanding from the initial system with zero interconnec- 
tion distance and an expansion pattern of y = 20 per cent was 
taken as 1.0 per unit. The upper set of curves for Fig. 16 per- 
tains to an initial system load of 400 mw. Curve number 1 
represents the cost ratio for the noninterconnected system; 
curves 2, 3, and 4, the cost ratios for the interconnected system 
with interconnection distances of 200, 100, and 0 miles, respec- 
tively. £imilar curves are shown below for initial system loads 
of 800, 1600, and 3200 mw. It will be noted that the cost of ex- 
panding the interconnected areas (assuming a 100-mile inter- 
connection) varies from 20 to 13 per cent less than expanding the 
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Fig. 17 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various initial loads with forced-outage rate of 1 per 
cent 


noninterconnected areas assuming optimum unit-size expansions. 
This cost differential decreases when higher initial system loads 
are considered. The cost saving is decreased about 4 per cent if 
the interconnection distance is increased from 100 to 200 miles. 
It also can be seen that the optimum unit-size expansion patterns 
decrease somewhat (and the cost-ratio curves tend to flatten out) 
as the system load increases. 

It is to be noted that the economic expansion pattern increases 
for the smaller initial system loads. This increase occurs since 
the unit cost in $/kw decreases more rapidly with size for the 
smaller unit sizes. 

The effect of changing the forced-outage rates for all units 
upon the relative economic unit size may be observed by compar- 
ing Figs. 17, 18, and 19 with Fig. 16. Figs. 17, 18, and 19 picture 
present-worth cost ratios as a function of unit-size expansion pat- 
tern for various initial loads for forced-outage rates of 0.01, 0.03, 
and 0.04, respectively. For each set of curves, the cost of expand- 
ing from the initial system with zero interconnection distance 
and an expansion pattern of y = 20 per cent was taken as 1.0 
per unit. It will be noted that the minimum cost expansion de- 
creases approximately 5 per cent on an area basis as the outage 
rate for all units increases from 0.01 to 0.04. 

The effect of the magnitude of the forced-outage rate for all 
units upon the cost of providing a given system reliability is indi- 
cated by Figs. 20 and 21. Fig. 20 pictures the present-worth 
cost ratios as a function of unit-size expansion patterns for vari- 
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Fig. 18 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various initial loads with forced-outage rate of 3 per 
cent 


ous outage rates and an initial system load of 400 mw. For each 
set of curves the cost of expanding from the initial system with 
zero interconnection distance, y = 20 per cent and a forced-outage 
rate of 0.02, was taken as 1.0 per unit. Similar results for an 
initial system load of 3200 mw are given in Fig. 21. It will be 
noted that the cost of providing the optimum expansion pattern 
increases approximately 5 per cent for each increase of 1 per cent 
in forced-outage rate. 


Conclusions 


It is believed that methods described here provide a logical 
basis for economic choice of unit size. Based upon the studies 
shown, as well as additional material not presented here, the fol- 
lowing conclusions may be drawn: 


1 For the single integrated system studied, the most economi- 
cal pattern of system expansion is to add units of between 9 and 
6.5 per cent of the system size, assuming a forced-outage rate of 
2 per cent for all units. 

2 If above any size the investment cost in dollars per kw 
remains constant, there will be very little incentive to use units 
above this size. 

3 Any increase in the forced-outage rate of large units will 
slow up the move to these large units. 

4 Integration of two areas through means of adequate trans- 
mission facilities results in approximately a 15 per cent decrease 
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Fig. 19 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various initial loads with forced-outage rate of 4 
per cent 


in the cost of expansion if the optimum expansion patterns are 
used. 

5 The capacity of the interconnection required to integrate 
the two areas to obtain the assumed system reliability is deter- 
mined by the staggered capacity condition and is slightly greater 
than the size of the largest unit. 

6 The economical unit size per cent expansion pattern be- 
comes somewhat smaller as the system load increases. 


7 The economic expansion pattern for the interconnected 
system varies approximately from 14 to 12 per cent (on a system 
base) for an initial system load of 400 mw to approximately 12 to 
10 per cent for an initial system load of 3200 mw. These per- 
centages are greater than conclusion 1 because of the small units 
comprising the assumed initial system of conclusion 1. 


8 As the cost of the transmission facilities required to inter- 
connect the two areas becomes greater, the smaller per cent ex- 
pansion patterns become relatively more favorable. (It must 
also be recognized that the cost of transmission facilities within 
an area also may reduce somewhat the economic unit size expan- 
sion pattern.) 

9 As the variation in daily peak load throughout the year 
becomes smaller, smaller per cent expansion patterns become 
more favorable. 

10 As the time required for the planned maintenance period 
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Fig. 20 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various forced-outage rates and an initial system 
load of 400 mw 


increases, the smaller per cent expansion patterns become more 
favorable. 


11 The minimum cost percentage expansion pattern decreases 
approximately 5 per cent on an area basis as the outage rate on 
all units is increased from 1 to 4 per cent. 

12 The present-worth cost of providing the optimum expan- 
sion pattern increases approximately 5 per cent for each increase 
of 1 per cent in forced-outage rate. 
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Discussion 
H. Halperin.’ This paper is an interesting demonstration of 
the value of two analytical tools, probability calculations and digi- 
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Fig. 21 Present-worth cost ratios as a function of unit-size expan- 
sion pattern for various forced-outage rates and an initial system load 
of 3200 mw 


talcomputers. Without the former, studies of this type would be 
impossible, and without the latter, investigations of the magni- 
tude covered by the paper would be impracticable. If done with- 
out a digital computer, Figs. 16 to 19 probably would require 
many man-months of computational work. 

Discussions were previously presented on the two AIEE 
articles cited by the authors.+# Some of the points in this 
paper are covered in a somewhat different fashion by Halperin 
and Adler.® 

This paper is of special interest as being an example of studies 
on assumed systems. Studies of this nature naturally would have 
to be adapted to the specific requirements of the system to which 
they are applied. 

In the loss-of-load method demonstrated in Fig. 1, the capacity 
is assumed to be constant throughout the year. Actually, the 
capacity is lower in the summer months for steam turbines on 
account of warmer condensing water. These “limitations”? may 
be of the order of several per cent and are of special importance 
for systems where the yearly peak load occurs in summer. With 
increasing expansion of air-conditioning loads, many systems 
have reached or are approaching this condition. A method of 
accounting for the effect of limitations is shown in our paper.® 


*“Determination of Reserve Generating Capability,” by Hal- 
perin and Adler, presented at the AIEE Winter Meeting, February, 
1958. 
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It should be noted, however, that Fig. 1 apparently implies 
that peak loads of very close to the same magnitude occur for 
durations of days and weeks. Such an implication seems neces- 
sary with the authors’ method to allow for overhauling which may 
require several weeks, as brought out by them. Actually, how- 
ever, in such a period, several adjacent weekday system peaks 
may vary by 10 to 20 per cent. As a utility cannot nowadays 
predict sufficiently in advance as to the day in such a period when 
the peak load will occur, the overhauling should be scheduled on 
the basis of the single highest peak load expected in each period 
of several weeks. 

Fig. 7 is of special interest as it shows the sharp increase in re- 
quired reserve as the first unit of a greater magnitude than exist- 
ing on the system is installed. This jump in reserve require- 
ments becomes greater as difference between the size of the new 
unit and the existing maximum size on the system increases. 
This ‘‘usable”’ capacity of the first unit of new size may be an im- 
portant factor in deciding on alternative methods of increasing 
system capacity, and should be considered not by itself but 
should be studied on the basis of the over-all pattern of system 
development in view of all factors involved. 

By usable capacity, is meant the increase in peak load which 
the system is capable of supplying as a result of the addition of a 
new unit, after allowing for incremental requirements for forced 
outages, average overhauling, and limitations. For instance, a 
big increase in unit size may result for the first such unit in one 
fourth less usable capacity in per cent of rated capacity than for 
an addition of a unit of the then existing largest unit in service. 

The studies for interconnected systems are made for two sys- 
tems of equal magnitude and equal interchange. If two or more 
systems of unequal magnitude are interconnected, which is the 
usual case, the problem of fair partition of the savings from the 
interconnection arises. In general, the smaller system will gain 
more in added reserve capacity, but on the other hand, it may find 
the requirement to reciprocate equal amounts of emergency help 
to the larger system a severe burden. Also, if systems of unequal 
size are interconnected, expansion of existing capacity by adding 
units of the same capacity to both systems may not be feasible, 
especially if the size of a large unit amounted to an excessive per- 
centage of the small system. 

It is noted that the tie lines were assumed to be trouble free. 
It is possible by means of probability calculations to evaluate the 
effect of various degrees of reliability of a line upon the required 
over-ail reserve. Such studies can serve as a basis for decisions on 
design features such as making tie lines lightning-proof or sleet- 
proof. 

In connection with the procedure of making probability cal- 
culations it may be worth mentioning that we found calculations 
of the frequency and duration of occurrences more significant than 
determinations of probability ratios as used in this paper. The 
method of determining frequencies and durations is discussed in 
our AIEE paper.® 

In studies of this type the basic values of outage rates used in 
the calculations are an important factor. Figs. 20 and 21 are of 
special interest in this connection as they show the effect of vary- 
ing the outage rate over a wide range. Forced outage rates rang- 
ing from 1'/, to 4 per cent have been used in recent AIEE papers 
for unit-type installations of steam turbine-generators and boilers. 


W. E. Hopkins® and T. J. Whelan."° The authors make two 
worth-while contributions relating to the problem of selecting the 
economic size of steam-electric generator unit. The first is a 

®* Mechanical Engineer, Stone & Webster Engineering Corporation, 
Boston, Mass. Mem. ASME. 


%” Mechanical Division Engineer, Stone & Webster Engineering 
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method of analysis which has been set up so that it can be pro- 
grammed for solution by a medium-size digital computer. The 
second, and more important, is the results of studies the authors 
have made for various initial system sizes, interconnection dis- 
tances, and forced-outage rates. These results, plotted in Figs. 
7, 8, 12, and 14 through 21, inclusive, make this paper a useful 
reference for those concerned with the selection of optimum unit 
size, and it is with this thought in mind that the following com- 

ments are made: 

The term “unit size expansion pattern,’’ expressed in per cent, 
is defined as ratio of the size of the new unit to the installed capac- 
ity of the system after the addition of the new unit. It is not 
clear, however, whether ‘unit size’ and “system capacity”’ refer 
to turbine-generator rating, maximum gross generation, or net 
generation after auxiliary power has been accounted for. 

In systems involving hydro, nuclear, binary fluid, er other gen- 
erating capacity which are loaded preferentially for a major por- 
tion of the life of the equipment, it may be necessary to adjust the 
system-load-duration curve to that applying to steam generation 
only. 

Fig. 4 shows investment cost in dollars per kilowatt as a func- 
tion of unit size. It is recognized that investment cost for a given 
size unit will vary somewhat from system to system, owing to 
differences in fuel fired, fuel cost, fixed-charge rate, expected 
capacity factor, and plant location, among other variables. Plant 
costs also are affected by decisions which must be made during the 
selection of equipment which reflect the degree of availability de- 
sired and are, therefore, directly related to the degree of availa- 
bility used in the probability calculations. It would be of inter- 
est, however, particularly to one programming the method for 
solution by a computer, to know whether these investment costs 
are based on nameplate rating, maximum gross generation, or net 
generation after accounting for auxiliary power. 

It appears that annual fuel costs are based on a loading sched- 
ule wherein sufficient units are operated at full load to carry the 
system load, and that all reserve generating capacity is carried 
by units operating at negligible load, thus eliminating the need 
for partial-load heat rates. This method of carrying reserve 
generating capacity may not always be possible or economical on 
all systems. In modern unit-type installations, it is usually not 
feasible to operate a machine below 30 per cent capacity if it is to 
develop full capacity on short notice. 

The results and conclusions which have been presented all 
appear to be based on a system load which doubles every 10 
years, and on fuel costs of 30 cents per MM Btu for the inter- 
connected areas and 25 cents per MM Btu for the single inte- 
grated system. Since the rate of load growth and fuel cost for a 
given system may differ considerably from these values, it would 
be of interest to know if the authors have made further studies 
to determine what effect a change in the foregoing values would 
have on the economic unit-size expansion pattern. 


M. J. Steinberg.'! This paper describes a method for de- 
termining the economic size of turbine-generator units as addi- 
tions to an electric system, based on assumed patterns of ex- 
pansion. The paper is essentially a duplication of two previous 
papers'® '? presented by the authors and associates under the 
sponsorship of the American Institute of Electrical Engineers. 
These papers were discussed fully by the writer and others, 


1! Division Engineer, Consolidated Edison Company of N. Y., 


Inc. Mem. ASME. 
12*An Investigation of the Economic Size of Steam-Electric Gen- 
erating Units,”’ by L. K. Kirchmayer, A. G. Mellor, J. F. O’Mara, and 
J. R. Stevenson, Trans. AI EE, vol. 74, part 3, 1955, pp. 600-614. 
18The Effect of Interconnections on Economic Generation Ex- 
pansion Patterns,”” by L. K. Kirchmayer, A. G. Mellor, and H. 0. 
Simmons, Jr., Trans. AIEE, vol. 76, part 3, 1957, pp. 203-214. 
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and since the papers and discussions thereon are available 
in the Transactions of that society, no purpose would be fulfilled 
by repetition herein. It is believed, therefore, that a better pur- 
pose would be served by amplification of some of the factors pre- 
sented in the paper. 
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The problem of determining the economic unit size to be added 
is common to all systems with potential peak-load growth. Dur- 
ing the past 30-35 years, the industry has resorted to the addition 
of larger size units, keeping pace with the advancement of the 
art of design. Two factors justified this policy. 


1 The differential unit investment per kilotwatt of capacity in 
favor of the larger units. 

2 Improvement in thermal performance by the introduction 
of regenerative feedwater heating, reheat, and elevation of initial 
steam pressures and temperatures. 


The addition of larger size units affects the system in two ways: 
First is the requirement for installed reserve capacity. Regard- 
less of the basis for establishing reserve-capacity requirements, it 
is a fact that the larger units will require a greater margin above 
peak load for reserves. This can perhaps be visualized better by 
reference to Fig. 22 which relates unit size and number of unit 
additions to the objective reserve requirements, based on a 
standard of service reliability as measured by the average dura- 
tion of loss of load of 1 day in 7 years. One characteristic to be 
noted is the rise in reserve-capacity requirement during the early 
period of expansion, a condition which is aggravated as the size 
of the unit additions is increased. Another view is presented in 
Fig. 23 hereof, which shows reserve-capacity requirements as a 
function of unit size, number of units, and peak-load capability. 
From this curve it is seen that, as the unit size is increased, the 
total number of units decreases, but the total installed-capacity 
requirement increases. Thus for a peak load of 9,000 mw, the 
following is obtained: 


180 250 560 


Unit size, mw....... 
Number of unit addi- 
34 2é 12 
Total capacity addi- 
tions,mw........ 6120 6300 


6400 6720 


It is obvious from the foregoing that the larger size units must 
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have a favorable unit investment differential if they are to be 
justified economically. The authors give recognition to this fact 
in conclusion 2 of their paper but without adequate emphasis. 

With respect to the effect of unit size on production expenses, 
Fig. 6 of the paper indicates no gain in heat rate for units above 
200 mw. However, even under this assumption, production ex- 
penses should decrease with unit size. In a recent paper's it was 
indicated that over a 50-year study period, the annual capacity 
factors of the initial unit of the expansion program was not af- 
fected materially by unit size. With equal capacity factors and 
availabilities, annual generation will be proportional to unit size, 
tending toward reduction in production expenses. Our own 
studies" indicate that savings in fixed charges on differential in- 
vestments far outweigh the annual savings in production ex- 
penses with increase in unit size, the ratio being roughly 85/15 
per cent. Again, if no price differential in favor of the larger size 
units exists, there is no incentive to increase the size of the unit 
addition. 

Another factor needs to be considered which is not specifically 
mentioned in the paper. We refer to the cost of providing operat- 
ing capacity as spinning reserve against the loss of the largest unit 
on the system. Our point can best be illustrated by a specific 
example, making use of Figs. 4 and 5 of the paper. Consider a 
200-mw and 400-mw unit. Then from Fig. 4, a price differential 
of $130-$118, or $12 per kw, exists in favor of the 400-mw unit. 
Fig. 5 indicates an operating cost ranging from $2 to $15 per kw 
per yr. This is shown as a function of unit size, but many sys- 
tems still retain less efficient capacity for emergency use and to 
provide operating reserves, with costs in this range. If an inter- 
mediate cost of $6 per kw per yr is used with 12.5 per cent as the 
annual fixed-charge rate, then the 400-mw unit would have charged 
against it a price differential of $24 per kw above that for the 200- 
mw unit. This is derived as follows: 


(200,000 kw X $6/kw/yr)/(0.125 X 400,000 kw) 


= $24 per kw 


To what extent this item has been evaluated by the authors is not 
indicated in the paper. 

With respect to the effect of interconnections, the results il- 
lustrated by Fig. 14 of the paper conform with results obtained by 
us. It should be noted that a tie capacity equal to 9 per cent of 
combined system capacity is shown to permit complete pooling 
when the largest unit of the combined system is 10 per cent of the 
system capacity. On a rule-of-thumb basis it may be stated that 
an interconnection matching the capacity of the largest unit in 
the interconnected systems will permit substantially complete 
pooling of reserves, thereby defining the maximum limit for this 
purpose. 

In conclusion, the paper presents a method of approach 


14“Pvaluation of Unit Capacity Additions,” by M. J. Steinberg 
and V. M. Cook, Trans. AIEE, vol. 75, part 3, 1956, pp. 169-179. 
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which should prove of value to the industry, even though it may 
be necessary to introduce modifications in its application in light 
of actual conditions which may exist in a specific system. 


Authors’ Closure 


The authors wish to thank the various discussers for bringing 
up several very interesting points. 

We wish to emphasize that our objective in this paper was to 
present a method of evaluating alternate patterns of system 
expansion on a consistent basis rather than present results that 
could be applied to a particular power system. The optimum 
expansion pattern for a particular system must be determined by 
a detailed study of that system based on the applicable system 
data and assumptions. 

Mr. Halperin has made some interesting observations of al- 
ternate methods of appraising certain factors and we have noted 
with interest his treatment of these factors in his recent AIEE 
paper. In regard to the matter of tie-line reliability, various 
line outage rates up to '/2 per cent were explored and it was 
found that line outage rates within this range had only a very 
minor effect on the general conclusions. The method used by 
the authors allows maintenance and unit limitations to be treated 
in a manner similar to that suggested by Mr. Halperin. As a 
simplification for purposes of this study, the variation in system 
week-day peak load throughout the year was assumed to be a 
straight line from 100 to 80 per cent. 

We have the following comments on several of the points 
raised by Messrs. Hopkins and Whelan. The term “unit 
size’ as used in this paper is the net output of the unit to the 
system after deducting the unit auxiliary power requirements. 
The investment cost figures used were based on the net output 
of the unit to the system. We appreciate that investment cost 
figures will vary considerably throughout the country; however, 
we wish to point out that the important consideration in these 
studies was the shape of the curve of dollars per kw versus size 
rather than the absolute values of the unit cost figures. 

In regard to variation in fuel costs, we have not fully explored 
this point, but we feel that since only the differences in total 
fuel cost due to differentials in heat rates between units enter 
into the cost comparison, the general conclusions would not be 
greatly affected by a considerable change in fuel-cost level. 

We agree with Mr. Steinberg that the savings in production 
expenses by using larger generating units are usually much smaller 
than the savings in fixed charges per kilowatt on the investment. 
This supports our conclusion that if there is no saving in dollars 
per kw of investment with increases in unit size, there will be 
little incentive to use the larger units. 

In regard to the cost of the extra capacity required when using 
larger units, we have included fixed charges and operating and 
maintenance costs of the reserve capacity. However, the fuel 


cost of units on spinning reserve at very light load was neglecte d. 
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waves in place of the pistons. These schemes include the valved 


By ARTHUR W. GOLDSTEIN,' J. F. KLAPPROTH,? anno MELVIN J. HARTMANN? 


poe rise and flow capacity of valved combustors are esti- 


mated, and engine power and efficiency are calculated using 
valved-combustor characteristics with and without regenerators 
for stationary power turbines and for turbojet and ramjet en- 
gines. Results are compared with those from similar engines 
using unvalved combustors. 


Summary 

Tue over-all performance of a simple-type valved combustor 
is calculated by the method of characteristics. 

The ideal efficiency and power output of gas turbine engines 
utilizing valved combustors would be substantially improved 
over those utilizing constant-pressure combustors. 

A cycle analysis was also made to determine the suitability of 
the valved combustors to various aircraft engine types. The 
analysis indicates that high-speed (to Mach 2.0) turbojet engines 
with valved combustors would show an improvement in fuel con- 
sumption, but that at low compressor pressure ratio, the burner 
would reduce the power output. At compressor ratio about 9, the 
thrust is also improved. The valved combustor in ramjet-type 
cycles develops a large potential take-off thrust as well as some 
improvement at design flight conditions. 

Developing this type of combustor would require the solution 
of new problems such as good combustion-chamber seals and, in 
engines with uncooled exhaust valves and turbine blades, a 
method for efficient combustion with lean mixtures. 


Introduction 

Piston engines operate on thermodynamic cycles that have an 
advantage over the cycle employed by gas turbines in that burn- 
ing at constant volume produces a pressure rise available for work 
output without compression work input. An inherent disad- 
vantage of the piston engine is that exhaust occurs at a pressure 
higher than intake value, and energy is thereby wasted. The 
gas turbine, in contrast, exhausts at the induction pressure. A 
combination cycle using both the explosive pressure rise and the 
expansion to initial pressure is, therefore, the aim of a number of 
heat engines proposed in the past, such as the Holzwarth ex- 
plosion gas turbine, the free-piston gas generator, and the com- 
pound engines (1 and 2). Engines incorporating reciprocating 
components have comparatively low flow-handling capacities and 
low power output per pound or cubic foot of engine. In addition, 
the reciprocating mechanisms and valves introduce considerable 
mechanical complexities and high frictional losses. Furthermore, 
considerable pressure may be lost in the flow over the valves. 

An alternative approach to pressure rise resulting from con- 
stant-volume combustion is the use of controlled compression 


1 National Advisory Committee for Aeronautics, Cleveland, Ohio. 

2 General Electric Company, Cincinnati, Ohio. 

3 Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Contributed by the Gas Turbine Power Division and presented at 
a joint session of the Gas Turbine Power and Aviation Divisions at 
the Annual Meeting, New York, N. Y., December 1-6, 1957, of Tux 
AMERICAN Society OF MECHANICAL ENGINEERS. 
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and unvalved pulsejets. The experimental performance of single- 
valved pulsejets has not approached ideal values based on in- 
stantaneous combustion (3). The flow escaping during the finite 
burning time has resulted in peak pressures significantly below the 
theoretical values (4). Valves on both ends of the chamber to 
allow time for combustion at a constant volume are described in 
references (5 and 6). The pressures developed and the flow 
handling capacities have been low (6 to 8) because the equipment 
and cycles used permitted large leakage losses from the combus- 
tion tubes and unsteady inflow and outflow from the combustors. 
Thus the combustor was not well-adapted for use in combination 
with steady flow inlets, compressors, turbines, or nozzles. 

The engines to be discussed in this report embody improve- 
ments which are aimed at overcoming the difficulties evidenced in 
the experiments of references (5, 6, and 8). The inlet and outlet 
valves to the combustor considered may be timed such that the 
pressure waves are confined to the combustor. Thus all other 
components (supercharging compressor, drive turbine, inlet, and 
exhaust nozzle) would not suffer deleterious effects on their per- 
formance from the time-unsteady flow. Sufficient guidance must 
be given the flow to reduce losses arising from crossflows in the 
regions between the valves. The pressure rise obtained during 
the combustion process results in a net gain in turbine-inlet pres- 
sure without shaft work and thus results in improved efficiency 
of gas-turbine engines. The air-handling capacity of the valved 
combustor is improved by utilizing the supercharging effect of a — 
compressor ahead of the combustor. The special requirements for 


sidered in this report. The following items are discussed: 


a Configurations of engines employing valved combustors. 

6 Investigation of the ideal performance of valved combustors 
utilizing time-steady and near-uniform inlet and outlet flows. 

c Ideal efficiency and power of several engine types by utiliz- — 
ing valved combustors over a wide range of operating conditions, 


obtaining the optimum performance of all components are con- 


Nomenclature 
The following nomenclature is used in the paper: 


A, cross-sectional area of a single combustion chamber : 

sonic speed of gas 7 

width of a single combustion tube : 

specific heat at constant pressure : 

outer diameter of combustor bank 

ratio of time for a complete cycle to ¢,, 

length of combustion tube 

fraction of gas replaced by fresh charge in each cycle 

number of combustion tubes 

total pressure 

static pressure 

dimensionless heat input during combustion, specific heat 
input/c,7'o 

distance from axis of combustor bank 

stagnation temperature, deg R 

temperature (stagnation) of gas after picking up heat from 
regenerator 

time 


Ae 


3 
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tig = ignition delay time 
t,, = time for initial expansion wave to travel combustion-tube 
length (¢,, = l/a,,) 
W = dimensionless net work, net specific work/c,7> 
w = rate of flow of gas through engine, mass per unit time 
zx = distance along axis of combustion tube 
Y. = ratio of specific heats (air) 
Y, = ratio of specific heats (combustion products) 
nm = compressor or turbine efficiency or regenerator effective- 
ness 
@ = spiral angle of combustion tubes, deg 
p = gas density 
7 = dimensionless supercharging temperature rise, 
(T, — To)/To 


combustion products 
heat exchanger or regenerator 
inner boundary of combustion-tube bank 
combustion products immediately after combustion and 
before expansion 
conditions before combustion 
standard atmospheric conditions 
turbine 
t = outer boundary of combustion-tube bank 
th = thermal 
0 = compressor inlet 
1 
2 
3 


Subscripts 
a = air 
= compressor 
= cycle 


= compress: * discharge ag 
= turbine inlet 
= turbine discharge = 


Description of Valved Combustor 


The valved combustor in its simplest form is described in ref- 
erences (5, 6, and 9), and its essential features are shown in Fig. 1. 
It consists of a bank of combustion tubes disposed with axes on a 
cylindrical surface. The open ends of the tubes are alternately 
opened and closed by valves that pass by the open ends as the 
rotor that bears them rotates. Operation of the combustion tubes 
is illustrated in Fig. 2. 

When both ends of the tube are covered, the charge in the tube 
explodes, and the exhaust end of the tube opens and permits the 
high-pressure gas to escape. When the pressure has dropped 
sufficiently at the intake end, that valve opens and admits a fresh 
charge. The pressure at the intake end is reduced below that at 
the discharge end because of the inertial effect of the discharging 
gas, which is being slowed. 

When the combustion tube is recharged, the discharge valve 
closes, and the inertia of the incoming charge being stopped causes 
a compression prior to combustion. The inlet valve is closed be- 
fore this precompression leaks from the inlet end of the tube. 
Both valves are closed long enough for the combustion process to 
be completed. Fuel may be mixed with the incoming charge or 
sprayed directly into the combustion chambers. 

As the valves pass the ends of the tubes, each particular posi- 
tion on the rotor in the flow channel between adjacent valves on 
the inlet or outlet is confronted with different combustion tubes, 
each one of which is at the same phase of its cycle. Consequently, 
even though the flow in the combustion tubes is unsteady, the flow 
in the channels on the inlet and outlet rotors is steady. For ex- 
ample, the first passage element on the exhaust side following the 
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valve is always conducting gas from a tube that has just opened 
and begun to empty. 

Because of the steady flow and the simple geometric configura- 
tion, the valved combustor is well adapted for incorporation in 
the gas turbine. Inlet and outlet valve rotors are mounted on the 
same shaft. The air-handling capacity of such an engine may be 
improved by supercharging the incoming air to higher pressure. 
This precompression also improves the cycle efficiency. The 
flow channels between adjacent valves on each rotor may contain 
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Fig. 1 Valved combustor showing rotary inlet and outlet valves 
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Fig. 2 Schematic diagram of valved combustor showing progress of 
cycle through channel 
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Fig. 3 Common rotor for compressor, turbine, and combustor valves 
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blades, which on the inlet side will serve as compressor blades and 
on the outlet end as turbine blades, see Fig. 3. The additional 
compressor and turbine stages can be mounted on the same shaft 
as the valve rotor, see Fig. 3. Alternatively, the rotor mounting 
the valves can be driven separately if a slower speed is desired, al- 
though it can be mounted concentrically with the main shaft, Fig. 
4. This valve rotor requires a very small amount of power since 
all that is required is a drive for positioning the valves, which do 
no work. 

All the configurations described deliver high-pressure, high- 
temperature gas for use in a jet nozzle or in a power turbine. If 
regeneration is employed, the regenerator would be installed be- 
tween the last stage of supercharging and the inlet valve rotor. 
Gas discharged from the power turbine would be used to supply 
the heat. If the regenerator is mounted off-axis and a slow-speed 
valve rotor is desired, the regenerator, valving, and combustion 
chamber could also be separately mounted off-axis with respect 
to the supercharging compressor and its driving turbine, see Fig. 5. 

A combustor of the valved type is also suitable in a ramjet en- 
gine. The configuration is simple (Fig. 6) and would provide 
take-off thrust with no penalty in air-handling capacity at high 
flight speeds. 
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Fig. 4 Separate rotors for combustor valves and compressor 
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Fig. 5 Gas turbine with valved combustor and regenerator 
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This investigation does not include more complex combustors 
which may prove to be more effective for certain applications. 
For example, if the combustor is to be completely purged in each 
cycle, then a special low-pressure discharge is required to com- 
plete this process. The simple system was selected for study be- 
cause of the simple mechanical design of the engine components 
and the relatively simple calculation of flow in the combustor. 


Analysis of Valved-Combustor Performance 


The solutions of time-unsteady flow problems require the use of 
the method of characteristics. Such solutions have been used in 
references (10 to 12) to calculate the performance of various de- 
vices in which the flow phenomenon is similar to that in the 
valved combustor. 

Operation of the valved combustor depends on many assumed 
design variables such as the state of the inflowing gas and the 
timing of the valves. By calculating many cycles it is possible to 
select optimum operating conditions and to judge thereby the 
limiting potentialities of engines employing such valved combus- 
tors. 


Assumptions 


For calculating the state and velocity of the gas in the combus- 
tion chamber as functions of position in the chamber and time, 
the physical situation was first simplified by idealizing the process 
and gas state. The mathematics was simplified further by ap- 
proximations to the more complicated calculations, and by reduc- 
tion of the detail or number of points that were determined. 

First, it is assumed that the ratio of the cross-sectional dimen- 
sions of the combustion tube to its length is so small that the flow 
can be accurately characterized as a one-dimensional time-un- 
steady flow. Second, it is assumed that no heat transfer to or 
from any gas element takes place other than the heat addition 
resulting from the explosion. Third, all the compression waves 
are assumed weak enough to neglect the internal shock losses. As 
a consequence, all processes other than the explosion give rise to 
isentropic changes of state for all elements of the gas. The ex- 
plosion process is also assumed to mix completely the gas in the 
chamber at the time, so that the contents are uniform even 
though only part of the charge is induced as a combustible mix- 
ture. Since the explosion process affects only the dead time (period 
during which inlet and discharge valves are both closed), it has 
no effect on engine efficiency; only the air-handling capacity of 
the engine is affected. 


Characteristics of Wave System 
The idealized flow characteristics are illustrated in Fig. 7, which 
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Fig. 7 Characteristic diagram for flow in valved combustor 
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is a time-distance diagram of the typical wave system for one 
stream tube in a combustion chamber. Because of the uniform 
passage of the valves past the tubes with time, the time co- 
ordinate may also be considered to be a space co-ordinate ex- 
pressing the distance from one combustion tube to another. At 
time ¢ = 0, the exploded charge is assumed at rest and homogene- 
ously mixed, and the outlet valve is opened. There is an imme- 
diate drop in pressure at the discharge end (z = 1) at time t = 0. 
As time progresses, the pressure drop travels toward the inlet end 
of the tube (z = 0), as indicated by the expansion wave, the head 
of which travels from z = 1,t = Otoz = 0,t = ¢,, and the tail of 
which travels at a slower speed. Methods for finding the speed 
of this wave and the variation of gas velocity and state through 
the wave are explained in detail in reference (13). 

At the inlet side, the pressure is constant until ¢ = ¢,,, then it 
drops off until it reaches a value equal to that of the incoming 
charge, at which time (point D) the valve opens and admits 
fresh charge. The incoming charge has an initial velocity of zero, 
but is accelerated as the pressure at the combustor entrance drops. 
The contact surface between the hot gas and fresh charge travels 
on the path DEB,B:. At the discharge side (x = 1), the pressure 
drops during the first expansion at ¢ = 0, but the flow and pres- 
sure remain constant until the reflected wave reaches the dis- 
charge port at A;. From this time on, the velocity drops in a 
manner that depends on the imposed conditions. In this analysis 
constant pressure and consequent compression waves A,B,CF and 
A:B.CF are assumed. When these impinge on the inlet side, the 
valve there is closed at F or somewhat earlier. The dis- 
charge valve is assumed to be closed when the velocity is reduced 
to '/, the initial value. 

To investigate the effect of various cycle parameters on com- 
bustor performance, various values were assumed for the peak 
pressure, peak temperature, expansion pressure, incoming stag- 
nation and static pressures, and stagnation temperature. One of 
these quantities, such as the influx temperature, must be adjusted 
until the caleulated mass influx is equal to the mass efflux for 
each cycle. For exhaust expansion ratios of 0.45 and higher, a sim- 
plified system of analysis was used with each wave divided into 
only two parts. 

The results of the calculations are plotted in Fig. 8 which 
shows that optimum cycle performance is obtained at an expan- 
sion ratio of 0.3, for which value the discharge flow is at Mach 1.0. 
The new charge is, in this case, about 70 per cent of the entire 
contents of each tube; it is the increase of this percentage with 
discharge Mach number which permits a closer approximation 
to a constant volume combustion process, and the increase in 
cycle pressure ratio. 

The pressure-rise is the primary new ingredient in engine 
efficiency and power calculations which will be made in the 
next section. Additionally, the cycle time estimate is also re- 
quired for calculations of power output of engines using valved 
combustors. It is therefore important to point out that these 
formulas apply only to the wave pattern assumed and depend on 
assumptions of no mass leakage and the one-dimensional, isen- 
tropic, adiabatic character of the wave pattern in the hot and 
cold gases in the combustor. 


Valve Timing 

The result of these calculations of the combustion-chamber 
characteristics is that an optimum set of conditions has been de- 
termined for valved combustors, and the basic properties required 
for estimates of the performance of engines incorporating these 
combustors have been calculated. To complete the over-all pic- 
ture, the flow capacity of such combustors has yet to be estimated, 
and this is done subsequently. For design of a particular engine, 
valve timing is required. 
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Fig. 8 Performance characteristics of valved combustor 
Exhaust valve closing time is approximately constant at 2.0 ¢,, 
for all temperature ratios and expansion ratios, whereas the 
closing of the inlet valve varies somewhat with expansion ratio. 
Values obtained from the wave diagrams are shown in the table: 


Initial expansion 
pressure ratio 0.30 0.35 0.40 
Closing time ex- 
haust valve 2.18 1.90 2.03 
Closing time inlet 
valve 4.56 + 0.07 4.04 + 0.04 3.95 + 0.09 


The time of opening of the inlet valve depends on both the initial 
expansion ratio and the temperature ratio. If the initial expan- 

sion is p2/P,,, the sonic speed ratio is a2/a,, = (p2/P,,) 27 , the 
exhausting Mach number is then 


te’ 


and the exhaust stagnation pressure P; is then related to the 
maximum cycle pressure P,, by 


(= 


The inlet stagnation pressure P, is then related to maximum pres- _ 
sure by 
Ps P2/P; 


The inlet valve is opened at the time when the pressure on that 
valve is equal to the inlet total pressure. The opening time is— 
then obtainable from the approximation ; 


y+1 
) [2.5u 1.5u] 


where 


This relationship between ¢/t,, and P,/P,, is plotted in Fig. 9. 
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To ensure obtaining the desired wave system in the burner, it 
is required that sufficient engine controls be available. If the 
valves are mounted on the same rotor as the compressor and tur- 
bine, then the controls normally available will be the fuel input 
and the exhaust-nozzle area. The wave system in any burner 
with a particular valve placement is determined completely by 
the imposed ratio of rotor speed to maximum sonic speed U/a,, 
and the imposed pressure ratio P;/P,. Thus the number of en- 
gine controls is sufficient to adjust the wave system to the desired 
configuration. 


Combustor Tube Width and Rotor Speed 


The combustor tube width is limited by several considerations. 
The width-length ratio must be large enough to avoid excessive 
surface-friction losses. On the other hand, the wave diagrams are 
based on the assumption that there is a sufficiently small tube 
width so that one-dimensional flows result. Although failure to 
meet the calculation assumptions may not be a serious drawback 
for good performance, crossflows and excessive leakage of gas 
may impair actual performance. If ney is the number of tubes in 
one cycle, b the width of the tube, and K the ratio of complete 
cycle time to the time for the first rarefaction wave to traverse 

4 
Thus the rotor speed can, within wide limits, be used to obtain a 
satisfactory relation between the required minimum number of 
tubes ney and the required minimum width-length ratio 6/l. 

For example, shock tube design indicates that losses are not 
excessive if b/l > 1/50. If it is also estimated from the wave dia- 
grams that a minimum of 20 tubes per cycle is required, then a 


, then 


the tube (k= 


2000 
minimum speed of U,, ~ 50 x 7 160 feet per second is re- 


quired. This minimum design speed may be reduced with smaller 
b/l or less tubes per cycle. 


Air-Handling Capacity 

Where supercharging of the engine is small, the valved combus- 
tor will limit the flow, whereas in highly supercharged engines the 
flow is limitea elsewhere. 

To complete the over-all description of the performance of the 
valved combustor, the air-handling capacity must be estimated. 
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The internal airflow is not steady, but the flow approaching and 
the flow leaving are both essentially steady. 

If A, is the cross-sectional area of a single tube and / its length, 
then its volume is /A,. The mass of gas contained in a single tube 
is p,,lA,, so that the flow per cycle for each tube is p,,lA,m, where 
m is the fraction of mass replaced by fresh gas for each cycle. If 
the tube is inclined at an angle @ with respect to the axis of the 
machine and the number of tubes is n, then the total area nA, is 
equal to that at the inlet of the combustor 


md? 


- cos 6 
© 


where d is the tip diameter of the combustor and r,/r, is the hub- 
to-tip radius ratio. 

Let K be the ratio of complete cycle time to the time for the 
first rarefaction wave to traverse the tube 


Then flow per unit time for one tube is ——— and for 
Kl/a,, 


tubes the airflow per unit time is 


w=n K 4 
The factor K is estimated as follows: The time for closure of the 
inlet valve varies from 3.95t,, to 4.56¢,,. Allowing an additional 
time of 1.0¢,, for the explosion wave to travel from the inlet to the 
outlet face gives minimum cycle times varying between 4.95 and 
5.56. A further allowance for the ignition delay time ¢,;, is re- 
quired, so that 


should be sufficiently accurate for mass-flow estimates, although 
for valve timing a more accurate estimate could be made. Actu- 
ally, a good cycle is insured, with some reduction in flow ca- 
pacity, by allowing some additional time for combustion to be 
completed. From the wave solutions, m = 0.64 for p:/P,, = 0.4, 
m = 0.70 for p:/P,, = 0.3. The product p,,,, for conditions 
after explosion is found by isentropic expansion to the exhaust 
stagnation condition. For p:/P,, = 0.4 and 0.3, p,,a,,/psa2 = 
1.660 and 1.701 respectively 


In the engine performance estimates, a lower limiting value of 
r,/t, = 0.5 is assumed with 6 = 0. Because the valves reduce the 
effective flow area, the air handling capacity of this type of com- 
bustor is substantially less than that of the unvalved combustor. 
A quantitative comparison will be made in another section after _ 
the engine installation requirements have been indicated. 


Characteristics of Engines Using Valved Combustors 


Thermodynamic Characteristics 


When the valved combustor is installed in a gas-turbine engine 
that delivers either shaft power or jet thrust, the additional pres- 


5 ; 
— K = 5.7 + te’ (= = 03) 
\ 
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sure developed prov ides additional power without compressor 
shaft power. Consequently, even when the pressure rise is small, 
it provides a large power increment. For a gas-turbine engine 
delivering shaft power with exhaust pressure equal to intake pres- 
sure, the dimensionless net work per pound of air is 


W Net work 


where 
Y, ratio of specific heats for air, 1.4 
‘Y, ratio of specific heats for hot gas, 1.3 
1.938 


Temperature rise in the compressor is determined by 


‘i 


1 + ner = ( 


and temperature drop in the turbine by no 
gal 


P, 


T: — T: = 


Dimensionless heat input by the fuel is obtained from iid 


> 


T. 


and thermal efficiency from 


ja 

qd 

A gain in the work output W is evident in the equation, which in- 

dicates that the gain results from an effectively higher pressure 

ratio for which no work is required in the compressor. No change 

in heat input is required. The gain in efficiency of valved combus- 

tion over unvalved combustion is greatest at low supercharging 
pressure ratios. 

In solving these equations, a fixed valve is assumed for 72/7, 
the allowable turbine gas temperature. Then for any particular 
compressor pressure ratio P,;/Po, values of r and 7:/T; may be 
found, and from Fig. 8 the combustor pressure ratio is obtained 
and the solution continued. When heat regeneration is used, 
the compressor discharge temperature 7, is increased before 
entry into the combustor at 7,’ by an amount that depends 
on the temperature discharged from the turbine 


Ti’ — Ty = — 1) 


where 7, is the heat-exchanger effectiveness. An iteration pro- 
cedure is required in this case. 

In the case of a high-speed jet engine, P; is obtained by equating 
the compressor and turbine specific work terms, and the initial 
ram pressure has a great effect. If the ram-pressure ratio is high, 
the nozzle expansion ratio is also high, and the velocity of the jet 
will approach the limiting value set by the exhaust stagnation 
temperature. In these circumstances, the combustor pressure 
rise cannot add appreciably to the jet velocity and the effect will 
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On the basis of a rough estimate of the losses, the cy a with 
valve timing for an expansion ratio of 0.3 would develop pressure 


be small. 
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Fig. 10 Performance of gas-turbine engines with valved and 
unvalved combustors 


rises in the neighborhood of the curve for an ideal cycle of 0.4 
expansion ratio. Therefore this curve is regarded as basic for more 
realistic estimates of engine performance. The ideal performance 
for expansion ratio of 0.3 is also estimated in each case to make 
possible an estimate of the effect of burner loss on engine per- 
formance. 

Figs. 10(A and B) show the calculated thermodynamic ef- 
ficiency of shaft power delivery of gas turbines as a function of the 
work output per unit of engine frontal area, and for two turbine 
temperatures. These curves were estimated with assumed com- 
pressor and turbine efficiencies of 0.85. 

Improved efficiency is obtained for any engine pressure ratio 
when the valved combustor is used. With a compressor pressure 
ratio of 12.0, the engine with a valved combustor attains an ef- 
ficiency of 36.5 per cent at 1500 F and 39 per cent at 1700 F, 
whereas the calculations for the engine with a constant-pressure 
combustor indicate comparable efficiencies of 29.5 and 32 per 
cent, respectively. For simple engine (pressure ratio, 2.0, re- 
quiring only a few compressor stages) the calculated thermal 
efficiency is increased from 12 to 24 per cent by application of the 
valved combustors. Increasing the operating temperature from 
1500 to 1700 F improves both the efficiency and energy output 
per pound of air. The increased turbine temperature permits a 
higher temperature ratio over the combustor and a greater pres- 
sure rise takes place during the combustion process. Thus cooled 
turbines may be a worthy development in that they would permit 
higher operating temperature, more power output, and high 
efficiency. 

Power developed by the engines may be calculated from the 
specific work and airflow capacity. Conventional combustors 
are designed for a reference flow velocity of about 150 ft per sec 
based on frontal area. The maximum flow area available is about 
three-fourths the frontal area of the whole combustor. In any 
gas turbine, another critical flow region is at the exhaust of 
the power turbine where the gas density is lowest. A generous 
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allotment of flow capacity there is 30 Ib per sec per sq ft based on. 


correction to standard air conditions. (This corresponds to an 
axial Mach number of 0.59 and a radius ratio of 0.5.) That is 


Frontal area \ 1 
For engines with valved combustors, two possibilities will be 
considered. First, the combustor valve rotors may be motivated 
at slow speed separately from the main rotors, so that cos 9 = 
1.0 and no pressure-rise requirement limits r,/r,, which may be 
assumed to be 0.5. This gives a high-flow combustor. Second, 
the valve rotors could be mounted on the same shaft as the main 
rotors so that cos @ is reduced and r,/r, is increased to equalize the 
work input. The amount of flow reduction will depend on com- 
promises with other engine characteristics and no general rule 
can be given. For these calculations, the low-flow combustor was 
arbitrarily assumed to pass 34 per cent of the flow possible in the 
high-flow combustor. No reduction was allowed for ignition de- 
lay since development of preignition methods could eliminate the 
effect on cycle period. 
The equation for weight flow capacity for the high flow combus- 
tor then reduces to 
x uss 2 
4 P, 
2 


and 
~ 4 \ 7; 


for initial pressure expansions of 0.4 and 0.3, respectively. This is 
about '/; the capacity of the constant pressure combustor for 1700 
F discharge temperature. 

The turbine discharge flow limitation is, however, even more 
restrictive than that of the valved combustor for compressor 
pressure ratios of 1.5 or greater. Thus in practice the low flow 
capacity of the valved combustor does not require larger diame- 
ters than is already required by the turbine. 

The product of the maximum weight flows and the specific 
work output was used to calculate the limiting power outputs 
shown in Figs. 11(A and B). When considering an engine with 
constant-pressure burning, the weight-flow limit is imposed by 
the final turbine stage. The same stage limits the engine with the 
high-flow valved combustor, and the flow rate determined is 
slightly higher because of the lower temperature. The power ob- 
tainable from engines which use valved combustors is much 
greater because of the higher specific work extracted from the gas. 
With the low-flow valved combustor (flow was reduced by two- 
thirds because of ignition delay or because of a design adapted for 
compression in the valve rotor) the valved combustor limits the 
flow and power output at compressor pressure ratios less than 6.0. 
In this pressure-ratio region the higher specifie work output of the 
engine with valved combustor results in a much larger power out- 
put (up to 45 per cent more power). In addition the fuel con- 
sumption is reduced as much as '/, with substantial fuel savings 
at even lower pressure ratios. Thus at a pressure ratio of 2.0, 
about half the fuel is used. 

A cycle with regeneration will show improved efficiency for en- 
gines with either type of combustor, although the improvement 
for the engine with the valved combustor can be expected to be 
less because regenerative heating will reduce the combustor tem- 
perature ratio and, consequently, also the combustor pressure 
rise. An estimate of the effect of regeneration is made with an 
assumed regenerator effectiveness of 60 per cent. 

The results of the calculations at turbine gas temperatures of 
1500 and 1700 F are summarized in Figs. 12(A and B), respec- 
tively, which show thermalefficiency as a function of supercharging 
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Fig. 11 Effect of regeneration on gas-turbine performance 
pressure ratio for gas-turbine engines with and without regenera- 
tion and using valved and unvalved combustors. As expected, 
the gains would be less from regeneration for the engine with 
valved combustors than for the engine with unvalved combustors, 
but, nevertheless, the calculated gains are substantial. At a 
pressure ratio of 2.0, a thermal efficiency of 32 per cent is caleu- 
lated at 1700 F, and at a ratio of 6.0, the efficiency is 43.5 per cent. 
The calculations indicate that an engine with the unvalved com- 
bustor would require 15 per cent more fuel since only an efficiency 
of 37.7 per cent could be attained. No substantial gain in 
efficiency would result from using compression ratios greater 
than 6.0 for either engine with regeneration. In all cases, the 
regenerator is a worth-while addition if the increased engine com- 
plexity is tolerable forthe application, 
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Fig. 12 Thrust ramjet engines with valved and unvalved combustors 
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High-Speed Jet Engines 


Turbojet. If the valved combustor were used in a turbojet, 
large gains would be expected at flight speeds of Mach 1.0 or 
lower. However, as previously pointed out, the gains may not 
be expected to be as large at high flight speeds. 

Calculations were made for a flight Mach number of 2.0 at 
80,000 ft, with a combustor discharge temperature of 1700 F, 
and a jet nozzle designed for full expansion to atmospheric pres- 
sure, but not larger than any other engine cross-section. 

At low pressure ratios the burner is the largest engine section, 
and at higher compressor pressure ratios the burner decreases in 
size because of the greater density of the gas it handles, and there- 
fore the inlet area is the largest engine section. At the low pres- 
sure ratios, the thrust per unit area increases almost directly with 
compression ratio; in the high pressure region, the thrust varies 
slightly and yields better fuel consumption at the expense of in- 
creasing the number of compressor stages and engine weight. 
The maximum thrust per unit area is obtained at the compression 
ratio for which the burner and inlet areas are equal. At a pres- 
sure ratio of 5, the constant pressure burner delivers maximum 
thrust, whereas the other engines are burner-limited. Thrust per 
unit of frontal area (F/A) and specific fuel consumption are 
compared in the table: 


P, = 5 
Burner F/A Sfe 
Constant pressure 287 0.97 
Valved, p;/Pm 0.4 185 0.89 
0.85 


Valved, = 0.3 233 


The engine with valved combustor shows some improvement in 
both maximum thrust and fuel consumption over the engine with 
constant pressure burner, but a heavy engine is required to do 
this. The higher flow capacity of the constant pressure burner 
provides an advantage for use in the low pressure ratio, light 
engine. If a slow drive is used for the burner valves, independent 
of the compressor drive, the burner flow capacity at low compres- 
sion ratios could be considerably increased to yield an engine with 
thrust equal to that of the conventional. 

Ramjet. The valved combustor can be considered to increase 
the discharge pressure of the ramjet engine. Such an engine is 
shown in Fig. 6 and has been suggested in one form or another in 
references (5 and 9). The principal advantage to be obtained 
from the use of a valved combustor would be the thrust that could 
be developed for use at take-off; the conventional ramjet engine 
develops no thrust. 

The thrust of ramjet engines with conventional combustors and 
also with high-flow valved combustors having previously estimated 
characteristics is shown in Fig. 12 for an altitude of 80,000 ft 
and a combustor discharge temperature of 3500 R for a range of 
flight speeds. No nozzle loss is assumed for either the valved 
combustor or conventional ramjet, but an inlet loss was esti- 
mated. Engine frontal area was assumed to be either the inlet or 
combustor frontal area, whichever was larger. The jet nozzle 
was assumed to be either larger than the inlet nozzle and operating 
critically, or equal in size to the inlet nozzle. The conventional 
ramjet combustor size was estimated assuming an average gas ve- 
locity limit of 150 ft per sec based on the entire combustor fron- 
tal area. If this gas velocity could be increased, the perform- 
ance of the engine with the unvalved combustor could be in- 
creased only in the low-flight-speed range where the combustor 
is the largest component. 

For all flight Mach numbers, calculations indicate the valved 
ramjet engine would develop more thrust than the conven- 
tional ramjet. The possible gain in thrust available with the 
valved combustor over the unvalved combustor is largest in the 
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Fig. 13 Types of ramjet engines with valved combustors designed for 
various flight speeds 


region of flight speeds of about Mach 3.4. The combustor area 
would be the largest component up to flight Mach numbers of 
about 3.4 for the valved combustor, and for the unvalved com- 
bustor it is largest for all flight speeds. 

As previously mentioned, the ramjet utilizing a valved com- 
bustor could develop considerable take-off thrust. The take-off 
thrust was estimated for a tailpipe temperature of 3500 R or a 
combustor temperature ratio of 6.7. The inlet and inlet throat 
were assumed bypassed by additional air inlets, as was the ex- 
panding section of the exhaust nozzle. <A possible inaccuracy in 
the calculations arises because the take-off condition is an off- 
design operating state for the combustor and the design point 
pressure rise was used. Even though the values of the take-off 
thrust may not be exact, the basic conclusion that a large take- 
off thrust is available can still be considered as reliable in view of 
the very large values estimated. Air intake relief ports are as- 
sumed to relieve the intake nozzle and exhaust nozzle at take-off. 

The computed take-off thrust is shown in Fig. 12(B) for the en- 
gines designed for an altitude of 80,000 ft and a combustor dis- 
charge temperature of 3500 R. The design thrust curve has been 
replotted from Fig. 12(A) for comparison. ‘The variation of take- 
off thrust with design flight speed results from the flow areas re- 
quired for the combustors, and nozzles, and is discussed subse- 
quently. Of interest is the design flight speed of Mach 3.4 where 
the indicated take-off thrust is about '/; higher than the thrust 
at design conditions. This would be sufficient for take-off without 
external boosting in some cases. At all flight conditions below the 
design speed, a valved-combustor ramjet would have greater 
thrust than the conventional ramjet. The ratio of design thrust 
to take-off thrust will depend on the design altitude since for any 
design altitude, the design thrust curve (Fig. 12) need only be 
corrected for the altitude pressure variation from the 80,000-ft 
level. The take-off curve will remain unchanged and will there- 
fore have a more favorable ratio for higher design altitudes. 

The broken character of the thrust curves results from the 
variation of the reference area upon which the thrust per unit 
area is calculated. At design flight speeds of less than 1.7 the 
exhaust nozzle is discharging critically and is larger than the inlet 
area, but smaller than the burner area [see Fig. 13(A)]. Above 
this flight speed the inlet area increases with Mach number to a 
larger size than the throat of the exhaust nozzle, but is less than 
the burner size for speeds of less than 3.4 Mach number [Fig. 
13(B)]. The exhaust nozzle area is then equal to the inlet area 
Above Mach 3.4 the inlet and discharge areas are equal to each 
other and greater than the burner area. The rise in thrust per 
unit area with increase in Mach number below 3.4 results from 
the increasing burner flow capacity because of the higher density 
of the air resulting from the ram compression. 

At take-off, the burner flow capacity is constant regardless of 
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design flight speed, since the intake air is at atmospheric pressure. 
Above design flight Mach number 3.4, the increasing inlet size with 
design Mach number reduces the thrust per unit of engine frontal 
area. 


Summary and Evaluation 


The major difficulties of explosion turbines that have been pro- 
posed in the past are the large size (low power output per unit 
volume) and the losses associated with valve friction or flow 
through poorly designed valves. In addition, pressure waves 
from the combustion chamber were permitted to affect the per- 
formance of other components of the unit. These problems have 
been given special consideration in the valved combustor de- 
scribed in this report. In fact, the design conditions considered 
have been limited to a set of wave diagrams which would result in 
time-steady flow into and out of the valved combustor. Thus 
it is expected that the valved combustor considered in this 
analysis could be combined with compressors, turbines, inlet or 
outlet, or coolers without affecting the performance of these com- 
ponents. Thus the cycle analysis in this report assumes that the 
other components operate equally as well with the valved combus- 
tor or the unvalved combustor. With these assumptions the 
analysis indicates that the use of valved combustors would in- 
crease the efficiency and unit power of gas-turbine engines. 

When the ideal performance characteristics of the burners were 
applied to cycle studies of a simple gas-turbine engine having a 
combination valve and _ single-stage compressor rotor that 
operates at a pressure ratio of 2.0, a thermal efficiency of about 24 
per cent was developed as compared with 12 per cent for the en- 
gine with a constant-pressure combustor. The power output is 
855 and 1000 horsepower per sq ft for 1500 and 1700 F, re- 
spectively. 

When a more complicated gas turbine was considered with 
supercharging to a pressure ratio of 12.0, thermal efficiencies of 39 
per cent at a turbine temperature of 1700 F and 36.5 per cent at 
1500 F were indicated. Corresponding engines using constant- 
pressure combustion develop 32 and 29.5 per cent, respectively. 
With a pressure ratio of 6.0 the valved-combustor engine was 
estimated to develop about 45 per cent more power per sq ft 
of frontal area than the engine with constant pressure burner. 
If cooled turbines are used with extremely high gas temperatures, 
the gains are even more substantial in all categories. 

With regeneration, the gain indicated with valved combustors 
was very substantial at low pressure ratios. For example, at a 
pressure ratio of 2.0 a thermal efficiency of 32 per cent was calcu- 
lated with a turbine temperature of 1700 F; and at a pressure 
ratio of 6.0 an efficiency of 44 per cent was obtained, whereas the 
engine with the unvalved combustor was only 37 per cent efficient. 

Possible gains in performance from the use of valved combus- 
tors in gas turbines may be translated directly to gains in turbojet 
engines at subsonic speeds. At a flight speed of Mach 2.0, the 
engine with valved combustor suffers in power output below a 
pressure ratio of 9.0 because of the small flow capacity, although 
fuel consumption is lower. Separate valve drive would improve 
the thrust to equal that of the conventional engine at the lower 
pressure ratios. At a pressure ratio of 9.0 the fuel consumption 
and thrust are both improved by roughly 10 per cent. Improve- 
ment of the ramjet engine lay mainly in the development of a 
take-off static thrust about 30 per cent greater than the thrust 
at 80,000 ft. There was also some indicated gain in design 
thrust for all flight Mach numbers. 

Several obvious development problems associated with valved 
combustors can be pointed out. In particular, work is required 
to develop an effective method for combustion with mixtures 
leaner than stoichiometric without excessive ignition delay. Ad- 
ditionally, a good method of sealing the chambers from leakage 
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may be needed as well as a combustion-chamber structure which 
can withstand the heat and pressure. A method is required for 
estimating operation at speeds, fuel inputs, and pressure outputs 


other than those for which the combustor is designed. oi ae 
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Discussion 


Joseph V. Foa.‘ The potential advantages of nonsteady modes 
of combustion in gas turbines have been recognized for a long 
time, and the application of internal-combustion wave engines as 
combustors for gas turbine engines, turbojets, and ramjets has 
received a good deal of attention during the last decade. Previous 
investigations have dealt with the use of pulsejets and of wave 
engines utilizing extended forms of pressure exchange, such as 
the Hertzberg-Logan and the RPI wave engine. As a rule, quan- 
titative analyses in this field are rather inconclusive, primarily 
because of the far-reaching assumptions that are usually re- 
quired in order to arrive at manageable analytical models of the 
processes involved. 

The wave engine type considered in the present paper is the 
hammerjet, and this is fortunate, because the operation of 
the hammerjet is simpler than that of most wave engines and 
lends itself to more accurate analysis. Also, since the performance 
of the hammerjet, as an unsupercharged wave engine, is generally 
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considered unattractive, particular significance must be attached 
to an analysis which shows that there is promise in the application 
of this device as a combustor. 

Even this study, however, makes use of some assumptions that 
are open to question. Pangburn’ has shown that normal flow 
losses can have a surprisingly important effect on the efficiency 
of wave engines utilizing extended pressure exchange. While 
Pangburn’s analysis does not apply to the hammerjet, it is ques- 
tionable that all entropy increments associated with adiabatic 
flow processes can be safely neglected even in this device. Some 
reassurance on this point would be desirable. 

The necessity for the assumption of complete mixing following 
the explosion is not clear. Under the conditions stipulated in the 
paper, it would seem that the explosion-generated pressure waves 
would bring about the desired uniformity at any rate. 

A common difficulty in the analysis of the operation of periodic- 
flow devices by the method of characteristics lies in the fact that 
the wave pattern in some of the initial cycles may give an im- 
pression of periodicity when the periodic state is actually far from 
being established. A recent study by Fairhall® has revealed that, 
with some wave engine configurations, the cycle efficiency, as 
computed by the method of characteristics, may be about twice 
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as high in the second cycle as in the final steady state, although 
the trend may be reversed with other configurations. This dif- 
ficulty is not encountered in the case of the hammerjet if both 
valves are kept closed before each explosion long enough -to 
obliterate all residual waves from the preceding cycle, but this 
ean only be accomplished at a great sacrifice in air-handling 
capacity. 

The authors are to be congratulated for this interesting contri- 
bution to an important field. iit 


Authors’ Closure 

The authors can give no positive assurance of the accuracy of 
calculations involving the assumption of isentropic flows. How- 
ever, loss estimates were made on the assumption of steady flow 
and are therefore high. The mixing process assumed to occur 
after the explosion also results in a maximizing of the entropy 
increase. In addition, the effect of leakage was also estimated. 
When all these losses were incorporated into the cycle with 
critical exhaust velocity, the resulting combustor pressure rise 
was somewhat greater than that for an expansion pressure ratio 
of 0.40, which was therefore used as a conservative estimate of 
the performance of the combustors. The performance of such 
combustors in engines may also involve substantial fuel loss in 
leaner than stoichiometric combustion and will, therefore, lower 
the engine performance in cases of low combustor temperature 
ratio. 

The authors concur with Professor Foa that the postulated 
mixing would be accomplished by the pressure waves of the 
explosion, 
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Advancing Adhesion—Development and Test 
of a Chemical Formulation to Condition the 


Running Surface of Rail for Improved 


- W heel-to-Rail Adhesion 


By F. G. FISHER,' R. K. ALLEN,? ano G. W. LUVISI® 


Chemical conditioning of rail running surface to overcome the 
effects of oil films is capable of producing a definite increase in 
locomotive adhesion. Extensive tests under operating con- 
ditions for more than a year have demonstrated its practicability 
and economy. Characteristics necessary to permit a chemical 
formulation to qualify for commercial use have been determined 
and a practical method of application developed. The ultimate 
objective of application from the locomotive, as is done with sand, 
is being sought. 


Introduction 


A PREVIOUS paper on this subject‘ disclosed that a chemical 
formulation had been developed which, when sprayed on the rail 
ahead of the locomotive, increased adhesion beyond the values 
attained by the use of sand or rail washing. This paper describes 
subsequent tests and discusses the related subjects of rail wear, 
signal operation, and practical results in day-to-day operation. 

Much has been learned since the presentation of the first paper 
that emphasizes the desirability of a chemical formulation capable 
of overcoming the lubricating effects of the oily residue on the 
rail head. 

Sand has been used regularly to increase rail adhesion since 
1846 when the Baldwin Locomotive Works furnished the first 
sand boxes on the locomotive “‘Atlas’’ for the Philadelphia and 
Reading Railroad (presently the Reading Company). While 
sand has proved an excellent medium for this purpose, it is some- 
times inadequate to provide adhesion permitting full utilization 
of diesel-electric locomotive power; also, it has certain disad- 
vantages. Its use increases roadbed maintenance costs, causes 
malfunctioning of signals, crossing gates, and flashers, and adds 
to locomotive maintenance expense because of the abrasive dust 
it creates. Moreover, sand is difficult to handle under certain 
weather conditions and does not give consistent results. Hence 
it appeared highly desirable to develop a means of conditioning 
rail to produce consistently the high adhesions required to utilize 
fully the ever-increasing horsepower per axle that characterized 
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current and future locomotive designs and, under certain condi- 
tions, sufficient adhesion for proper and full utilization of the 
dynamic brake. 

Another factor favoring such development is the mandatory 
decision by the AAR to change from waste packed to pad lubri- 
cation in standard journal-type bearing equipment. The principal 
source of poor adhesion is oil leaking from the journal and being 
deposited on the rail, as illustrated in Figs. 1 and 2. This oil 
leakage through the back of the journal box is primarily the result 
of capillary action of the waste and lateral motion of the wheel. 
Leakage accumulation on the rail head forms reservoirs from 
which the water-propagated oil film is fed.‘ Apparently the use 
of certain varieties of pad lubricators will increase this leakage.® 
A pad lubricator must have built-in resiliency in order to operate 
properly. Observation indicates that the motion of the axle in 
operation causes the pad to develop a pumping action which forces 
oil out of the back of the journal box. As more cars are converted, 
the oil deposits on the rail will become worse, unless means can be 
found to prevent journal box leakage. This condition serves to 
emphasize the importance of rail conditioning. ; 7 


Requirements for Practical Chemical Rail Conditioning _ 


Previous experience‘ indicated the advisability of concentrat- 
ing on the development of a chemical formulation for rail con- 
ditioning. The following characteristics were established as de- 
sirable or necessary: 


1 Ability to partially or entirely remove the oily residue found 
on the rail head, or to overcome its lubricity. 

2 Ability to produce a residue, after conditioning, of such a 
character as to aid adhesion. It was necessary to avoid condi- 
tions producing a slippery residue, such as those resulting from 
certain rail washing tests previously conducted.‘ 

3 Neither the formulation nor the residue should affect signal 
operation adversely. 

4 The formulation must not have any adverse reaction on 
equipment or track, nor clog ballast and track as sand does. 

5 Suitability for safe handling; i.e., nontoxic and not offensive 
to smell or touch. 

6 Economically competitive. This refers not only to the 
actual cost of operation, but also to the related costs of increased 
maintenance and lack of consistent operating results when sand 
is used. 


The pilot rail conditioning program‘ was set up to include one 
of the most difficult operations on the railroad. If chemical rail 
conditioning could be justified there, its economies under less 
severe conditions would be readily apparent. 

The initial formulation developed for this purpose was highly 
successful in producing increased adhesion. However, it was 


§ Report by C. E. Pond at annual meeting of Mechanical Division 
of the AAR, Chicago, IIl., June 25, 1957. 
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Fig. 1 Freight car wheels, showing accumulation of journal-box oil 
leakage on outer edge of wheel tread 


deficient in certain characteristics, being difficult to handle and 
requiring time to dry and/or react on the running surface of the 
rail before maximum adhesion could be obtained. 


Development of Rail Conditioner 


Following the pilot conditioning tests, a program was laid out 
with the dual objective of determining an acceptable chemical 
formulation and the most practical method of applying it. Ac- 
ceptability was determined by the following schedule of tests: 
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1 Formulations were screened on the basis of adhesion read- 
ings obtained with a laboratory device designed to measure 
breakaway adhesion. 

2 All formulations giving satisfactory laboratory readings 
were further evaluated on the dynamometer test stand‘ at the 
Erie (Pennsylvania) Plant of the General Electric Company. 

icurrently, formulations showing the greatest possibilities 

re subjected to toxicity tests. 

3 The formulations that passed tests 1 and 2 were tried out on 
the railroad by a special test locomotive. 


This special test locomotive consisted of four diesel-electric 
ad switcher locomotive units arranged so that the leading unit 
rated as a locomotive and the three trailing units simulated 
train loads by means of dynamic braking. The lead unit was 
equipped with Esterline-Angus meters for recording generator 
vettnge and current and traction motor current, and was under 
control of an engineman. The three trailing units, arranged 
multiple-unit operation in dynamic braking, were controlled 

a second engineman. Telephone communication between the 
» enginemen permitted synchronizing the operation. In the 
s, the locomotive was assigned to a section of line with severe 
les and curves, and suitable train loads were simulated. 

\ll selected formulations were tested with the foregoing equip- 
it under three different methods of application: 

First, the material was applied to the locomotive wheel. This 
hod cleaned the tread of the wheel thoroughly, and it was 
ught that the residual would carry over and affect the con- 

tamination on the rail. The maximum increase in adhesion ob- 


tained by this method, however, was only 10 per cent above 
previous values; and the method of application proved too exact- 
g to be practical for such a small gain. 
Second, material was applied directly to the rail from pw] 


itions on the locomotive. These included application in front 
of the leading driver, between the first and second drivers, behind 
the leading truck, behind the trailing truck, and other locations. 
Trial also was made of simultaneous application to the leading 
wheel and the rail. In every case the drying rate and/or reaction 
time of the formulation appeared to be insufficient to permit 
locomotive application. In a few instances, application behind 
the leading driver, with simultaneous sanding at the rate of '/2 Ib 
per min in front of the driver, produced reasonable increases in 
adhesion. However, this involved the use of sand, which it w as 
desired to eliminate. 

Third, material was applied from the rear of the power unit, or 
from the rear of the locomotive, to condition the rail for the next 
train. In cases when the train coupled to the locomotive did not 
produce a great amount of oil contamination from the car 
journals, this method was reasonably successful. The percentage 
of improvement noted was not consistently sufficient to warrant 
further development of this method of application at this time. 

Results of the tests indicated that additional work must be 
done to develop a chemical formulation that could be applied 
directly from the locomotive to effect an immediate improvement 
inadhesion. At present, however, a considerable improvement in 
adhesion is obtained by the use of a conditioner applied from a 
separate railroad vehicle. 

The rail conditioning chemicals most extensively investigated 
to date have colloidal silica as their chief active ingredient. The 
one presently receiving the most attention, Nalco RC, is a col- 
loida! silica of a select particle-size range compounded with sol- 
vents and surface active agents to give maximum wetting, spread- 
ing, and absorption under a wide range of conditions. This prod- 
uct is the result of extensive research in the laboratory and in the 
field under actual operating conditions. 

Laboratory investigations, which are still in progress, indicate 
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a Pole 114/6; track gage 4ft9%in.; distance gage, highrailto grease Fig.3 Maintenance-of-way push car converted for rail conditioning 
on low rail, 4 ft 10°/s in. 

that the mechanism by which rail conditioning agents act to in- 
crease adhesion is quite complex and involves multiple factors. 
Continual use of Naleo RC apparently removes the oil film and/or 
reduces its lubricity. This is accomplished without leaving a 
residual that interferes with adhesion. In fact, the minute 
amount of r°.. conditioning film appears to aid adhesion. 

Laborator, id field studies indicate that corrosion is no 
problem. Actually, this conditioning agent is less corrosive than 
rain water. 

Tests showed that this formulation produced excellent results’ 
when sprayed on the rail in advance of the passage of the test 
train. Therefore a caboose was equipped to spray the rail behind _ 
the rear truck as the train moved up the grade. This conditioned — 
the rail to give improved adhesion for the following train. 

Excellent results were obtained from this method of rail con-— 
ditioning, but certain practical difficulties arose in application. 
The nature of the conditioning material rendered it difficult to— 
insure constant operation of the spray nozzles. Other difficulties — 
b Pole 114/7; track gage 4 ft 9'/s in.; encountered were: The fact that manual operation required — 
grease on low rail, 4 ft i0! constant attention of personnel in the caboose; the wide varia-_ 

tion in spray rates necessitated by variable train speeds; and the 


problem of maintaining required air pressure at the nozzles with- | 
out installing a compressor on the caboose. 

The next logical step was to use a separate vehicle to carry and 
apply the rail conditioner. After consideration of various means, _ 
a modified maintenance-of-way motor car was selected. A main- 
tenance-of-way push car was equipped with a pressure vessel, a 
small gasoline-driven air compressor, spray nozzles, and all neces- 
sary controls, as shown in Fig. 3. The nozzles were attached to 
spring-loaded guide wheels to insure application of the conditioner — 
to the rail at all times regardless of track curvature. 


Rail Conditioning Tests 


Catawissa Grade—Preliminary Tests. The grade selected for 
the tests has curves up to 12 deg 30 min and averages 0.6 per cent 
for 35 miles with approximately one mile of level track close to 
the mid-point. It represents some of the most adverse operating 
conditions encountered on the entire Reading system. The effect 
of rail conditioning is evident from Fig. 4 which shows an ex- _ 
ample of rail contamination prior to the application of the condi- 
tioner, the effect of the conditioner, and the results of the passage 
Fig. 2 Grease deposit on low (inside) rail of 12° 30’ curve at three of the first train over the conditioned rail. 


Pole 114/9; track gage 4 ft 9'/sin.; di gage, high rail to c. 
points One unit of the test locomotive was equipped with a recording 7 


grease on low rail, 4 ft 10'/, in. 


Grease deposit wiped off rail surface in light areas above placards ammeter wired to measure main generator current. By a simple 
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a Contamination on rail surface before application of rail conditioner 


c Surface at same point after passage of first train over conditioned 
rail 
Fig. 4 Effect of rail conditioning on oil contamination 


conversion the tapes from this meter can be made to show locomo- 
tive adhesion. One tape was selected to show operation prior to 
the passage of every train. These are reproduced as adhesion 
charts in Figs. 5 through 10, and show the effectiveness of rail 
conditioning. Specific data are given in each case. The following 
comments apply: 

Fig. 5 shows a run on a clear cold night with no rail conditioning 
but with full sanding. The meter tape clearly indicates heavy 
slipping and wheel walking for the entire grade. 

Fig. 6 shows a run on aclear cold night with rail conditioning. 
The tape indicates some slipping between Beaver Valley and 
Ringtown but no sand was used. 

Fig. 7 shows a run on a cold night with light snow, with rail 
conditioning. The tape indicates no slipping, and no sand was 
used. 

Fig. 8 shows a run on a cold cloudy night with rail conditioning, 
Again, the tape indicates no slipping, and no sand was used. 
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Note the progressive increase of tonnage in these three tests 

Fig. 9 shows a run on a cold night with rain and snow turning 
to ice. Because of the ice on the rails, the motor car slipped so 
that it could not pull the equipment car up the grade. Half of 
the grade was treated, however, by running the spray car down 
grade and depositing the conditioner on top of the ice. 

Performance indicated the possibility of a residual effect from 
repeated previous treatment, and therefore, the spraying schedule 
was reduced to half the previous number of trips. 

Fig. 10 shows a run on a night with light rain and some ice. 
The tape indicates some heavy slipping, principally on both sides 
of Mainville. Sand was used, primarily to aid recovery from 
heavy slipping. The average adhesion for the test was 21.5 per 
cent, considering the adverse weather, the reduction in the treat- 
ment schedule, and the fact that the train represented an over- 

vad of 100 adjusted tons. The tape indicates some heavy slip- 
ping; but, in view of the conditions, the test was considered good. 

Frackville Grade. To evaluate rail conditioning further, a series 
of tests was run on a second grade 15,400 ft in length, with a rul- 
ing grade of 2.53 per cent, located in the mountains of the Penn- 
sylvania anthracite coal region between Bear Run Junction and 
Frackville Junction. The operation on this grade was carried 
out with four 1600-hp units having a continuous tractive effort 
rating of 52,000 lb each at 9.5 mph with a current of 1085 amp per 
motor. The locomotive rating was 900 adjusted tons per unit. 

In addition to the heavy grade, this operation involves two 
other adverse features. A private road crossing, located on the 
10-deg 30-min curve at the beginning of the grade, is used by 
trucks serving an anthracite strip mine. In damp or wet weather 
these coat the rail at the crossing with a thick coal residue, which 
trains carry around the curve and for several rail lengths beyond. 
Also, if loaded coal cars are moved up the grade soon after they are 
received from the collieries, the rail is contaminated by drippings 
from the car hoppers. This is particularly true in wet weather. 

The profile of this grade and adhesion charts for the tests with- 
out rail conditioning are shown in Fig. 1i(a-d). Because of the 
adverse conditions already mentioned, engine crews use sand for 
the entire length of the grade. As a result, ea h train normally 
deposits more than 600 lb of sand on less than three miles of track. 

Adhesion charts for four runs with rail conditioning are shown 
in Fig. 12(a-d). Two factors should be considered in evaluating 
these tests. First, the Nalco RC formulation was developed pri- 
marily to combat oil-film contamination and, consequently, has 
only a minor effect on contamination resulting from coal residue. 
Therefore engine crews were instructed to sand in the area of the 
road crossing even with rail conditioning. 

Second, the established tonnage rating on this grade resulted in 
operation close to the thermal capacity of the equipment. Con- 
sequently, rail conditioning was not aimed primarily at increasing 
tonnage, but rather at maintaining more consistent adhesion in 
all kinds of weather. On unconditioned rail, even with sand, it 
was impossible to maintain consistent adhesion values in day-to- 
day operation, especially in adverse weather. With rail condi- 
tioning, using two gal of Naleo RC per train, operation at 22 per 
cent adhesion was assured. This permits handling a few extra 
cars if necessary to take care of an occasional overflow of business 
or to clean up the yard. Moreover, the elimination of sanding, 
except at the foot of the grade, resulted in saving approximately 
500 lb of sand per train on a grade less than three miles long. 

A summary of the tests without and with rail conditioning is 
given in Table 1. 

Catawissa Grade—Operational Tests. Analyses of the prelimi- 
nary tests indicated the desirability of conducting a long-term test 
program with the same method of rail treatment. For this pur- 
pose a new motor-car and push-car arrangement, Fig. 13, was de- 
veloped and a program established to assure maximum benefit 
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Fig.5 Adhesion chart based on main generator current. Train NJ-4, January 5, 1956, eastbound on ascending grade Catawissa to 
Lofty, 7275 adjusted tons, 87 cars; weather, clear and cold; no rail conditioning; intermittent sanding over entire grade. 
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Fig. 6 Adhesion chart based on main generator current. Train NJ-4, January 6, 1956, eastbound on 
Lofty, 7417 adjusted tons, 93 cars; weather, clear and cold; rail conditioning; no sand used. 


PEM CENT 


CROSSING 


Fig. 7 Adhesion chart based on main generator current. Train NJ-4, January 7, 1956, eastbound on ascending grade Catawissa to 
Lofty, 7624 adjusted tons, 98 cars; weather, cold and light snow; rail conditioning; no sand used. 
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Fig. 8 Adhesion chart based on main generator current. Train NJ-4, January 8, 1956, eastbound on nenaniie grade Catawissa to 
Lofty, 7841 adjusted tons, 99 cars; weather, cold and slightly cloudy; rail conditioning; no sand used. 
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Fig. 9 Adhesion chart based on main generator current. Train NJ-4, January 9, 1956, eastbound on ascending grade Catawissa to 
Lofty, 7232 adjusted tons, 101 cars; weather, rain, snow, and ice; partial rail conditioning; no sand used. 
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Fig. 10 Adhesion chart based on main generator current. Train NJ-4, January 12, 1956, eastbound on ascending grade Catawissa to 
Lofty, 8279 adjusted tons, 109 cars; weather, light rain and ice; rail conditioning; sand used ees to aid recovery from heavy 
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Feb. 14, 1957, 3440 adjusted tons, maximum adhesion 18.8 per cent 
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c Feb. 15, 1957, 3545 adjusted tons, maximum sealed 20.4 per cent 
Fig. 11 


Table 1 

2-15-57 

Clear, 
cold 


2-15-57 
Cloudy, 
cold 


Cloudy, 
cold 


Weather 


Rail 

conditioning. . 
Adjusted tons... 3545 3505 
Loaded cars. . . 44 41 
Empty cars.... l 1 
Total cars. 45 42 
Motor 1050 1090 
Est. adhesion, 

per cent...... 18.8 
Min. speed, mph. 7.0 
Bear Run Ject.2. 4:30 pm 
Frackville Jet.. .. 4:55 
Elapsed time, 

min. .. 
Sand used, Ib. 


No No 


980 


20.4 
6.0 


21. 
8: 5 


10:20 6:19 


29 


25 18 
651 643 526.5 


9:58 am 6:01 pm 8:31 am II: 33 a 


d Feb. 15, es 2505 adjusted tons, maximum adhesion 21.9 per cent 


Frackville grade tests, no rail conditioning 


Adhesion tests on Frackville grade 


3-22-57 
Cloudy, 
rain 


3-21-57 
Cloudy, 
cold 


3-21-57 
Cloudy, 
cold 


Yes 
3648 


Yes 
3607 
42 
42 
1130 


8.0 
:21 pm 11:10 am 
742 11:33 


23 
118 


8:53 


22 
10 


11:52 


19 
67 


21 
67 


* Measured in traction motor circuit on unit 304A. 


> Leaving time. 
© Passing time. 
Note: 
order named. 


4 


All movements eastbound, with locomotive units 304A, 300B, 302B, and 302A in 
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Fig. 12 Frackville grade tests with rail conditioning — 


maximum 


1957, 3648 adjusted tons, maximum adhesion 22.3 


21, 1957, 3607 adjusted tons, 
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Fig. 13 Maintenance-of-way motor car and push car fitted for rail conditioning (left), and (right) placed in service on the Catawissa 
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a Mar. 
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from the use of rail conditioner. The program involved the fol- 
lowing significant points: 

1 Spraying speed, 20 mph on tangent track, lower on curves, 
and 15 mph on severe curve. 

2 Nozzles. After tests with a number of different designs. 
Spraying Systems’ flat atomizing No. 11001 was selected. 

3 Nozzle pressure, 40 psi. 


Rail surfa 


c Rail surface on July 10 


14 Study of rail contamination on 11° 24’ curve at pole 134/41 
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4 Spraying angle, 110 deg, with nozzle located 2'/2 in. from 
top of rail. a 

5 Flow rate, 0.10 gpm. 

6 Mean flow rate for entire grade, 0.70 gal per mile. 


The foregoing program gives an average consumption for the 
35-mile grade of 25 gal per trip. A round trip is made in eight 
hours, and work is scheduled on the basis of a 5-day week. De- 
pendence is placed on the residual cleaning effect to carry over 
the intervals between trips. The average consumption of condi- 
tioner is 250 gals per week. 


pe 


Py 


c¢ Rail surface on July 10 
Fig. 15 Study of rail contamination on 9° 03’ curve at pole 130/48 


«Ral om Jone 12, 196 
b Rail surface on June 20 
6 Rail surface on June 20 
; 
| 


Rail surface on J 12, 1956 


c Rail surface on July 10 


Fig. 16 Study of rail contamination on 12° 30’ curve at pole 114/10 


Extended application of rail conditioner was begun on June 1, 
1956, and is still in effect. The progressive change in rail surface 
condition resulting from regular treatment is shown by Figs. 14, 
15, and 16, illustrating rail contamination at three different loca- 
tions. From June 12 to 20 the rail was conditioned prior to every 
train. A considerable difference can be noted in fhe amount of 
rail contamination by comparing the upper and middle view in 
each figure. From June 20 to July 10, rail was conditioned for 
every second train movement. Rail contamination remained 
substantially the same, as indicated by comparison of the middle 
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and lower views. Rail in this condition produced good adhesion. 

As a basis for measuring the results achieved, the month of 
April, 1956, was chosen as a representative month of operation 
before the beginning of the rail-conditioning program. During 
that month, 157 trains were operated comprising 14,658 cars and 
handling 1,078,589 adjusted tons. The average train consisted 
of 93.4 cars and 6870 adjusted tons. Motive power consisted of 
1500 or 1600-hp Alco units with a continuous tractive-effort rating 
of 52,000 lb. On this grade the tonnage rating was 2400 adjusted 
tons per unit, corresponding to 18 per cent adhesion. ; 

With the beginning of the rail-conditioning program, the rating 

s increased to 2665 tons per unit, corresponding to 21 per cent 
lhesion. Although the ultimate goal was 25 per cent peak ad- 
sion, the operation of rail conditioning on this particular grade 

s such that 21 per cent was the limit that could be held under 

conditions. This increase in average adhesion produced sig- 
ficant results. 

Prior to June 1, 1956, the majority of trains was limited to the’ 
weight that could be handled by 3-unit locomotives; for ogee 
of the 157 trains operated during April, 1956, 143 had 3-unit, 13° 
had 2-unit, and 1 had 4-unit locomptives. The 3-unit locomotive 
rating was 7200 adjusted tons, but this high a rating was re- ~ 
sponsible for considerable trouble. Some trains could have been 
filled out advantageously to the 4-unit locomotive rating except _ 
for the danger of parting a train in case of wheel slip. Experienc« 
has shown that if wheel slip occurs with this heavier train, and a 
coupler in the first 10 per cent of the train has a progressive frac- _ 
ture, the resultant shock could cause the train to part and result — 
in serious delay. With rail conditioning it is now possible to fill 
out trains consisting solely of loaded hopper cars to the tonnage 
rating of a 4-unit locomotive without exceeding the limiting num- 
ber of cars. 

New ratings with rail conditioning have been established at 
8000 adjusted tons for a 3-unit locomotive, and 10,400 adjusted 
tons for a 4-unit locomotive. A limit of 150 cars per train also has 

een set. 

Results of the first year’s operation are given in Tables 2 and 3. 
The benefits of rail conditioning are apparent from the fact that 
tonnage per train increased 16.4 per cent and cars per train in- 
creased 20 per cent. Consequently, the traffic was handled with 
14 per cent fewer trains and 5.9 per cent fewer locomotive units 
than would have been required without rail conditioning. 

The average cost of rail conditioning for the same period was 
28.2 cents per train-mile. This includes the cost of 250 gal of 
conditioner per week, wages of personnel to operate the motor 
car and spray car, and other incidental expenses. Traffic is 
figured as trailing tons eastbound; i.e., only trains ascending the 
grade. 

During the test period the eastbound traffic over the 106-mile 
division containing the grade amounted to 720,000,000 revenue 
ton-miles. On this basis the cost for rail conditioning was 0.006 
cent per revenue ton-mile. The gross savings resulting from rail 
conditioning, based on increased haulage capacity per train, were 
0.0097 cent per revenue ton-mile. Hence the estimated net sav- 
ings amounted to 0.0037 cent per revenue ton-mile based on the 
entire division. 

In addition to this direct operating saving there are further 
savings resulting from the reduction in the maintenance of road- 
bed and motive power incurred through excessive use of sand; 
drastic reduction in the number of train stalls and consequent 
doubling of grades; and more effective utilization of motive 


power. 
Related Considerations 

Other significant facts bearing on various phases of locomotive 
design and operation have become apparent. 
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Table 2 Adhesion tests on Catawissa grade a 


No. of No. of 
trains cars 


Avg. cars 
per train 


Month Avg. tons 


per train 


Tonnage 
handled 


132 
101 
108 
115 
128 
116 
137 


1045900 
803600 
902900 
936300 

1019800 
905000 

1110600 


126 
107 
122 


954100 
850000 
996200 
879000 
863200 


11266600 
Increase 


* Average for year. 
* Average figures before rail conditioning. 


Based on 
6870 tons? 
152 
117 
131 
136 
148 
132 


Month 
1956 
June 


Actual 
132 
101 
108 
115 
128 
116 


Reduction 


14820 
12015 
12854 
13089 
14187 
12503 
14897 


7923 
7956 
8360 
8142 
7967 ® lll 
7802 


12839 
11838 
13927 
12737 
12671 


7992 


158377 


Table 3 Adhesion tests on Catawissa grade 


426 
340 
362 
373 
410 
356 
428 


379 
338 
391 
347 
354 


a 


* Representative figure prior to rail conditioning regardless of power soli train consist. = < 


Conditioning the rail will not correct poor adhesion resulting 
from causes other than oil film on the running surface. Some of 
these other causes, such as high rail joints, poor gage, improper 
superelevation on curves, and excessively worn rail head are 
matters of maintenance of way. Some, such as poor matching of 
wheel diameters, are matters of locomotive maintenance. Others, 
such as weight shifting and oversensitive wheel-slip detection 
systems, are matters of design. Still others involve train dis- 
patching and physical layout of the railroad. 

Many of these can be corrected by improved maintenance and 
others by improved design. For example, a wheel-slip detection 
system on one design of locomotive overly sensitive to high- 
acceleration wheel slips has been replaced with another that is in- 
sensitive to acceleration and permits minor self-correcting slips 
to occur without affecting the main generator field. This avoids 
unnecessary loss of power and consequent stalls on grades. 

Rail Wear. Wear of the head of the outside or high rail on 
curves has long been recognized as a direct cause of maintenance- 
of-way expense and an indirect cause of equipment maintenance 
expense. Evidently the advent of the diesel-electric locomotive 
has accentuated the problem, for many recent studies indicated 
an increase in both rail and wheel wear. 

While not a part of rail conditioning tests, results of observa- 


tions by the Reading Company on an 11-deg curve in rail-condi- 
tioned territory indicate a definite need for rail lubrication. 
Grease lubrication, however, was found to be satisfactory only 
in locations where high adhesion is not required. On curves 
where adhesion is a major consideration, a dry flange lubricator 
has been found to produce excellent results. The carry-over to the 
rail provides sufficient lubrication to reduce wheel and rail wear 
materially without the disadvantages encountered with grease 
lubrication. 

Signal Operation. Signal circuits are essentially low-resistance 
circuits; hence minimum contact resistance between wheel and 
rail is extremely important. It follows, therefore, that a clean 
wheel tread and a clean rail surface are highly desirable. Sand, 
being an insulator, tends to increase this contact resistance. Rail 
film has the same effect and seems to be more of a problem now 
than when steam locomotives were in general use. ' 

From the standpoint of signal operation, it is highly desirable <é 
that the use of sand be minimized or completely eliminated (ex- - 
cept for emergency stops, Where sand would be necessary as an 
aid) and that a means be found of overcoming the effect of rail vd 
film. Rail conditioning tends toward both of these objectives. 

Field experiments conducted by an independent research or- 
ganization on the effect of rail conditioner on signal circuits 
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showed no adverse effects under the conditions of the tests. These 
tests ranged from pushing a light hopper car, axle by axle, into 
the track circuit to running a complete train through and record- 
ing the performance of the track circuit. In addition, the signal 
departments of six railroads checked signal circuits during Nalco 
RC adhesion tests on their lines and found them perfectly normal 
over a wide range of conditions. 

Sanding. As has already been indicated, the use of sand to im- 
prove adhesion entails certain problems. Among these is the 
poor efficiency of application resulting from difficulty in keeping 
sand nozzles properly adjusted. This necessitates the use of 
much more sand than would otherwise be required. For instance, 
the locomotive units normally operating on the Catawissa grade 
carry approximately 1600 lb of sand each. In adverse weather 
they arrive at the top of the grade with sand boxes practically 
empty. This means that a 3-unit locomotive would deposit 4800 
lb of sand in one run. During a month some 200,000 Ib of sand 
are used on this grade. The effect of this amount of sand on the 
right of way need not be explained to any experienced railroad 
man. 

A solution for this problem has been sought by many rail- 
roads. Experiments have been conducted with different rates of 
sand flow and various position of the sand nozzles. Only limited 
success has been achieved, and the results have often been incon- 
clusive. This experience pointed toward the desirability of find- 
ing a substitute for sand. Rail conditioning gives good promise 
in this direction. During the test period on the Catawissa grade 
sand consumption has been reduced 50 per cent. This was a 
much smaller reduction than the ultimate goal; but considering 
that this represents a developmental period and that (as already 
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explained) rail conditioning is not a cure-all, 
significant progress. 

Operating Efficiency. The highly competitive atmosphere in- 
which the railroads do business today requires maximum ef- 
ficiency of train movement. Efforts to meet this challenge have 
been reflected in the steady increase in net ton-miles per train — 
hour, especially since the advent of the diesel-electric locomotive. 7 
Further progress can be made by utilizing fully the capabilities of 


this represents 


this form of motive power. For instance, although diesel-electric 
freight locomotives are designed for continuous operation at 20 
to 22 per cent adhesion, the practical limit for all-weather 
operation has been approximately 18 per cent and, quite fre- — 
quently, even lower than that figure. This points to the economic 
necessity of assuring a rail condition at all times that will permit | 
full use of locomotive capacity. 
Both train speed and train weight are factors in determining 
the number of ton-miles produced by a given operation. Certain 
symbol trains of course must be operated on a tight schedule re- 
quiring ample power to maintain speed, even on ruling grades. — 
On the other hand, it is expensive to minimize tonnage for the 
sake of speed where schedules are of relatively minor importance. — 


after rail conditioning. The profile between Newberry Junction — 
and West Milton is rolling and permits maximum speed on these 
22 miles of line. Adverse grades occur for almost one third of the 
distance between West Milton and Rupert, and the table shows 
that it is here that the extra tonnage caused the greatest loss of © 
time. The increase in running time, however, is relatively in- — 
significant and actually may not exceed that resulting from wheel 


TOTAL ELAPSED TIME 


AVERAGE SPEED 275 MPH 


WEST MILTON TO RUPERT 


51.5 MINUTES 


WEST (MILTON 


APRIL 23, 1956 

NP-8 UNITS 
LEADING UNIT NO 268-4 
(EMO F-7) 

CLASS DF-4 


7,219 ADJUSTED TONS 
86 LOADED CARS 
40 EMPTY CARS 


AVERAGE SPEED 23.75 MPH 


TOTAL ELAPSED TIME 


WwesT RUPERT 


59.6 MINUTES 


| 


+ 


|MILTON 


NOVEMBER 7, 1956 
3 UNITS 
LEADING NO.276-A 
GLASS OF- 

(EMD F-7 y 


Fig. 17 Comparison of test runs between West Milton and Rupert; 


(lower) with rail conditioning 


e 
(55.6 miles) 
4-23-56 11-7 -56 
Rail conditioning 

Adjusted tons 

Average speed, mph. 

Elapsed time, min. 


Change 


8,019 ADJUSTED TONS 
LOADED CARS 
24 EMPTY CARS 


EASTBOUND 


_ (upper) without rail conditioning ; 


Table 4 Effect of increased tonnage on running time 
West Milton to Rupert—. i 


—Newberry Jct. to Rupert 


(23.6 miles) 
11-7-56 
Yes 
8019 
33.7 
59.6 


4-23-56 Change 
+800 
+8.1 


"a 
i 
= 
—3.7 
+14 
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slip on unconditioned rail. In cases where the ruling grades are 
a smaller percentage of the total distance, the time lost through 
reduced speed would be negligible. 

A comparison of these two runs on the basis of thousand gross 
ton-miles per train-hour is significant. On the section from West 
Milton to Rupert (23.6 miles containing ruling grades) the train 
of 7219 adjusted tons produced 191 thousand gross ton-miles per 
train-hour, whereas the train of 8019 adjusted tons produced 183 
thousand gross ton-miles per train-hour. This represents a loss 
of 4 per cent for the heavier train. The figures for the entire 
55.6 miles from Newberry Junction to Rupert are more favorable. 
Here the lighter train produced 220 and the heavier train 217 gross 
ton-miles per train-hour, or a loss of only 1 per cent for the latter. 
Evidently, where ruling grades are a smaller percentage of the 
entire profile, extra tonnage will increase the thousand-gross-ton- 
mile production per train-hour. 

No slippage occurred in either of the two runs just compared. 
In cases where severe slippage occurs on unconditioned rail, the 
resultant loss of speed and increased running time will reduce the 
thousand gross ton-miles per train-hour. This could easily swing 
the balance of this yardstick of railroad efficiency in favor of the 
heavier train operating on conditioned rail without slippage. 


Conclusions 

The ultimate goal of this program is the development of a rail 
conditioning formulation capable of being applied from the 
locomotive, and of giving peak adhesion values of 25 per cent re- 
gardless of rail contamination or weather, and without more than 
an occasional light application of sand under particularly adverse 
conditions. Progress toward this goal must be guided by sound 
economic considerations or the cure may prove worse than the 
disease. 

Results of field applications and observations up to the time 
of writing appear to substantiate the following conclusions: 


1 Best results are obtained when Nalco RC is applied ahead 
ofeachtrain. At least one spraying for every three trains appears 
necessary. 

2 The results of spraying are cumulative, and best results 
under adverse weather conditions are obtained when the rail has 
been conditioned for at least a week. 

3 The number of sprayings and the dosage depend upon rail 
conditions. Possibly, either the frequency of spraying or the 
dosage may be reduced after the rail has been conditioned for a 
period of time. 

4 Motor-car application is practical where operating condi- 
tions and traffic permit its use. 

5 Application from a pusher locomotive or caboose to condi- 
tion the rail for succeeding trains holds some promise. In this 
case conditioning should be started and stopped automatically 
by roadside equipment at the proper points. 

6 Results from one year of testing indicate attractive savings. 
The cost of rail conditioning with the motor-car train amounts to 
28.2 cents per train-mile. The estimated net annual saving, 
based on handling the same volume of tonnage over the entire 
106-mile division, amounts to 17.5 cents per train-mile. 

7 Future developments should be aimed at providing rail con- 
ditioning through the application of a chemical formulation at the 
lowest cost per train-mile, and an ensured minimum of 21 per cent 
adhesion regardless of weather, providing all adverse rail condi- 
tions other than surface contamination have been corrected. 


F. T. Barwell.* 


6 Mechanical Engineering Research Laboratory, Thorntonhall, 
Glasgow, Scotland. 


Discussion 


Realizing that the problem of adhesion was 
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likely to be of importance in its modernization plan, the British 
Transport Commission, some 5 years ago, requested the Mechani- 
cal Engineering Research Laboratory to investigate the subject 
from a fundamental point of view. 

While it was realized that weather conditions affected adhesion, 
the precise effects were unknown. A steam-operated railroad 
carrying commuter traffic passed the laboratory, the grade at that 
point being 1.7 per cent uncompensated for curves. A microphone 
was installed in the laboratory grounds some 500 yd from the 
track, far enough for mechanical noises to be attenuated but 
near enough for the exhaust beats of the locomotive to be clearly 
recorded on a tape recorder. A pair of microswitches was placed 
on the track and arranged to switch on the tape recorder for 2 min 
whenever a train steamed up the grade. On playing back the re- 
cordings at weekly intervals, it was easy to identify the trains which 
had slipped and to relate the incidence of slipping with weather 
conditions as recorded at the laboratory. Some results are given 
in Table 5 of this discussion, from which it will be seen that the 
proportion of trains which slipped was highest under conditions of 
very slight rainfall. 


Table 5 


-——-Rainfall inches in hour preceding train—-— 
Heavy ight Trace (less 7 
trains (over 0.05) (0.005 to 0.05) than 0.005) None 
No slip 93 309 26 2609 ; 
Slip.......10 83 59 79 


No. of 


A method suggested by London Transport was used to study 
the contaminating material to be found on the head of the rail 
and on the wheel. This consisted of fixing strips of cellulose 
acetate to the railhead before the passage of a train. After a train 
had passed over, the strips were dissolved in acetone to release 
debris from the railhead which had become imbedded in the strip. 
A double strip was used so as to enable the debris on the wheel to 
be separated from that on the rail. Analysis of the inorganic 
debris showed that this consisted of metallic iron, Fe;0,, and 
silica. 

To study adhesion under more controlled conditions a machine 
constructed on about '/sth scale as shown in Fig. 18, was used in 
the laboratory. The upper roller was driven by an electric motor 
while the lower roller was arranged to drive a generator. By 
varying the field strength of this generator the effective tractive 
effort could be controlled and the drawbar pull was measured by 
electric resistance strain gages fixed to the drawbar which re- 
strained the trolley containing the upper wheels. Disks attached 
to ‘“‘Magslip”’ units were arranged to run on the periphery of each 
roller and were connected to a differential unit which provided a 
direct reading of the amount of sliding. The machine was en- 
closed in a chamber which could be maintained at required con- 
ditions of temperature and humidity. 

Fig. 19 shows typical results at a relative humidity of 67 per 
cent. Three points are of interest: (1) The value of the coefficient 
of friction is not markedly affected by speed of rolling. (2) Co- 
efficient increases as relative sliding increases until a “break- 
away” point is reached. (3) After the breakaway point, friction 
diminishes with increasing relative sliding. At high humidities, 
although the peak was absent and the maximum value of the 
coefficient much reduced, the curve sloped upward all the way, 
friction increasing with the amount of relative sliding. These 
differences may be important from an operating point of view. 
Once the peak of Fig. 19 has been passed, the wheel pair will tend 
to accelerate and will pass completely out of control. In the case 
of the rising curve, however, it is possible for an equilibrium to be 
reached wherein the wheel pair rotates at a constant speed, being 
resisted by the sliding friction. This represents a condition 


| 


Fig. 18 Machine to study adhesion under controlled conditions 
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ADHESION COEFFICIENT 


Friction force at wheel periphery. 

Normal force between rollers, 

Apparent soveed of sliding. 

Peripheral speed of Griving (upper) wheels. 
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which often happens in practice when a locomotive may continue 

to move a train up a grade even though there is considerable rela- 
- tive sliding between wheel and rail. Therefore a rail conditioner 

might be beneficial because of modification of the shape of the 

adhesion-relative sliding curve rather than due to raising the 
absolute value of the coefficient of adhesion. 


— iS is Fig. 19 Variation of adhesion with relative sliding, at 67 per cent relative humidity —_ «= ~ 


R. L. Chapman.’ This paper presents a good idea of the 
problems encountered in setting up and making tests under 
actual service conditions and the difficulty of drawing quantita- 
tive conclusions under such variable conditions, many of which 
are not subject to close control. The authors and their company 

7 General Electric Company, Erie, Pa. 
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particular application. 


are to be complimented on the work they have done and the 
continuing effort they have expended to accomplish the results 


described. 


As the author states, “It appeared highly desirable to develop 

a means of conditioning rail to produce consisteni!y the high 
adhesions required to utilize fully the ever-increasing horsepower 
per axle that characterized current and future locomotive designs.” 
Locomotive horsepowers have increased 25 to 30 per cent in the 

_ past 15 years and will continue to increase as engine designers find 
_ ways and means of improving the performance of their engines. 
This increased horsepower can be used either by an increase in 
tractive effort or an increase in speed or a combination of the two. 
The way it will be used will depend on the conditions governing 


In the case of the authors’ company conditions dictated hauling 
heavier trains at slightly lower speeds with the increase taken as 
tractive effort. Other roads also will take the increase as tractive 
effort but will utilize it in a reduction in the number of locomotive 
units required to handle their present tonnage, either as head-end 


power or as helper service on limiting grades. 


Those whic h are now with 


to or this burden. 

Still others will elect to use the increased horsepower in higher 
speeds; some to raise the general average of all train speeds and 
some to improve the schedules of their manifest or symbol trains. 

In addition to these uses which primarily involve freight traffic 

and freight speeds, an improvement in adhesion also will decrease 
the pronounced incidence of high-speed slips in passenger service 
where the slipping occurs at relatively low adhesions but in the 
upper range of locomotive speeds, 60 mph and above. 

Maintenance for both equipment and track suffers as a result 
of loss of adhesion at either end of the speed range. At the high- 
speed end the slips occurring in passenger service cause flash- 
overs as a result of traction-motor armature overspeed, while 
those occurring during the starting of heavy trains, and known as 
“wheel burn,” have been tagged as a major cause of transverse 
fissures in the rails. 

Yards and terminal facilities are being modernized and im- 
proved, making the time spent enroute between them increasingly 
important; schedule speeds will be increased and higher adhesions 
will be required to maintain them. 

So, not only roads with conditions paralleling those of the 
Reading where increased tonnage is the answer, but also those 
other roads with time and distance as their problems will find a 
need for the higher adhesion the author is promoting. 

To realize fully all of the potential benefits to be derived from 
the conditioner a means must still be found to dispense it from the 
locomotive in a manner similar tosand. The Reading has proved, 
however, that its use need not wait upon the perfection of a loco- 
motive application, but can even now offer attractive advantages. 


I. N. Moseley.® 
tive. 

We would consider the tests on the Catawissa grade as repre- 
sentative of special rather than general operating conditions. 
In this case dependable adhesion at a little higher level allows 
raising the average tonnage per unit about 6'/, per cent with de- 
pendable operation of up to four rather than three units per train. 
The savings and cost figures presented indicate that what ap- 
pears to be a relatively high cost per mile of track treated, is justi- 
fied by operating economies possible when adhesion is dependable. 


This paper is most interesting and informa- 


operating difficulty when four units were used with sand. 


— Break-in-twos resulting from slips seem to have been the primary 


* Research and Test Engineer, Norfolk and Western Railway 
Company, Roanoke, Va. Mem. ASME. 


1051 


It is not unusual for the tonnage rating of a district or division 
to be controlled by a single, relatively short grade. Usually, 
however, there are several locations in addition to the ruling 
grade where sanding is frequently required for satisfactory han- 
dling of the tonnage. In such cases we would not expect treat- 
ment with special equipment to be practical or economical. 

During, June, 1957, we had limited experience with two of the 
Nalco formulations when they were sprayed on the rail ahead of 
the engine truck wheels of a 2-8-8-2 compound mallet locomotive. 

Test observations were made to determine if treating the rail 
about 10 ft ahead of the first pair of drivers would provide enough 
time for the material to lose any slipping tendency because of 
wetting the rail and to react with the oil film to provide de- 
pendable, high-level adhesion. 

For the tests the chemical was sprayed on each rail at a constant 
rate of about 4 oz per min per rail. Because of speed variations 
the treatment rate per track-mile varied through a wide range; 
48 oz (1'/2 qt) at 10 mph to 160 oz (5 qt) per mile at the minimum 
speed of 3 mph. Weather was clear and hot during all observa- 
tions which were made both during daylight and at night. 
Operating speeds on this grade normally range from 15 to around 
7 mph. At times, speeds of 5 to 3 mph with locomotive working 
at maximum capacity are encountered. 

For heavy steam power the Norfolk and Western is sanding, 
selectively, under either two pair or six pair of driving wheels. 
Sand is washed from the rail behind the trailing truck by a jet of 
hot boiler water. The class of locomotive used for the observa- 
tions is constantly loaded for around 10 mph minimum speed. 
At this speed the factor of adhesion is about 22.5 per cent. With 
full-capacity operation the factor of adhesion at 5 mph is 28 per 
cent and from starting to 3 mph 30 per cent is obtained with 
slipping frequency and sanding constant. 

Our limited test observations of chemical applied 10 ft ahead 
of drivers showed no measurable increase or decrease in adhesion 
from use of the conditioner. From this we conclude the condi- 
tioner was drying and reacting sufficiently to keep it from being 
slippery in itself, but not sufficiently to develop its maximum 
potential. Where fly ups occurred at low speeds, starting and 
running, sand appeared to give better results than the chemical 
for improving the rail condition. 

The Norfolk and Western has tonnage ratings for diesels based 
on 18.6 per cent adhesion for 1750 and 1800-hp units which have 
nominally 248,000 lb weight on drivers. For a number of dis- 
tricts the tonnage of all trains is estimated, with appreciable 
variation in tonnage from train to train. 

On the basis of 18.6 per cent adhesion and 248,000 lb on drivers 
the speed is about 11 mph and the current a little less than the 
continuous rating. Normally the speed on ruling grades is be- 
tween 10 and 11 mph. To utilize continuous rating the 1800-hp 
units required about 21.5 per cent adhesion with the speed a little 
over 9.5 mph. The continuous rating of the 1750-hp units is 
reached at about 10 mph with approximately 20.5 per cent ad- 
hesion. 

We are experiencing relatively little trouble from slipping with 
units loaded on the basis of 18.6 per cent adhesion. During 
starts and accelerating periods, where current values above or at 
continuous rating obtain, considerable slipping occurs, particularly 
under adverse weather conditions. We are using regularly five 
units pulling and three units pushing on coal trains of 11,200 tons 
on a 1.4 per cent grade. The tractive effort of the five units at 
18.6 per cent adhesion is around 231,000 lb with the drawbar pull 
around 213,000 lb. We are in agreement with the authors that at 
high drawbar pulls, a surge within the train as a result of drivers 
slipping can cause a train parting at or near the head end even 
with good knuckles. Parting trouble with five-unit operation 
usually occurs during starts on the heavy grades and it is difficult 


to say definitely whether a tendency to slip or high pull during 
acceleration is the cause. 

Consistently high adhesion under all conditions would have 
operating and economic advantages other than a possible in- 
crease in tonnage handled per unit. We believe most operation 
would be similar to that reported for the Frackville grade where 
no appreciable tonnage increase was possible because the operat- 
ing tonnage rating in effect requires or closely approaches the 
thermal capacity of the equipment. 

As we see it, for general use a rail-conditioning material must 
be adaptable to application by each locomotive and the equip- 
ment for its application must be simple and dependable. It must 
be economically competitive with sand. The cost of treatment 
per mile of track treated can be higher than for treatment with 
sand since there will be savings incident to reduction in rail dam- 
age, ballast choking and cleaning, and wear on motive power as 
compared with sand. 

The use of a conditioner other than sand is most desirable on 
diesel locomotives for the reason that at the present time no 
means are readily available for removing the sand after the diesel 
locomotive has passed over it. The presence of the sand on the 
rail increases the rolling resistance of the train. On our steam 
locomotives the sand is washed from the top of the rail after 
the locomotive has passed over it by means of hot boiler water. 
The practice of washing the sand off the rail with hot water is 
also a help in preventing build-up of oil film. 

In its present stage of development the chemical conditioner 
appears adapted to special operations only. If the goals set for 
the chemical conditioner can be reached, that is, a material that 
can be applied by the locomotive for which it is conditioning the 
rail, which will consistently provide an adhesion around 22 per 
cent or more at an economically justifiable price, it should find 


rapid acceptance. 


Authors’ Closure 7 


The succeeding six —_—" of the rail conditioning program on 
the Catawissa Grade produced the following results: 


Table 6 


No. of No. of 

trains cars 
119-13, 766 
816, 100 108 12,412 
864, 900 108 12,668 
808,200 99 11,945 
851,400 106 12,600 
940, 800 119 13, 715 

5,231,300 659 , 106 


Increase... 
‘Table 7 


Trains 


Months 
1957 


Avg. tons 

per train 
7982 116 
7556 115 
S008 117 
$163 121 
8032 119 
7906 115 
79382 117? 
6870 93 
15.5° 25.8% 


Avg. cars 
per train 


Tonnage 
handled 
949,900 


Loco. units 

based 

on 2354 

Actual tons* 
383 403 
350 347 
357 367 
118 336 343 

124 347 362 

137 382 400 

.659 762 2155 2222 


based 
on 6870 Reduc- 


Months 


Reduc- 
1957 i 


Actual tons‘ tion 
138 
119 


126 


Decrease 


® Average per year. 

®° Average figure before rail conditioning. 

© Representative figure prior to rail conditioning regardless of 
power and train consist. 


as an adhesion medium i is found 
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Therefore 18 months of operation on the test grade (Catawissa) 
handling a total of 16,497,900 tons resulted in the following: 


Table 8 


Prior 
to rail With rail 
conditioning conditioning 
Average tonnage per r train 6870 
Average cars per train..... 93 
No. of trains to handle ton- 
nage 

No. of units to handle ton- 


Per cent 
increase or 
decrease 
7981 16.2 Ine. 
114 22.6 Ine. 


Dec. 
4.96 Dec. 


2067 13.9 


6659 


The improvement in operating efficiency as indicated in Table 8, 
covering a test period of 18 months, is evidence of the possibility 
with rail conditioning. Messrs. Barwell, Chapman, and Moseley 
conclude their discussions with this same vein of thought; how- 
ever, they doubted its practicability with a separate vehicle ap- 
plication. 

While it is true that rail conditioning for adhesion purposes 
with a separate vehicle is difficult to justify, we nevertheless feel 
that, after 100 years or more, it is now possible to improve adhe- 
sion with a medium other than sand and this fact should not be 
ignored. 

A majority of the railroads have in their operations a ruling 
grade over which they average an annual traffic of 8 to 10 million 
tons or more and with sufficient time interval between trains to 
utilize a spraying vehicle such as described in this report. 

However, an operation, whereby a caboose or a helper unit is 
equipped to spray the rail for the following train, would provide 
an economical means of conditioning the rail for adhesion pur- 
poses. This is especially so, if a means or system is developed to 
automatically actuate the spraying equipment as it passes the 
beginning of the grade and terminates the spray as it passes over 
the apex of the grade. A manual operation, using a caboose, was 
tested with excellent results. The only difficulty was a means to 
keep the nozzles from plugging and this could be overcome with a 
water rinse after the spraying is terminated at the apex of the 
grade. From a practical standpoint, this operation must be 
automatic with predetermined locations requiring conditioning 
and using roadside electronic pickups to start and stop the spray. 

Upon the success of developing a compound to use, as an alter- 
nate to sand, on the lead locomotive as a means of self rail econ- 
ditioning, this same equipment, for automatic starting and stop- 
ping of the spray, would be adaptable for a lead unit operation. 

A considerable part of this report and ASME Paper No. 55—A- 
132 indicates an improvement in operating efficiency in the cost 
per revenue ton mile and in maintenance of way costs due to bal- 
last and rail damage. 

However, from a mechanical standpoint, the possible reduction 
in locomotive maintenance, by the elimination or considerable re- 
duction in the use of sand, would justify the use of a rail condition- 
ing compound. J. W. Horine, in AJEE Trans. Paper 58-504, 
concluded, it is estimated that dirt (and it is our opinion a great 
majority is due to sand) is responsible for approximately 25 
per cent of the total cost of maintaining and preparing diesel- 
electric locomotives for service or a national total cost of over 
138 million dollars. Also, D. H. Noble, in AIEE Conference 
Paper 58-506, estimated that the railroads expend between 
$7,500 to $9,600 monthly per 100 diesel units to wipe up 
dirt and oil contamination. Oil spillage is decreased by main- 
tenance, but, as long as sand predominates as the only approved 
adhesion medium, that portion of the maintenance of equipment 
ratio required for diesel cleaning will not decrease. 

It is not difficult to realize the potential, if an alternate for sand 
The reduction of the operating 
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ratio by increased efficiency in full utilization of the diesel poten- 
tial pulling power; the reduction of the maintenance of way ratio 
by extending ballast cleaning and rail renewing periods; the re- 
duction of the maintenance of equipment ratio by longer main- 
tenance period in the diesel unit rotating equipment and less 
and material for car body, trucks, filters, ete.; 


foie 


cleaning time 


ied 


“en's 


‘od 


the 
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reduction in lading damage claims by the smoother slack action 
which will accelerate account of slipping and the improved rela- 
tionship with shipper and consignee by the reduction of elapsed 
time that is lost due to slipping and parted trains, are all contribut- 
ing factors to make it mandatory for the railroads to accelerate 
the study for a rail conditioning medium. 
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~ A Method for a the Behavior of 
— Cutting Fluids in Wear of Tool Materials 


By L. V. COLWELL,! 


Refinements of design and instrumentation in a new friction 
and wear machine result in some new types of information which 
show promise of extending knowledge of the mechanisms of 
friction, lubrication, and wear. Provision has been made for 
varying normal load linearly with time and oscillating it between 
preset values. There is continuous recording of both the normal 
load and the friction reaction. Continuous recording at oscillat- 
ing normal loads has discriminated sharply between lubricant 
additives. Close control of test conditions in wear studies has 
made it possible to identify high residual compressive stresses 
produced in finish grinding of cutting tools. 


Ir sEEMS almost presumptuous to lay claim to any new develop- 
ments in this area in view of the vast amount of research that has 
been done in this complex field. While much has been done, 
there are many fundamental and applied problems remaining to 
be solved. It was an attempt to solve some of the problems with 
lubricants for metal-processing operations that led to develop- 
ment of the apparatus described in this paper. More important 
than new features in apparatus, however, is the new type of in- 
formation which these refinements have made possible. Thus the 
primary purpose of the paper is to discuss a new approach to lu- 
brication and wear problems. 

The new approach consists of observing and measuring the be- 
havior of lubricants at continuously varying load conditions in 
the presence of accelerated wear and substantial change in the 
geometry of the rubbing surfaces during a single test. Details of 
the method can best be discussed in connection with samples of 
test results but first it is advisable to review some aspects of the 


Fig. 1 is a general view of the machine. It consists of a standard 
drill press which has been modified for the purpose. One speci- 
men of a friction pair is mounted on the spindle and rotated. The 
other specimen is mounted on a carrier permitting straight-line 
motion radially to the spindle. The specimen carrier and all of 
the loading mechanism are mounted on a square housing which in 
turn is mounted on ball bearings so that the entire assembly is 
free to rotate about the center line of the spindle. The normal 
load between the friction pair is provided by dead-weights 
mounted on a table free to slide along two one-inch-diam horizon- 
tal rods. 

When the table is in its innermost position the dead-weight 
loading mechanism is counterbalanced and the normal load be- 
tween the specimens is equal to zero. The table is connected by 
a split nut to a lead screw rotated by a small synchronous motor. 
Thus in starting a test, the load can be increased linearly with 


test apparatus. 


A New Friction-Wear Machine 


1 Professor, Department of Mechanical Engineering, University of 
Michigan. Mem. ASME. 

Contributed by the Research Committee on Metal Processing and 
presented at the Annual Meeting, New York, N. Y., December 1-6, 
1957, of Toe AMERICAN SociETY OF MECHANICAL ENGINEERS. 

Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscripts received at ASME Headquarters, 
May 7, 1957. Paper No. 57—A-160. 
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time as the table travels outward from the balance point. Even- 
tually, the table engages a preset limit switch which selectively 
either stops the table and holds the normal load at that value, or 
reverses the synchronous motor causing the load to be reduced at 
the same rate it had increased. In the latter type of operation 
the normal load can be made to oscillate between any preselected 
values of high and low load including a low load of zero. 

Both the normal load and the torque or friction reaction are 
indicated continuously by the use of resistance-wire strain gages 
mounted on cantilever beams. A carrier-amplifier-recorder pro- 
vides a continuous time chart of these important quantities. 
The load cell for the normal load lies between the specimen car- 
rier and the heavier dead-weight loading system. This feature has 
two advantages: It limits the normal load variations resulting 
from runout of the rotating specimen and it provides immediate 
indication of any undesirable alignment between specimens 
since the spindle is always operated above the resonant frequency 
of the dead-weight system. 


Fig. 1 Friction-wear machine consists of standard drill press with 
all additional mechanism clamped to and pivoted about the quill. 
Test specimens are mounted on lower end and can be lowered into 
any suitable lubricant container. 


A similar load cell is used to constrain the so-called stationary 
specimen against rotation about the center line of the drill-press 
spindle. The natural frequency of this system also is very low, 
but the majority of its mass or inertia lies between the torque load 
cell and the point of torque application so that short duration 
changes in torque are greatly attenuated on the chart recording. 

Fig. 2 is a close-up picture of two typical test specimens 
mounted in place ready for a test. The specimens are submerged 
‘in a bath of lubricant contained in a glass dish. At the conclusion 
of the test, the quill is raised and the apparatus can be cleaned 
readily in preparation for the next test. 


1054 


> 
+ 
> 


JULY, 1958 


A variety of specimen shapes can be tested in this machine but 


they do not represent anything new that has not been tried be- 
fore. Typical combinations are: 


Geometry of Test Specimens 


Combination Rotating specimen Stationary specimen 
Flat plane 
Flat plane 
Cylinder 

Cylinder 

Cylinder 

Thread tap 


Spherical 

Torus 

Cylinder 

Torus (convex) 
Torus (concave) 
Simulated thread 


Plane and sphere 
Plane and torus 
Crossed-axes 
Crossed-axes 
Crossed-axes 
Special 


None of these combinations are particularly new in wear stud- 
ies since others have used them in different test situations. For 
example, Jannin (1)? and Spindel (2) reported on tests with simi- 
lar arrangements in 1922. Also, Brownsdon (3) reported on tests 
using these specimen configurations in 1936. 

A major portion of the work done to date with this machine has 
been with the plane and sphere combination where the rotating 
specimen is a portion of a sphere and the so-called stationary speci- 
men is a flat plane which is brought into tangential contact with 
the spherical surface during a test. This arrangement offers cer- 
tain advantages for test purposes. Perhaps the principal advan- 
tage is that Hertzian equations can be applied to predict the 
stresses and minimum elastic-contact areas in the early stages of 
test before significant wear has taken place. Thus if a test be- 
gins with gradual application of the normal load and if the rate of 
application of this load is slow enough in relation to rate of wear, 
then the most severe pressures will be encountered in the early 
stages thus making it possible to predict and control the upper 
limits of pressure and shear stress as they are related to the flow 
properties of the metals under test. Timoshenko (4) gives the 
following equations for the plane and sphere combination 


Maximum pressure = 3N/2ma? 

Maximum shear %y = 

+ [3] 
(1 — [4] 


= (1 — 


Radius of contact area a 
where ki = 
and 


Poisson’s ratio for the test materials 
modulus of elasticity 
normal load 


V2 
E,, 
N 


These equations were used in planning the typical experiments 
which are reported in this paper. 

Typical Test Results 


Friction Records. Fig. 3 shows reproductions of the beginning 


portions of the recorder charts obtained for three different lubri- _ 


cants. The test specimens in this case consisted of an oxidized 
aluminum sphere and a high-carbon-steel flat plane. The steel 
specimen was quenched and tempered to a hardness of 37-39 
Rockwell C-scale. The test began with zero normal load which 
was increased linearly with time until a peak value was reached 


and then oscillated between that value and the lower value shown ; ~ 


in Fig. 3 for a total time of one hour. The individual cycles were 
45 sec in duration. The thrust or normal load record is shown at zs 


the bottom in Fig. 3. This, of course, was the same for the tests 
with all three lubricants. 


The corresponding torque or friction force records are shown 


above the thrust record in the figure. All of these likewise began 
at zero torque level. In any test, if the coefficient of friction were 


2 Numbers in parentheses refer to Bibliography at end of paper. 
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specimens lo nto glass dish 
Typical test specimens are shown 


Fig. 2. A close-up showing test 
containing clear butyl stearate. 
on writing board. 


constant at all thrust loads then the torque versus time record 
would be an exact multiple of the thrust record. Thus any devia- 
tions from this ideal state constitute deviations of the coefficient 
of friction. 

It will be noted that the torque record obtained for the straight 
mineral oil as shown on the top of Fig. 3 remains substantially 
constant or insensitive to the oscillating thrust load whereas the 
same mineral oil with an additive designated as additive A did re- 
spond sensitively to changes in the thrust load during the oscil- 
lating part of the cycle. The same mineral oil plus additive B 
demonstrated the same erratic behavior as the mineral oil alone, 
but it did respond appreciably to the oscillating thrust. It was 
observed that the small rapid variations in the torque records for 
the straight mineral oil and with additive B were accompanied by 
more or less rapid clouding up and discoloring of the bath of oil. 
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FRICTION CHARTS 
Beginning of Test Run 


(MO) 


Straight Mineral Oil 


> 


TIME 


plus Additive- A (MO+A) 


FRICTION REACTION 


Minerol Oil plus Additive-B8 (MO+ 8) 


} 43.4 pounds 
“— 338 pounds 


Oscillating Normol Lood 


NORMAL 


Fig. 3 Reproduced chart records for the first few cycles of a one- 
hour test run. Cycle period is 45 sec. Normal load reaches initial 
peak in 74 sec. Spindle speed, 493 rpm; 5052 aluminum specimen 
with light oxide rubbing on 37-39 R, steel flat. 
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change in the friction behavior in the test with the straight min- 
eral oil. On the other hand, the torque records for additives A 
and B both changed considerably. With additive A, the range of 
f ee rs ee eee torque variation with the oscillating thrust load increased more 
than 100 per cent and the small, rapid variations on the torque 
line did coincide with the appearance of some cloudiness in the 
test lubricant. Additive B produced a quite different torque rec- 
ord indicating a very sharp increase in torque or coefficient of 
‘\ friction in the vicinity of the peak thrust load, whereas it ap- 
7 Metin. 5 cor peared to be almost insensitive to changes in thrust load at other 
(MO+A) levels. The differences which appear in these records can be at- 
ol ; ——$_______——_ tributed to several things, one of whick is wear of both the speci- 
\ mens. This aspect of the problem will be discussed later. 
| | % Fig. 5 shows the chart records for the last six cycles of the total 
| 


FRICTION CHARTS 
Middie of Test Run 


FRICTION REACTION 


4 \ l of 80 cycles. Once more the straight mineral oil shows no 

/ change. Additive A, on the other hand, reacted in a further in- 

(MO +8) crease of torque range, and appeared to be approaching the be- 
ae havior demonstrated by additive B midway of the test. 

Fig. 6 shows another test condition with the same specimen 
pair and the straight mineral oil with and without additive A. 
‘The two top torque records show the beginning and end of a one- 
hour test run wherein the thrust or normal load was oscillated be- 
tween zero and the maximum. However, it will be noted that 


ig. Chest fer ef cunning the maximum was substantially less in this case than for the tests 
time about 30 min. Note change in shape of friction reaction curves Tepresented by Figs. 3 to 5, inclusive. It will be noted that the 
for (MO + A) and (MO + B) compared to corresponding curves in straight mineral oil did produce a sensitive reaction to the oscil- 
Fig. 3. lating thrust load for this lower level of load. However, it still 


aa 

NORMAL LOAD 


-~ 7 demonstrated inability to prevent sloughing off of small particles 
FRICTION CHARTS oe 7 of aluminum, thus producing cloudiness in the oil. Additive A, 
oe a we ae on the other hand, appeared to duplicate its performance with 
. . . 
‘ » ce the high load range at the beginning of the test and changed 
oe 7 rather little throughout the one-hour run. 
(MO) 7 a Figs. 7 and 8 are a repetition of the tests shown in Figs. 3 to 5, 
fe) inclusive, except for the use of an aluminum specimen with a 
3 — somewhat heavier layer of surface oxide. As long as the oxide re- 
mained on the surface, the straight mineral oil gave a torque rec- 
ord similar to those obtained with the additives. However, it 
1 ( _ would be noted in Fig. 8 that small rapid variations indicating 
7 sloughing off have appeared near the end of the one-hour test. 
So. (MO + A) 
| | FRICTION CURVES FOR TESTS AT LIGHT LOADS 
| 
+ OL. —Begnning 
4 Time ———> 
S End 


Fig. 5 End of test runs showing changes in friction torque after one 
hour of rubbing. Compare with Figs. 3 and 4 for the beginning 
and middle respectively. 


FRICTION 
> 


This was determined to be due to very small particles of aluminum : 
being sloughed off from the rotating specimen. Thus it would ap- 
pear that the sudden changes in the corresponding torque records 


E 


represented unstable seizure. It is significant that the test made 60 
with additive A did not produce discoloring or cloudiness and it Py : . 
will be noted that the torque record similarly is relatively smooth. 5 | — 7 pounds |90 Seconds) ~ 
Figs. 4 and 5 are reproductions from the same recorder charts z| . - 
as Fig. 3 but were selected from the middle and near the end of z a 
2 


the tests respectively. Fig. 4 shows the change in behavior 
brought about by approximately 30 min of running and 40 cycles pig. 6 Lighter normal load permits usual reaction to oscillation. 
of thrust oscillation. Note that there has been no apparent (Compare with top curves in Figs. 3, 4, and 5. 
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FRICTION CURVES FOR THICK OXIDE COATING 
Beginning of Test Run 


Mineral Oil (MO) 


—> 


(MO+ A) 


es 


FRICTION TORQUE 


(MO + B) 


-~434pounds 
\— 338 pounds 
seconds 


MAL LOAD 


NORMAL 


Fig. 7 Comparable to Fig. 3 except that the rotating 5052 aluminum 
specimen was given thicker oxide surface coating. Note effect with 
lubricants (MO) and (MO + B) compared to performance in Fig. 3. 


-ERICTION CURVES FOR THICK OXIDE COATING 


' End of Test Run 


Mineral Oi (MO) 


TORQUE 


FRICTION 


60 
Note absence of seizure when addi- 
tives were used. Also note lower friction with additive B. 


Fig. 8 Compare with Fig. 5. 


Additives A and B reacted quite differently from the previous 
test made with the lighter oxide coating. Fig. 8 shows that the 
range of torque reactions actually decreased in contrast to the in- 
crease that occurred in the earlier tests. The reasons for these dif- 
ferences are not yet fully understood, but it is apparent that rates 
of wear, film strength, adhesiveness, and so forth are combining 
in such a manner as to provide a sensitive distinction in the form 
of the torque records. 

The wear scars produced in the high-carbon-steel specimens 
were substantially different for the three lubricant conditions. 
The area of the scar was measurably less for the straight mineral 


a TYPICAL WEAR SCAR 
Rotating Sphere on Flat Pione 


|Notches caused by 
sloughed-off porticies 


Perimeter 

Depth usually less thon 0 OO! 

A 


Normoi_or Thrust Lood 
Width 


(o)PLAN VIEW (b) SECTION AT A-A 
Fig. 9 Length of scar is aaa in direction parallel to axis of 


rotating specimen. Section of scar at (b) will not be true circle but 
will approach this condition at high wear rates. 


oil, but this appeared to be due to the inability of the oxide to re- 
main on the aluminum specimen throughout the test with this oil. 
In addition, the scars obtained with the straight mineral oil were 
also streaked with relatively deep notches parallel to the rubbing 
direction. This appeared to be due either to gross seizure in lo- 
calized regions or to the sloughed-off particles which might have 
become reimbedded in the aluminum specimen because of contin- 
uous agitation of the lubricant bath. Such notches did not ap- 
pear when additives A and B were used. Therefore, these addi- 
tives acted in some manner to enable the oxides to remain intact 
at the same loads. 

Wear Scars. Fig. 9 is a schematic reproduction of a typical 
wear scar. The sketch at A in this figure shows the general outline 
of the sears which have been obtained with a wide range of lubri- 
cants and specimen materials. The notches which have been re- 
ferred to previously do not occur unless there is seizure or slough- 
ing off of the rotating specimen. If the rotating specimen is very 
hard, or for some reason does not wear, then the sear will be cir- 
cular. On the other hand, if it does wear, then the scar will be 
longer in the direction designated as length [Fig. 9(a)] than in the 
other direction designated as width. In general, the width will be 
larger with a high rate of wear of the tool material. Others have 
used the ratio of the length to the width of the scar as a general 
parameter for comparing their results. A large value of this ratio 
can be the result of a rapidly wearing, rotating specimen for a 
given tool material or a higher wear resistance of the tool material 
for any constant rate of wear of the rotating specimen. However, 
it becomes necessary to consider both the length and width inde- 
pendently as well, in order to describe the wear situation com- 
pletely. Table 1 shows friction and size data of typical wear 
sears for a range of materials. 

Fig. 9(b) shows a section of a typical scar parallel to the rub- 
bing direction. The curvature has been exaggerated for the sake 
of illustration. Usuaily the scar obtained with the 1.5-in-diam 
sphere is less than 0.001 in. deep at the midpoint and most of 
them are less than 0.0005 in. at the test conditions used so far. 

Behavior of Specimen Contact Under Oscillating Normal Load. 
Fig. 10 shows schematic drawings of the two specimens in contact 
at the high and low normal loads during an oscillating load test. 
The rotating specimen, Fig. 10(a), is shown to be in full area con- 
tact with the scar at high normal load. For the low normal load, 
the rotating spherical specimen is shown, Fig. 10(b), to have re- 
laxed elastically resulting in higher curvature in the contact area. 
Similarly, the stationary specimen, which contains the scar, also 
relaxes elastically resulting in less curvature with the net result 
that an open wedge appears near the perimeter of the scar, thus 
permitting the lubricant to create a different friction or lubricat- 
ing condition providing it has the capacity to use this opportu- 
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Table 1 Typical friction and wear results 
Normal load oscillates between 7.2 and 9.6 lb, reaching the maximum value of 9.6 lb in 1.5 


min 
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Stationary specimen: (18-4-1) high-speed steel flat (hardness = 63 R, except as noted) 
Lubricant: 90 per cent mineral oil plus 10 per cent of a sulfur additive 


Spherical specimen————. 

Material Heat treatment 
Cast iron Plain (as ma- 
chined ) 


16 hr @ 950 F 
16 hr @ 950 F 


Cast iron 
Titanium 


Bronze 
(85/5/5/5) 
Brass (70/30) 


Aluminum 


5052 16 hr. @ 950 F 
Aluminum d 
5052 16 hr. @ 950 F 
Aluminum 
5052 16 hr @ 950 F 
16 hr @ 950 F 
16hr @950F 


Aluminum 
5052 
16 hr @ 950 F 


Aluminum 
5052 

Aluminum 
5052 


Aluminum 
5052 
Aluminum 
5052 
Aluminum 


16 hr @ 950 F 

16 hr @ 950 F 

052° 16 hr @ 950 F 
Aluminum 

5052 16 hr @ 950 F 


Aluminum 


5052 16 hr @ 950 F 39.0 


Test 
dura- 
tion, 
min 
10.21 


Scar——— Coefficient 
Length, of 
in. friction 
0.053 0.055 to 


0.063 
0.042 0.055 to 
0.143 


0.067 
0.250 to 
0.048 
0.027 


Width, 
in. 
0.025 
0.021 
0.055 
0.018 
0.014 


10.21 
10.18 
10.28 
10.25 


0.275 
0.057 to 
0.066 
0.055 to 
0.063 
0.022 0.040 
0.025 
0.027 
0.034 
0.036 


0.037 


0.031 
0.037 
0.040 
0.043 
0.045 


0.50 
1.00 
1.50 
2.00 
5.65 
10.23 


10.00 
10.00 
10.00 
10.00 


0.0313 
0.0294 


0.0273 0.0541 to 


0.0515 


10.00 0.0241 0.0652 0.0515 


* Normal load constant at 37 lb after loading gradually from zero; time to reach peak 


load was 5.8 min. 


RELATIONSHIP OF WEAR SPECIMENS 
With Oscillating Normal Load 
Lubricant) 
Wedge \ 


‘[Free or unloaded radius <Etfective of scor 
of rotating specimen f 


“Effective radius of scar 
| Normal Load 


(a)AT HIGH NORMAL LOAD (b)AT LOW NORMAL LOAD 


Fig. 10 A lubricant wedge forms between rotating specimen and 
the wear scar as the normal load is reduced. Many shapes of the 
scar section are possible as the result of different rates of wear. 


nity. The behavior with oscillating normal load cannot be de- 
scribed as simply, since it is complicated by the fact that wear may 
be going on continuously, but at a rate which varies gradually 
with the normal load. On the other hand, it is possible that wear 
practically ceases at the lower loads while it might progress very 
rapidly in _ aay of the highest thrust load. Much more 


study needs to be given these properties before complete interpre- 
tation can be given for the typical torque records shown in Figs. 
3 to 8, inclusive. a 


Conclusions 


1 Oscillating normal load accompanied by continual changes 
in the geometry of the test specimens during the friction-wear test 
provides a new type of test information which does appear to dis- 
criminate sharply between some different lubricants. 

2 It is believed that this new type of information is also sig- 
nificant since much of the wear that takes place in lubricated 
bearings of different types is in the presence of oscillating load 
conditions, where such oscillations vary considerably as to fre- 
quency and range of load. ' 
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The Spiral Point Drill—A New Concept in 


~ Drill Point Geometry 


By HANS ERNST! ano W. A. HAGGERTY,? CINCINNATI, OHIO 


The drilling process is one of the oldest and most widely used 
manufacturing operations. Billions of holes are drilled each 
year, and over 100 million drills are manufactured annually in 
the United States alone. However, in spite of its economic 
importance, the geometrical shape of the drill point (the so-called 
‘chisel edge’’) has remained virtually unchanged for over a 
hundred years, even though its disadvantages of lack of center- 
ing, and poor cutting action at the center, have long been recog- 
nized. 

This paper describes an investigation into the cause of these 
disadvantages and a search for other geometrical forms which 
might result in improved performance. In the course of this in- 
vestigation a ‘‘three-dimensional spiral’’ point shape was de- 
vised with interesting technical and performance characteristics, 
together with a unique method of point generation. 

Photomicrographs are presented showing sections through the 
drill point and partly formed chips at various points along the 
cutting edge, both for the conventional chisel point and the 
spiral point shapes, showing characteristic differences in chip 
formation. The results of a series of investigations of cutting 
forces and other performance criteria such as roundness, hole 
size, and drill life, are presented for both of these shapes, 
together with a few case histories of results obtained with the 
new geometry under repetitive manufacturing conditions. A 
description is given of a method for producing this shape on any 
type of drill. 

A modified form of the basic spiral point geometry is shown, 
which has additional unique characteristics for the drilling of 
sheet metal, and which therefore may have important applica- 
tions in the aircraft and other sheet-metal fabricating industries. 


Introduction 


Tue drilling of holes was one of man’s earliest machining 
achievements. By using crude cutting edges on the end of a 
rod, rotated by a bow, he was able to produce a hole in a solid 
body. Today, the drilling of holes remains one of the most 
widely used manufacturing processes. About 20 per cent of the 
2,000,000 machine tools in the United States are drilling machines; 
in addition, there are hundreds of thousands of electric and 
pneumatic hand drills. From conservative estimates it appears 
that the number of drills used per year, in the United States 
alone, is well over 100 million. All but a very small percentage 
of these drills are of the common two-lipped twist-drill type. 

The conventional twist-drill point, which has remained vir- 
tually unchanged for over 100 years, has the general configura- 
tion shown in Fig. 1. The cutting elements comprise two main 
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MAIN CUTTING EDGE 


\ “MAIN CUTTING EDGE 


_® +9 
# > FACE RAKE (%, ) 


RADIAL RAKE (%,) 
AXIAL RAKE (%q)’ 


Fig. 1 Drawing of conventional twist drill, showing chisel edge 


cutting edges (or lips) lying in parallel planes displaced from each 
other by a distance equal to the thickness of the web. These are 
connected by a secondary cutting edge (or chisel edge) which is 
formed by the intersection of the flank surfaces extending rear- 
wardly from the main cutting edges. Relief (or clearance) for 
the main cutting edges is provided by the contour of the flank 
surfaces, which usually are generated by engagement with the 
plane surface of a grinding wheel, or with a peripheral grinding 
surface of relatively large radius. Point angles for twist drills 
are customarily 118 deg, but may vary from about 60 to 180 deg 
for various materials or special classes of work. 

This basic chisel point geometry of the twist drill was inherited 
from the earlier flat drill, whose origin is lost in antiquity. 

While the main cutting edges of twist drills are relatively ef- 
ficient cutting tools, this is not true of the secondary cutting 
edge, or chisel edge. The advancing face of the chisel edge, in 
effect, has a very large negative rake angle (approximately one 
half the point angle of the drill); furthermore the space ahead of 
this face into which the chip can escape is greatly restricted. 
Consequently the cutting conditions in this region are extremely 
bad, and there is no possibility of free chip flow or efficient metal- 
cutting action. 

A further disadvantage of the conventional chisel edge arises 
from the fact that it terminates in almost a straight line perpen- 
dicular to the axis of the drill, as illustrated in Fig. 1. Thus the 
surface generated by it is also a flat plane at right angles to the 
axis, and consequently the drill itself has no self-centering action 
when it first engages the workpiece. In practice, one end of the 
chisel edge is often slightly higher than the other due to small 
imperfections in symmetry of grinding, hence conventional drills 
usually tend to “‘walk”’ to one side or the other of the desired hole 
location unless restrained therefrom by guide bushings or fixtures, 
or by the use of a center-punched hole in the workpiece. 

In view of the economic importance of the drilling operation, 
and these well-known disadvantages of the chisel edge system, it 
seems strange that the records of the Patent Office, and the tech- 
nical literature covering research in the drilling process, show 
very few serious attempts in the metal working industry to de- 
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velop a more effective, yet commercially reproducible, drill point 
geometry. 

The purpose of the present investigation therefore was to study 
in detail the geometrical factors in the drill point which control 
not only the process of chip formation and forces encountered, 
but also such performance parameters as centering, roundness, 
straightness, and size of holes; further, to investigate the possi- 
bility of developing an entirely new drill point geometry based on 
the fundamental requirements for efficient chip formation and 


accurate hole generation, and thereby to improve drill perform- 


Drill Point Geometry ay 


In analyzing the mechanics of the chip forming process in a 
simple orthogonal type of cutting operation, such as Fig. 2 (where 
the cutting edge is perpendicular to the relative tool-work veloc- 
ity vector), only one rake angle need be considered; viz., the 
angle (@) measured in a plane perpendicular to the cutting edge, 
and lying between the tool face and a line which is perpendicular 
to the surface generated. 


/POSITIVE RAKE aA & 
@. 
«= 


TOOL 


WORKPIECE 


Fig. 2 A two-dimensional cutting tool system (orthogonal cutting) 


By contrast, the process of drilling is a complex three-dimen- 
sional cutting operation, where the cutting conditions vary from 
point to point along the entire cutting edge from axis to pe- 
riphery. Nevertheless, even in such a system, the chip forming 
process at any point may be analyzed with respect to force 
components and chip flow in terms of rake angles measured in 
appropriate planes intersecting the cutting edge at the point 
under consideration, and extending between the tool face and a 
significant reference plane. 

The angle which corresponds directly with the rake angle 
shown in Fig. 2 is the normal rake a,. This has been defined by 
Oxford (1)° for the case of the drill, as ‘‘the angle, measured in a 
plane normal to the cutting edge, between the cutting face 
(plane) and a normal to the plane containing both the cutting 
edge and the drill velocity vector.’’ However, the last-men- 
tioned plane is identical with a plane tangent to the surface 
generated, at any point under consideration. Hence, if the 
normal rake is defined as “the angle (at any point on the cutting 
edge) measured in a plane normal to the cutting edge, and lying 
between the tool face and a line normal to the surface generated 
at that point,’’ its identity with the simple rake angle of Fig. 2 
becomes obvious. This angle therefore also corresponds to the 


? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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angle designated by Merchant as ‘oblique rake’’ in his classical 
analysis of three-dimensional tool geometry (2). However, it 
now appears that the term “‘normal rake’’ would be more gener- 
ally descriptive. 

Another angle which has been used in describing the geometry 
of the three-dimensional drill system is the face rake angle ay. 
This has been defined as ‘‘the angle, measured in a plane normal 
to the cutting edge, between the cutting face (plane) and a plane 
parallel to both the cutting edge and the axis of the drill.’””. This 
angle has the advantage of easy measurement and visualization 
on the drill, but is not in itself a “fundamental metal cutting 
angle.’’ The relationship between normal rake and face rake has 
been given by Oxford (1) as 


where We 
tan@ = tan 8 cos p 
inwhich 


= web angle = arc sin ww 
r 


8 

p = '/, drill point included angle 
w = web thickness ee 
r = radius to any point on cutting edge 


Another significant rake angle in'the drilling system is the 
angle measured in a plane containing both the drill velocity vector 
and the chip flow velocity vector, and lying between the tool face 
and a perpendicular to the drill velocity vector. As pointed cut 
by Merchant (2) and others the direction of chip flow in a three- 
dimensional cutting system is not exactly perpendicular to the 
cutting edge, but differs by a variable amount depending on such 
nongeometrical factors as the friction at the chip-tool interface 
and the influence of adjacent elements of the chip (in a nonlinear 
cutting edge). This angle has been termed “‘effective rake’’ by 
Oxford (1) and others; however, it is admitted that this term 
may be somewhat misleading as it is not yet known whether this 
angle, or any other single rake angle, can he used as a criterion of 
performance in so complex a system. 

In order to facilitate visualization and measurement of drill 
geometry, the shape and disposition of elements of the cutting 
edges and chip forming surfaces also may be described in terms 
of the equivalent angles of face milling cutters. In principle, the 
chip forming action of any element of a cutting edge in a drill is 
identical with that of a similarly oriented element of a face mill. 
The only difference in operation is that the feeding incremen‘ is 
axial for the drill and radial for the face mill. 

As shown in Fig. 1, the axial rake a, at any point on the cutting 
edge is measured with respect to a plane passing through 
that point and the axis of the drill, while the radial rake @, at that 
point is the angle between a radial line and the tool face. The 
half-point angle C (the angle of the enveloping cone at the point 
under consideration) corresponds to the ‘‘corner angle’ of the 
equivalent face mill. Thus any element of the tool face, for any 
form of drill point shape, can be described or specified in terms of 
these three, easily measured, fundamental geometrical quantities. 

A similar suggestion for treating drill geometry in terms of the 
corresponding basic angles for lathe tools (back rake, side rake, 
and side cutting edge angle) has been made by Shaw (3). The 
only advantage of using the milling cutter angle nomenclature is 
that the terms axial rake, radial rake, and corner angle are di- 
rectly applicable to the drill geometry. Mathematical relation- 
ships can be derived readily for computing, from these quantities, 
the corresponding values of other desired angles such as normal 
rake and inclination. 
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The severe deformation of the work material under the chisel 
edge of the conventionally ground drill point, and the opposition 
to free chip flow in this region, have been illustrated clearly and 
emphasized in the excellent papers by Oxford (1) and Shaw and 
Oxford (4) on the mechanics of the drilling process and the 
torque and thrust in drilling. As pointed out in these papers, 
the conditions under the chisel edge ‘resemble the cutting action 
of a tool with a very high negative rake, of about minus 56 deg.”’ 
Furthermore, because of the high negative rake and the extremely 
small space which is therefore available for chip flow between the 
advancing chisel edge and the bottom of the hole, it is suggested 
that the “action of the chisel edge be considered in part a cutting 
operation and in part an extrusion operation.” 

Fig. 3 shows the relationship between the face rake angle a,, the 
normal rake angle a,, and the radius, at points along the cutting 
edges of a conventional chisel point drill. It will be noted that 

_ for zero feed rate, a, and @, are identical and have a very large 
negative value along the entire extent of the chisel edge, then 
change abruptly to approximately zero for the face-rake angle, 

and to about —40 deg for the normal rake. From this point 
on they both increase gradually to relatively large positive values 
at the periphery. 


CUTTING SPEED - SFPM 


Fig. 3 Relation between normal rake, face rake, cutting speed, and 
radius for '/;-in. diameter chisel point drill. (Values for a, are cal- 
culated for zero feed rate.) 
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CHISEL POINT DRILL 


Fig 4 Series of photomicrographs of sections through chisel point drill and partly formed chips, at successive points along cutting edge 
from axis to periphery 
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The large negative rake near the center of the drill is par- 
ticularly bad because of the very low cutting speed in this region. 
Fig. 3 also shows the values of cutting speed at points along the 
cutting edge for a '/:-in. drill rotating at 460 rpm. Along the 
chisel edge the cutting speed ranges from zero to only about 12 
fpm; whereas it has been shown previously (5) that a cutting 
speed of some hundreds of feet per minute is necessary, even with 
much lower values of negative rake, in order to obtain an efficient 
cutting action. The progressive improvement in cutting action 
along elements of the cutting edge, from the axis to the periphery 
of the drill, is shown in the series of photomicrographs, Fig. 4. 
This improvement is due to the combined effect of the increase 
in cutting speed and the increase of rake angle in the positive 
direction. For the sake of simplicity, each of the sections illus- 
trated was made in a plane perpendicular to the cutting edge at 
that point, therefore, when these sections are oriented as shown, 
with the newly generated surface horizontal, the rake angles 
measured with respect to the vertical correspond to the normal 
rake angles a, (Fig. 3). These photomicrographs were made 
with the aid of the quick-stop apparatus shown in Fig. 5, which 
will be described in detail later. 

From the foregoing it appears that improvement in the over- 
all performance of the conventionally ground chisel point drill 
can be brought about only by a change in the drill point geome- 
try. In the past, attempts have often been made to reduce the 
large negative rake ahead of the chisel edge by a subsequent off- 
hand or machine grinding operation. An example of this ap- 
proach is the so-called “split point’? which has been described by 
Oxford (1) and others for special applications. 


00000000 


Fig. 5 Diagram of quick-stop apparatus 
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Another approach has been by the development of special drill 
grinding machines, such as described in U. S. Patent No. 1,546,- 
453 (6), with relative oscillatory motions between grinding wheel 
and drill so as automatically to effect a certain reduction in nega- 
tive rake ahead of the chisel point, and thus lower the thrust 
force encountered in the drilling operation. 

None of these methods, however, has resulted in the elimi- 
nation of the traditional chisel edge with its basic lack of self- 
centering action, and consequent erratic action in entering a 
workpiece, as described in detail by Galloway (7). To provide 
an effective centering, it is evident that the contour of the drill 
point in the vicinity of the axis itself must be changed; however, 
any proposed improvement in point shape can have general ap- 
plication only if it can be produced economically by some rela- 
tively simple manufacturing procedure. Hence a proposed point 
shape and its method of generation must be considered together. 

Studies of possible point configurations led to the conclusion 
that it wag indeed practicable to develop an improved point 
shape and also an effective means for its generation. 


The Spiral Point Drill 


Geometry. The configuration adopted as a result of this inves- 
tigation is shown in Fig. 6, in end and side elevation. (For com- 
parison, similar views of a conventional drill are shown in Fig. 7.) 
As indicated by the descriptive designation “spiral point,” the 
entire flank surface associated with each cutting edge is formed 
as a ‘“‘three-dimensional spiral’ surface extending from the axis 
of the drill to its periphery. For simplicity, the generatrix of 
this surface may be considered (as shown in Fig. 8) as a straight 
line a lying in the plane of the axis of the drill and inclined thereto 
at an angle corresponding to '/: of the point angle P, and ter- 
minating at the end adjacent to the axis in an arc of small radius 
b. In generating the shape of the drill point, this line is rotated 
about the axis of the drill and is simultaneously reciprocated 
through small distances, both radially and axially, twice per 
revolution. By a proper co-ordination of these three motions in 
magnitude and phase (with respect to the flutes of the drill) the 
shape of the end of the drill can be generated, as desired, to pro- 


Fig. 6 The spiral point drill Fig. 7 The conventional chisel 


point drill 
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LPOSITION OF GENERATRIX 
AT BEGINNING OF EACH 
CYCLE OF RECIPROCATION 
b 


{reciprocation 


Fig. 8 Diagram showing generation of spiral point shape. The 
generatrix of the “‘spiral point’’ drill may consist of the straight line a 
terminating in the small arc b. This is rotated about the axis of the 
drill and simultaneously reciprocated a small distance, both radially 
and axially, twice per revolution. In practice, the conical surface of 
a sma 


Fig. 9 Model for studying various drill point configurations 


vide a true self-centering action, a proper relief for the cutting 
edge, and effective values of normal rake in the region close to the 
drill axis. 

In practice, the line generatrix is replaced by the conical sur- 
face of a small grinding wheel whose axis is parallel with the axis 
of the drill, appropriate minor modifications being made in the 
shape of the cams which control the radial and axial reciprocations 
so as to obtain the desired shape on the drill point. 

As indicated in the end elevation in Fig. 6, the secondary cut- 
ting edges of the spiral point drill form a characteristic S-shaped 
line. By contrast, as seen in the end elevation of Fig. 7, the 
secondary cutting edges of the conventional drill point form the 
straight chisel edge. 

In studying various possible drill point configurations, use was 
made of the model illustrated in Fig. 9. Here the generatrix a 
representing a small segment of the grinding wheel is rotated 
about the axis of a large wax model of the drill point b. Radial 
and axial reciprocation of the generatrix relative to the drill 
point is produced by the radial and axial cam surfaces c and d. 

This model proved very helpful in studying the geometry of 
the system and the effect of changes in the shape controlling fac- 
tors. 

Chip Formation. Fig. 10 shows a series of photomicrographs 
of sections taken on planes perpendicular to the cutting edge of a 
spiral point drill, at radial distances of 0.010, 0.020, 0.030, 
0.050, 0.140, and 0.240 in. from the axis. These radial distances 
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are identical with those for the series of photomicrographs shown 
in Fig. 4, hence this affords a direct comparison of the normal 


rake angles and chip formation between the chisel point and the 


spiral point drills. In each case the quick-stop mechanism 
shown in Fig. 5 was used to stop the cutting action of the drill 
almost instantaneously, by abruptly accelerating the small 
workpiece and its holder to the speed of the drill. After stopping 
the drill, and while it was still engaged with the workpiece and 
the partly formed chips, the entire cavity and flutes were filled 
with a quick setting epoxy resin. After curing, the drill and at- 
tached workpiece were carefully removed from the machine, 
and the end of the drill was carefully cut off so as not to disturb, 
in any way, the relative position of the drill point and chip. 
Successive sections were then made at the radii indicated pre- 
viously (working from the outside toward the center of the drill). 
The orientation in each case was in accordance with predeter- 
mined measurements, so as to expose sections perpendicular to 
each desired element of the cutting edge. 

For both series of chip sections, the driils used were virtually 
identical in every respect except for the grinding of the point 
shape. Both series of drills were carefully selected for uniform- 
ity of web thickness and for exact centering of web and drill 
axis; their outside diameters were between 0.4985 and 0.4990 in.; 
speed, 460 rpm; feed, 0.007 in./rev.; and work material SAE 
1112 steel of 170 Bhn hardness. The web thickness was between 
0.061 and 0.068 in. 

Comparison of the two series of photomicrographs (Figs. 4 and 
10) shows the difference in the normal rake and chip formation for 
the two point shapes in the corresponding sections. In the sec- 
tions close to the axis this difference is appreciable; however, in the 
sections along the main cutting edge, there is no significant differ- 
ence as the rake angles here are identical for both drills. 

The values of face rake angle a, and normal rake angle a,, for 
the spiral point drill are shown plotted against their radial dis- 
tances in Fig. 11. This affords a direct comparison with the 
corresponding values for the chisel point drill shown in Fig. 3. 

Self-Centering Action. At the beginning of each cycle of re- 
ciprocation of the line generatrix illustrated in Fig. 8, the end of 
the arc 6 is located at a small distance c beyond the axis of the 
drill; thus, during its radial reciprocation, it passes completely 
across the axis. This is necessary in order to remove metal 
from the center of the drill in resharpening. By a proper co- 
ordination with the axial motion, however, this action also per- 
mits the generation of a true cutting point on the drill, exactly 
centered on the drill axis. 

This is one of the most important features of the new drill 
geometry. As mentioned earlier, the conventional drill point 
terminates at the chisel edge in a virtually straight line perpen- 
dicular to the axis of the drill, as shown in Figs. 1 and 7, and thus 
can have no self-centering effect when engaging the work surface. 
By contrast, as shown in Fig. 12, the spiral point drill terminates 
at the axis in a sharp point A, formed by the intersection of the 
secondary cutting edge arcs B and C. (This characteristic also 
may be seen in the side elevation of Fig. 6.) It therefore auto- 
matically centers itself on the axis of the drill at the instant of 
engagement with the work. 

Wherever the spiral point drill touches the work surface, it 
enters, and remains in that location; there is no tendency what- 
ever to travel or “‘crawl’’ to one side or other as in the case of the 
chisel point. It is therefore usually unnecessary to use center- 
punched holes or guide bushings to determine or maintain the 
proper location of a hole. 

Because of the self-centering action, the holes produced with 
the spiral point drill are usually rounder, straighter, closer to the 
desired size, and smoother than obtainable with the chisel-point 
drill. The improvement in roundness of holes and freedom from 


a. 


1064 


020" RADIUS 


° Stan” 


TRANSACTIONS OF THE ASME 


RADIUS 


010" RADIUS 


A 
* 


.050" RADIUS 


140 RADIUS 


240" RADIUS 


SPIRAL POINT DRILL 


Fig. 10 Series of photomicrographs of sections through spiral point drill and partly formed chips, at successive points ‘ibe cutting tee 


from axis to periphery 
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1/,-in. diameter spiral point drill. 


(Values for a, are calculated for 


Fig. 12 Diagram showing intersection of 
secondary cutting edges on spiral point 
drill to form a sharp point coincident with 
the axis 
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Fig. 13 Photograph of block showing comparison of roundness of 
hole and self-centering action of spiral point drill in contrast to erratic 


action of conventional chisel point. (Left: Spiral point; Right: 
Chisel point) 
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erratic motion of the drill axis is clearly illustrated in Fig. 13. 
The results of a series of comparative tests for uniformity of hole 
diameter and amount of oversize are presented in the section 
entitled Performance Studies. 

Relief. The three-dimensional spiral (or “‘spirohelical’’) sur- 
faces generated on the spiral point drill provide an effective 
relief for every element of the cutting edge, from axis to 
periphery. 

When a drill is advancing into the work at a constant rate the 
path of every point on the cutting edge is a true helix. Regard- 
less of its distance r from the axis, each point advances (during 
one revolution) a distance parallel to the axis equal to the feed 
per revolution f. However, the distance that any such point 
travels circumferentially is proportional to its distance from the 
axis, thus the helix angle of its path in space (measured with re- 
spect to a plane perpendicular to the axis) is 


are tan 


This, therefore, is the minimum relief angle which must be pro- 
vided on the flank surface extending rearwardly of each point on 
the cutting edge. It decreases from a value of 90 deg at the axis 
to a value of about 0 deg 22 min at the periphery (for a drill of 
‘/,-in. diameter advancing with a feed of 0.010 in. per revolution). 
In practice, the theoretical values o7 relief angle must be increased 
toward the periphery by a variable amount to allow for the elastic 
recovery of the work material after the cutting edge has passed. 
The relief is often increased still more in order to reduce the rate 
of increase in width of wear land in service. 

With conventional methods of drill grinding, it is common prac- 
tice to provide a larger relief angle than necessary at the pe- 
riphery in order to have sufficient relief close to the chisel edge. 

This limitation of conventional grinding methods has long been 
recognized, and various attempts have been made to provide re- 
lief angles which increase progressively from periphery to axis. 
One such system is described in U. S. Patent 2,068,915 (8). 
While this :_ ‘tem provided the desired progressive increase in 
relief angle (by the axial motion of a rotatable drill against a 
grinding wheel) there was no provision for simultaneous radial 
motion, hence no significant change was produced in the point 
geometry with respect to chip formation and centering action. 


Performance Studies 


Extensive laboratory studies and shop tests have been carried 
out over the past two years with the new point shape. The 
early part of this work covered the selection of the best combina- 
tions of the generating motion components, in magnitude and 
phase, for various drilling conditions and work materials. By 
changing these variables in various ways a considerable variety 
of shapes can be produced. For example, the orientation of the 
characteristic S-line on the end of the drill may be changed 
through fairly wide angles, with respect to the lips, by changing 
the phase relation and magnitude of the radial and axial recipro- 
cations of the generating system. 

In order to study the performance characteristics of drills 
ground with various combinations of these variables, an experi- 
mental apparatus was constructed as shown in Fig. 14. This 
permitted the generation of a wide variety of shapes within the 
general classification of three-dimensional spirals. After some 
analytical studies of effective rake and relief angles, and a few 
exploratory tests, a systematic pattern was set up to investigate 
the entire framework of possible combinations. This was done 
by representing the three major shape controlling factors as three 
directions in space, with selected ranges of values forming the 


Fig. 14 Experimental grinding fixture for generating spiral point 
shape 


FACTOR-c 


FACTOR-b 


Fig. 15 Diagrammatic representation of three shape controlling 
factors to permit a systematic selection of combinations for detailed 
study, in a search for the optimum shape 


three sides of a cube, as shown in Fig. 15. Nine combinations 
of these values, as represented by the eight corners of the cube 
and the central point, were chosen for study, and drills were 
ground as in Fig. 14 with these combinations. Tests made with 
these drills immediately pointed to a general region in the cubical 
framework where optimum results might be expected. After a 
few additional tests to pin point the optimum position (approxi- 
mately at position No. 10, Fig. 15) a considerable number of drills 
were ground with this combination for extended studies. Fig. 
16 shows the drill point shapes corresponding to these 10 posi- 
tions, together with a conventional chisel point drill (C.P.). 

This systematic approach resulted in a very great saving of 
time and effort in establishing an optimum shape for detailed 
study. Only minor modifications in this shape have since been 
found worth while in all the subsequent laboratory tests, and in 
the practical trials made under manufacturing conditions. 

Table 1 shows comparative values for torque and thrust for the 
conventional and spiral point drills, for five different analyses of 
steel, as measured with a strain-gage type of dynamometer; 
also the corresponding values calculated from the following equa- 
tions derived by Shaw and Oxford (4), with the arbitrary assump- 
tion that the chisel edge length C equals zero for the spiral point 
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Comparative values for torque and thrust for conventional and spiral point drills 


Thrust ~ 


-——Chisel point—. 


Hard- 
ness, 
Bhn 


— Spiral point—. 
Meas- Calcu- 
ured lated 
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306 
403 


224 
355 
466 
220 
348 
457 


Material 
CMM 
320 


AISI 
112 
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AISI 
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AISI 
4340 200 
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Fig. 16 Photograph of 10 spiral point drill shapes, generated on fix- 
ture shown in Fig. 14, corresponding to the 10 positions in the ‘‘cube”’ 
illustrated in Fig. 15. Also shown, for comparison, is a conventional 
chisel point (C.P.) 


Torque— 
—Spiral point—. —Chisel point— 
Meas- Calcu- Meas- Calcu- 
ured lated ured 
45 53 
60 84 
85 110 


40 61 
60 97 
80 128 
45 
70 
100 


Meas- Calcu- 


ured 
310 
410 
500 


«660 
(125 


= torque (in-lb) 
= thrust (Ib) 
length of chisel edge, in. 
= diameter of drill 
feed, in. per revolution 
work hardness number 
= 1420 (Brinell hardness, kg/sq mm) 


As shown in the table, the measured values of torque for the 
spiral point drill were found to be about equal to those for the 
conventional drill; the average difference being only about 4 
per cent in favor of the spiral point drill. This was in accord- 
ance with expectations, because of the small influence of the 
chisel edge on this component. However, the measured values 
of thrust for the spiral point drill were from 15 to 34 per cent 

er, the improvement being greater for the lower feeds. 

As indicated earlier, a considerably lower value of thrust 

uld be expected for the spiral point drill because of the effec- 

p cutting action and adequate space for chip flow in the region 

se to the axis of the spiral point drill (which has a virtually con- 

1ous cutting edge from axis to periphery) in contrast to the 
fficient cutting action and greatly restricted chip flow under 

e chisel edge of the conventional drill. 

While the calculated values follow the same general pattern 

s the measured values for the five work materials and feed rates, 
e differences are considerably greater in some cases than in 
thers. Again, while the calculated values for thrust for the 
piral point drill agree fairly well with the measured values, the 
calculated values for the chisel point drill are considerably higher 
than the measured values. These differences, however, are not 
too surprising, as the authors of reference (4) have recognized 
the limitations of these equations and have stated that “changes 
riction properties undoubtedly affect the relationship between 
H, and u (specific cutting energy) as well as other more subtle 
tors applicable to each class of work materials.’ 

Che improvement in roundness and maintenance of hole size 

tained with the spiral point drill has been referred to earlier. 
\ series of comparative tests for size of holes was made with 10 

sel point and 10 spiral point drills in each of four different 

2*s. Three holes were drilled with each drill (240 holes in all). 
The average values of hole oversize and spread of values for 
both the spiral point and chisel point drills are shown graphically 
in Fig. 17. A considerable improvement in both oversize and 
uniformity was obtained with the spiral point drill. 

Laboratory studies of comparative driil life for chisel point 
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and spiral point drills, for various speeds, feeds, and work ma- 
terials, have shown generally superior performance for the spiral- 
point shape. For example, with SAE 4150 steel of 200 Bhn, 
with '/;in. diam drills, at 50 surface fpm, and with a feed of 
0.007 ipr, an average life of 412 holes per grind was obtained 
with the chisel point drill and 930 holes per grind with the spiral 
point. The criterion for end point in drill life, in this series of 
tests, was a rapid increase in thrust force. However, as has been 
pointed out by Oxford (9), Galloway (7), and others, drill life 
(measured in terms of the number of holes drilled before resharp- 
ening) may be greatly affected by minor variations in manufac- 
ture and grinding, such es small differences in height of lips or in 
symmetry of web. In fact, because of the complexity of the 
drilling process, it has been suggested by Oxford (9) that drill 
life should be considered only in terms of a statistical distribution 
of results obtained with a very large number of drills tested 
under identical conditions. 

A further difficulty in establishing relative performance in 
drill life tests lies in the selection of an appropriate end point. 
Different criteria apply in different cases. Wear of a drill in 
service may cause increase in heating of drill and work, increase 
in size of hole due to “run-out” of drill point, increase in rough- 
ness of hole or lack of straightness, or increase in thrust and torque 
which might eventually result in breakage of the drill. Any of 
these results may be the most important in a particular case and 
therefore determine the time when the drill must be resharpened. 
Consequently, the improvement in drill life credited to any 
particular drill geometry will depend greatly on which of the 
foregoing parameters is of paramount importance. 

Bearing in mind these limitations of comparative drill life 
studies, it may still be of interest to introduce some examples of 
improvements obtained with the spiral point drill under repeti- 
tive manufacturing conditions. As might be expected, because 
of the self-centering action of the spiral point, the cases where 
the greatest improvements have been cited are those where the 
end point is determined by the quality of the hole, as in Case I. 

Case I. Automatic nut drilling machine: Material, SAE 8650 
steel; drill diameter, *'/s in.; speed, 800 rpm; feed, 0.005 ipr.; 
chisel point drill, 250 to 300 parts per grind; spiral point drill, 
1600 to 1800 parts per grind. This machine has now been oper- 
ating with spiral point drills for about 12 months; the drill life 
has averaged about six times that obtained previously with chisel 
point drills and has effected a saving of two complete drill changes 


per day (96 min). - 
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Fig. 17 Chart showing results of comparative test for amount of 
hole oversize 
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Case II, Operation, drilling hole for pivot pin in master 
brake cylinder block; material, cast iron; drill diameter, */sz in.; 
cutting speed, 80 fpm; feed, 0.006 ipr; chisel point drill, (aver- | 
age) 1500 pieces per grind; spiral point drill, (average) 3000_ 
pieces per grind. 

Case III, Operation, drilling accurately located holes in cast- 
iron broach holder with '*/,.-in. diam drill, running at 136 rpm. 
Spiral point drills have been used in this operation for the past 12 
months. With chisel point drills, al! holes had to be spotted 
before drilling. Using a feed rate of 1 ipm, difficulty was experi-— 
enced in holding a tolerance of +0.005 in. in hole location. With — 
the spiral point drill the spotting operation was eliminated. 7 
Using a feed rate of 1 ipm all holes were held within 0.0015 in.; 
even with a feed rate of 2 ipm, all holes were held within 0.003 
in. This operation is therefore now being run at 2 ipm, or twice — 
the original feed rate. In addition, the number of holes drilled 
per grind is now four times as great as with the chisel point drill. 


Modification of Point Angle for Drilling Sheet Metal 


In the drilling of sheet metal, the self-centering action of the | 
spiral point drill has been found particularly helpful as, with 
chisel point drills, it is extremely difficult to obtain a truly round | 
hole, especially with thin, soft metal such as sheet aluminum, or | 
when the drill is held by hand. 

A further problem in drilling sheet metal, however, both with 
chisel point drills and with the spiral point drill as described 
thus far, is the “grabbing” of the drill as it breaks through the 
hole. This usually results in leaving a large burr on the under- 
side of the hole. - 


In the course of this investigation it was discovered that by a 
relatively minor modification both the burr and grabbing on 
breakthrough could be virtually eliminated, while still retaining 


the advantages of the spiral point. 

This modification consists of merely changing the shape of the 
end of the grinding wheel, Fig. 14, from a cone to a flat surface 
perpendicular to the axis. Thus the “point angle” on the outer F 
portion of the end of a drill ground with this wheel will be 180 
deg (instead of the usual 118 deg) while the central portion with , 
its characteristic spiral point will still be extended ahead of the 
periphery and therefore contact the work surface first, Fig. 18. 


Fig. 18 The ‘‘sheet me 
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HAND DRILLED 


Fig. 19 Photograph showing absence of burr with sheet metal spiral 
point drill 


Just before breaking through the bottom of the hole (in sheet 
metal) a thin layer of the surface material is bulged forward by the 
spiral point; the peripheral portions of the cutting edges then act 
as trepanning tools to cut out this remaining material in the form 
of a thin disk, thereby eliminating the burr, as shown in Fig. 19. 

From Fig. 14 it will be evident that any point angle other than 
180 deg, or any compound angle or curve may be ground on the 
drill point, by merely truing the end of the small tubular grinding 
wheel to the desired angle or contour. 

In a recent series of tests with this sheet-metal version of the 
spiral point drill, in a large aircraft plant, a remarkable increase 
in drill life was obtained in comparison with the conventional 
point. The practice here was to consider a drill to be ready for 
sharpening when the time for penetration under a constant force 
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d doubled. Chisel point drills failed, on the average, after 
illing about 600 holes. After drilling 3500 holes with the spiral 
int drill the time of penetration had increased only 40 per cent, 
the test was stopped at this point. During the course of the 
st the hole size increased from an initial value of 0.1615 in. to a 
aximum of 0.166 in. at 2150 holes and then decreased again to 
e initial value at 3500 holes. 


iral Point Grinding 


While the grinding fixture illustrated in Fig. 14 proved ade- 
ate for generating the spiral point shape on the drills used in 
is investigation, it was much too slow and inconvenient for 
inding drills in the quantities needed for manufacturing opera- 
ms. The design finally adopted for grinding drills for shop use 
similar in principle to that used in generating the wax model 
own in Fig. 9. Here the drill is held stationary, while the 
nerating system (grinding wheel) gyrates around it. 
Fig. 20 shows a machine embodying this principle. The small 
bular grinding wheel (a) is mounted in a rotatable carrier and 
ranged so that the desired shape is generated on the end of the 
ill as the wheel gyrates around the drill axis. An adjustable 
truing device is provided for the grinding wheel so that the point 
angle of the drill may be varied readily from about 90 to 180 deg. 
In operation, the drill is oriented against a retractable conical 
bushing (b) and clamped in the jaws (c). It is then advanced so 
as to engage the continuously gyrating grinding wheel until the 
desired amount of stock has been removed. Thus the entire 
sharpening operation is very rapid. A simple dial-indicated 
adjustment (d) provides the correct combination of radial and 
axial motions for any desired size of drill. Adjustment for values 
of relief above or below the standard amount (to meet special 
requirements) may be provided by retating the second adjustable 
dial (e) 


Quick-Stop Mechanism 


During this investigation, a new form of quick-stop apparatus 
was developed which appears to have certain advantages over 
earlier forms. This arrangement is illustrated in Fig. 5. 


5 20 Machine for grinding spiral point dr 
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In this device, a workpiece (a) is mounted in a small rotatable 
carrier (b) which is normally restrained from rotation by means 
of a spring-loaded detent system (c-c). Provision is made for 
adjustment of the springs (d) so as to permit the workpiece and 
its holder to escape the detents at any desired value of torque. 
A spring-loaded jaw clutch (e) carried by the drill driving system 
rides against a removable stop (f) during the drilling operation. 

In operation, the springs (d) are adjusted so as to resist the 
torque of the drilling operation, and therefore keep the work- 
piece from rotating with the drill. When the drill has entered 
the workpiece to the desired depth, the stop (f) is removed 
abruptly by a camming device. This permits the clutch jaws to 
drop into a pair of mating jaws on the workpiece carrier (b), 
thereby accelerating the workpiece almost instantaneously to the 
speed of the drill. As the workpiece carrier (b) escapes from 
the detents, the latter automatically retract so as to present no 
further opposition to rotation of the carrier. The entire drilling 
system can now be stopped, and a record of the chip forming 
process preserved by filling the workpiece cavity and drill flutes 
with a quick setting resin. The end of the drill is then cut off, 
and the workpiece and drill point are sectioned, as described pre- 
viously. 


Conclusion 


From the results obtained with the spiral point drill to date, in 
extensive laboratory tests and shop trials, it appears certain that 
this new drill point geometry can make an important contribu- 
tion to drilling practice, both from the standpoint of improved 
accuracy and quality of holes,and increased production. Further- 
more, if suitable grinding equipment is provided, this three- 
dimensional spiral form can be generated on any type or make of 
drill at a cost no higher than that for producing the conventional 
chisel point. 

It is believed that this development is merely typical of what 
can be achieved in many other areas of the metal cutting field by 
an intensive study of existing problems, and an imaginative 
approach to their solution, through the application of findings 
in metal cutting research. 
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APPENDIX 
The Spiral Point Drill in Bone Surgery 

Since the foregoing section of this paper was written, it occurred | 
to the authors that the unique ‘‘centering’’ feature of the spiral _ 
point drill would be particularly helpful in the drilling of live 
bone, in fracture surgery. 

In the pinning of fractures, particularly hip fractures, 
often necessary to drill into the at a considerable angle 
(approaching 45 deg) to the surface. With a conventional sur- 
gical drill—with chisel point 


it is 


bone 


it is virtually impossible to enter 
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the bone at such an angle; the conditions being aggravated by 
the slippery nature of the surface of the bone and its round cross 
section. The usual technique is therefore to enter the bone by 
drilling for a short distance perpendicular to the surface, then to 
remove the drill and gradually angle it in the desired direction. 
However, this results in unnecessary destruction of the bone at 
the entrance of the hole, and the likelihood of the drill wandering 
from its intended path. 

Experiments were therefore conducted, in the authors’ labora- 
tory, in the drilling of beef bones using conventional surgical 
drills and similar drills which had been resharpened with the spiral 
point. The shape adopted as a result of these experiments is 
shown in Fig. 21. This has an included point angle of 72 deg. 
Demonstrations of the effectiveness of this new point shape in the 
drilling of beef bone were subsequently made to a group of or- 
thopedic surgeons at the Cincinnati General Hospital on Novem- 
ber 30, 1957. A similar demonstration was made in New York 
during the presentation of this paper. 

The x-ray photograph, Fig. 22, shows the result of the first use 
of the spiral point drill in a surgical operation, performed on De- 
cember 6, 1957, at the Drake Memorial Hospital, Cincinnati, 
Ohio, by Dr. Mary M. Clift and Dr. Charles Carothers. It was 
used here during a hip pinning of a fracture of the neck of the left 
femur. In contrast to conventional practice, the drilling was 
begun directly at the angle indicated in the photograph and pro- 
ceeded through the periosteum into the cortex of the bone with- 
out any slipping or wandering. In the opinion of the surgeons, 
the spiral point drill also permitted the drilling operation to be 
completed in a shorter period of time. 

The 85-year-old patient withstood the operation very well, was 
up in a chair the next day, and has since progressed satisfactorily. 


Discussion 


C. J. Oxford, Jr.‘ The authors have presented an interesting 
and potentially useful point geometry for the two-flute twist 
drill. The 180-deg-point-angle version of this point for drilling 
sheet metal of low and moderate strength should be particularly 
useful in that it approaches the performance of a fishtail point 
with a spur. The fishtail point with a spur is rather difficult to 
grind, so it is not too widely used. 

The spiral point geometry in itself may prove to be a secondary 
contribution of the authors and their company. The major con- 
tribution could well be the new grinding machine if it is con- 
structed so that it will maintain its initial accuracy over long 
periods of time without an inordinate amount of maintenance. 
Excessive maintenance has been a common drawback to most drill- 
sharpening machines presently on the market. All of the spiral 
point drills which this writer has so far inspected have shown 
very low amounts of difference in the axial heights of the drill lips. 
Low values of relative lip height are absolutely necessary to the 
drilling of accurate holes. 

With the co-operation of the authors, the writer has conducted 
a number of tests of drills equipped with the spiral point during 
the past year. In general the spiral point has given satisfactory 
performance in drilling ordinary materials and it appears that the 
authors’ claims of self-centering action and better hole size are 
justified. When guide bushings are not used there is a definite 
reduction in bell mouthing as the spiral point drill enters the 
work. 

With conventional and spiral pointed drills, having comparable 
accuracy in relative lip height, the difference in hole size may be 
considerably less than that indicated in the authors’ Fig. 17. 


4 Director of Research, National Twist Drill and Tool Company, 
Rochester, Mich. Mem. ASME. 
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In recent tests of !/:-in. drills, the conventional drill point gave 
an average oversize of 0.0029, whereas the spiral point gave an 
average oversize of 0.0018. Six drills of each type were tested 
with the oversize ranging between 0.001 and 0.0045 for the con- 
ventional point and 0.001 to 0.0025 for the spiral point. The 
spiral point did give considerably less bell mouth—0.0006 as_ 
against 0.0018 for the conventional point. These tests were con-— 
ducted without guide bushings. When accurately aligned close-— 
fitting guide bushings were used, little difference was found in the 
size produced by either the spiral point or conventional point. 

The authors report a life test in which spiral pointed drills 
showed a better than two to one advantage over conventionally 
pointed drills when the end of life was determined by increase in 
thrust force. The writer has conducted a number of comparative 
life tests and has never found an advantage to the spiral point 
from the standpoint of drill wear. In fact, spiral pointed drills 
usually show slightly more wear on the margins, probably because ~ 
they tend to cut closer to the drill size. 

In some recent tests of !/2-in. drills, the wear was photographed 
periodically throughout the test. Fig. 23 shows two drills which 
had each drilled 63 holes under standard test conditions. It is — 
obvious that the wear along the drill lips is substantially equiva-_ 


lent for each type of drill. Fig. 24 shows two drills which by coin- 
cidence failed at 73 holes. Here again it is obvious that the wear 
along the drill lips is substantially equal, but it is also apparent 
that the spiral point drill shows more wear along the drill margin. 


Fig. 25 shows the same drills as Fig. 23 except that they are com- 
pletely dull. The conventionally pointed drill produced 128 
holes and the spiral pointed drill produced 106 holes. Again, the 
wear along the drill lips is comparable but the extra margin wear 
on the spiral pointed drill is obvious. Excessive margin wear is 
dangerous in that it is often overlooked in resharpening. If all 7 
the margin wear is not removed in repointing, its effects can be-— 
come cumulative and result in a drill with a distinct front taper. — 
Front taper causes binding and accelerated wear. It should be 7 
noted that all of the drills run in this test were taken from the 
same manufacturing lot so that variation between individual drills © 
is reduced to a minimum. 

The writer’s observations of the amount of thrust reduction — 
produced by the spiral point are in line with those reported by the ‘ 
authors. On the !/,-in. drills the thrust reduction was of the order | 
of 20 to 25 per cent in the normal feed range. This is considerably | 
less than the thrust reduction which can be attained with the split 
point. 

The amount of thrust reduction is best illustrated by a non- 
dimensional thrust-feed plot such as that presented by Shaw and 
the writer as Fig. 6 in the authors’ reference (4). This is shown 
in the accompanying Fig. 26 which is based upon recent tests of 
1/,-in. drills. The three lines represent average data obtained 
with the conventional drill point, the spiral point, and the split © 
point. The intercepts of the lines on the vertical axis indicate 
the amount of extrusion which occurs under the drill web. Here 
it is evident that the extrusion by the spiral point is less than 50 
per cent of the values obtained with the conventional point. 
With the split point the extrusion is reduced nearly to zero al- 
though there may be some variation from drill to drill depending 
upon the accuracy with which the splitting operation is done. 
The slope of the lines is an index of the average cutting force on 
the entire drill. As the extrusion is reduced, the slope of the line 
tends to become lower. This clearly shows that the cutting which 
occurs under the web of the drill is improved by both the split 
point and the spiral point. 

The fact that our equations appear to fit the data for the spiral © 
point when the length of chisel edge is assumed to be zero as in 
the authors’ Table 1 suggests a discrepancy in dynamometer 
calibration, since all values reported for torque and thrust are 
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Fig. 23 Conv nal-pointed ft) and sp t rills after 
producing 63 holes. Note that wear along cutting lips is substantially 
equivalent for each type of point. 


; J 


Fig. 24 Conventional-pointed (left) and spiral-pointed drills which 
failed at 73 holes. Lip wear is substantially equal, while spiral- 
pointed drill shows slightly more margin wear. 


consistently 25 to 35 per cent less than those obtained by the 
writer for similar materials. 

Many experienced drill-service engineers have raised a ques- 
tion as to the strength of the protuberance on the end of a spiral- 
pointed drill. However, it appears that with most normal ma- 
terials the reduction in forces acting upon this portion of the drill 
is sufficient for the somewhat weaker section. With some hard 
materials, or if the point is incorrectly produced through misad- 
justment of the machine, the protuberance will be broken off. 
Sufficient data to establish these limitations are not yet available. 
The writer has used the spiral pomt successfully in drilling '/:-in. 
holes in an alloy steel having a hardness as high as R, 42. The 
operating conditions were good and a special design heavy-duty 
drill with a thin web® was used. 


5 U. S. Patent #2,778,252 to C. J. Oxford, Jr. 
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Fig. 26 Nondimensional plot of 7/d*H, against f°-*/d'-? for drills 
having conventional, spiral, and split points. Note that spiral- 
pointed drill develops a thrust force which is intermediate to that of 
conventional and split points. 


Incidentally, the designation of an angle as the radial rake angle 
on the authors’ Fig. 1 is incorrect. Radial rake angle is normally 
measured in a transverse section of the cutting tool,* whereas the 
angle illustrated in Fig. 1 is actually the web angle which is the 
inclination of a projection of the cutting edge upon a transverse 
plane. A transverse section of a drill flute has appreciable 
curvature, so the radial rake angle of a twist drill is not an easily 
measured quantity as inferred by the authors. The radial rake 
angle can be computed if desired using the analysis presented by 
the writer in the Appendix of the authors’ reference (1). The 
radial rake angle then becomes 8 — , where # is the web angle 
as cited by the authors and ¥ is a complex trigonometric relation- 
ship involving the point angle, the helix angle, and the web angle. 
The shape of a drill flute depends upon the design point angle 
since the flute is shaped to yield a straight cutting edge. 

The authors are to be complimented upon an interesting and 
stimulating paper. 


“Metal Cutting Tool Nomenclature,” first edition, 1957, pub- 
lished by Metal Cutting Tool Institute, 405 Lexington Ave., New 
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Authors’ Closure 


The authors would like to thank Mr. Oxford for his comments 
on their paper and for his statement that ‘‘the authors’ claims of 
self-centering action and better hole size (for the spira! point 
drill) are justified.’’ They fully agree, also, that ‘‘low values of 
relative lip height are absolutely necessary to the drilling of ac- 
curate holes.’’ Uniformity in lip height is readily obtained with 
the drill grinding machine described in the paper; the drill is 
held stationary while both lips are ground by a continuous gyra- 
tory motion of the generating wheel around the drill axis. 

The nondimensional thrust-feed plot (Oxford, Fig. 4) is in- 
teresting and supports the authors’ finding that the thrust force 
with the spiral point drill is considerably less than with the con- 
ventional chisel point. No exception is taken to the finding that 
an even greater reduction in thrust force may be obtained with, 
the so-called “split point.’’ When accurately produced, the split 
point geometry is very effective, particularly with materials of 
moderate hardness. However, the point splitting operation must 
be carried out in addition to the normal drill sharpening operation, 
thus adding appreciably to the drill grinding cost. As each side 


of the point must be ground separately, considerable care must be 
exercised to obtain a good degree of symmetry. 


The spiral 
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point geometry combines the advantages of a large reduction in 
thrust force and a self-centering action in a single, low cost, 
grinding operation. 

The reported skepticism of some drill service engineers as to 
the strength of the so-called protuberance on the end of the 
spiral point drill, in spite of the successful use of these drills in . 
practice, suggests that these fears are based on opinion rather 
than experience. By a proper selection of point angle, relief, and 
point contour, work materials covering a wide range of hardness 
have been effectively drilled with the spiral point geometry. 

The authors accept the correction concerning the indication of 
radial rake angle in Fig. 1. Measurement ‘“‘in a transverse sec- 
tion of the cutting tool’’ was intended, as indicated by the state- 
ment in the text that ‘‘the radial rake at that point (on the cut- 
ting edge) is the angle between a radial line and the tool face.”’ 
Unfortunately, this matter was further confused in the preprint 
by a drafting error, whereby the arrow head for the radial rake 
was drawn to the center line D-D instead of being applied to a 
line extending from the cutting edge. This has been corrected. 
The identification of this angle in Fig. 1 would have been clari- 
fied by the addition of a transverse sectional view. 

The authors would also like to thank Mr. Oxford for his active 
interest in this development. 


~ Behavior of Cutting Fluids in Reaming Steels 


This investigation reveals that there can be considerable rub- 
bing on the margins of reamers. This condition is intensified 
with more effective lubricants. Torque requirements increase, 


hole size and surface roughness decrease with increase in lubri- 
cant effectiveness. 


By L. V. COLWELL! 


Introduction 


Tue subject matter of this paper is the result of an initial at- 
tempt to develop a combination reamer and burnishing tool. 
Preliminary calculations indicated that only a very little inter- 
ference between a burnishing element and the wall of the hole 
would be required to produce a plastic flow of the metal, and thus 
result in burnishing providing adequate lubrication could be 
achieved. Preliminary tests were made with improvised burn- 
ishing tools; the torques were measured with a range of lubri- 
cants, and compared with similar torque measurements for ream- 
ing the same materials. This information indicated that effec- 
tive lubricants were very important not only for burnishing but 
also for reaming. Therefore, it was decided to explore this prob- 
lem further, particularly in connection with reaming. 

The only reference to this topic in the literature involves a 
Russian research report.* The report makes some reference to 
torque requirements but deals principally with variations in hole 
size as related to the reamer size. The principal conclusion of the 
report is that the “‘gap’’ between hole size and reamer size is due 
to wear by ‘‘dust particles of metal’ between the wall of the 
hole and the margin of the reamer. This observation does not 
appear to be consistent with the preliminary results just referred 
to. Therefore it was decided to examine not only the torque 
requirements but also surface finish and hole size for a range of 
work materials, lubricants, tool condition, and size of cut. 


Program Outline 


in diam and 1 in. long were prepared 
from hot-rolled C-1045 steel, cold-drawn C-1020 steel, and 
cold-drawn B-1112 steel. They were drilled and precision bored 
to selected diameters preparatory to reaming with a standard 
3/,-in. machine reamer as supplied by the National Twist Drill 
and Tool Company. The bored holes were accurate within 
+0.0005 in. with surface roughness ranging from 80 to 130 uw 
in. rms. 

The cutting fluids selected for the study consisted of carbon 
tetrachloride, chemical emulsion cgncentrate, butyl stearate, 
and dry. Tests were to be made with all fluids on all three work 
materials at constant size of cut. Then the cut, in terms of feed 
rate and thickness of metal removed, was to be varied with one 
cutting fluid. 

The test setup consisted of a sensitive torque dynamometer 


Test specimens | in. 


1 Professor, 
Engineering, University of Michigan. 

2 University of Michigan. 

Lubrication Affects Deep Hole-Reaming,” by G. 8. 
dreev, American Machinist, vol. 100, May 7, 1956, pp. 134-136. 

Contributed by the Research Committee on Metal Processing and 
presented at the Annual Meeting, New York, N. Y., December 1-6, 
1957, of Tae American Society OF MECHANICAL ENGINEERS. 
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1957. Paper No. 57—A-168. 
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mounted on a 25-in., box-column, Fosdick “drill press. 
work specimens were held in a 1-in. collet with the same clamping — 
force used for each test. The reamer was mounted in an ad- — 
justable boring head so that the total indicated runout was kept — 
less than 0.002 in. for all tests. The cutting fluid was applied | 
continuously from a pressure container during each test. The — 
torque requirements were recorded continuously on the chart of a 
carrier-amplifier-recorder. Subsequent to the test, the surface 
roughness of the reamed hole was measured with a Profilometer. 
The diameter of the hole was measured with a Sheffield air-plug 
gage and readings were made to the nearest 0.00005-unit. It was 
found that the specimens warped upon removal from the collet so 
that several diameter readings had to be taken so as to deter- 
mine the minimum and maximum of such readings for each — 


specimen. 


Fig. 1 shows a typical torque curve as — 
Values of torque increase ver- 


Test Results 


Torque Requirements. 
produced on the recorder chart. 


tically, and elapsed time increases horizontally to the right. = 


It will be noted that the torque rises very quickly at the beginning 
of the cut to a value designated as 7. As the reamer progresses 
farther into the hole the torque rises further, reaching a peak 
value just prior to emerging from the other end of the specimen. 
This increase above the 7, value is referred to in this paper as 
“rubbing or burnishing torque’’ and is designated by 7,. Gener- 
ally the indicated torque dropped suddenly by the amount 7 
upon emerging from the opposite end of the specimen. The 
torque then proceeded to decrease gradually as feeding continued, 
or even if the feed were disengaged and the reamer left to rotate 
in the hole, it did not decrease to zero until the reamer was com- 
pletely removed from the hole. 

The reproduced torque curve in Fig. 1 is to be considered as a 
general type exhibiting all the characteristics which were ob- 
served in this investigation. In some tests, the torque did not 
rise above the initial value 7,. This always occurred with dry 
cutting and in some instances with lubricant as well. In other 
instances, the torque rose linearly above 7 until reaming was 
complete; this occurred primarily in light cuts using either 
carbon tetrachloride or chemical emulsion concentrate as a 
lubricant. In heavier cuts, particularly with the smaller bored 
specimens, the torque rose rapidly above 7; but bent away from 


TYPICAL REAMING TORQUE CHART 


Cutting Ends 


Cutting Torque 


TORQUE 


Fig. 1 Typical torque-time chart for reaming when rubbing occurs. 
Deviation from linear trend is due to plastic flow or burnishing. 
Torque for dry cutting remains constant at 7; level. 


The 


| 
: 
= 
> 
| 
= 
| 


2 


a linear trend apparently because of relaxation arising from plastic 
flow of the metal in the wall of the hole. 

Figs. 2, 3, and 4 are bar graphs of the torque requirements ob- 
tained for three different sets of reaming conditions. In Fig. 2, 
for example, the torque requirements are shown for all three 
work materials as reamed at the four different lubricant condi- 
tions. All of the tests represented in Figs. 2, 3, and 4 were made 
with a feed 0.015 ipr, 60 rpm, and while increasing the diameter 
from 0.745 to 0.750 in. 

It will be noted in Fig. 2 that carbon tetrachloride generally 
required the highest torque while chemical emulsion concentrate, 
butyl stearate, and dry cutting generally required less torque in 
that sequence. The cross-hatched portion of each bar shows the 
value of 7; for each condition while the total height of the bar 
represents the peak torque requirement just prior to completion of 
cutting. Thus the open portion of each bar represents that 
additional torque which presumably was caused by rubbing fric- 
tion between the reamer margins and the wall of the hole. It 
will be noted that the rubbing torque is frequently more than 
twenty times that required simply to remove the metal. 

The data plotted in Fig. 2 are averages of two to three tests in 
each case. They were obtained with one reamer in the as-re- 
ceived condition. The same test conditions were repeated in 
single tests with another reamer. These results are shown in 
Fig. 3. It will be noted that there is a substantial variation in the 
total torque requirements where the chemical emulsion concen- 


ot> << TORQUE REQUIRED WITH SHARP REAMER 


Averages of 2 of 3 Tests 


Lubricant Code 
2) 1) Carbon Tetrachloride 
2) Chemical Emulsion 
3) Buty! Stearate 


TORQUE 


Fig. 2 Total height of bar is maximum torque during test run. 
Cross-hatched portion is cutting torque, 7,; open portion represents 
rubbing torque, 7:, Feed was 0.015 in. per revolution, speed was 60 
rpm; reamer diameter was 0.7504 in.; hole diameter before ream- 
ing was 0.745 in. 


' SECOND RUN WITH SHARP REAMER 


Results for One Hole at Each Condition 


() Lubricant Code 

1) Carbon Tetrachioride 
2) Chemical Emulsion 
3) Buty! Stearote 
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Fig. 3 Tests were repeated with another reamer. Cutting condi- 
tions were the same as for Fig.2. Small variations in reamer runout 
may cause considerable change in rubbing torque. 
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trate was used as the lubricant. This appeared to be due to small 
variations between reamers and in alignment between the 
reamer and test specimen. 

The test conditions reported in Figs. 2 and 3 were repeated 
with a “dull reamer.”’ For this purpose, a new sharp reamer was 
“dulled” by rubbing the cutting edges adjacent to the margins 
with fine, metallographic abrasive paper until a visible radius 
appeared when viewed under the microscope. It was estimated 
that the radius was the order of magnitude of 0.001 in. The 
torque requirements obtained for this reamer are shown in Fig. 
4. It will be noted that the pattern of behavior is substantially 
the same as was obtained with the two sharp reamers. Such 
variations as occurred compared to the data in Figs. 2 and 3 can 
be attributed readily to small, uncontrolled variations in test 
conditions. 

Surface Finish. Figs. 5 to 7, inclusive, show the corresponding 
surface-finish data obtained for tests for which the torque re- 
quirements are reported in Figs. 2 to 4, inclusive. The bar- 
graphs indicate the full range of roughness measurements. It 
will be noted that an inverse relationship exists between torque 
requirements and surface roughness, that is, the higher the tor- 
que requirement the lower the roughness. This condition existed 
without exception in all tests represented by these figures. The 
best surface finishes were produced with carbon tetrachloride 
and chemical emulsion concentrate as cutting fluids. This was 
due to almost total removal of any built-up edge or loading ac- 
companied by appreciable burnishing as manifested in the 
higher torque requirements, 

Hole Size. Corresponding data on hole size as measured 
with the air-plug gage are shown plotted in Figs. 8 to 10, inclusive. 
The bars indicate the range and extremes of diameter measure- 
ments which, of course, represent only the condition of the reamed 
hole after removal from the collet. Consequently, the actual 
size of the hole as reamed before removal lies somewhere between 
the extremes. Regardless of this aspect of the problem, there is 
no question as to the validity of direct correlation between in- 
creasing hole diameter and increasing surface roughness, or the 
converse when related to torque requirements. 

The hole size data appear to furnish further support for the 
suggestion that different cutting fluids or lubricants affect the 
size of the built-up edge. Thus a large built-up edge can be 
expected to produce a larger reamed hole whereas the minimum 
could be expected for a combination of no built-up edge and an 
effective lubricant. The reamers were measured before the tests 
and found to be from 0.7503 to 0.7504 in. in diam. Therefore, 
it is quite possible that some of the reamed holes, particularly 
those obtained with the carbon tetrachloride as a cutting fluid, 
were actually smaller in diameter than the reamer used. 


TORQUE FOR DULL REAMER 
Results of “Single Tests 
Lubricant Code: 
1) Carbon Tetrachioride 
2) Chemical Emulsion 
D Buty! Stearote 


inches 


TORQUE ~ Pounds 


(3) (4 (3) 
SSAA 


C1045 1020 


Fig. 4 Cutting conditions were the same as for Figs. 2 and 3, ex- 
cept that a ‘‘pre-dulled’’ reamer was used. Note the uniform pat- 
tern of behavior between work materials. 
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SURFACE FINISH WITH SHARP REAMER 


Ronge of 20or 3 Tests 


Lubricant Code 


| 1) Carbon Tetrachloride 
SO, 2) Chemical Emulsion 
3) Buty! Stearate 
4) Dry 
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ROUGHNESS Microinches 
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Fig. 5 Bars represent the full range of measurements for all tests. 
Cutting conditions were the same as for Fig. 2. 


ROUGHNESS WITH SECOND SHARP REAMER 
Single Test Results 


|Lubricant Code 
1) Carbon Tetrachioride 
2) Chemical Emulsion 
3) Buty! Stearate 


4) Ory 
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ROUGHNESS - Microinches 
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Fig.6 Roughness level appears to depend on the size of the built-up 
edge, and on the amount of burnishing. Cutting conditions were the 
same as for Fig. 3. 


SURFACE ROUGHNESS WITH DULL REAMER 
Range for Single Tests 
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Lubricant Code 
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Fig. 7 Cutting conditions were the same as for Fig. 4. Roughness 
appears to be more sensitive to lubrication with the dull reamer. 


Effect of Size of Cut. Further tests were made wherein both 
the feed and the thickness of metal removed were varied. The 
results of these tests are plotted in Figs. 11 through 13. 

Fig. 11 shows the torque reyuirements for reaming the C-1020 
steel with chemical emulsion concentrate and a dull reamer while 
removing 0.005, 0.010, and 0.015 in. on the diameter. Both 
the cutting torque and the rubbing torque increase continually 
with increase in the amount of metal removed. A similar result 
was obtained for increasing feed as shown in Fig. 12. A dull 
reamer was used on C-1020 steel. The feed in inches per revolu- 
tion was varied while diameter increase was held constant at 
0.005 in. Again both the cutting and rubbing torques increased 


continually with increased size of cut. 


HOLE SIZE WITH SHARP REAMER 
Range of all Tests 
Lubricant Code 
1) Carbon Tetrachioride 
2) Chemical Emulsion 
| 3) Buty! Stearate 
4) Dry 


Fig. 8 Cutting conditions were the same as for Fig. 2. The full 
range of measurements is shown. Warping after removal from the 
collet is responsible for part of the range. 
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750¢ 


HOLE SIZE WITH SECOND SHARP REAMER 
Range of Single Tests 


Lubricant Code 1) Carbon Tetrachioride 
2) Chemical Emulsion 
(4) 3 Butyl Stearate 


4 Ory 


DIAMETER inches 


HOLE 


7500 
Cc 1045 


Fig. 9 Cutting conditions were the same as for Fig. 3. The repeat 


run with the second reamer confirmed the size trend. 


HOLE SIZE WITH DULL REAMER 
Range of Single Tests 


Code 
Corbon Tetrachioride 
Stearate 


| 


020 B 


Lubricant 
(2) Chemical Emulsion 


(4) 


7510, 


>) 
7505, | 
7500 


> 1045 


HOLE DIAMETER ~ Inches 


Fig.10 Cutting conditions were the same as for Fig.4. Dullreamer 


produces somewhat smaller holes. 


In contrast, Fig. 13 shows similar torque requirements for 
reaming C-1045 steel with a sharp reamer at three different 
feeds and constant diameter increase of 0.005 in. Here a quite 
different result was obtained. The rubbing torque was greatest 
at the 0.005 feed and decreased very rapidly to almost zero at a 
feed rate 0.015 ipr while at the same time the cutting torque in- 
creased steadily with increased feed as would be expected. Thus 
it would appear that total torque requirements for sharp reamers 
can actually decrease with increased size of cut, providing built- 
up edges are small enough at the light cuts. 

It is significant that both the surface finish and hole size varied _ 
rather little for the tests made with the dull reamer. On the 
other hand, the sharp reamer tests represented in Fig. 13 demon- 


_f 
C 1045 
| 
oe = 
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APPENDIX 1 
- Cutting Theory Applicable to Burnishing 


Cutting 


nN 


It is desired to determine the relationship of maximum shear 

stress T with interference on the diameter between a burnishing 

a tool and a hole be'ng burnished. It is further desirable to 

fs) 5 10 5 0 5 ‘5 25 determine the sensitivity of this relationship to the radius of the 

Diameter increase - inches x10°3 Feed - lor burnishing roll. For the purpose of analysis, the wall of the 

wa Fig. 11 Fig. 12 hole and the burnishing roll are assumed to be parallel cylinders 
with radii R; and R2, respectively. 


TORQUE Pounds inches 
TORQUE - Pounds inches 


Fig. 11 Both cutting torque and rubbing torque increased with the 
@ Gen Timoshenko‘ gives the solutions for this arrangement as 
chemical emulsion on C-1020 steel. Feed was constant at 0.015 in. 


per revolution. 7 b = 1.52 ( 


E(R, + Re) 
Fig. 12 Torque increases with feed for a dull reamer on C-1020 
steel with chemical emulsion as lubricant. Initial hole diameter : {P’E(R, + R2)\"/ 
was 0.745 in. Yo = 0.418 ( a ) 


INCREASING SIZE OF CUT WITH SHARP REAMER Tun = GIS ¢, 


where 


b = one half the width of the area of contact 
P’ = load on the burnishing roll, lb per in. of length 
E = modulus of elasticity 
q. = Maximum pressure between a burnishing roll and the 
wall of the hole 


The term (2; + Rz) in Equations [1] and [2] does not differ 
greatly from R; since R, is always relatively small in a practical 
burnishing tool. This is particularly true of a reamer if one con- 
siders the small radius of the cutting edge as the radius of a 
burnishing roll. Therefore, it is valid to reduce Equations [1} 


and [2] to 
Cutting 


Feed - Ipr _ 
R 
Fig. 13 Increased feed with sharp reamer on C-1045 steel resulted 
in considerable reduction of rubbing torque as size of built-up edge in- 
creased. Finish also deteriorated. Lubricant, chemical emulsion. 
Initial hole diameter, 0.745 in. 


strated substantial increase in both surface roughness and hole Deflecti f the t ‘shi will t , 
eflection of the burnishing roll will be small and can be 
size with increased feed or size of cut. ia & 


neglected. Therefore, the relationship between width of con- 
Conclusions hate! « tact, diameter interference (D, in.), and roll radius is 

i The presence of a built-up edge at the outer corner of end- 
cutting reamers affects hole size, surface finish, and torque re- — 
quired for reaming. 

2 Some lubricants may reduce the size of built-up edges on 
reamers to such an extent that substantial rubbing occurs between 
the wall of the hole and the reamer margin In practical burnishing and reaming, diameter interference 

a : ‘ . (D) is of the order of magnitude of 10~* in. and could never be 

3 A dull reamer in the presence of a good lubricant can con- 
tinue to produce good surface finish and close control of diameter. De less 
The same lubricant with a sharp reamer might fail to prevent rT = 25,100/R'”* psi 
significant loading, thus resulting in poor finish and size control. 

4 Higher torque in reaming is not necessarily bad since it may 
be the result of burnishing which can produce better finish and ‘Theory of Elasticity,” by §. Timoshenko, McGraw-Hill 
Book Company, New York, N. Y., 1934, pp. 344-350. 


r = 2.510 X 


Thus it can be seen that any practical burnishing tool or the 


closer control of hole size. 


| 
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Rubbing 
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leading edge of the margin of a */,-in-diam reamer will create 
shear stresses beyond the elastic limit and thus result in plastic 
flow of the wall of the hole for any roll radius that can be put in 
the hole. This appears to hold even up to the radius of the 
hole at which point the cylindrical margin of a reamer could also 
be considered as a nonrotating burnishing roll. Reasonable 
proof of this result is given in the next section. 


APPENDIX 2 
Pressures on Reamer Margins 


_ A reasonable estimate of the pressure on a reamer margin due 
to interference with the wall of the hole can be obtained by 
‘assuming uniform pressure and applying theory of elasticity. 
For this condition on the straight boundary of a plate, Timo- 
shenko® gives 


= 


2 d a 
+ 
TE 


Assuming the wall of the hole to be a straight boundary, and 
considering only the maximum deflection at the center of the 
margin, this equation reduces to 

TED 

. 2w(4 log K + 1 — y) 
where pressure on margin, psi 

modulus of elasticity of the work material 

normal width of margin, in. 

ratio of total circumference to margin area 

Poisson’s ratio of the work material 
D = diameter interference, in. 


Applying Equation [8] to the reaming of steel, it reduces to 
15.58 X 107 D psi 

w = 0.030 in. 

K = 10 

E =3 X 10° psi 

y = 03 


where 


Thus a diameter interference of one thousandth of an inch 
would create an average pressure of 155,800 psi while one ten- 
thousandth results in a pressure of only 15,580 psi. It seems 
feasible then for elastic rubbing to occur in reaming but this 
could quickly become plastic as a reamer becomes dull. 


Discussion 


Carl J. Oxford, Jr.6 At first glance the cutting action of a 
reamer appears to be quite simple and straightforward. How- 
ever, as the authors have discovered, reamer performance is ex- 
tremely sensitive to operating conditions. This means that 
reamer performance is extremely difficult to predict and 
that small variations in any of the several variables can have 
a large effect on performance. 

The present paper in which the authors point out the existence 
of the burnishing action which can occur at small depths of cut is 
a valuable contribution to the meager literature on reaming. Their 
findings as to the effects of different cutting fluids are very in- 
teresting and should be helpful in understanding the apparently 
unusual performance of reamers which is occasionally en- 
countered. 


* Footnote 4, p. 92. 
* Director of Research, National Twist Drill and Tool Company, 
Rochester, Mich. Mem. ASME. 
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The authors are to be commended on a brief, concise, and pro- 
vocative paper. 


K. J. Trigger’ and B. T. Chao.* The authors are to be compli- 
mented for this informative paper on the performance of several 
cutting fluids in the reaming of steels. Of particular interest is 
the isolation of the cutting torque from that due to rubbing and 
the correlation of the rubbing component with hole accuracy and 
surface finish. 

The reported increase in rubbing torque using carbon tetra- 
chloride as a fluid is in agreement with observations made by the 
writers during a study of tapping some time ago, with experi- 
mental fluids supplied by Sinclair Research Laboratories, Har- 
vey, Ill. Tapping dynamometer records to illustrate the points are 
included in Fig. 14 of this discussion. 

All holes were tapped in flat stock with a minimum wall thick- 
ness of | tap diameter between holes. In preparation for tapping, 
the holes were reamed with the reamer held in a floating holder 
and were subsequently tapped without moving the workpiece to 
minimize possible misalignment. Machine spindle reverse was 
preset to act when the hole was tapped through. The cutting 
fluid was applied by gravity feed and the same fluid was used for 
reaming and tapping. 

The record for a new tap is shown by the upper left trace in 
Fig. 14. It is noted that the torque is low (~90 lb-in.) and uni- 


form, which was typical of the first hole with a new tap. 

If the tap is chased through a freshly tapped hole without 
disturbing the setting, a drag is noted and is clearly audible. The 
upper right trace, Fig. 14, depicts this drag after tapping 6 holes 
with carbon tetrachloride. Depending upon the number of 


? Professor of Mechanical Engineering, University of Illinois, 
Urbana, Ill. Mem. ASME. 
Professor of Mechanical 


Urbana, Ill. 


Engineering, University of Illinois, 


Worn Tap - New 
Tap - Cutting 
Tapped with Of, with Additive 
TYPICAL TAPPING TORQUE RECORDS 


Stock: AISI 1040 Steel, Annealed; 1 
‘ole reamed 0.422 in. Tap 1/2-13 NC 


16th hole 


9 The 3/6 in. thick 
Flostin= holder 


Fig. 14 
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WORK MATERIAL AIS! [05S STEEL , ANNEALED 2298HN 9/16 THICK 
TAP. 3/8-I6 NC rom FLOATING HOLDER 


HOLE REAMED 5/6" 


LOS-INS 
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—e— BASE O 150 SUS 


——=— BASE + ADDITIVE 
(1% % Ci) 


TAPPING TORQUE, 


—e— CCi, REOISTNLED 


20 


HOLE NUMBER 


Fig. 15 Effect of hole number on tapping torque 


holes tapped, this drag varies from '/; to #/; of that required to 
tap a new thread. 

The lower left trace bears a resemblance to the authors’ typical 
torque curve, Fig. 1. The cutting torque is shown by the short 
pause at about 2.8 chart divisions and the rise thereafter due to 
rubbing as the following teeth enter the tapped portion. In this 
case, the tap has been worn appreciably and the rubbing torque 
is proportionately greater as more holes are tapped. 

The lower right trace is for a cutting oil containing about 1'/2 
per cent active chlorine. A drag record with this fluid after 
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tapping some 10 holes shows but a slight movement of the trace 
point indicating a torque of 2 to 3 lb-in. 

During the reaming with carbon tetrachloride and other chlo- | 
rine carriers such as trichloroethylene the total reaming torque 
(cutting plus rubbing) was about 2'/; times that when using the 
cutting oil. 

The effect of three cutting fluids on tap wear is shown in Fig. 
15. The continual rapid rise of tapping torque with carbon 
tetrachloride as a fluid is indicative of rapid wear as it affects 
cutting and/or rubbing torque. It has increased nearly 70 per 
cent in 20 holes. A similar trend was noted with '/;-13 NC taps | 
in which the torque was nearly doubled in 15 holes. 

In contrast to this behavior only a slight increase is noted for 
the cutting oils, particularly that containing the chlorine addi- 
tive. Quite evidently there has been little tap wear. 

Carbon tetrachloride has frequently been referred to as an 
“effective’”’ cutting fluid. It may be well to ask effective for : 
what? 


Authors’ Closure 

The authors are grateful to Mr. Oxford and to Professors 
Trigger and Chao for their generous comments. It is interesting — 
to note the substantial rubbing in tapping steel shown by Trigger 
and Chao. An increase of 2'/; times in tapping with carbon — 4 
tetrachloride is as significant as 20 times in reaming because of the J = 
finite relief angle on the taps. A few years ago Dr. W. W. Gilbert | 


reported back-out torques in excess of cutting torque for tapping ~ - 


titanium. It is becoming increasingly evident that good lubri- 
cation is necessary and feasible with small relief angle tools on — 
thin chip operations. It would be interesting to see more work 
done on the effects of many different lubricants with operations 
of this type. 
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By S. A. TOBIAS! ann W. FISHWICK? 


A mathematical theory of the chatter of lathe tools is 
presented. Two types of chatter are distinguished depend- 
ing on whether the chatter amplitudes fall in the direction 
of the tool shank or in the direction of the workpiece ve- 
locity. The physical causes of chatter taken into con- 
sideration are the chip-thic’kness-variation effect, the pene- 
tration effect, and the slope of the cutting-force against 
cutting-speed curve. The results of the mathematical 
theory are presented in the form of stability charts. With 
these, chatter arising during the first revolution of the 
workpiece and that occurring during subsequent revolu- 
tions are discussed. It is shown that the stability of the 
system is affected by the workpiece velocity, the workpiece 
material, the geometrical shape of the tool and the tool 
shank, and so on, and that under certain conditions, the 
chip-thickness variation may have a stabilizing influence. 
The paper deals only with the effect of the various parame- 
ters on the stability conditions and is not concerned with 
the problem which types of chatter do actually occur in 
practice. 


INTRODUCTION 


HE self-induced vibrations of lathe tools in orthogonal cut 
‘to been investigated recently by Stefaniak (1),? Saljé (2), 

and Sadowy (3). Stefaniak and Saljé regarded the tool or 
the workpiece, Fig. 1, to be an elastic system with two degrees of 
freedom. These were assumed to fall in the direction A and B in 
Fig. 1 and were considered to be uncoupled insofar as the elastic 
constants were concerned. Coupling arose by the interaction of 
the cutting edge with the workpiece. Sadowy also postulated two 
uncoupled degrees of freedom but assumed that these are divided 
between the tool and the workpiece and that the vibration ampli- 
tudes of these two components form a definite angle with each 
other. 

The present paper has a more limited objective than those pre- 
vious investigations but, in spite of this, it advances beyond them 
in several ways. It will be assumed that chatter can exist in 
either the direction A, Fig. 1, or the direction B, but not in both 
at once, and accordingly these will be named Type A and Type B 
chatter, respectively. The number of degrees of freedom in either 
direction remains unspecified. Thus two special cases will be 
discussed which arise in the workshop when the relative stiffness 
in one direction, say A, is small but in the direction B is large (i.e., 
short tool overhang, great flexural stiffness of spindle, and so on) 
and in that case Type A chatter occurs. The opposite relative 


1 Assistant Director of Research, Department of Engineering, 
University of Cambridge, Cambridge, England. 

2 Professor of Electrical Engineering, University College, Swansea, 
England. 

* Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Contributed by the Research Committee on Metal Processing and 
presented at the Semi-Annual Meeting, June 9-13, 1957, of Tue 
AMERICAN Society oF MECHANICAL ENGINEERS. Ke-presented at 
the Annual Meeting, December 1-6, 1957, New York, N. Y. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
29, 1956. Paper No. 57—SA-19. 


stiffness conditions between cutting edge and workpiece result in 
Type B chatter. 

In discussing these types of chatter, not only that arising during 
the first revolution of the workpiece will be treated but also re- 
generative (feedback) chatter occurring in the subsequent revolu- 
tions. The latter type was mentioned only briefly by Stefaniak 
and was not considered by either Saljé or Sadowy. 

The main reasons for this paper are twofold: 


1 All three investigations mentioned are based on a simplified 
derivation of the cutting forces under dynamic conditions, which 
appears also in the work of Hahn (4). 

2 The method employed by previous investigators for the 
derivation of the stability conditions is unsuited for practical ap- 
plication. 


Fic. 1 Type A anp Tyre B Cuatrer 

It is the opinion of the authors that theoretical chatter research 
is likely to find a practical application only when the stability 
conditions are discussed in a way which is at once simple to under- 
stand and easy to survey. Such a presentation of the stability 
conditions was given by the authors in a previous paper on drilling 
chatter (6) and the present work is a development of this theory. 


INCREMENTAL Forces ON A LATHE Too. IN OrTHOGONAL CuT 


Consider a lathe tool in an orthogonal cutting process with a 
nominal feed s, inch per revolution (ipr), and cutting velocity 
Vo = const, in. per sec (ips), as shown in Fig. 1. Under these con- 
ditions the particular lathe can be regarded to be a “dynamical 
system” which is in “steady motion.’’ It will now be investigated 
whether this motion is stable or unstable, that is, in the ter- 
minology of the production engineer, whether the machining will 
be free of chatter or not. This will be done by assuming that there 
is a relative vibration z(t) between workpiece and cutting tool 
and by investigating the effect of this vibration on the cutting 
conditions, 

It will be assumed that the postulated vibration between work- 
piece and cutting edge is of the form 


z; = X,e™* cos w,t 


where subscript ¢ = a or b indicates whether Type A or Type B 
chatter is being investigated. X, is an undetermined amplitude 
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constant and w, and a, are to be presently determined. It will be 
assumed that 80. 

Owing to the presence of the vibration z, the cutting conditions 
are altered and so superimposed on the steady cutting thrust 
component P, will be an incremental thrust component dP,,. 
Clearly, dP; will be a function of z; and so of the time t. dP, is 
acting on the elastic structure of the machine (tool, tool support, 
and workpiece) and it may be such that it (i) increases z,, (ii) de- 
creases z,, or (iii) leaves z, at its original level. In case (i) a; > 0 
which shows that the superimposed vibration increases its ampli- 
tude as time goes on and tends to infinity. In practice the ampli- 
tudes are stabilized owing to nonlinear effects and other causes 
at an undesirably large value and the machine chatters. Never- 
theless a; > 0 indicates that the system is unstable. In case (ii) 
the calculation yields a; < 0 and so Equation [1] represents a 
damped oscillation which means that as ¢ increases 7, — 0 and 
chatter-free machining establishes itself. a; < 0 indicates that 
the system is stable. Finally, case (iii) yields a; = 0 and then the 
system is on the threshold of stability; that is, once a vibration 
is initiated it is maintained at its original amplitude level. 

It will be assumed that the cutting force P or any thrust com- 
ponent P, (in the directions A and B, as shown in Fig. 1) is a 
function of the instantaneous values of the following four parame- 
ters: The total chip width w in., the chip thickness s in., the rate 
of penetration (feed velocity) r ips, and the cutting speed v ips. 
Term » is dependent on the rotational speed of the workpiece Q 
rad/sec since v = RQ, where F# is the instantaneous workpiece 
radius. In the present case the chip width is not affected by the 
presence of chatter and will not enter into the following discus- 
sion. Under steady-state machining conditions the three re- 
maining parameters are related by r = so{2/2m and then the chip 
thickness s is equal to the nominal feed so. In this case it is suf- 
ficient to say that the thrust P; is a function of s) and 2. How- 
ever, under dynamic conditions the chip thickness s may vary in- 
dependently of the feed rate r and both may be only partly de- 
termined by the nominal feed s, as will be shown presently. 
Thus, in general, the thrust can be written as‘ P, = P;(s, r, Q) 
and so the incremental] thrust component is expressed by 


4 The feed rate r has not been considered as an independent variable 
by previous investigators (1, 2, 3, 4) and as a result they have given 
an erroneous physical interpretation to the factors ki: and ks (see 
Equation [7]. This question is discussed in greater detail in reference 


(7). 
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Fig. 2(a2) Type A chatter. 
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dP; = kids + kesdr + kydQ... 
where k,; = (O0P,/0s)o represents the increase of the thrust ae 


remaining constant. = (OP;,/dr)o, and ky = (OP;/d)o have 
an analogous meaning with respect to the feed rate and the cutting» 
speed, respectively. 

Consider changes from one steady state to another under the — 


varied. By plotting the thrust P; as a function of the feed,a __ 


curve at 8 [Fig. 2(a)] andi = a or b depending on whether Type A 
or Type B chatter is being investigated. Mathematically, these | 


2 
dP = kydsy + ke — ds = k,ds........ 
2r 


from which 


Next, keep the feed constant and vary the workpiece speed. 
By plotting the P; thrust components as a function of » in most 
cases a set of curves shown in Fig. 2(b) is obtained. Mathe- 
matically, ds = 0, but d@2 # 0 and so dr = sdQ/2mr and from 
Equation [2] 


and so 


NOMINAL CUTTING SPEED 


v, inch / sec 


Fig. 2(b) Type B chatter. 


2 DererMination or Factors k, and kg 
(Re = test piece radius.) 


p thick 
erimental conditions are represented by Equation [2] when 
= dso, dr = dsy 2/27, and dQ = 0, and so (omitting the suffix 7) ie 
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from Equation [4]. The determination of kg is shown in Fig. 2(6). 
Thus Equation [2] can be written (omitting the suffix 7 of all con- 
stants) 


d 
dP, = + (k, 


Subsequently, the notation (k,,; — kii) = K, will be used. The 
evaluation of the constants k, and kg will not cause any difficulty, 
but &; is a new constant which does not appear in the work of 
previous investigators and its evaluation is possible only by means 
of specially devised tests. A detailed discussion of this question 
is given in (7). 

Assuming that the values of all the constants in Equation [7] 
are known, @P; is found by calculating the chip-thickness varia- 
tion ds, the feed-rate variation dr, and the rotational-speed varia- 
tion dQ. 


Type A CHATTER 


In this case the cutting velocity is not directly affected by the 
presence of the vibration z,. Speed variations which may be 
set up in the spindle drive owing to the load variation will be 
neglected and so dQ = 0 will be put in Equation [7]. 

The chip-thickness variation occurring in this case is illustrated 
in Fig. 3(a) which shows a section through the cutting edge. 
Under steady conditions the cutting edge removes a chip of uni- 
form thickness 89, indicated by the dotted lines in the figure. In 
the present case, owing to the vibration z,, the upper surface of 
the chip being removed at time ¢ has been modulated by the 
cutting edge when it last cut this part of material at time (¢ — T), 
where 7 = 27/{2 is the time for one workpiece revolution. Thus, 
as shown in Fig. 3(a), the top surface of the chip has the shape of 
curve 1 while the cutting edge proceeds along a path given by 
curve 2, and so the instantaneous chip thickness is (s. + ds) 
where 


ds = z,(t) — z,(t — T) 
It is convenient to generalize this equation and write it as 
ds = z,(t) — ux,(t — 7) 


where yp is the factor of overlapping between the previous cut and 
the present cut. In the case of orthogonal cutting the whole upper 
surface of the chip is cut successively and so wu = 1.0. However, 
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during the first revolution of the workpiece interference between 
successive cuts is not yet possible and this condition is represented 
by putting u = 0 in Equation [8a]. 

The determination of the variation of the feed rate r is straight- 
forward. The vibration z, causes an instantaneous feed rate (r 
+ dr) where r = 8 {2/2m7 is the nominal feed rate and dr = dx,/dt, 
where x, is given by Equation [1]. 

Substituting ds from Equation [8a], dr = dz,/dt, and dQ = 0 
into Equation [7], the incremental thrust force is obtained as 


G 
dz, 


+ | w, Q, + 


where 
and 


— 


Tm; 
F, = 1 — pe~27 (cos wT + —! sin 


In Equations [9] and [10] the subscript a of the factors k,, K, a, 
w, has been omitted. 


Tyre B Cuatrer 


This is the more complicated form of chatter and it will be 
shown that the incremental thrust-component expression for Type 
A chatter (Equation [9]) is a special case of the equivalent ex- 
pression for Type B chatter, and so the following mathematical 
analysis includes both cases: To make this generalization clear, 
care has to be exercised with the sign convention applying to the 
thrust P,; and the vibration amplitudes z,. In the case of Type A 
chatter, Fig. 3(a), x, points into the workpiece material and its in- 
crease results in an increase of the chip thickness which is followed 
by an increase of the thrust P, acting on the cutting edge. Thus 
the positive directions of z, and P, point in opposite directions, 
Fig. 3(a). Since the total cutting thrust lies approximately as 
shown in Fig. 1, the component P, on the tool points in the 
direction of the workpiece velocity. In accordance with the pre- 
vious convention the positive sense of zx, is a movement opposing 
the motion of the workpiece; that is, upward in Fig. 3(b). 

According to Arnold (5) a deflection z, of the cutting edge pro- 
duces a chip-thickness variation 


b 


Wot 


‘ 
~ 
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Since an increase of the chip thickness produces an increase of the 
thrust component, in the case shown in Fig. 3(b), 8 must be a 
negative number. Assuming that the tool support is infinitely 
stiff, then 8 = —0.69 (h/l) (Arnold). However, in general, 8 will 
not have this value since Arnold’s assumed end conditions cannot 
be realized. In fact, 8 is essentially a dynamic constant which 
depends not only on the position of the cutting edge with respect 
to the neutral axis of the tool shank and the tool support design, 
but also on the modes of vibration of the structure as a whole. © 
Thus 6 may be positive or negative or zero. 


Using these considerations and an argument similar to that of : 


Type A chatter, it will be seen that in the present case the in- 
stantaneous total chip thickness is given by (s) + ds) where 


ds = B[x,(t) — — T)] 


and yu has once more been introduced for the sake of greater gen- 
erality. 
The variation of the feed rate r is 


since 6, is given by Equation [11]. 

Substituting the expressions for ds and dr into Equation [7] and 
remembering that the apparent variation of the angular velocity 
dQ is dQ = 2,/R, the total incremental forceis 


where F; and F; are given by Equation [10] and the notations 


= 
= Bky and AK = K, (3 
have been used. In Equations [14] and [15] the subscript b of the 
terms a, w, and kg has been omitted. Comparing Equation [14] _ 
with Equation [9] it can be seen that the latter is a special case 
of the former. Thus, by using Equation [14] in the following dis- 
cussion, the results are applicable to both types of chatter, pro- 
vided certain coefficients take the special values summarized in 


Table 1. 


k, 


Bk, 
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Ka 
Type B chatter Ke (s 


The thrust increment dP; appears superimposed on the steady 
thrust P;. The latter produces only a static deflection between 
workpiece and cutting edge and has no further significance. Thus 
only dP; has to be considered and it will be investigated under 
which conditions is its effect on the system such as to make 


a; 2 0 in Equation [1]. 


DERIVATION OF Equation OF MoTION 
Consider conditions at the point where the cutting edge makes 
contact with the workpiece and assume that a harmonic force of 
variable frequency (a vibration generator) is acting between these 
two points, either in direction A or B, as shown in Fig. 1. By 
measuring the relative amplitudes between the points of excita- 
tion and plotting them as a function of the exciting frequency two 
resonance curves of the type shown in Fig. 4 are obtained. 


On the basis of the initial assumption concerning the inde- 
pendence of the degrees of freedom in the two directions, the 
stability of a particular mode of vibration, corresponding to the 
undamped natural frequency wo, can be investigated by repre- 
senting the system when vibrating in this mode by an equivalent 
single-degree-of-freedom system. The incremental thrust force 
dP, is acting on this equivalent system and so the differential 
equation of the motion can be written 


d*z dr 
M — = 
+e + dP 


where M, c, and ) are suitably chosen quantities for the particular 
mode of vibration. In Equation [16] all terms should have the 
subscript 7 indicating that in this way two sets of differential 
equations are derived, one set for the natural frequencies which 
can be excited in the case of Type A chatter (a ,_) and a similar set 
for those excited when Type B chatter (wy) is present. The 
subsequent argument will be directly applicable to Type B chat- 
ter, but by introducing the special values of the parameters k,, K, a 
and kg, as given in Table 1, they describe Type A chatter as well. 

It is convenient to introduce nondimensional quantities in 
Equation [16] by putting 


DIRECTION B 


AMPLITUDE - inches 


J 


EXCITING FREQUENCY - rad per sec. 


Fic.4 oF Structurat Dampine Ratio 


1 Specrat VaLvues oF CoEFFICIENTS FOR TYPE A AND 
Tyre B Cuartrer 


dQ = 0 (i.e., put ke 
dQ # O(ie., ka ¥ 0) 


0) 


where w» is the undamped natural angular frequency of the par- 
ticular mode under investigation and D is the structural damping 
ratio of this mode. Term’ D is determined from the resonance 
curve (Fig. 4) by dividing twice the natural frequency of the par- 
ticular mode into the resonance curve width at 1/+/2 of the maxi- 
mum amplitude. JD is a nondimensional factor which represents 
the ratio of actual damping to critical damping. 

Term® ) is the equivalent static stiffness encountered by the 
thrust P; between the workpiece and the cutting edge in the 


‘In the previous publication the dynamic amplification factor 
Q = 1/2D has been used. However, D is more suitable to the present 
purpose. 
*) has previously been called dynamic stiffness. However, since 
it represents the static spring stiffness of the equivalent system its a 
name has been changed. 
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directions A or B, respectively, and is found from the resonance 
curve as A = (exciting force)/(resonance amplitude X 2D). 
With these notations and substituting for dP from Equation 
[14] the differential equation of motion, Equation [16], is ob- 
D, k 1 
Fy + 


tained as 
1 ka dz 
A Q A dt 


+ 


where D, represents the effective damping ratio which corresponds 
to the structural D increased slightly to account for the addi- 
tional frictional damping at the cutting edge (D, > D). 

Thus, by assuming the damped oscillation z; (Equation [1]) to 
be present, it is found that z,; must satisfy Equation [18]. Conse- 
quently, by substituting z,; into Equation [18] a system of equa- 
tions is obtained from which @ and w can be determined. These 
equations are of the form 
ko 1 


2nK 1 2 
AX R 


A 


Wo? 
However, since from the practical point of view the essential 
question is whether a disturbance will build up (@ > 0) or decay 
(a < 0), it is sufficient firstly to consider the threshold of stability 
conditions which are derived from Equations [19] and [20] by 
making @ = 0; namely 


»\2 k, 


2k, @Wo . 
— 
A w 


2rw 4nK Wo wo 


i 


. [22] 


Tue Srapiuity CHart 


Owing to the transcendental nature of Equations [21] and [22] 
their direct practical application is cumbersome and so their 
solutions are conveniently represented in the form of stability 
charts. These charts show those rotational speeds (Q/w) at 
which the system is stable, unstable, or at the threshold of sta- 
bility, fora given structure and mode characterized by A, wo, and D, 
and a given tool, workpiece material, and machining condition 
characterized by £,, K, kg, 4, and some increase of friction at the 
cutting edge which increases D to D,. The abscissas of the charts 
represent the nondimensional rotational speed Q/w, where w» is 
the natural frequency of the particular mode of vibration being 
investigated. The ordinate corresponds to a factor De, which 


is defined as 
4rK wy ka 
Do= - — = Dr 
D, D, + Dg + Dg. . [23] 


> 


Dc = 


and so 


De will be called the combined damping of the system. It con- 
sists of the effective damping D, (which includes structural damp- 
ing and friction at the cutting edge), damping dependent on the 
rate of penetration Dx, and damping produced by the cutting force 
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against cutting-speed characteristic Dg. As already pointed out, 
D, > 0, but Dx and Dg may be positive, negative, or zero. In 
this interpretation, Equation [22] and Equations [23] and [24] 
express the fact that, in the most general case, the system will be 
at the threshold of stability (a = 0) when the sum of the com- 
bined damping—D, and the damping attributable to the chip- 
thickness variation—D,*, Equation [24], is equal to zero. 

First, consider chatter arising in the first revolution of the 
workpiece or when there is no overlapping between successive 
cuts; i.e., uw = 0. In this case the threshold of stability condition is 
given by De = 0. The stability chart of this cutting condition 
is now constructed in the following way: In Fig. 5(a@) a series of 
Dx = (42 K/X) («/Q) curves are plotted for several positive and 
negative values of K/A. In the present example let K/A = 1.5 
X 10-*. In accordance with Equation [23], to the ordinates of 
this curve is now added D, (say, D, = 0.032), resulting in the curve 
denoted by Dx + D,, and added (when kg > 0 and so Dg > 0) or 
subtracted (when kg < 0 and so De < 0) the damping contributed 
by the cutting force against cutting speed characteristic Dg (say, 
De = —0.08). The resulting curve [chain-dotted in Fig. 5(a)] 
represents the variation of the combined damping Dz, (in the 
present case the total damping) of the system as a function of the 
rotational speed. In the speed range 2/w) = 0 to Q/w) = 0.37, 
De > 0; i.e., since the damping present is positive the system is 
stable and so chatter cannot arise. The threshold of stability 
(De = 0) is reached at 2./w) = 0.37 and above this speed the 
system is unstable (De < 0) and chatter will occur. 

The same construction for K/A = —5.0 X 10-8, D, + Dg = 
0.08 is shown in Fig. 5(b). As is clear from the figure, in this case 
chatter occurs at all speeds below 2/w) = 0.79 and above this 
speed the system is stable. 

It is easily seen from Fig. 5(a) and Fig. 5(6) that chatter can 
arise under the following conditions: 


1 When kg = 0, instability occurs only when K < 0; 
for 


Type Achatter: K= 


that is, 


2 When ke = 0 the following combinations may lead to in- 
stability: 

(i) K > Oar? kg < 0 results in stable low speeds and unstable 
high speeds. 

(ii) K <0 and kg ¥$ 0 results in unstable low speeds and stable 
high speeds. A negative kg lowers the threshold of stability speed 
and so deteriorates the chatter behavior. 

Since the D, curves are asymptotic to the co-ordinate axis, the 
line corresponding to K = 0 coincides with the abscissa. In this 
case the sign of De = D, + Dg alone decides the stability of the 
system. If the system is unstable then chatter will occur at all 
speeds. However, it should be added that the present theory 
ceases to be valid at very low speeds of rotation owing to the 
elimination of the relief angle of the cutting tool as it vibrates 
(explained in reference 7). Consequently, it is to be expected that 
the system is always stable in the close vicinity of Q/a = 0. 

Chatter Frequency at Threshold of Stability. When p = 0, it will 
be seen from Equation [21] that on the threshold of stability the 
chatter frequency is 


= 

\ 
which is independent of the rotational angular velocity 2. For 


Type A chatter k, = k > 0 and so the chatter frequency lies 
above the natural frequency (w > w). However, for Type B 


‘LA 
> 
= 
= or K < Oand 8 > 


° 


UNSTABLE 
Q<0 


ROTATIONAL SPEED © 
NATURAL FREQUENCY 


sec 
per sec 


Fig.5(a) K/A = 1.5 X 107%; De = 0.032 and Dg = —0.08. 


chatter k, = 8k, and so w may be greater or smaller than a ac- 
cording to the sign of B. 


Sraspitiry Cuarts WHEN REGENERATIVE CHATTER Is PossIBLE 
(mu = 1) 

Aiter the first revolution of the workpiece, interference between 
successive cuts becomes possible and the conditions which lead 
to chatter are considerably modified compared to the previous 
case. It can be shown that the system is unconditionally stable 
when the combined damping Dz is greater than D,, where 


2k, aki? 1 


On the other hand, when De < —D,,, then the system is uncon- 
ditionally unstable and chatter will occur at all speeds. For D,, > 
De > —D,, the system is conditionally stable; that is, certain 
speed bands are stable and these are separated by unstable bands. 
The stable and unstable speed bands are found by the following 
construction: 

De* from Equation [24] is plotted as a function of Q2/w». Fol- 
lowing D-(Q/wo) from Equation [23] is plotted in the same figure 
and then the intersections of the two curves will correspond to the 
threshold of stability conditions. 

The De*(Q2/wo) curve from Equation [24] is found by choosing 
values for 27w/Q, determining with these w/w» from Equation [21] 
and finally finding (Q/w)(w/w») = Q2/wo and from Equation [24] 
the corresponding D-*. The actual shape of the De*(22/w) 
curve can be seen from Fig. 6 for &, > 0 and Fig. 7 for k, < 0. 
Certain general features of these curves are easily ascertained by 
the following considerations: For D,-* = 0 the solutions of 
Equation [24] are 


[26] 


27w 
Q 


w, 48,... [27] 
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Fig. 5(b) K/» —5.0 X 10-3; De + Dg = 0.08 


Fig. 5 CHARTS FOR = O 


with which Equation [21] yieids 


From these two sequences the values of {2/wy at which the 
D,-*(Q/ao) intersects the abscissa are found to be 


It also can be shown that all points of the curve are situated be- 
tween D-* = +D,, and that these lines are tangential to the curve, 
touching it at an infinite number of points. 

Consider now the case when K = 0. By drawing in the chart 
the De = D, + (2ke/A)(@/R) line and noting its intersections 
with the D,*-curve the thresholds of stability speeds are found. 
Which side of the D--curve corresponds to unstable conditions is 
decided by the following considerations: For D, = 0 and ki > 
0 the total damping, Equation [22], becomes negative when 


[28] 


TW 
- < 


Q (30) 


2 
(2n — 
where n = 1, 2,3, ete. Thus along the D,* = 0 line the unstable 
speed bands are situated between 


2 (1 2 

2n l Wo 
and consequently the whole area under the De*({2/wo) line 
(shaded in Fig. 6) constitutes unstable points. By similar con- 


siderations, when k, < 0, along the D-* = 0 line the unstable 
speed bands are found between 


2 
[32] 


| 
1+ 
and once more the area below the D,*({2/w)) curve is unstable, 
Fig. 7. 
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It wiil be noted that for De = 0 when &, > 0 the first unstable 
band extends from 2/w) = 2 +/(1 + 2k,/A) to Q/w = 1.0, the 
higher speeds bands being unconditionally stable (Fig. 6). How- 
ever, when &; < 0, then the first unstable band is situated between 
= © and = 2+/(1 + 2k,/X) Fig. 7; that is, above a cer- 
tain speed all speeds are unstable. Subsequently, as (2/w) decreases 
the unstable bands corresponding to &, > 0 and k, < 0 are ar- 
ranged approximately al... .tely along the speed axis and if for, 
say, k; > 0 a certain speed is stable, then for k, < 0 this speed is 
unstable. The last remark is approximately true only along the 
De = 0 line and needs some modifications owing to the variation 
of the length of the unstable speed bands as Dz takes a positive or 
negative value. However, it still remains true that by merely 
changing the sign of 3 (by using a differently shaped tool shank, 
etc.) a certain machining condition may be converted from stable 

_ to unstable, or vice versa. ee. 


It will be noted that as the speed decreases the D,* curves com- 
mence to draw loops and as a result successive unstable speed 
bands overlap, resulting in a contraction of the stable regions. — 
Theoretically, at very low speeds the unstable bands form a con- — 
tinuous unstable region. However, owing to the effect of the re- 
lief angle of the cutting tool, at very low speeds the system is — 
stable. 

From Fig. 6 or Fig. 7 also can be read a conclusion that may ap- 
pear somewhat surprising in the first instant. Consider a case 
when K = 0 but kg <0 is such that De < 0. It follows from Fig. 

5 that under such conditions, during the first revolution of the 
workpiece, the system is unstable at all speeds and chatter will 
arise. However, in the subsequent revolutions of the workpiece, 
when interference between successive cuts has become possible, 
there will exist stable speed bands provided |D-| < |D,,|. Thus 
under certain conditions the chip-thickness variation effect can 
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produce a stabilization of the cutting process and eliminate chat- 
ter. 

When K = 0 the determination of the unstable speed bands is 
carried in an analogous fashion. In Figs. 6 and 7 a series of Dx 
= /X)(wo/Q) curves is drawn. From these a curve for the ap- 
propriate K/X is selected and its ordinates are displaced by D, 
+ (2ke/A)(w/R). The resulting curve [chain-dotted in the 
figures and drawn for K/A = 1.5 X 10-8 and D, + (2ke/A)(wo/R) 
= 0.036] represents the combined damping of the system. The 
intersections of this curve with the shaded regions determines the 
unstable speed bands. In Fig. 6 these are situated between 


1.17 > Q/wo > 0.54; 0.30 > Q/ary > 0.27; 
0.255 > > 0.186 


and in the case of Fig. 7 between 


o> Q/ao > 0.915; 0.36 > 2Q/wW > 0.295; 0.23 > Q/wW > 0.18 


On the basis of the initial assumptions made in this paper, in 
the case of Type A chatter the stability chart shown in Fig. 6 
should be encountered. However, it is not clear whether in this 
case K can become negative and this question can only be decided 
experimentally. It has been pointed out by the authors else- 
where (6) that this factor is essentially due to two distinct physi- 
cal effects; namely, the rake-angle variation effect and the penetra- 
tion effect. Owing to the presence of the vibration 2, the effective 
rake angle of the tool is varied in such a way that metal removal is 
facilitated. However, at the same time, penetration of the tool is 
hindered by the necessity of breaking through the surface of the 
material. The sign of AK is determined by which of these two 
effects is dominant. It is clear that K < 0 is likely to occur only 
when the tool is sharp. 

In the case of Type B chatter when 8 > 0 the chart of Fig. 6 will 
be encountered and for 8 < 0 the chart of Fig. 7 is applicable. 
Moreover, in this case K = K [8 — (s/24R)] may be negative 
since its value and sign depend on the value and sign of 6, the 
value of the nominal feed so, and the workpiece radius. It is sig- 
nificant to note that when 6 < 0 then achange of s) and FR does not 
affect materially the stability conditions, although it may increase 
or decrease the danger of chatter. However, when 8 > 0 a varia- 
tion of s) and/or R may change the sign of K from, say, positive to 
negative. It can be seen from Figs. 6 and 7 that before the change 
the machine was stable at high speeds, but afterward chatter will 
be encountered in this region. Thus the frequently advocated 
“universal” remedy for the elimination of chatter, i.e., an in- 
crease of the nominal feed s), may in certain cases have the en- 
tirely opposite effect. 

Chatter Frequency at Threshold of Stability. Consider the case 
when K = 0. For De = 0 and k, > 0, then at the threshold of 
stability (corresponding points in Fig. 6 are denoted by A, and 
B,,) the chatter frequency is from Equation [28]: 


For points A, 
= (1 


Ge 


6 


Taking now Dg > 9, then the chatter frequencies of the corre- 
sponding points (points X, and Y, in Fig. 6) lie between the 
limits given in the foregoing, the point on the right-hand side of a 
band always having the higher frequency. Furthermore, points 
lying on the same side of the unstable bands have the same chat- 
ter frequency if the absolute value of their corresponding Dg is 
identical (say, points X, and U, for +Dg in Fig. 6). 


= 1.0 


= 

Wo 
For points B,, 


Wo 


Taking successive points of the threshold of stability curve for 
a decreasing Q/wo, the chatter frequency has a maximum at 
points A,, subsequently decreases to reach a minimum at points 
B,, and then increases to reach the next maximum at point A qs. 
The chatter frequency is always higher (or equal to, at point B,) 
the natural frequency. 

If k, < 0 then for De = 0 the chatter frequency corresponding 
to points A, and B,, in Fig. 7 is: 

For points A, 


For points B, 


a” 


curve having always the higher frequency. 
ments made in the foregoing concerning the variation of the chat 
ter frequency are true also in the present case with the exception — 
that the chatter frequency is always lower than the natural fre - i) 
quency. 

For K = 0 the points of identical chatter frequency do not lie 
on the line De = const but on the De hyperboles. Except for 
slight modifications the statements just made concerning the _ 
variation of the chatter frequency remain valid. 


CONCLUSIONS 


The present investigation has shown that theories of machine-— oe 
tool chatter which disregard the effect of the penetration rate of 
the cutting edge are neglecting a factor which may be of prime im- 
portance for the stability of the cutting process. The theory pre-— 
sented is based on an expression for the incremental thrust forces — 
acting on the cutting edge which contains three constants: k,, ko, 
and k;. Constants k, and kg are determinable from static cutting 7 
tests and their physical significance is already well known. 
However, k; is strictly determined only by dynamic tests, which — 
have already been described elsewhere (7). An approximate — 
method for the determination of k, from static tests, as applicable 
to drilling chatter, was given by the authors in a recent publica- 
tion (6). 

The essential result of the present paper lies in the stability — 
charts presented from which the conditions for the presence or 


steps for its avoidance can be decided without recourse to further | 
calculations. Whether, in fact, these charts can be used under — 
conditions when the flexibility of the tool is not restricted to only 
one direction can only be decided by experiments. This problem | 
and an extension of the theory to two-degree-of-freedom systems 
is already being investigated. 

The stability charts, as such, are independent of the type of 
machine, workpiece material, tool form, and other cutting con-— 
ditions. The form of the charts depends only on one parameter 
uBki/X. All cutting conditions (represented by yu, B, ki, and 
which yield identical values for this parameter are described by : 
the same stability chart. For the prediction of chatter-free or 
chattering machining conditions a series of charts is required, — 
corresponding to various typical values of u8k,/A. In addition, 
the dynamic characteristics of the machine tool (wo, A, and D) : 
have to be available and certain characteristic features of the tool 
and the workpiece material have te be known. Thus the process _ 
of deciding the stability of the cutting operation in advance is of _ 
some complexity. However, the charts are intended not only for 
this purpose. Their primary purpose is to show the complex in- 
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terrelation of the various factors affecting stability and to serve as 
a guide to the designer in the general development of chatter-free 
machine tools. 

From the practical point of view, the present theory recom- 
mends that for each mode the equivalent static stiffness \ be- 
tween workpiece and cutting edge should be kept as high as possi- 
ble. This results in a lowering of the D,, line on the stability 
charts, thus enlarging the area of unconditional stability. An 
identical result is achieved by decreasing k, which is dependent 
on the tool form and the workpiece material. Similarly, X is also 
partly determined by these factors and large positive K-value 
insures freedom from chatter at low rotational speed. In the 
case of Type B chatter, both &, and K depend on 8 which in turn 
is determined by the shape of the tool shank and the dynamic end- 
clamping conditions. It is desirable that 6 should be as small as 
possible and preferably equal to zero. Whether, in fact, 8 can be 
reduced to zero by a suitable choice of the tool shape can be de- 
cided only after those modes of the lathe structure which may be- 
come unstable have been investigated in some detail. 

The sign of @ is easily ascertained by comparing the chatter 
frequency with the natural frequency of the mode which is being 
excited. The sign of 8 determines the type of stability chart ap- 
plicable to the particular case. Thus, for 8 > 0 a chart similar to 
Fig. 6 is to be expected and the case of 8 < 0 corresponds to Fig. 7. 
Once, from the sign of 8, the type of chart applicable is known, 
the position of the speed ratio Q2/w» on the chart will indicate 
whether instability is most easily eliminated by a decrease or an 
increase of the cutting speed. 

Previous applications of somewhat similar stability charts have 
been given in references (7) and (8) where their use for the in- 
vestigation of the effect of flexible supports on chatter and their 
suitability to serve as a comparative measure of the dynamic 
quality of machine tools has been discussed. 
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Discussion | 


S. Dor.? The vibrational stability of a lathe tool is a very in- 
teresting problem. In this paper, many factors which concern the 
vibration of a lathe tool are considered in a general way. The in- 
terrelation of the factors is obtained mathematically and ex- 
amples of stability charts are presented. It is desirable to deter- 
mine many factors pu, B, ki, ke, ks, X experimentally and to com- 
pare the theoretical stability of chatter with the practical stabil- 
ity. 

As the author states in his abstract, the paper is not concerned 

? Professor, Department of Mechanical Engineering, University of 
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with the problem of which types of chatter actually occur in prac- 
tice. The vibrations that occur in machining metals are of two 
types; i.e., forced and self-excited. The vibrational stability is 
naturally distinguished according to the type of chatter. The so- 
called “chatter’’ of a lathe tool produced in practical operation is 
almost always the self-excited vibration caused by the special 
phenomenon in machining metals first reported by the writer.® 
It is desirable that a mathematical analysis be carried out with 
some understanding of the fundamental cause of chatter. 

The falling characteristic of cutting force in its relation to 
cutting speed, as shown in Fig. 2(b) of the paper, is not large ex- 
cept at a very low cutting speed; that is, kz ~ ks ~ 0. The rake- 
angle variation due to x, is also a small value. These character- 
istics have some effect on the occurrence of chatter, but they are 
not*’ the prime cause of the self-excited chatter. 

Another point: 8 may be positive or negative or zero according 
to the tool support and the shape of tool, as the author states. 
The condition shown in Fig. 1 is the surfacing operation of a lathe 
tool. In the usual lathe work, the workpiece is generally turned. 
When the cutting edge vibrates in the cutting direction, the 
thitkness of chip is varied by the round contour of workpiece, 
that is, ds is varied due tox, and R. This factor has some effect 
on the occurrence of chatter. 


R. 8. Haun.'! The authors have made a valuable contribu- 
tion to the theory of chatter, not only for the lathe tools, but also 
for drilling, spot-facing, and similar operations. They propose 
the idea that the cutting forces depend not only on the instan- 
taneous depth of cut and cutting speed, but also on the instantane- 
ous feed velocity. This leads to a term involving (dr)/(dt) in 
Expressions [9] and [14] of the paper. The work of others also 
indicates the instantaneous feed velocity (normal to the work 
surface) to be significant. Doi and Kato* propose that the thrust 
force (perpendicular to the work surface) lags the instantaneous 
depth of cut by a certain small time interval, A. In this way Doi 
and Kato obtain Equation [4] of their paper, involving a retarded 
term z(t — h). If this term be expanded into a Taylor series it 
leads to the first derivative (dz)/(dt) as well as higher derivatives. 
Consequently the proposition that the thrust force depends upon 
the instantaneous feed velocity is partially equivalent to the idea 
that the thrust force lags behind the instantaneous depth of cut. 
The idea of a time lag between force and displacement is an idea 
which is physically acceptable owing to the finite dimension of 
the shear plane in the cutting-speed direction as well as to the 
finite time required for thermal equilibrium on the shear plane to 
be re-established after a sudden change in depth of cut. Perhaps 
the authors’ analysis could be extended using a time-lag approach. 

The use of the terms “feed velocity,” ‘nominal feed velocity,” 
‘instantaneous feed velocity’? may lead to some confusion since, 
in a planer cut, there is no nominal feed velocity, and yet the 
analysis can be applied to the planing operation, can it not? 


A. O. Scumipt"? anp B. F. von Turkovicu.'* Following previ- 
ous papers by the authors'‘ this extension of their method of 
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*“‘Metal-Cuttings Chatter and its Elimination,”’ by R S. Hahn, 
Trans. ASME, vol. 75, 1953, pp. 1073-1080. 

0 “‘Self-Excited Vibrations of Systems With Two Degrees of Free- 
dom,” by E. Saljé, Trans. ASME, vol. 78, 1956, p. 737. 

11 Chief Research Engineer, The Heald Machine Company, Worces- 
ter, Mass. Mem. ASME. 

12 Research Engineer, Kearney & Trecker Corporation, Mil- 
waukee, Wis. Mem. ASME. 

13 Research Engineer, Kearney & Trecker Corporation, 
waukee, Wis. 

14 References (6, 7, 8) of the authors’ Bibliography. _ = 4 
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analysis of tool chatter is a very welcome contribution to the 
technical literature on this disturbing phenomenon. The stability 
charts as such, according to the authors, are independent of the 
type of machine tool, workpiece material, tool form, and so on, 
and their shape depends only upon a composite parameter uBk,/X. 

It is just this parameter which makes the practical application 
of these charts so problematic. Excepting yu, all factors require 
rather extensive and specialized experiments for reasonable ac- 
curacy. Without those factors the charts, even the method itself, 
cannot be applied. Of course it is not the fault of the authors that 
the values as stated are not readily available. At the present time 
only fragmentary information has been published from which the 
general magnitude of A, wo, and D for a variety of machines could 
be obtained which would permit the evaluation of the influence of 
these factors. 

It is the writers’ experience that variation of cutting forces with 
the cutting speed does not necessarily follow a pattern similar to 
the one illustrated in Fig. 2(b) of the paper, which is fundamental 
to the study of Type B chatter. This of course would open the 
whole system of assumptions to the question as to what sig- 
nificance could a cutting force which remains practically constant 
with changes in cutting speed have as a possible source of detri- 
mental chatter. This consideration alone may require a revision 
for the assumed vibration pattern as defined by the authors’ 
Equation 

It is regrettable that Figs. 5, 6, and 7 were not reproduced 
clearly. A complete nomenclature also would aid in the assimila- 
tion of the material presented. 

Despite the questions raised in this discussion, the fact remains 
that this paper presents one of the most thorough studies in the 
field of machine-tool vibrations. 

AvuTHOR’s CLOSURE 

It is essential to realize that the constants k;, k2, and ks in the 
incremental thrust equation (Equation [2]) are dynamic con- 
stants which, although related to the coefficients obtained by 
static tests (k, and kg) cannot be identified with them. For this 
reason Professor Doi is mistaken when he believes that in the 
case of a small or zero slope of the cutting force against cutting 
speed characteristic kz =k; =O. Under the conditions stated, all 
that happens is that kg = 0, Fig. 2(6), and so, according to 
Equation [7], = —ks =k, —k, = K. 

The factor K, that is, the dependence of the incremental thrust 
dP on the feed velocity variation, is of fundamental significance. 
It explains the finite number of chatter speed bands arising in the 
case of regenerative chatter and also, as Mr. Hahn rightly 
pointed out, the lag of the thrust force with respect to the in- 
stantaneous chip thickness, observed by Doi and Kato.’ The 
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relation between K and the latter effect can also be shown by 
the following considerations: 

In the experiments performed by Doi and Kato the chip thick- 
ness 8 was varied by ds, where ds = dsp sin xt. According to 
Equation [7] the resulting thrust variation is 


d 
dP = kids + K = kidsy sin xt + K dso cos xt 


K 
A= [ae and tan 6 = % 


For K < 0,6 < O and then the cutting force variation dP does, in 
fact, lag behind the chip thickness variation ds. Moreover, ac- 
cording to Equation [34], as the cutting speed (2) increases this 
lag (6) decreases, quite in accordance with the observations made 
by Doi and Kato. 

The theory presented in the paper is applicable to the planning 
operation only after some considerable modifications. This is due 
to the fact that, when planning, the vibration has to build up 
anew in each stroke. It is to be expected that as a result multiple 
chatter speed bands will not occur. 

It is perhaps unfortunate but inevitable that a dynamic theory 
cannot be entirely based on coefficients obtained by statical tests, 
as pointed out by Dr. Schmidt and Mr. Turkovich. Further- 
more, just as the introduction of static machinability tests did re- 
quire some specialized measuring equipment (i.e., dynamometers ) 
so the inclusion of dynamic effects is bound to necessitate an ex- 
tension of the measuring technique. As far as the cutting tool 
and the workpiece material are concerned, only one dynamic 
coefficient is contained in the theory and this is k}. This factor 
can be found in various ways, as already pointed out in previous 
publications (6) and (7), and also by an experiment similar to 
that performed by Doi and Kato. From the phase lag angle 6 
(Equation [34)] 


= dsA sin (xt + 6 


where 


Care must be taken in this experiment to keep 8 = +1.0. 

8, X, wo, and D are dynamic characteristics of the machine. 
The authors fully agree that it would be most helpful if more in- 
formation were available regarding their range values in various 
types of machines. 

The reproduction of Figs. 6 and 7 has now been improved. 
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Metal Machining 


This paper stresses the effect of the tool-chip contact area in 
metal machining. Little attention has been paid to this variable 
in analyzing machinability. According to authors’ tests, the tool- 
chip contact area is closely related not only with the machining 
performance, but with the tool life. This paper treats the former 
subject summing up the results obtained by the experiments 
using special devices. 


Nomenclature 


The following nomenclature is used in the paper and is illus- 
trated in part by Fig. 4: 
rake angle 
tool-chip contact area 
area of cut = tw 
= depth of cut in two-dimensional cutting or feed per 
revolution 
= width of cut 
thickness of chip 
chip-thickness ratio 
tangential force on rake face 
frictional force on rake face 
frictional stress on rake face 
normal force on rake face 
normal singular force at cutting edge 
final residual force at cutting edge 
shear angle when A is zero 
@ shear angle when A is A 
OM, shearing force in shear plane when A is zero 
OM shearing force in shear plane when A is A 
7 = shearing stress in shear plane 


No 


Introduction 


The conventional machining equations do not indicate which 
factor is the cause and which is the result in the process of metal 
machining, because the equations were derived mostly by the 
least-energy principle. Furthermore, the so-called coefficient of 
friction in metal machining involves many paradoxes or con- 
tradictions, although it has been regarded as an index of machin- 
ing characteristics. 

The purposes of this report are as follows: 


1 Toclarify the meaning of the so-called coefficient of friction 
in metal machining. 

2 To analyze the stress distributions on the rake face. 

3 To investigate the significance of tool-chip contact area in 
metal machining. 


Through various tests described later, the tool-chip contact 
area has been proved to be a controlling factor in metal machining. 
By using this new factor, the correlations between various 


1 Research Engineer, Government Mechanical Laboratory, 132 
Sumiyoshi-cho Suginami-ku. 

Contributed by the Research Committee on Metal Processing and 
presented at the Annual Meeting, New York, N. Y., December 
1-6, 1957, of Tue AMERICAN Society oF MECHANICAL ENGINEERS, 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, July 1, 
1957. Paper No. 57—A-45. 
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machining characteristics as well as the meaning of the coefficient 
of friction can be clarified. 


Test Procedure 


Brass tubes were machined two-dimensionally by using specially 
designed tools as shown in Fig. 1 in order to artificially keep the 
tool-chip contact areas constant. Brass (Cu 60 per cent, Zn 40 
per cent) was selected as the material because it produces only a 
slight built-up edge over a wide range of machining conditions 
so that an ideal observation or analysis could be expected. The 
external diameter of the material was 4.7 in. and the wall thick- 
ness which always corresponded to the width of cut was 0.12 in. 

The tool material used was third-grade high-speed steel (the 
Japanese standard), the tool shape was (var., 0, 6, 0, 0, 0, 0), and 
the tool size was 1/2 in. 

When the tool-chip contact area was restricted artificially as 
shown in Fig. 1, the apparent area restricted was assumed to be 
the real tool-chip contact area, but when it was kept free the 
tool-chip contact area was measured with a tool-maker’s micro- 
scope within the error of five or six per cent. The question 
whether the apparent contact area is equal to the real contact 
area or not will be discussed later. The restricted area was 
varied between zero and the normal tool-chip contact area ob- 
served after machining when it was kept free. 


= 


TOOL-CHIP CONTACT 
AREA RESTRICTED 
ARTIFICIALLY 


The cutting forces were measured for various tool-chip contact 
areas by using a tool dynamometer (a magnetostriction type) in 
order to obtain the stress distributions on the rake face. 

A shear angle @ can be calculated by using the relationship tan 
@ = t, cos a/(t — t, sin @), if the depth of cut 4, the rake angle a, 
and the chip thickness 4, are known. In this experiment, when 
the chip section could be assumed to be rectangular and the back 
surface of the chip was comparatively smooth, the average chip 
thickness was measu.ed with a micrometer, but otherwise it was 
calculated by using the relationship 2 = M/lwm, where M is the 
weight of the chip, / the chip length, w the chip width, and m the 
specific weight of the material cut. Under normal conditions, 
the values obtained by both the foregoing methods were not so 
much different (less than five per cent) when brass was machined 


1089 


le 
The Effect « ct Area in © 
au 
— 
ZZ 
Fig. 1 Artificially varied tool-chip contact area 
| 


Experimental Results and Discussion 


Distribution of Tangential Stress on Rake Face. Fig. 2 shows the 
tangential and normal forces on the rake face in relation to the 
tool-chip contact area, which was varied artificially. Figs. 2(a 
and b) are for rake angles of zero and 30 deg, respectively. 

In every case it was insured microscopically that but little 
built-up edge existed during machining. 

According to the experimental result shown in Fig. 2(a), the 
tangential force on the rake face is directly proportional to the 
tool-chip contact area regardless of the depth of cut when the 
rake angle is zero. A force directly proportional to the area where 
it is acting can be considered to be the force originated by the 
stress thereon. From such a point of view, the tangential force on 
the rake face when the rake angle is zero can be regarded as the 
frictional force on the rake face. Then the proportional constant 
must be the frictional stress on the rake face; that is 


where F denotes the frictional force on the rake face, A the tool- 
chip contact area, and f the frictional stress on the rake face. It 


must be pointed out that the value of f is constant regardless of 
the depth of cut or rake angle, and almost equal to the shearing 
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Fig. 2(a) Variation of tangential and normal forces on rake face in 
relation to tool-chip contact area; rake angle = 0°. Material cut 
Cu 60 per cent, Zn 40 per cent brass; tool material HSS; tool shape 
0,0,6,0,0,0,0; depth of cut 0.0067 in., 0.0100 in.; cutting speed 
650 fpm; cutting fluid dry. 
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Fig. 2(b) Variation of tangential and normal forces on rake face in 
relation to tool-chip contact area; rake angle = 30°. Cutting con- 
ditions same as (a) except tool shape 30,0,6,0,0,0,0 and depth of cut 
_— 0.0100 in., 0.0134 in. 
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strength of the material cut (about 38,300 psi). This is so be- 
cause, during machining, the tool contacts with the chip through a 
thin film of the material cut spread on the rake face, which was 
demonstrated in a previous experiment by the author (1).? 
The fundamental principle concerning the frictional force on 
the rake face, which is described by Equation [1], can be assured 
by another set of experiments. The experimental relationship be- 
tween the frictional force and the area of cut shown in Fig. 3 in- 
dicates that the frictional force on the rake face does not depend 
on the area of cut, but only on the tool-chip contact area. 
However, when the rake angle is not zero, the situation is a 
little different as shown in Fig. 2(b). In this case the tangential 
force on the rake face can be described mathematically as follows 
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Fig. 3 Relationship between normal and tangential forces on rake 
face, and area of cut. Cutting conditions same as Fig. 2, except tool 
shape var., 0,6,0,0,0,0. 


where 


7 = tangential force on rake face — = 

A = tool-chip contact area -—s 

f’ = proportional constant 
C = tangential force on rake face for zero tool-chip contact 


area 


In other words, when the rake angle is not zero, the tangential 
force on the rake face has a definite value C even when the tool- 
chip contact area tends to zero, as seen in Fig. 2(b). But the in- 
clination of the relationship with regard to the tool-chip contact 
area shown in Fig. 2(b), which is defined by f’ in Equation [2], is 
almost identical with that for zero rake angle (f = 37,700 psi) 
regardless of the depth of cut. This means that f’ in Equation 
[2] also indicates the frictional stress on the rake face. Therefore 


[4] 


The term C cannot be a force originated by the tangential stress 
on the rake face, but it must be by a singular force acting at the 
tool point (which will be explained later), since the value of C re- 
mains even if the tool-chip contact area A tends to zero. As will 
be understood later, the value of C is the tangential component of 
the singular force OP» acting at the tool point as shown in Fig. 4, 
which is a function of depth of cut and rake angle. Asa matter of 
fact, the value of the residual tangential force C for the rake angle 


2 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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Fig. 4 Geometry of singular force at cutting edge 


of 30 deg and each depth of cut, which can be obtained by ex- 
trapolating each straight line for the tangential force to zero tool 
chip contact area in Fig. 2(b), agrees fairly well with the value 
calculated from the singular normal force at the tool point which 
can be obtained by extrapolating each straight line for the normal 


_ force to zero tool-chip contact area, by using the angle relation- 


ships illustrated in Fig. 4. 

On the other hand, when the rake angle is zero, the residual 
tangential force C becomes zero regardless of the depth of cut as 
is seen in Fig. 2 (a), because then the singular force OP, in Fig. 4 
is perpendicular to the rake face. This can be verified by using 
the following assumptions: 

(a) As is seen in Fig. 5, for zero rake angle and zero tool-chip 
contact area, the shear angle is experimentally 45 deg. 

(b) The shear plane can be assumed to have the direction of 45 

_ deg from that of the principal stress (the direction of OP, in Fig. 4) 
(2, 3). 

Therefore, the fact that the residual tangential force remains 
even though the tool-chip contact area tends to zero, when the 
rake angle is not zero, does not contradict the fundamental prin- 
ciple of the frictional force on the rake face which is described by 
Equation [1]. 

Equation [1] is true also in the case where the tool-chip contact 
area is kept free. As a matter of fact, the point of the largest 
tool-chip contact area for each depth of cut and rake angle, which 


- was observed without restricting the tool-chip contact area 


artificially, lines up very well with the points for the artificially 
varied contact areas. 

The implicit assumption in the foregoing descriptions that the 
apparent tool-chip contact area is equal to the real one will be 
consistent referring to the fact that the frictional stress com- 


A/ COSK 
Fig. 5 Relationship between shear angle and tool-chip contact area. 
_ Material cut Cu 60 per cent, Zn 40 per cent brass; tool material 


_ HSS; tool shape var., 0,6,0,0,0,0; depth of cut 0.0067 in., 0.0100 in., < , 
©0134 in.; cutting speed 650 fpm, 165 fpm. ,) oe a. _ the relief and the machined surface, and the resistance against 


_ vestigated the tool-chip interface by means of a photointerference 
ai method when a ductile material was machined with a tool of a 
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~j puted from the data on the basis of such an assumption is almost 


equal to the shearing stress of the material cut. This assumption 
was also verified experimentally by K. Nakayama (4), who in- 


glass prism. 

At any rate it has been proved that the friction in metal ma- 
chining is not based upon Coulomb’s law, but upon Ernst’s and 
Merchant’s (5). 

Distribution of Normal Stress on Rake Face. According to the 
relationship of the normal force on the rake face which is shown 
in Fig. 2, the normal force can be assumed to be described mathe- 
matically as follows 


where N is the normal force, A the tool-chip contact area, kz; a 
proportional constant, and N»’ the residual force which remains 
even when the tool-chip contact area tends to zero, and is a func- 
tion of area of cut and rake angle. As is seen in Fig. 2, the slope 
of the normal force k; is almost independent of both rake angle (ks 
= 32,800 psi at a = 30 deg, ke = 35,500 psi at a = 0 deg) and 
area of cut (ke = 35,000 psi both at 4, = 0.0100 and 0.0067 in.). 

The assumption that the normal force on the rake face is a 
linear function of tool-chip contact area, and it does not become 
zero even though the tool-chip contact area is reduced to zero 
seems to be reasonable considering that even though the tool-chip 
contact area A is reduced to the smallest possible experimentally 
(about 0.0012 in. in contact length), the normal force on the rake 
face N has no sign tending to zero at all, but lines up on the 
straight line assumed in Equation [5]. As a matter of fact, some 
force must exist at the tool point even if the tool-chip contact 
area is infinitesimally reduced artificially or naturally, since a shear- 
ing slip or a rupture of the metal occurs ahead of the tool point. 

In Equation [5], mathematically it does not matter whether 
the first term MN,’ is a function of tool-chip contact area or not, 
but physically it is a very important problem. Thus let us clarify 
the function form of No’. 

Fig. 3 shows the variation of the tangential and normal forces 
on the rake face with area of cut for various rake angles and tool- 
chip contact areas. As is seen in Fig. 3, the normal forces vary 
linearly with area of cut. Therefore, considering that k,A in 
Equation’ [5] is experimentally independent of area of cut, the 
term N,’ in Equation [5] must be a linear function of area of cut, 
since the normal force N is assumed to be a linear function of area 
of cut. Then it follows that 


N,’ = No + kA’ 


where No is the final residual force which is of a comparatively 

‘small value and consists of the frictional force between the relief 
and the machined surface, and the resistance against the elastic 
deformation of the material cut near the cutting edge; k; is a 
constant of proportionality and A’ the area of cut. 

Concerning No in Equation [6], it is the normal force on the rake 
face for zero area of cut and zero tool-chip contact area, and 
generally it has a small value compared with the other terms k,A’ 
and k,A. For example, when the area of cut is 10~* sq in. and the 
rake angle is zero, k:A’ and k,A which can be calculated by using 
the experimental data of Fig. 3 are 97 and 126 lb, respectively, 

_ whereas then the value of No, which can be obtained by extrapolat- 
ing the experimental relationship between the normal force on 
the rake face and the area of cut when the tool-chip contact area 
is kept free, is about 25 lb. With such metals as aluminum N>j is 
extremely small compared with the other forces (6). Further- 
more, if No is the term connected with the frictional force between 
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the elastic deformation of the material cut near the cutting edge 
as mentioned before, it will not be affected by the tool-chip con- 
tact area. 

The proportional constant k; must be defined by the slope of 
the normal force in Fig. 3, which varies with rake angle, but is 
independent of tool-chip contact area as seen in the curves for zero 
rake angle (about 96,500 psi at a rake angle of zero deg). 

Since No + kA’ or No’ in Equations [6] and [5] has been as- 
sured to be independent of tool-chip contact area in the first ap- 
proximation as explained previously, Equation [5] represents 
physically that the normal force on the rake face consists of the 
uniformly distributed stress and the singular force acting at the 
tool point. 

Finally Equation [5] becomes 


N= Ne + keA.. 


Now let us clarify the function form of k; in Equation [7]. 
Generally the following relationship holds between shear angle 
and chip-thickness ratio 


where @ is the shear angle, r, the chip-thickness ratio, and a the 
rake angle. The chip-thickness ratio r, cannot be larger than 
unity however ideal the machining conditions may be. Hence, 
according to the experimental result which is shown in Fig. 5 and 
Table 1, the chip-thickness ratio r, approaches unity regardless of 
the rake angle, when the tool-chip contact area is reduced in- 
finitesimally. Let us assume that the chip-thickness ratio r, is a 
function of tool-chip contact area per unit area of cut A/A’, and 
r, tends to unity regardless of rake angle, when A/A’ is reduced to 
zero. This corresponds to the best state of machining at a definite 
rake angle, which results in the largest possible shear angle. This 
is given by 


where @» is the maximum shear angle at a definite rake angle a. 
The maximum shear angles for various rake angles can be de- 
termined experimentally by extrapolating the relationships be- 
tween cot ¢ and A/(A’ cos q@) in Fig. 5 to zero tool-chip contact 
area. Table 1 shows the comparison of the maximum shear 
angles computed by using Equation [9] with those obtained by 
extrapolating the experimental relationships of Fig. 5. 


Table 1 Data of cotangent ¢ 
cot 


Experimental 


Rake angle 
a, deg Theoretical 


—_ 30 0.58 
0 1.00 
—15 1.30 


In Fig. 4, the vector OM, represents the shear force necessary 
for the slip in the direction of the maximum shear angle ¢» at a 
definite rake angle. Another assumption (2, 3) is that the vector 
OM, has the direction of 45 deg from that of the principal stress 
(the direction of OP,). Then the vector OS» which is the normal 
component of OP» on the rake face, can be computed as follows 


(1 — sin a + cos a@)A'r 
cos 


_ where 7 is the shearing stress in the shear plane. 
- On the other hand, the singular force on the rake face (No + 
in [7], must correspond to the vector OSp, to 
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Fig. 6 Schematic diagram of normal stress distribution on rake 
face; rake angle = 0° 


the definition. However, the final residual force N») does not con- 
tribute to actual metal removal, because it is considered to be re- 
lated only with the resistance against the elastic deformation of 
the material cut near the cutting edge or the rubbing force at the 
relief. Therefore only k,A’ should correspond to the vector OS. 

This gives 
(1 — sin a@ + cos @)r 

COs @ 


Table 2 shows the comparison of the values of k; computed 
using Equation [11] with those obtained experimentally, Fig. 3, 
for various rake angles. The agreement between the two sets of 
values appears to be good. 


Table 2. Data of proportional constant /, ~ 
Rake angle a, ky,* psi, ky, psi, -_ 


deg calculated experimental 
30 76600 
0 96600 
—15 111000 


s According to the machining data, the value of the shearing stress in the 
shear plane r is 48,300 psi. 


Finally the following relationship can be derived Eg 


N, + (Losin + cos a)A’r 
cos @ 
> 
This formula agrees very well with the practical data both in its 
value and trend. 

According to the result in the case where the rake angle is zero 
in Fig. 3, the proportional constant k; in Equation [6] is inde- 
pendent of contact area, and this fact has been clarified also 
theoretically as seen in Equation [11]. Thus Equation [5] has 
been proved to be reasonable physically as well as mathematically 
in the first approximation. 

Fig. 6 is a schematic diagram of the normal force on the rake 
face, which consists of the singular force (No + k:A’) at the cut- 
ting edge and the uniformly distributed stress kp. The value of 
ky is a constant almost independent of rake angle and depth of cut 
according to the experimental results. This is understandable 
considering that the material in contact with the rake face is 
undergoing yielding. The actual feature of the stress distribu- 
tion, however, will be rounded as shown by the dotted line in 
Fig. 6. 

Significance of Tool-Chip Contact Area. If the tool-chip contact 
area A is zero, only the singular normal force (No + kA’) acts at 
the cutting edge. This is the ideal state for a definite rake angle, 
where the shear angle has the maximum value @¢p, and the chip- 
thickness ratio r, becomes unity, as assumed before. An increase 
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of the tool-chip contact area per unit area of cut from zero to A/A’ 
makes the shear angle decrease from @o to @ to balance the force 
relationship on the rake face. If the shearing stress in the shear 
plane is assumed to be uniformly distributed, and the frictional 
and normal forces on the rake face are assumed to be described by 
Equations [1] and [7], respectively, the following equation is 
derived by the analytical consideration 


cot @ = cot d@ + KA/(A’' cos a) 


where K is a function of material cut. 

When cot ¢ is plotted with regard to A/(A’ cos @) by using the 
actual data obtained under the cutting conditions shown in Table 
3, it becomes as shown by Fig. 5; that is, cot ¢ is proportional to 
A/(A‘ cos a) and the slope is constant regardless of the rake angle. 


Table 3 Cutting conditions 
Depth of cut Cutting speed, 


th, 1073 in. 


10.0 


13.4 


Contact area 
A, 10~‘ sq in. 


Rake angle 
a, deg 


Furthermore, the value of cot @ for zero tool-chip contact area 
which can be estimated by extrapolating each straight line in Fig. 
5 is nearly equal to the computed value of cot ¢@p by Equation [9] 
for each rake angle, as shown in Table 1. Thus the theoretical 
relationship, Equation [13], has been proved to be consistent 
with the experimental result. 

Now it can be concluded that tool-chip contact area per unit 
area of cut determines the shear angle and other machinability 
characteristics including cutting force, surface roughness (7), and 
tool life (8). In other words, tool-chip contact area is a con- 
trolling factor in metal machining. 

There are various methods to attain better machining charac- 
teristics, but most of them result only in reducing the tool-chip 
contact area somehow or other. A cutting fluid separates the 
chip from the tool face chemically or physically, a larger rake 
angle makes a smaller tool-chip contact area geometrically, and a 
higher cutting speed reduces the contact area by a localization of 
the shear strain due to an adiabatic plastic deformation (9) caused 
by a higher speed [concluded by the author (10) in an earlier 
study, after detailed experimental analysis). 


Conclusions 

1 The frictional force on the rake face is directly proportional 
to the tool-chip contact area. Therefore, the friction in metal 
machining is not based upon Coulomb’s law, but upon Ernst’s and 
Merchant’s. 

2 The normal force on the rake face consists of the uniformly 
distributed normal stress and the singular force at the cutting 
edge, which is related with rake angle and area of cut. 

3 From 1 and 2, the so-called coefficient of friction in metal 
machining cannot be a reliable index of machining characteristics. 

4 Both theoretically and experimentally the tool-chip contact 
area per unit area of cut has been proved to have a very close 
relationship with the shear angle, which is described by the equa- 
tion cot @ = cot d@ + KA/(A’ cos a). 

5 The tool-chip contact area is a controlling factor in metal 
machining from the viewpoint of shear angle or cutting force. 
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Discussion 


Bertil N. Colding.* The authors are to be commended for their 
interesting analysis. 

The assumption that the apparent tool-chip contact area is 
equal to the real area of contact is not shown clearly by the 
authors. The fact that the frictional stress is found to be ap- 
proximately equal to the shear stress of the material cut does not 
necessarily prove that this is the case. Generally it is believed 
that the chip-tool interface is composed of a number of junctions 
(welds) as illustrated by Fig. 7. These junctions are subjected to 
a combined temperature and work-hardening effect which might 
result in either a bigger or a smaller yield stress than the bulk 
yield stress of the material at room temperature. However, if the 
junctions are very tiny their strength would be expected to ap- 
proach the theoretical strength. 
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As the shear strength along the chip tool interface varies 
slightly with cutting speed, feed, and rake angle and the magni- 
tude of it is not exactly the same as the shear stress (1),‘ it is un- 
likely that the real area is equal to the apparent area of contact. 
The conclusions of the authors also mean that the apparent co- 
efficient of friction uw is inversely proportional to the normal 
force N. It will be shown later that essentially the same results 
will be obtained using the theory of plasticity applied to the prob- 
lem in Fig. 7. 

Assume the shear stress 7,, and the normal stress o, of the 
junctions in Fig. 7 be related by von Mises’ plasticity relation. 
Also consider the plastic state of stress as a problem of plain strain, 
then have 


where Y is the yield stress in pure compression. 
Defining a coefficient of friction u as 


Equations [14] and [15] are seen to be in qualitative agree- 
ment with Ernst and Merchant’s relation itt tie 


Ss Ss 


when the surface roughness is considered unimportant (tan 0 = 
0) 


In Fig. 8 the coefficient of friction yu is plotted against the 
normal stress ¢, using Equations [14] and [15]. The agreement 
between the two curves is good up to the point where a, is equal 


4 Numbers in parentheses refer to the Bibliography at the end of 
this discussion. 
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to the yield stress in compression (0, = Y), where u goes to zero 
using Equation [15]. It seems therefore reasonable to assume 
that a state of plasticity will account for the variation of uw. It is 
seen that in metal cutting the coefficient of friction is inversely 
proportional to the normal stress on the rake face to a first ap- 
proximation. This was shown without any assumptions regard- 
ing the apparent area being equal to the real area by use of Fig. 7 
and Equation [15]. 

The introduction of a singular force OP) = No + kA’, of 
which k,- A’ would contribute to metal removal while No is a 
residual clearance force, is a very interesting point of view. How- 
ever, although it seems reasonable to expect a peak load at the 
very tip of the cutting edge, when the tool-chip contact area is 
approaching zero, this peak force is unlikely to exist in reality. 
This is so because the pressure at the tip would then become very 
high causing the edge to break leaving a wear land of finite mag- 
nitude across the edge. 

This concept of the existence of a singular force OP» can also be 
rejected on the basis of the forces on the clearance face, as the 
authors make the point that the term C in Equation [4] is the 
tangential component of the singular force OP>. When the rake 
angle @ is zero and the chip-contact area goes to zero the tangen- 
tial force 7’ goes to zero while the normal force attains a finite 
value according to Fig. 2(a). This force is also the resultant force 
which has no component perpendicular to the machined surface 
fora = 0. Therefore no reaction force would be expected on the 
clearance face. On the other hand when the rake angle is 30 deg 
[see Fig. 2(6)] the same reasoning for a = 0 leads to a reaction 
force on the clearance face for A = 0. Consequently the compo- 
nent of this clearance force in the direction of the rake face would 
be the term C, which has to be subtracted from the values of 7’ 
in Fig. 2(6) in order to determine the value of the friction force 
or the coefficient of friction on the rake face. 

The statement made that the tool-chip contact area per unit 
area of cut A/A’ determines tool-life is in contradiction to the 
well-established fact that by radioactive tests (2) the rate of wear 
is constant with machining time on both flank and face of a tool 
despite the fact that the chip-tool contact area and wear land 
area increase with time. 

On the other hand the importance of the contact area may be 
realized in the different problem of evaluating the influence on 
tool-life of cutting speed, feed, rake angle, work material, cutting 
fluid, ete., when tool material is constant. 

By plotting the apparent normal stress a, (obtained by dividing 
the normal forces in Fig. 3 by the chip-tool contact area) against 
area of cut A’ a family of straight lines is obtained with chip- 
contact area A as parameter when the rake angle a = 0 deg. 
These characteristics were obtained for areas A available for rake 
angles other than zero by correcting the normal force figures by 
comparing corresponding values in Fig. 2(a and b). A change of 
the rake angle of one degree is found to correspond to a change of 
normal force of #/s per cent. The apparent normal stresses cal- 
culated need not be correct but if the real stresses are approxi- 
mately proportional to those calculated the following reasoning is 
still valid. By plotting corresponding values of A’ and A with 
normal stress 7, as parameter (u = constant) the solid curves in 
Fig. 9 are obtained. The dashed lines were obtained using the 
authors’ Equation [12] but excluding the force No. The great 
discrepancy between the discusser’s relations, which are based on 
data points and those of the authors based on Equation [12] is 
significant. 

From the two families of relations in Fig. 9 one concludes that 
for 
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The solid curves in Fig. 9 emphasize in particular the great in- 
fluence the chip-contact area may have on normal stress and co- 
efficient of friction especially when A is the critical region of 15 to 
20-10-* in®. In a practical case where the chip-tool contact 
area develops gradually on the rake face assume the area of cut A’ 
corresponds to Q and the chip-tool contact area A corresponds 
to R, i.e., we are at point P. An increase of A by say 10 per cent 
(a move from P to M) will decrease ¢, by approximately 30 per 
cent and increase u by approximately 30 per cent. Were the 
authors’ assumptions valid the dashed lines would yield a very 
small decrease of o, or increase of u due to a 10 per cent increase 
of A. Both approaches indicate that progressive wear on a tool 
decreases the normal stress and increases the coefficient of friction 
on the rake face while the contact area is independent of the wear 
rate. 

Opitz and Weber (3) showed that different heat-treatment of 
the work material only slightly altered the magnitude of the cut- 
ting forces. However, the chip-tool contact area and its depth 
below the original surface was changed considerably and ac- 
companied by considerably different tool-lives. The case where 
the normal stress o, was the largest and the area A the smallest 
corresponds to point S in Fig. 9, while point P corresponds to the 
larger of the chip-tool contact areas observed. However, the co- 
efficient of friction is smaller in the case where the tool life is 
shorter. This apparent paradox is well in accord with the fact 
that in the region where Taylor’s equation is valid the coefficient 
of friction decreases with increasing cutting speed and feed and 
decreasing rake angle. In view of Fig. 9 the influence of the latter 
three variables on the tool is to increase o,. 

The normal stress would therefore appear to be the cause of the 
variation of the contact area and this stress would be the most 


important factor to consider when using the same cutting fluid 
and tool material, when cutting data and tool geometry are 
varied. On the other hand it appears to be well justified to use 
the coefficient of friction as a machining variable when comparing 
cutting fluids and tool materials when cutting data and tool 
geometry are constant. 
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Authors’ Closure 


The authors appreciate Mr. Colding’s careful discussion of 
their paper. 

The real existence of the peak load at the cutting edge has been 
verified by a photoelastic experiment on which the authors intend 
to submit a paper in the near future. In this experiment lead 
was machined two-dimensionally with a tool made of a photo- 
elastic material, and the stress distributions on the rake face were 
analyzed. As the discusser pointed out, the normal stress at the 
cutting edge cannot actually reach infinity because the tool point 
will be dulled or broken under such a severe condition. How- 
ever, the fact that the stress at the cutting edge becomes ex- 
tremely high should not be denied because of the rounding of the 
tool point. Such rounding off can be considered to be the result of 
the peak load thereon, and furthermore, it is a question of degree. 
As a matter of fact, Equation [12] is a first approximation for the 
distribution of the normal stress on the rake face, but the dotted 
line in Fig. 6 gives a very good qualitative approximation accord- 
ing to the afore-mentioned photoelastic experiment. 

The relationship between tool-chip contact area and tool life 
has been studied by the author with tools of both high-speed steel 
and carbide. Tool life is governed not only by mechanical 
abrasion, but also by heat generated, especially with a tool of 
high-speed steel. Considering that cutting temperature is sub- 
stantially influenced by the tool-chip contact area, as pointed 
out by Shaw or Trigger and Chao, tool life should be affected by 
the tool-chip contact area. According to the authors’ test, the 
tool life of a high-speed steel tool having the optimum tool-chip 
contact area per unit area of cut is about fifty times longer than 
that in the usual state of tool-chip contact area. 

The rate of wear in the initial stage, which can be detected by 
the radioactive test referred to by the discusser, does not neces- 
sarily mean that the final tool life can be predicted by the bearing. 
According to the authors’ test, a carbide tool usually has two 
stages in the wear process. The earlier stage (up to about 0.015 
in. of wear land) shows a gradual, steady increase of wear land, 
which is substantially governed by mechanical abrasion. The 
later stage has an accelerated wear process which is closely as- 
sociated with the cutting temperature considered to be the func- 
tion of the tool-chip contact area. Actually the slope of the 
wear-process curve in the later stage has almost nothing to do with 
the wear rate of the earlier stage. 

The discrepancy between the solid and dashed lines in Fig. 9 
is due to the exclusion of the force No, especially when the tool- 
chip contact area is small. It seems unreasonable that the re- 
lationship between the tool-chip contact area A and the area of 
cut A’ in Fig. 9 becomes critical in the range of A = 15 to 20 
10-‘in?. This is due to the fact that the solid lines were based on 
quite a few corresponding points for varying tool-chip contact 
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areas in Fig. 3, so that the solid lines in Fig. 9 are too much in 
error to describe the phenomena numerically. As a matter of 
fact, the difference of the normal force between the two tool-chip 
contact areas 16.3 and 8.6 X 10~‘in.? seems to be too small. The 
authors are afraid that this may be due to the error in calibrating 
the normal force. 

Unless the distribution of the normal stress is clarified, the so- 
called apparent normal stress referred to by the discusser is physi- 
cally meaningless for discussing various phenomena in metal 
machining, although it may be usable for a comparative evalua- 
tion of machining within an extremely limited cutting condition. 
This is also true of the so-called coefficient of friction in metal 
machining. The authors’ photoelastic analysis of the stresses 
on a tool face will verify this. 

If a tool-chip contact area is determined by the normal stress, 
as the discusser says, the variation of the tool-chip contact area 
when machining varying metals cannot be explained, because if 
this were so, an alloy steel would produce a much larger tool-chip 
contact area than copper, for example. 

In the authors’ opinion, a tool-chip contact area is determined 
by the strain or stress field, or diffusibility of the shearing fracture 
or slip ahead of the tool face, and also by the metallic affinity be- 
tween the tool and the work material. Each metal has its own 
shearing fracture or strain field. The strain or stress field is also 
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altered with cutting speed. The variation of shear angle when 
various metals are machined or when the cutting speed or the rake 
angle is varied, under constant cutting conditions, respectively, is 
due to the fact that the variation of diffusibility of the strain or 
stress field ahead of the tool face will directly affect the tool-chip 
contact area. The shear angle is so determined that the force on 
this tool-chip contact area can be balanced with the force within 
the work material. A decrease of tool-chip contact area means a 
more substantial decrease in the friction force on the tool face 
than in the normal force, as understood in Fig. 2, which appar- 
ently results in a larger shear angle. 

On the other hand, when the tool-chip contact area is physi- 
cally or chemically altered by the use of various tool materials or 
cutting fluids, variations of the type mentioned take place in the 
shear angle and in the strain or stress field ahead of the tool face. 
The process in this case is more direct than in the previous case. 

At any rate, the feature of the strain or stress field ahead of a 
tool face and the tool-chip contact area are, so to speak, mutually 
conjugate. But the shear angle is determined directly by the 
tool-chip contact area whether the original cause for it is the tool- 
chip contact area itself or the strain or stress field ahead of the 
tool face. From this point of view, it can be stated that in prac- 
tice tool-chip contact area is a controlling factor of the machina- 
bility in terms of chip formation. 
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By H. A. HARTUNG,'’ PHILADELPHIA, PA. 


Indications are that the pressure-viscosity effect is an im- 
portant factor in certain cases of lubrication, notably heavily- 
loaded elements. How important it is in the lubrication of 
lightly-loaded elements we do not know, nor do we know what 
refinements in design may be possible by taking this factor into 
account. The three papers which follow this introduction are 
modern contributions to our knowledge in this area. Following 
them, the Research Proposal on the Machine Element Test 
program will be discussed. Hopefully, the result of this pres- 
entation and discussion will be a better understanding of the 
importance of this problem and the potential value to industry 
of a solution to it. 


Introduction 
Ir ts certainly common knowledge that when liquid lubricants 
are heated, they become less viscous. We have developed ways 
of estimating what the viscosity will be at any temperature 
within a moderately large range—a range large enough to cause 
_ the viscosity of some lubricants to vary by factors up to 10. 
Knowledge of lubricant viscosity at various operating tempera- 
tures is essential for the design of much of our modern machinery. 
Less widely appreciated is the fact that lubricants may show 
equally large variations in viscosity with pressure. As with the 
temperature effect, the magnitude of the pressure effect depends 
on the nature of the lubricant. An effort is being made to set 
up a program which will attempt to determine whether or not the 
pressure effect is important to critical design, perhaps as im- 
portant as the temperature effect. This paper broadly traces 
the development of knowledge of the pressure effect, and sets 
the bs. kground against which plans for a critical study of it may 
be judged. 


Laboratory Viscometer Studies 
The study of the effect of pressure on the viscosity of lubri- 
cants has a history going back more than 40 years. Even before 
this, it had been shown that the viscosity of other liquids in- 
creased with pressure; the thickening of oils under high pressure 
had been noted. In 1915, at the first meeting of the ASME. Re- 
search Committee on Lubrication (RCL), the subject was dis- 
cussed at some length, and Prof. Mayo D. Hersey embarked on a 
series of experiments in Prof. P. W. Bridgman’s laboratory at 
Harvard University. The purpose of this work was primarily 
to explain the “‘oiliness’’ of fatty oils. 
In the intervening years some fifteen investigations of the ef- 
- fect of pressure on the viscosity of various lubricating liquids in 
_ laboratory viscometers have appeared. Hersey and Hopkins (1)? 
have reviewed and co-ordinated the data from twelve of these 
_ studies. The ASME Pressure-Viscosity Report (2) covered 
_ work sponsored by RCL on 46 lubricating fluids. Kuss and 
Schultze (4) also have given some results of measurements on 
silicones, silicate esters, and petroleum hydrocarbons; Sargent 
(3) gives similar data on polybutenes. 
1 Chemical Engineer, The Atlantic Refining Company. 
2? Numbers in parentheses refer to Bibliography at end of paper. 
Contributed by the Research Committee on Lubrication and pre- 
sented at the Annual Meeting, New York, N. Y., December 1-6, 
1957, of Toe AMERICAN SocieTyY OF MECHANICAL ENGINEERS. 
Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
_ November 1, 1957. Paper No. 57—A-277. 


All of these works are reasonably consistent, and all show that, 
under laboratory conditions, the viscosity of lubricants increases 
with pressure; the effect varies with the pressure and the nature 
of the lubricant. Several attempts (5-8) have been made to 
systematize these results so that predictions of pees w vis- 
cosity may be made with some confidence. 


Laboratory Machine Tests 

Almost all these data have been obtained at relatively low 

rates of shear in laboratory viscometers. It is natural to inquire 

whether or not these results have any practical significance as far 


a8 operating machine elements are concerned. This question 
has been debated for many years in RCL. 
lished works indicate, at least qualitatively, that the effect is 


A number of pub- 


detectable in certain machine elements. Hyde (9) found dif- 
ferences in the efficiency of a worm-gear test machine when dif- 
ferent lubricants were used. Needs (10) showed similar results 
on heavily-loaded journal bearings lubricated with castor oil, 
glycerin, and petroleum oils. Reference (1) lists more than twenty 
other studies which give indication of a detectable pressure-vis- 
cosity effect in a wide variety of machine elements. More re- 
cently, Lane (11) has shown that oils of high viscosity-tempera- 
ture coefficient (low V1) give high friction in friction-drive ma- 
chines; the reason for this is not clear from the published work, 
but it is attractive to reason that the oils which show the greater 
viscosity-temperature response will have more viscous lubricating 
films, since they will by nature have greater viscosity-pressure re- 
sponse. Borsoff and Younger (12) have found that the limiting 
expacity of gears, in terms of power transmission just at the 
point of scoring, is related to lubricant viscosity; again, there is 
reason to believe that lubricants which develop greater viscosity 
under pressure will give gears increased capacity trom the stand- 
point of scoring. Where loads are heavy (above 20,000-30,000 
psi) the effect of pressure on viscosity appears to be demon- 
strable. 

These published results have given rise to the belief that the 
pressure-viscosity effect is detectable, at least in some machine 
elements, and that it should be taken into account in design where 
applicable. The consensus in RCL has been that any program 
calculated to supply the needed information will have to be very 
precisely designed and executed. The reason for this opinion 
is that none of the published works so far has been completely 
decisive. In most cases, the temperature conditions in the lubri- 
cant film have been neglected so that the viscosity of the film 
cannot be estimated accurately; in some cases, polar and nonpolar 
lubricants have been compared, so that the influence of adsorbed 
films complicates the result. In no case have the experiments 
been instrumented thoroughly enough to permit more than a 
rough quantitative appraisal of how the increase of viscosity 
with pressure affects the performance of the machine element 
under test. 


RCL Activity 


As a result of the discussion of these points, a subcommittee of 
RCL was formed in August of 1954, under Dr. J. C. Geniesse, 
to study the feasibility of conducting a machine-element test 
program. The subcommittee recommended that the program 
be undertaken, and prepared a research proposal for the con- 
sideration of RCL. RCL accepted the recommendation and 
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proposal, but was reluctant to embark on such a program until 
some attempts had been made to calculate the magnitude of the 
effect expected. Sternlicht (13) has made such a calculation. 

In the meantime, Needs (14) has conducted some tests on his 
journal-bearing machine which were specifically designed to 
show the differences between two petroleum oils as far as pres- 


-sure-viscosity effect is concerned. With these various studies 


completed, it was decided that this session should be organized 
to help acquaint Society members with the work that is pro- 
jected here. 


The Behavior of Lubricants Under Pressure 


As a consequence of the various laboratory determinations 
of viscosity under pressure, the discussion stimulated by these 


_ results, and the work done in formulating a program, we have 


learned something about the effect of pressure on lubricants. 


_ From an examination of the available laboratory data, it appears 


that: 


1 Pressure and temperature coefficients are related,.or are 
dependent on the same physical-chemical or structural parame- 
ters. For all lubricants tested, including pure hydrocarbons, 


_ petroleum oils, polymer blends, compounded oils, vegetable 
and animal oils and fats, and many synthetic lubricants, when 


the effect of temperature on viscosity is large, the effect of pres- 
sure on viscosity is also large. 

2 The effect of pressure on viscosity is related to molecular 
size and shape. One way of describing these factors is through 
the viscosity and density of a lubricant. There are probably 


- more precise and more general descriptions of molecular size 


and shape, but if they exist they have not been applied to this 


problem. Generally, the P-V effect increases as viscosity and as 
density increase. 


3 The effect at one temperature can be predicted from the 
effect at another temperature from smooth correlation curves, 
Fig. 1. Thus far, there has appeared no abnormal effect of tem- 
perature on the pressure coefficient of viscosity for the lubricants 
studied. 

4 Within reasonable limits of temperature (32-300 F) ASTM 
charts describe the viscosity-temperature behavior of lubricants 
up to at least 100,000 psi. This, of course, is only applicable to 


_ lubricants whose atmospheric-pressure viscosity is linear with 


temperature on these charts. 
5 There is a distinct difference in viscosity-pressure behavior 


. among the lubricants of a given viscosity series as one goes from 
low to high viscosity-temperature response. This is evidenced 
by sharp breaks in the correlation curves, Fig. 2. This figure 
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Fig. 1 Correlation of the effect of pressure on viscosity at two 
temperatures 
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Fig. 2 Correlation of (a) viscosity, (b) pressure effect on viscosity, 
and (c) viscosity level 


is taken from reference (7); the ordinate is viscosity at 40,000 
psi and 210 F relative to that at atmospheric pressure and the same 
temperature, while the abscissa is related to the temperature 
coefficient of viscosity (At is temperature interval, deg F, re- 
quired to change viscosity from 20 to 10 cs). 
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Viscosity-Pressure Effect on Friction and 


Temperature in a Journal Bearing 


é By S. J. NEEDS, PHILADELPHIA, PA. 


recently published report on investigations conducted by 


the ASME Research Committee on Lubrication on the increase 
in viscosity of lubricants with pressure? brings up the question of 
the importance of this phenomenon in actual machine elements. 
The present tests were undertaken to show differences in fric- 
tion and operating temperature when heavily loaded partial 
journal bearings were operated with two different oils in the 
same viscosity range but of widely different viscosity index and 
viscosity-pressure characteristics. It is hoped that the results 
obtained in this short study will lead to more comprehensive in- 
vestigations, not only in the field of journal bearings, but in other 
machine elements as well. 


Introduction 


Tue magnitude of the increase in friction and operating tem- 
perature in a heavily loaded journal bearing caused by increased 
viscosity of the oil film under pressure is not generally recog- 
nized. If the bearing is lightly loaded this effect is practically 
nonexistent but as the load is increased the phenomenon becomes 
increasingly evident until, at loads of the order of several thou- 
sand pounds per square inch of bearing area, increased friction and 
operating temperature become quite pronounced. Since viscosity 
increase results in higher friction its presence is partially masked 
by a rise in operating temperature which tends to decrease vis- 
cosity. However, higher friction causes higher temperature and 
when equilibrium conditions are established under comparable 
conditions it will be found that both friction and temperature are 
higher with the lubricant more sensitive to the viscosity-pressure 
effect. 

Some years ago the author attempted to show the magnitude 
of the viscosity-pressure effect both experimentally and analyti- 
cally. Bearing tests at the same temperature, load, and speed 
showed frictional variation of three-fold or more when run with 
different lubricants having the same viscosity at normal pressure 
and the test temperature. It is to be noted that this difference 
in friction was observed with different lubricants and followed 
from the fact that while the lubricants had the same viscosity at 
atmospheric pressure they also had different viscosity-pressure 
coefficients. The frictional differences would have been even 
more striking had it been possible to obtain a reference lubricant 
with corresponding viscosity at atmospheric pressure and capable 
of maintaining this viscosity regardless of pressure. 

Inc. Mem. 


1Service Manager, Kingsbury Machine Works, 


ASME. 

2“*Viscosity and Density of Over 40 Lubricating Fluids of Known 
Composition at Pressures to 150,000 Psi and Temperatures to 
25 F,” a report of the ASME Research Committee on Lubrication, 
prepared with the assistance of the Advisory Board on Pressure Vis- 
cosity of the ASME, New York, N. Y., 1953. 

3“Influence of Pressure on Film Viscosity in Heavily Loaded 
Bearings,”’ by S. J. Needs, Trans. ASME, vol. 60, 1938, pp. 347-360. 

Contributed by the Research Committee on Lubrication and pre- 
sented at the Annual Meeting, New York, N. Y., December 1-6, 
1957, of Tae American Society oF MecHAnicaL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
July 18, 1957, Paper No. 57—A-66. 


Experimental 

The present tests were made with the same machine used in our 
earlier work. The two opposed 120-deg centrally loaded bear- 
ings were of bronze with '/j.-in. bonded babbitt liners. They 
were 4 in. diam X 4 in. wide and were fitted carefully to the shaft 
at room temperature. Bearings and machine are fully described 
in our earlier report.* The present tests were extremely simple 
and consisted merely of running with a given load and speed until 
equilibrium temperature was reached. Only friction and tem- 
perature measurements were made. Room temperature was held 
constant at 75 F and no external cooling was provided for the 
bearings. Hence, customary bearing operating temperatures 
were obtained at relatively low rotational speeds. 

Temperatures were measured by a mercury thermometer with 
its bulb located on the bearing center line and about °/s in. from 
the journal surface. At this point the temperature is somewhat 
less than the maximum film temperature and somewhat above 
the average bath temperature. In the calculations the tempera-_ 
ture at this point was taken as the average film temperature. 
This assumption may be reasonably close at some loads and 
speeds and rather distant at others. In any event in tests with 
different oils the same temperature at this point indicates prac- 
tically identical temperature distribution in the oil films and any 
difference in observed friction is due to variation of load, womg 
and viscosity. Since load and speed can be controlled accurately, 
viscosity difference becomes apparent. Fortunately our results 
are comparative and knowledge of absolute film temperature as 
well as film thickness, while highly desirable, is not imperative in 
the present study. 


Table 1 Absolute viscosity of test oils at atmospheric pres- 
sure (Ib sec/sq in.) 
Temp, Absolute viscosity-———— Ratio, low 
deg High VI Low VI VI/high VI 
90 §3.8(10)* | 4(10)-* 1.7 
100 
110 


Om 
‘ 1 


w 


The two oils used in the tests were selected carefully by Dr. J. 
C. Geniesse and H. Hartung of the Atlantic Refining Company, 
with the thought of obtaining practical commercial lubricants 
in the same viscosity range but of widely different viscosity index. 
All available data seem to indicate that high-viscosity index indi- 
cates low viscosity-pressure response and vice versa. The high 
VI oil is a solvent-refined, solvent-dewaxed, clay-percolated prod- 
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uct of East Texas paraffinic stock. Its viscosity index is 
93.0. The low VI oil is a rerun clay-percolated extract from a 
similar crude having a viscosity index of —30.3. Both oils con- 
tain an antioxidant of the hindered-phenol type. Viscosity-tem- 
perature characteristics of the two oils at atmospheric pressure 
are given in Table 1 over the range of test temperatures and 
from 140-240 F in Fig. 1. It will be noted that the low VI oil 
has higher viscosity up to 172 F hence at the same load and speed 
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Fig. 1 Viscosity-temperature characteristics of test oils from 140 
to 240 F 


higher friction and temperature would be expected than when 
running with the high VI oil. At 172 F the viscosity curves in- 
tersect and here friction and temperature should be equal. At 
temperatures above 172 F the low VI oil has lower viscosity and 
in this range lower friction and temperature would be expected 
with the low VI oil if the film viscosity actually is lower. If 
the observed frictions and temperatures are found to be higher at 
172 F and above, it would seem to indicate that the actual film 
viscosity is higher and this must be due to a more pronounced vis- 
cosity-pressure effect on the low VI oil, thus showing that this 
effect is detectable in an actual bearing. 


Test Results 

Variation of equilibrium temperature with rotational speed is 
shown for both oils in Fig. 2. The load is 84,400 lb, which is the 
equivalent of 6090 psi based on projected bearing area, and 
5040 psi on actual bearing area. At 172 F, where the oils have 
the same viscosity at atmospheric pressure, the equilibrium speed 
is 93.7 rpm with the low VI oil and 109.7 rpm with the high VI 
oil. The corresponding frictions are 129.8 Ib and 110.4 lb re- 
spectively. Hence, with the same load and film temperature the 
average film viscosity is some 17 per cent greater with the low VI 
oil, necessitating a corresponding decrease in speed to maintain 
the same temperature. At each equilibrium temperature the 
product of friction and speed is the same with both oils and the 
frictional power losses are equal. This follows from the fact that 
the equilibrium temperature is determined by the heat-dissipating 
characteristics of the machine. 

Similar results are given in Fig. 3 for a total load of 43,200 Ib, 
which is equivalent to 3120 psi on projected bearing area and 2580 
psi on actual bearing area. At 172 F the equilibrium speed is 
180 rpm with the low VI oil and 194 rpm with the high VI oil. 
The corresponding frictions are 67.8 and 63.4 lb respectively. 
Since the load is about half that in the previous case the difference 
in the pressure effect on the two oils is much less marked and fric- 
tion with the low VI oil at 180 rpm is only seven per cent greater 
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Fig. 2 Variation of equilibrium temperature and friction with 
speed. Two 120-deg bearings 4 in. diam by 4 in. wide; total load 
84,400 Ib. 


than with the high VI oil at 194 rpm. The data are plotted in 
Fig. 4, which shows variation of frictional difference and corre- 
sponding reduction in equilibrium speed with load due to the 
different viscosity-pressure coefficients of the two test oils. It is 
interesting to note that there is a detectable difference between 
the two oils even at the comparatively modest load of 500 psi 
although it amounts to only slightly more than one per cent. 

It was noted previously that at the equilibrium temperature of 
172 F the speed is 93.7 rpm and the friction 129.8 lb with the low 
VI oil, and 109.7 rpm and 110.4 lb when running with the high VI 
oil under the same load of 5040 psi. If speed is increased to 109.7 
rpm with the low VI oil and a torque reading taken before the film 
temperature starts to rise it will be found that the friction has in- 
creased to 152 lb which is some 37 per cent greater than with the 
high VI oil at the same speed. This is the true difference in fric- 
tion between the two oils due to their different viscosity-pressure 
coefficients under the stated identical conditions of load, tempera- 
ture, and speed. Results at 172 F for the two test loads are 
shown in Fig. 5, where the shaded portion between the two curves 
indicates frictional increase due to the different viscosity-pressure 
coefficients of the two test oils. 

Comparison of test results in Figs. 4 and 5 on the basis of the 
same equilibrium temperature is valid since the same temperature 
at the point of measurement probably indicates identical tem- 
perature distribution in the film. However, the measured tem- 
perature may not be the same as the average film temperature. 
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Fig. 3 Variation of equilibrium temperature and friction with speed. 
Two 120-deg bearings 4 in. diam X 4 in. wide; total load 43,200 Ib. 
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LOAD (1000 P.S.1. ON ACTUAL BRG AREA) 


Fig. 4 Increase in friction and reduction of speed at 172 F due to — ont 
different viscosity-pressure coefficients of the two test oils 


For example, when the measured temperature is 172 F the average 
film temperature may be lower or higher than 172 F. Data from 
Fig. 2 are plotted in Fig. 6 to show percentage increase in friction 
and corresponding reduction in speed under equilibrium condi- 
tions over a range of bearing temperature for the load of 5040 psi. 
The curve does not help us estimate the average film temperature 
but does show that any error arising from our assumption that the 
observed temperature approximates the average film temperature 
changes only the magnitude of the effect of the different viscosity- 
pressure characteristics of the two oils. 

Thus far our tests and discussion have brought out only the 
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Fig. 5 Variation of friction with load at 172 F. Difference between 
curves due to different viscosity-pressure characteristics of the two 
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Fig. 6 Increase in friction and corresponding reduction of speed for 


‘same equilibrium temperature with the two test oils 
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Fig. 7 Increase in friction due to viscosity-pressure effect on bearing 
oil films 


difference in friction and operating temperature due to the different 
viscosity-pressure coefficients of our two selected oils. The 
real viscosity-pressure effect can be found only by comparing 
our frictions and temperatures with similar results from tests with 
other lubricants having exactly the same viscosity-temperature 
characteristics at atmospheric pressure and these characteristics 
entirely independent of pressure. Since no such lubricants are 
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known we can approach the comparison only by using the vis- 
cosity-temperature curves of our test oils at atmospheric pressure 
and calculating friction for the observed test temperatures. 
These computed curves are drawn in Figs. 2 and 3 for the re- 
spective oils. Comparison of calculated and test results is made 
in Fig. 7 from which it appears that the viscosity-pressure effect 
on friction becomes increasingly important with increasing load 
and reaches the order of severalfold. 


Discussion 


From the foregoing test results and other available data it ap- 
pears that increased viscosity of oil with film pressure results in a 
relatively large increase of friction in heavily loaded bearings. 
Undoubtedly the viscosity increase also causes increased oil-film 
thickness which may account for the fact that the heavily 
loaded bearings operate under bydrodynamic conditions. Our 
calculations of friction, which assumed no increase in viscosity 
with pressure, showed the minimum film thickness to vary in the 
region of 0.00002 to 0.00009 in. under the 84,400-lb load. There 
are practical reasons for assuming that the bearings would not 
operate with such thin films, certainly not as well as they actually 
did operate. This also leads to speculation on the satisfactory 
operation of other machine elements, particularly gear teeth. 
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Discussion 


H. A. Hartung.‘ This work is characteristic of the author’s 
skill and thoroughness, and as such is an important addition to 
the literature. That the viscosity-pressure effect exists in the 
laboratory has been adequately demonstrated in the past; most 
discussions of this topic have conceded that the lubrication of 
heavily loaded gears and sliding elements is probably subject to 
this effect also. Now the author has shown us that even journal 
bearings lubricated with uncompounded petroleum oils are in- 
fluenced by this phenomenon. The implications of this result to 
designers of machine elements are likely to be profound. 

One question comes to mind in considering these results: Would 
it be possible to predict the results the author has obtained in a 
bearing test machine from results that others have obtained in 
laboratory pressure viscometers? Considerable basic data have 
been published® and several methods of analyzing these data also 
have appeared.*? Reference’ gives a method of predicting 100 
and 210 F isotherms at various pressures for any petroleum 
lubricant; by interpolation on ASTM Viscosity-Temperature 
charts, values at 130 and 170 F also can be obtained. These 
viscosity values are listed in Table 2 herewith; they are believed 
to be correct within 10-20 per cent. From cross plots, the vis- 
cosities at the average pressures used in this work (based on 
projected area) are shown in Table 3. Also tabulated are the at- 
mospheric-pressure viscosities and the ratios of viscosities under 
pressure to viscosities at atmospheric pressure. These results are 


«Petroleum Products, The Atlantic Refining Company, Phila- 
delphia, Pa. 

5 “Pressure-Viscosity Peports,”’ vols. 1 and 2, ASME, 1953. 

* “Prediction of Lubricating Oil Viscosities at High Pressures,’’ by 
O. H. Clark, Trans. ASME, vol. 78, 1956, pp. 905-908. 

7 “Prediction of the Viscosity of Liquid Lubricants Under Pressure,” 
by H. A. Hartung, ASME Paper No. 55—LUB-18 (unpublished). 
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HIGH V.1. OIL 


OBSERVED FRICTION 
CALCULATED FRICTION 


{70 

TEMPERATURE, °F 

Fig. 8 Ratio of observed or calculated friction to calculated friction 
neglecting P-V effects for high VI ojl. Solid lines—author’s ex- 


periments; dotted lines—calculated using viscosity at mean pres- 
sure; dashed lines—calculated using mean viscosity. 


OBSERVED FRICTION 


90 Lie) 


TEMPERATURE, 
Fig. 9 Ratio of observed or calculated friction to calculated friction 
neglecting P-V effects for low VI oil. Solid lines—author’s experi- 
ments; dotted lines—calculated using viscosity at mean pressure; 
dashed lines—calculated using mean viscosity. 


Table 2 


High VI 
170 
37.8 
53.6 
75.2 

105.6 

141 


Low VI 

210 F 100 130 170 +210 
17.5cp* 424 123.4 ‘ 
24.5 820 216 56. a 
33 1530 365 < 
7500 850 44.5 2850 621 

10000 1250 58 5200 1058 


* These values may be converted to Reyns (Ib sec/sq in.) used by 
the author, by dividing by 6.9 X 105. 


Pressure, 
psi 100 
0 253 
2500 380 
5000 570 


130 


98.9 
147 
212 
308 
423 


plotted in Figs. 8 and 9 of this discussion, for the high and low 
VI oils, respectively. The solid curves represent the author’s 
experimental results, while the dotted curves are the calculated 
values. The agreement is fair, but there is room for improve- 
ment. This treatment neglects changes in friction resulting from 
altered film thickness; it assumes friction is directly proportional 
to viscosity. 
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Ratio 
210 


Atm 
253cp* 


98.9 


17.5 


-High VI 
3120 psi 
425 
1.68 (1.68) 
162 
1.64 (1.64) 


58.5 
1.55 (1.55) 


26.6 
1.52 (1.52) 


Table3 


Low VI 


685 
2.71(3.01) 


247 
2.50 (2.72) 


87 
2.30 (2.49) 


37.2 
2.12 (2.26) 


3120 psi 
950 
2.22 (2.27) 
248 
2.01 (2.06) 
63 
1.72 (1.76) 


23.5 
1.59 (1.63) 


1980 
4.67 (6.02) 
460 
3.73 (4.50) 
107 
2.93 (3.30) 


36.5 
2.47 (2.70) 


Ratio 
* See footnote, Table 2. 


INCHES 
Fig.10 Assumed pressure distribution for computing mean viscosity 


If the mean viscosity is computed, instead of viscosity at the 
mean pressure, the values shown in parentheses in Table 3 are 
found. These are plotted in Figs. 8 and 9as dashed curves. Here 
the agreement is slightly better, particularly with the low VI oil at 
the higher pressure. In this calculation, the actual area was used. 
It was assumed that the pressure distribution over the developed 
bearing took the form of an isosceles triangle, as shown in Fig. 10 
of this discussion. 

These predicted curves differ from the experimental curves in 
two ways: (a) There is a difference in slope which requires the 
predicted curves to be rotated clockwise to improve the agree- 
ment. (b) Depending on the manner in which rotation is effected, 
a lateral shift may be necessary to match the experimental data. 
While other assumed pressure distributions may in some cases 
rotate these predicted curves into better agreement (c.f., the high 
load low VI data), the negligible rotation observed in three of the 
four cases here prompts one to look for another mechanism to 
explain these differences. 

Such a mechanism may exist in the shear rate to which these 
lubricants are exposed. If one accepts the author’s calculation of 
film thicknesses of 0.00002 to 0.00009 in. in the high-load tests, 
and multiplies these by the ratios of friction observed (to correct 
for the film viscosity), the film thicknesses fall in the range of 


0.0001 to 0.0002 in. Calculating shear rates with an average film 
thickness of 0.00015 in., it turns out that the shear rate is about 
1400 N, where N = rpm. Table 4 shows the speeds reached in | 
these tests; at high loads, shear rates of 250,000 sec™! are at- 
tained, and the rates at high temperature are more than 10 times 
those at low temperature. 


Table 4 Speeds corresponding to bearing temperatures, rpm 
——Low load——-~ —High load—-~ 
High Low High 

30 ll 
83 35 
188 90 
338 176 

(extrap.) 


On the basis of this reasoning, it is suggested that thin films of 
these Newtonian fluids under high pressure may be non-New- 
tonian in behavior. While the predictions based on low-shear- 
rate laboratory data are useful, their utility may be improved by 
further study of the viscosity of thin films under high-shear rate. 
Such a correction applied to these data would rotate the curves; © 
a more realistic pressure distribution would shift the predicted — 
curves vertically to coincide better with the measured data. 
Whether these ideas are generally valid or not can best be decided 
by obtaining data of this sort on a variety of machine elements. 


Author’s Closure 


Mr. Hartung is to be congratulated on his attempt to include 
viscosity-pressure effect in the friction calculations. So far as 
exact agreement with the test results is concerned, there may be 
room for improvement as he has pointed out, but the order of 
agreement is sufficiently good to confirm the fact that the vis- 
cosity-pressure effect is detectable and important in heavily 
loaded journal bearings, which is the thesis of the paper. Re- | 
membering that the actual pressure (and hence viscosity) at any 
point in the film is unknown and that the same is true of film 
thickness because of temperature and load distortion, closer 
agreement between calculation and observation would be most 
remarkable. 

As in many other fields of lubrication much remains to be done 
on the viscosity-pressure effect in journal bearings. Possibly 
this field will be found more rewarding since the method of at- 
tack appears more obvious than with other machine elements. 
However, the effect in gears probably is more pronounced and 
is encountered far more frequently than in journal bearings. 
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Experiments on Imperfect Lubrication 


This brief paper is based upon a full report of certain experi- 
ments conducted for the ASME Research Committee on Lubri- 
cation. The experimental work comprised friction measure- 
ments under imperfect lubrication conditions up to loads of 10,- 
000 psi or more. Eight lubricants were compared whose vis- 
cosity-pressure characteristics were known. A Kingsbury oil- 
testing machine was used, with bearing surfaces designed to 
eliminate hydrodynamic action so far as possible. 

A condition of mixed lubrication prevailed, in which rapid wear 
of brass on steel occurred simultaneously with hydrodynamic 
effects. All tests were run well to the left of the familiar minimum 
point on the coefficient-of-friction diagram. Three methods of 
plotting the data were tried: (a) The direct plot of friction per 
unit area against load per unit area, holding the speed and 
viscosity constant; (b) a conventional plot of the coefficient 
against Z,N/P, where Z, is the viscosity at atmospheric pressure, 
N the speed, and P the load per unit of projected area; and (c) a 
modified diagram in which each of the foregoing curves is re- 
placed by a family of curves with different values of the pressure- 
viscosity parameter. This parameter, the product of load per unit 
area by the pressure coefficient of viscosity, helps to explain 
earlier discrepancies and to set up a better correlation. 

The usual contrast between friction of fatty and mineral oils 
was confirmed, and it was concluded that boundary lubrication 
and wear are accompanied by hydrodynamic action on a micro- 
scopic scale. 


Introduction 


Tue ASME Research Committee on Lubrication had been in- 
terested since 1915 in the effect of pressure on viscosity, among 
other questions (1),* and especially in its relation to oiliness, 
When the Committee learned that a Kingsbury oil-testing ma- 
chine (2) would be available at the Carnegie Institute of Tech- 
nology, arrangements were made immediately for its use, out of 
hours, during the early part of 1927, for a study of imperfect 
lubrication. This proposed study was intended only as a pre- 
liminary exploration to satisfy the Committee members’ curiosity 
as to the usefulness of the machine, and to learn whatever might 
be possible in a short time concerning imperfect lubrication. It 
was not foreseen that the results would still be under discussion 
30 years later. 

Two progress reports were submitted in 1927. The following 
year the results were confirmed qualitatively in a second machine 
of the same type, built for the ASME at the National Bureau of 
Standards. The results were then placed on file for later reference 


1 Visiting Professor of Engineering, Brown University, Providence, 
R. I.; formerly with U. S. Naval Engineering Experiment Station, 
Annapolis, Md., and National Bureau of Standards, Washington, 
D.C. Fellow ASME. 

2Senior Technologist, Research and Development Department, 
Socony-Mobil Oil Company, Inc., Paulsboro, N. J.; formerly with 
National Bureau of Standards, Washington, D.C. Mem. ASME. 

3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Research Committee on Lubrication and pre- 
sented at the Annual Meeting, New York, N. Y., December 1-6, 1957, 
of THe AMERICAN Society OF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, July 23, 
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1% 
and only briefly mentioned in published literature (3, 4). Finally, 
because of the continuing interest in imperfect lubrication and a 
revival of interest in pressure-viscosity (5, 6) a more complete 
report was submitted. The present paper is offered as a synopsis 
or condensation of the full report. 

Acknowledgment is made to the Engineering Foundation for 
financial aid in 1927 and 1928; and to the U.S. Naval Engineering 
Experiment Station for assistance in preparing the final report. 
Acknowledgment is also due to Prof. W. Trinks for experimental 
facilities at the Carnegie Institute of Technology; to the late Dr. 
H. C. Dickinson, Chief, Heat and Power Division, for co-opera- 
tion of the National Bureau of Standards; and to Dr. Albert 
Kingsbury, first Chairman of the Research Committee on 
Lubrication, for information and advice. 


Semi-fluid or mixed-film lubrication was described by Giimbel in 
1914 (7). With increasing speed, an increasing portion of the 
total load is supported by fluid pressure, which results in a progres-— 
sive decrease in friction. Assuming rigid surfaces and a a 


= 


Historical Notes 


degree of roughness, Giimbel developed the concept mathemati- 


cally, leading to a straight-line relation between the coefficient of a 
friction and speed. The line slopes downward toward the right | 
as found experimentally. Its intercept on the vertical axis repre- 
sents static friction. Its intersection with the calculated curve for _ 
fluid friction falls close to the well-known minimum point (7, 8). 
Mixed-film lubrication has been further described by Karelitz, 
Fuller, and others (9-12). Measurements by Altrogge and by 
Barwell and co-authors have recently been reviewed (11, 13, 14) 
showing coexistence of boundary friction and fluid pressure. 

A concept of ‘‘thin-film lubrication’’ including roughness, elastic 
deformation, and nonuniform viscosity was described in 1933 and 
expressed in terms of dimensionless variables (15). Similar con-_ 
cepts have been developed mathematically by Vogelpohl (16) and 
others (17-20). Boundary lubrication has been described by a | 
long line of investigators from Hardy in 1910 to Needs (21) and > 
Bowden and Tabor (22). Many experiments have been published — 
on the different kinds of wear associated with imperfect lubrica-_ 
tion. These are far too numerous to be listed here, or even in the | 
full report. It is hoped, however, that the authors’ experiments — 
will promote discussion on all varieties of thin-film lubrication, so_ 
that a systematic comparison with other published data can be 
undertaken. 


Experimental Method 


Friction torque was measured between a vertical steel journal — 
and a pair of opposed bearing blocks submerged in an oil bath. | 
Loads were applied by means of a horizontal helical spring. 


central portion of each block, so as to leave for the bearing surface 
only two well-separated ridges or lands parallel to the axis of the — 
journal. This was done to preclude the formation of any hydrody- 
namic film so far as possible, since it was desired to isolate or ac- _ 
centuate oiliness characteristics. Details of design were obtained 
from Dr. Kingsbury by correspondence. The same bearing blocks 
were used throughout. They were cut from a bar of rolled brass 


4 Reproductions of the Report are available for a limited time from 
Tue AMERICAN Society OF MECHANICAL ENGINEERS, 29 West 39th — 
Street, New York 18, N. Y. 
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A 
unique feature of the Kingsbury design is a wide groove cut in the > 
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1--Groove 3—Thermocouple 
2—-Left and right lands 4— Polished steel journal 


Fig. 1 Detail of rubbing surfaces (from above) 


3in.diam. Each block subtends an angle of 120 deg at the center, 
Fig. 1. Bearing surfaces are 1 in. long. 

From the geometry of Fig. 1 it is found that the projected area 
of the nominal bearing surface of each block, on a plane at right 
angles to the resultant load, was initially 0.0915 sq in., assuming 
sharp edges. At the conclusion of all experiments on the first 
machine, microscope measurements showed an increase of 2.5 per 
cent in the area. Similar measurements after the shorter series of 
experiments on the second machine showed a further increase of 
nearly 10 per cent. 

Fight lubricants were compared in the experiments on machine 
No. 1—-heavy, medium, and light mineral oils, two fatty oils, one 
compounded oil, and two of the mineral oils with an addition of 
2 per cent of oleic acid. The pressure coefficient of viscosity had 
been determined experimentally over the required temperature 
range for four of the oils, and could be closely estimated for the 
remaining lubricants (6). 


Each experiment comprised a series of tests over a considerable — 
In the first experiment, the | 


range of load at constant speed. 
effect of speed variation was also investigated. After testing the 
eight different lubricants, a repeat experiment was made on the 
first lubricant to check the reproducibility of results. After com- 
pleting all experiments on machine No. 1, four of the same oils 
were tested on the original journal and bearing blocks in machine 
No. 2. 


Typical Results on Two Oils 


Test results on lard oil and a light mineral oil of comparable 
viscosity are shown in Figs. 2—5. 


6 


5 


F/A , hundreds of psi 


» thousands of psi 


Fig.2 Friction and load, lard oil. Experiment l(a), at 160 rpm, 86 F 
(S for seizure). 


Physical data are summarized — 


F/A, hundreds of psi 


P, thousands of psi 

Experiment 7 at 155 


Fig. 3. Friction and load, light mineral oil. 
rpm, 98 F. 
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Z,N/P, cp rpm/psi 


Coefficient of friction, lard oil. Experiment 1 at constant 
of the pressure-viscosity parameter, shown by figures on 


Fig. 4 
values 


curves. 
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4 2 
Z,N/P, cp rpm /psi 


Fig.5 Coefficient of friction, light mineral oil. Experiments 7 and 11 
at constant values of the pressure-viscosity parameter, shown by 
figures on curves. 


in Table 1, where all values are taken at atmospheric pressure. 


- To minimize decimals, the temperature coefficient of viscosity is 


expressed in per cent per deg F, and the pressure coefficient in per 
cent per hundred psi. This description of viscosity characteris- 
tics by means of constant coefficients is a first approximation, ac- 
curate only for a moderate range of pressures and temperatures. 
A pressure coefficient of viscosity of one per cent per hundred psi 
is equivalent to 14.2 per cent per hundred metric atmospheres. 
A temperature coefficient of one per cent per deg F is equivalent to 
1.8 per cent per deg C 
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Table 1 Physical data on two oils 
(Lard oil and a light mineral oil) 
Light 
Property Lard oil mineral 
Specific gravity, 
Viscosity, cp, at 
Viscosity, cp, at 
Temp. coeff, %/dF, 
Temp. coeff, %/dF, 
Press. coeff, %/100 psi, 
Press. coeff, %/100 psi, 
Heat cap/vol, psi/dF, 
Heat cap/vol, psi/dF, 
Norte: The abbreviation dF is written for a temperature differ- 
ence or interval in deg F; and psi/dF is written for in-lb/cu in.- 
deg F, simplifying the units by cancellation. 


From Figs. 2 and 3 it appears that the friction-load relation can 
be approximated by a straight line having an intercept of the 
order of 2000 psi on the load axis. Fluid friction of almost 
vanishing magnitude continues up to this critical or threshold 
load. Beyond the intercept the load is no longer completely fluid 
borne, and boundary friction predominates. 

A convenient, over-simplified comparison of the different 
lubricants tested is given in Table 2. Values of the load intercept 
and incremental coefficient of friction are given in the last two 
columns. The “incremental’’ coefficient, introduced by Burwell 
and Strang (1949), is defined as the slope of the graph for friction 
against load at any point. Boundary or Coulomb friction would 
be represented by a straight line through the origin. If such a 
line were drawn at an angle of 45 deg in Fig. 2 or Fig. 3, both the 
true and incremental coefficients of friction would be equal to 
0.10, or 10 per cent in the units of Table 2. The true coefficient, 
or ratio of ordinate to abscissa in Figs. 2 and 3 increases with in- 
creasing load. 


Table 2 Incremental coefficients of friction 


Coeff, 
per cent 


Speed, Temp, Intercept, 
Expt. rpm deg F psi 


EXPERIMENTs 1-9 In MacuINE No. 1 


Heavy min. 160 20 
Medium min. 
Light min. 
Hvy + OA 
Med + OA 
Min. lard 
Sperm oil 
Lard oil 
Lard oil 

Lard oil 
Lard oil 8 150 


Lubricant 


cr 


org 


E28 


Heavy min. 13 89 
Medium min. 98 
Light min. 55 95 
Lard oil 
* Scattered from 82 to 105 F. 
> Uncertain, but nearly the same as with the base oil, Experi- 
ment 2. 


General Methods of Representation 


Examination of the data shows that at any given load the fric- 
tion drops slightly with increasing speed, and rises with increasing 
temperature or decreasing viscosity. Since Figs. 2 and 3 are 
limited to constant-speed, constant-temperature conditions, it is 
of interest to choose a more general form of diagram. This has 
been done in Figs. 4 and 5. Here the coefficients of friction for 
the same two oils at all speeds and temperatures have been 
plotted against Z,N/P, where Z, is the viscosity at the thermo- 
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couple temperature but atmospheric pressure, N the speed in 
rpm, and P the load in psi. 

If one attempts to represent all the points for any one experi- 
ment by drawing a single curve through them in the conventional 
manner, various inconsistencies result, as described in the full re- 
port. Such inconsistencies are avoided, and a better correlation 
obtained by constructing a family of curves as shown, each curve 
being labeled with a mean value of the pressure-viscosity parame- 
ter, bP. Here b is the pressure coefficient of viscosity expressed as 
adecimal. Thus fora light oil having 6 equal to 1.60 per cent per 
hundred psi at 100 F, 6 is 1.6 X 10~‘ in absolute units. When 
operating at that temperature under a load of 2500 psi, P is 2.5 X 
10° making bP equal to 0.4 as shown. The bP parameter, first 
described in (15), was used by H. Blok (20) to explain Needs’ data 
of 1937-38 on heavily loaded journal bearings. The present ap- 
plication closely parallels that of Blok. 

It was not found practicable to plot the coefficient of friction 
against ZN /P where Z (without subscript) is the true film vis- 
cosity. The chief reason is because of the nonuniform film pres- 
sure. The mean viscosity is considerably greater than the vis- 
cosity at the mean pressure P. If it were not, it could be taken 
very simply equal to Z; multiplied by the factor (1 + bP) up to 
moderately high pressures. All points plotted in Figs. 4 and 5 
would merely be shifted toward the right by that ratio. Points 
on the curve labeled ‘‘0.6’’ in Fig. 4 would be moved along to 
abscissas equal to 1.6 of their present value. 

It has been assumed that the frictional heat would be so small 
in the present experiments, owing to the low surface speeds em- 
ployed, that the film temperature could everywhere be taken 
equal to the thermocouple temperature. If not so, a further di- 
mensionless parameter may be needed which has been written 
aP/q, where a is the temperature coefficient of viscosity and g the 
heat capacity of the lubricant per unit volume(15). Values of a 
and q are given in Table 1. 

Finally, it must be remembered that the viscosity-pressure and 
viscosity-temperature effects are essentially hydrodynamic, 
whereas the present apparatus was designed to minimize hydro- 
dynamic action. No explicit use has been made of any elastic or 
plastic property of the bearing metal. Thus other methods of 
representing the data may yet be found preferable, in which the 
load remains an important factor of the parameters chosen, but 
in which viscosity effects have only a minor part. 


Conclusions 


From these experiments, though of limited scope, it may be 
concluded that boundary lubrication and wear are usually ac- 
companied by a persistent kind of hydrodynamic action on a 
microscopic scale; an action depending on the pressure-viscosity 
as well as the temperature-viscosity characteristics of the lubri- 
cant. 

With increasing loads there is a well-marked transition from 
fluid friction to a condition of mixed-film lubrication in which 
boundary friction predominates; and which may be characterized 
by a nearly constant value of the incremental coefficient of fric- 
tion. The values are less for fatty than for mineral oils. 

Future experiments should include not only a wider range of 
the variables associated with imperfect lubrication, but also a 
special study of rigidity of supports, and other factors governing 
the reproducibility of results when the same bearing surfaces are 
transferred to different machines. 
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Influence of Pressure and Temperature 


on Oil Viscosity in Thrust Bearings: 


=, 


‘ 
A theoretical study to determine the influence of pressure and 
temperature on oil viscosity in finite-length thrust bearings. 
This paper points out that it is theoretically possible to determine 
the influence that pressure and temperature play on oil viscosity 
and, in turn, on bearing performance by solving the energy and 
Reynolds equations simultaneously. we 


Nomenclature 
Tue following nomenclature is used in the paper: 


A const (see Equations [1] and [2] ) 
b radial length of pad, in. 
Cc, specific heat at constant pressure, Btu/gal deg F 
Cc specific heat at constant volume, in?/sec? deg F 
outer diameter of sector, in. 
film thickness, in. 
horsepower 
number of mesh subdivisions in @-direction 
number of mesh subdivisions in r-direction 
revolutions per second 
pressure, psi 
radius, in. 
velocity, ips 
volume of oil flow per unit time (US gallon), gpm 
total load, Ib 
constants in viscosity expression 
angular extent of bearing thrust pad, radians 


co-ordinates of center of pressure 
increment 


absolute viscosity, lb-sec /in.? 
temperature, deg F 
= 


mass density, lb-sec?/in.* 
= angular co-ordinate, radians 

index defining value of r in thrust-bearing mesh running 

from | to n 


index defining value of @ in thrust-bearing mesh running 


from 1 to m 
= 


iteration number 
Increase in lubricant viscosity under pressure has been the sub- 


» 


n 
N 
p 
r 
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Y 
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p 
Bar above symbols indicates dimensionless quantities 


Subscripts 


function of pressure 
function of temperature 
inlet quantities 

outlet quantities 
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ject of considerable interest in the United States and abroad. In © 
general, most of the experimental work has been done at low rates _ 
of shear to neglect the influence of temperature on oil viscosity. © 
The theoretical analysis was made for an infinitely long slider, — 
and in some cases leukage factors were employed as correction — 
factors. Stanton (1),? comparing his test results with theory, 
found that at rates of shear of the order of 1,000,000 reciprocal 
seconds the pressures in the film had apparently raised the vis- 
cosity about 25 per cent. Bradford and Wetmiller (2) and 
Everett (3), who investigated a small bearing at approximately 


the same rates of shear as in Stanton’s test, found striking varia- 


tions in operating temperatures with various oils of the same 
viscosity at atmospheric pressure but of different viscosity-pres- _ 
sure coefficients. They found that with a given load the oil hav- 
ing the greatest viscosity under pressure gave the highest operat- 
ing temperature in the test bearings. Needs (4) presented a 
comprehensive study of the influence of pressure on film viscosity 
in heavily-loaded journal bearings. He analyzed the effects of 
viscosity increase under pressure on the operating characteristics 
of plane surfaces of infinite width. His experiments also were — 
conducted at speeds sufficiently low to avoid serious complication 
from frictional heat. 

More recently Saibel (5) performed calculations for a single 
case of a slider with no side leakage in which he took into account 
the variation of viscosity with temperature and pressure. An 
arbitrary oil with constants which are not those of the oils sug- 
gested by Hartung (6) were used in his calculation. He con- — 
cluded that the temperature effect was so strong it masked the 
effect of pressure. 

Upon the request of the ASME Research Committee on Lubri- 
cation, the author has undertaken a theoretical study to deter- 
mine the influence of pressure and temperature on oil viscosity 
in finite-length thrust bearings. This paper points out that it is 
theoretically possible to determine the influence which pressure — 
and temperature have on oil viscosity and, in turn, on bearing per- 
formance by solving the energy and Reynolds equations simul- 
taneously. The oil viscosity in these equations is expressed as a 
function of temperature and pressure. This paper also presents 
solutions for several cases in which oil viscosity is assumed to be 
only a function of temperature. This is done so that the tempera- 
ture effect will not mask the pressure effect and thus will permit 
separation of the two effects. 

The paper presents pressure and temperature distribution, 
load-carrying capacity, oil flow, horsepower loss, and center of 
pressure for several minimum film thicknesses and two oil charac- 
teristics. However, in order to simplify the analysis, certain as- - 
sumptions were made as follows: 


1 The inertia and heat conduction of the fluid were neglected. 
Constant viscosity was assumed across the film thickness. 

3 Changes in specific heat were neglected. 

4 llastic deformation of the surfaces resulting from pressure 
and temperature was neglected. 

5 It was assumed that the pressure is zero at the boundary 
and that the image point has the same magnitude but opposite 
sign to the pressure inside the boundary. 
~ 2 Numbers in parentheses refer to the Bibliography at the end of the 


paper. 
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6 It was assumed that the fluid film is continuous and be- 
haves as a Newtonian fluid. 


Oil-Viscosity Characteristics 


The oil characteristics used were those proposed by Hartung 
(6) and given in Tables 1-3 and Fig. 1. 


API gravity @ 60 F* 
Sp gr @ 60 F (atm). 
@ 100 F 
@ 130 F 
@ 210 F 
Neut. no., 


Table 1 Properties of test lubricants 


High VI blend Low VI blend 
16.8 
0.9541 
0.9389 
0.9278 
0.8987 


<0.05 


0.8398 
electro- 
<0.05 


metric? . 
Sap. no., 

metric® . 
Color? 5 43/, 
Vis @ 100 F¢ 
Vis @ 130 F* 
@ 210 


electro- 


451.5 cs-2093 SSU 
134.3 cs-624 SSU 
16.45 cs-83 .8 SSU 
—30.3 
40 
2.50 


288.9 es-1339 SSU 
114.2 cs-530.3 SSU 
20. 87 ecs-102.1 SSU 


* Measured values. 


Both blends contain 0.1 g/100 ce of ditertiary butyl paracresol. 
AT represents number of degrees F between the temperature at 
which the viscosity is 10 cs and 20 cs measured at atmospheric 
pressure. 


Table 2 Predicted pressure-viscosity data wi 


“ 
4 High VI Low VI 


Vis @ 100 F, ep 253 424 
Vis @ 210 F, ep... 17.5 14.8 
Relative viscosities, 100 F 
20000 psi 
40000. . 
60000 
Relative 210 F 
20000 psi. . 9. 20 
40000. . 380 
60000... 8500 
Actual viscosities: 
20000 psi, 100 F 63600 ep 
40000. . 1.7 10° 
60000. . 
20000 psi, 210 F. 
40000... 
60000 


150 
40000 


296 
5630 
126000 


_ It should be noted that the two oils have markedly different 
pressure-viscosity coefficients. The low-viscosity-index oil is 
very strongly influenced by pressure, especially at the low-tem- 
perature end. The influence of pressure on oil viscosity even at 
moderately low pressures of about 10,000 psi is three times as 
high for the low-viscosity oil as for the high-viscosity oil. Using 


Vis @ 100 F for LVI) X (Vis @ 210 F for HVI1) 
(Vis @ 210 F for LVI) X (Vis @ 100 F for HVI) 


as criteria for comparison of temperature effects on viscosity of 
the two oils, we notice that the temperature influence is not too 
marked, even over this wide temperature range. Thus it should 
be possible to show the influence of pressure on oil viscosity if we 
compare the bearing performance with the two oils when operat- 
ing under identical inlet oil temperature and film thickness. 

It was immediately apparent that the comparison would be 
most pronounced in the region where the two oils have markedly 
different properties. Comparison would be most valuable in the 
region where presently designed thrust bearings operate so that 


AT PSIA HIGH VI 
AT PSIA LOW VI 
AT 5,015 PSIA HIGH VIG 
AT 5,0/5 PSIA LOW VI. 4 
— —O— — AT 10.015 PSIA HIGH VI. 
——O— — AT 10,015 PSIA LOW 


& CROSS OVER POINT OF HIGH 
AND LOW OIL 


4 


KINEMATIC VISCOSITY - CENTISTOKES 


120 140 160 180 200 220 240 
TEMPERATURE - DEGREES FAHRENHEIT 


Fig. 1 
oil as a function of pressure 


Viscosity-temperature properties for high and low-viscosity 
Table 3 Estimated densities of test lubricants ia 


High VI 

0.8916 
942 
979 
8774 
932 


60 F, 0 psig 
20000 
40000 

100 F, 0 psig 
20000 
10000 971 

210 F, O psig... 0.8398 
20000... 0.907 
40000... 0.948 


the experimental verification can be made at a future date. The 
region of extreme pressure was ruled out because distortion due 
to pressure influences the film thickness and, in turn, the bearing 
performance. Furthermore, it would be extremely difficult to 
measure film thickness experimentally in this region. Therefore 
the analysis was performed at moderately low oil-inlet tempera- 
ture of 115 F and reasonably large film thickness. 

A simplified expression was sought which would express the oil 
viscosity as a function of temperature and pressure. The expres- 
sion used is 


The constants were evaluated by the method of least squares, and 
they satisfy the characteristics of the oil reasonably well in the 
range of temperatures 115 to 210 F and pressures of 15 psia to 
10,015 psia, Table 4. This is the range of temperatures and 
pressures studied. 

Tables 5 and 6 give the viscosity of the high and low-index oils 
in the operating range of temperatures and pressures. These 
tables were obtained by evaluating Equation [1] and using the 
constants in Table 4. 

Since the Reynolds and energy equations were represented in 
dimensionless form, it was necessary to transform Equation [1] 
also to dimensionless form 


1109 
10,000 
oot 
50 ~ 
‘ 
is a8 
ow VI 
1.004 
1.046 
0.9389 
0.998 
4 
0. 8987 
0.973 
| 


: Table 4 Constants for Equation [1] 
i 
ep A BxX10° yx 105 
HVI n(p,@)....... 165 1.42061 546.35333 7.913 845.903 
....... 236 690.38872 5.257 2089.617 
165 1.43755 546.48019 0 0 
p = 15 psia 
236 0.62747 690.70216 0 
p = 15 psia 
See 2 42.29132 0 13.168 0 
6= 161 F 
42 42.33751 0 18.236 0 
ie 5 


Table 5 High VI oil 
@=115 @=130 6@=172 @=210 

at 

15 psia....... 165.0 95.2 34.1 19.2 
n at 

2015 psia..... 223 .0 126.0 44.1 24.2 
n at 

5015 psia..... 353.0 196.0 64.8 34.9 
at 

10015 psia.... 758.0 403.0 123.0 63.4 
Table 6 Low Vicil 

=115 @=130 @=172 6 = 210 

n at 

15 pain... 236.0 118.0 32.3 15.6 
n at 

2015 psia..... 374.5 178.2 45.6 21.1 
at 

5015 psia..... 762.0 343.0 | 33.4 
n at 

10015 psia.... 2460.0 997.0 184.0 71.4 
where 

@ C 


bart ‘ 


™ 


(2 


Numerical Solution of Thrust-Bearing Equation 


Numerical methods were employed for the simultaneous solu- 
tion of Reynolds and energy equations for a sector thrust bearing 
of finite radial length b and subtended are 6 Fig. 2. In order to 
obtain a general solution, these equations were set up in dimen- 
sionless form and expressed in terms of partial differences. The 
method of solution was programmed for an IBM 650 digital 
computer. Solutions were obtained for the tapered-land-bearing 
configuration for the following values of bearing parameters: 


0.69 radian 
= 22.24 in. 

0.5618 
60 rps 


Fig. 2 Definition of indexes used in pressure and temperature 


calculation 

1.8 X 10~* in?/sec* deg F 
3.5 Btu/gal deg F 

he = 0.005 in., 0.003 in. 
6 = 115 F 


The finite-difference equations of the pressure and temperature 
fields in a thrust bearing are derived in reference (7) as equations 
[21.23] and [21.26]. 

The simultaneous solution of the two sets of equations, equa- 
tions [21.23] and [21.26], after introduction of the proper bound- 
ary conditions, yields the numerical values of the dimensionless 
pressure and temperatures in the bearing. 

The steps for simultaneous solution of the Reynolds and 
energy equations, equations [21.23] and [21.26], are performed 
in the following manner: 


1 The value of the film thickness at every point is determined. 

2 ,.; is assumed equal to zero and the known value of inlet 
temperature is assigned to 6,. 

3 The values of 6,.; are then determined at every point from 
equation [21.26]. 

4 The values of 7;,; are calculated from Equation [2] for 
values of 6, , and ,,; in the mesh. 

5 Having the values of %;.;, hy.;, and ,, ;, the first approxima- 
tion of the pressure field is determined from equation [21.23] and 
improved several times by iteration. 

6 The value of the pressure field thus obtained is used to re- 
calculate the temperature distribution from which a new set of 
7;.; is determined. 

7 A second approximation of the pressure field is now ob- 
tained. This cycle of pressure and temperature iterations is con- 
tinued until the error, which is the difference between successive 
values of the pressure field, falls within the limit prescribed in 
equation [21.1], reference (7). 

8 The final value of the pressure field is then used to compute 
the final value of the temperature field. 

With the pressure and temperature fields known, the thrust- 
bearing performance calculations can now be carried out. Ref- 
erence (7) gives the procedure employed for the determination of 
load-carrying capacity, oil flow, horsepower loss, and center of 
pressure for a sector thrust bearing. Therefore, in order to con- 
serve space the procedure will not be repeated in this paper. 
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Table 7 Comparative results 


~ 


W, 
5% Ib 
High VI Oil 
58 18100 
61 36000 
Low VI Oil 
59 20800 
61 36700 


Results 


Eight cases were analyzed, four for each oil. Two of these as- 
sumed oil viscosity to be a function of temperature and pressure, 
and the first set of constants in Table 4 was substituted into 
Equation [1]. The other two assumed that oil viscosity is only a 
function of temperature, and the second set of constants in Table 
4 was substituted into Equation [1] for each oil. 

Table 7 compares the results of the eight cases. 

It is apparent that the effect of pressure on viscosity in both oils 
tends to increase the load-carrying capacity, but at the same 
time it raises the horsepower loss. This point is only of academic 
interest for there is no oil whose viscosity is purely a function of 
temperature. When a comparison between the two oils is made, it 
can be seen that the oil with the highest viscosity-pressure co- 
efficient gives the highest load-carrying capacity but also the 
highest horsepower loss. Table 8 separates the pressure effect. 
From this table we see that as the film thickness decreases the 
effect of pressure on oil viscosity and, in turn, on load-carrying 
capacity increases. The horsepower loss, which results from 
pressure effect, also increases as the film thickness decreases. 
This effect is more pronounced with the low VI oil. 

Table 9 compares the two oils. When reading Table 9, one 
must not be misled by the relative decrease in load-carrying 
capacity with decrease in minimum film thickness. This is 
partly due to the different temperature-viscosity effects of the two 
oils. Comparison can be made when percentage difference is con- 
sidered. When the minimum film thickness is 0.005 in., the per- 
centage load difference is (116.5 — 115.0 = 1.5 per cent); at 
0.003 in., the load difference is 5.5 per cent. This trend was ex- 
pected and it indicates that pressure effect on oil viscosity and, in 
turn, on load-carrying capacity is inversely proportional to some 
function of film thickness. The horsepower difference likewise 
increases as the film thickness decreases. 

One additional point is observed; that is, with the bearing 
parameters analyzed at slightly smaller minimum film thickness 
than 0.003 in., the high viscosity-index oil and the low viscosity- 
index oil give the same load-carrying capacity when pressure 
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Fig. 3 Pressure and temperature distribution for high and low- 
viscosity oil taken along mean radius 


Table 8 Effect of pressure 
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Table 9 Comparative results 
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effects on oil viscosity are neglected [We(low VI) = Wo(high VI)]. 
This implies that somewhere in the fluid film the two oil viscosi- 
ties crossed and their influence on the hydrodynamic pressure 
generation balanced each other. 

Fig. 3 shows comparative pressure and temperature distribu- 
tion for the two oils taken along the mean radius of the sector. 
Higher hydrodynamic pressures are generated with the low VI 
oil; at the same time the temperature rise is higher. 

Fig. 4 shows comparative pressure and temperature distribution 
for the high VI oil when the viscosity is considered a function of 
pressure and temperature and also of temperature alone. Note 
that even with the large minimum film thickness of 0.005 in., the 
two conditions yield different pressure and temperature distribu- 
tions. 

If we refer to Table 4 and consider an isothermal case, we notice 
that the low viscosity-index oil will carry higher load. With an 
average pressure of 2000 psi the low viscosity-index oil will carry 
approximately 8 per cent more load. This case was not analyzed 
further since it is practically impossible to conduct bearing ex- 


periments under isothermal conditions. =o | 


Conclusions 

1 The effect of pressure on oil viscosity can be separated from 
the effect of temperature by employing the Reynolds and the 
energy equations in the analysis. 

2 The effect of pressure on oil viscosity tends to raise the load- 
carrying capacity and horsepower losses. 

3. The low viscosity-index oil which has the higher viscosity- 
pressure coefficient vields a higher load-carrying capacity, but it 
also gives a higher temperature distribution. 

4 Experiments are possible which will show directly the 
effect the pressure-viscosity relationship plays on bearing per- 
formance. For example, with the bearing configuration discussed 
in this paper, the effect of pressure is separated from that of 
temperature when h2 = 0.0028 in., 6; = 115 F, and N = 60 rps. 
Under this condition of operation, if oil viscosity was only a func- 
tion of temperature, theory predicts that W@ low VI = W@ 
high VI. Since in practice the oil viscosity is a function of tem- 
perature and pressure, under this condition of operation the 
pressure effect on viscosity can be separated from the temperature 
effect. 

5 Experiments should be performed in the region where the 
two oils have markedly different properties. Areas of extremely 
thin film and very heavy loads should be avoided. Otherwise, 
factors such as surface finish or pressure distortion may lead to 
erroneous conclusions in this area. 

6 The effect of pressure on oil viscosity and, in turn, on load- 
carrying capacity and horsepower loss is inversely proportional to 
some function of film thickness (refer to Table 8). 

7 The effect of pressure on viscosity may explain in part why 
ball bearings exhibit different fatigue properties when operated 
with different oils. Also, the satisfactory operation of gears and 
other heavily-loaded machine elements may be attributed in part 
to the pressure effect on viscosity, 
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Some Factors Influencing the Area-Load 


Characteristics for Semismooth 
Contiguous Surfaces Under 
| “Static” Loading 


By F. F. LING,’ TROY, N. Y. 


Finnie and Shaw [7)* have determined empirically the relation- sg = _-yield stress in shear at zero strain-hardening, 

ship between the actual area of contact and normal load between ; Equation (7) 

contiguous surfaces for a large range of normal loads in connection = bulk yield stress in shear, Equation (9) 

with the problem of friction in cutting processes. The so-called = pseudo strain-hardening constants 

actual area of contact refers to the area projected on a plane = pseudo size-effects constants 

perpendicular to the direction of the normal load; and, as such, N total number of wedges on a given surface, 

the term has only qualitative or semiquantitative value. In this Sections 4 and 5 

paper the ideal case of ‘“‘semismooth’’ contiguous surfaces is 3 total number of sets of wedges, Section 6 

studied theoretically. That is, one of the surfaces is considered an normal force (= yield load for A < A,) 

rigid and macroscopically smooth while the other one is allowed a = PforA = A, 

to have a large number of macroscopic asperities in the form of contribution to P by a single wedge, Fig. 2 

wedges. Under this restriction, actual area of contact acquires a , contribution to P by a set of wedges, Fig. 13 

definite meaning. The study is also limited to ‘‘static’’ loading; distribution functions 

i.e., only relative motions resulting from plastic deformations exponent in A = P2 

of the wedges are permitted. The role the area-load character- distance to the tip of a wedge before compres- 

istics play in the friction process and their relationships to the sion, Fig. 2 

various theories of friction are discussed. Furthermore, some distance to top of deformed wedge, Fig. 2 

factors which may cause the area-load characteristics to be non- angle the side of a wedge makes with a vertical 

linear are examined theoretically. These factors include strain- after deformation 

hardening, size of asperities, terminating levels of the asperities, semiwedge angle 

and a statistical correlation between the shape and the starting fa range of 8 of a group of wedges 

level of asperities. Results are discussed with respect to the ; mean value of z and B respectively for p(z, 8), 

work of Archard [21], Ittmer and Magill [22], and Campbell Equation (4) 

[25].3 values of xz and 8 so defined that the inflection 
points for 8 = y occur at z = +c, and 
those for z = yn at 8 = +oz, Equation (4) 

Nomenclature correlation coefficient between z and 8, 

Equation (4) 

W(P) = A — P characteristics 


A = projection of real area of contact on a plane ; ’ 
perpendicular to the normal load Dimensionless Groups 


apparent area of contact A = A/2¢,N, Sections 4 and 5 
/ contribution to A by a single wedge, Fig. 2 ; AA* AA'/2¢, 
contribution to A by a set of wedges, Fig. 13 
FCB), A (1/N’) " AA*p(zx)dz, Section 6 
; h = height of a generic wedge B = As/ 208 
= distance between the highest and the lowest F(B())}, avons 


wedge in a group is 
k yield stress in shear = K.03/ko 
mes 


1 Assistant Professor of Mechanics, Rensselaer Polytechnic Insti- : e*/o, 
tute. Assoc. Mem. ASME. P/2k(20,N), Section 4 a 


2 Numbers in brackets designate References at end of paper. - Ps P/2k(2a,N ), Section 5 (A) 
3 The author is indebted to E. Rabinowicz and W. E. Campbell for > P/2k*(20,N), Section 5 (B) re Wale’ | Aeeted 
calling his attention to the relevance of the findings of this paper to AP’ /4k 


Tne following nomenclature is used in the paper: 


some of those in the references cited. 
Contributed by the Lubrication Division and presen at the * 

Annual Meeting, New York, N. Y., December 1-6, 1957, of THe AP*p(z)dz, Section 6 
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1 Introduction 


When two solid bodies are pressed together by a force P normal 
to the contiguous surfaces, the area of actual contact depends on 
surface roughness among other factors. If the surfaces are per- 
fectly smooth, then the area of contact is the geometric contact 
area. Since all actual surfaces are full of hills and valleys, or 
asperities, the projection A on a plane perpendicular to the direc- 
tion of P of the actual area of contact is never quite as large as 
the projection of the area within the perimeter of the total contact 
domain. The latter projection is denoted by the apparent area of 
contact A,. It is well known that as P increases up to a certain 
value, say P,, A becomes independent of P. In practice P, is not 
a well defined quantity. For simplicity, however, let there be 
such a value of P, for a pair of mating surfaces under a given set 
of surrounding conditions. Now it is possible to describe two dis- 
tinct regimes of the A-P characteristics (here time effects are 
not considered; only a single loading event is considered and no 
attempt is made to consider hysteresis effects): (a) For P < P,, 
A is some function of P, or A = ¥(P); and (b) for P > P,, A = 
A, = constant. 

For P < P,, the condition encountered in many engineering 
situations, a linear relationship between A and P has been found 
to be a satisfactory approximation. In recent years, however, 
friction under loads of the order of P, is the subject of increasing 
interest. Such are the cases in metal-cutting and forming proc- 
esses [7]. Questions have been raised with regard to the validity 
of the classical laws of friction at P ~ P,. It will be shown 
briefly below that the A-P characteristics are intimately con- 
nected with the laws of friction. For this reason and others to be 
discussed later this paper will extend the studies of the A-P 
characteristics beyond what is currently in the literature. Two 
of the classical laws of friction [2] may be stated: Amontons’ 
First Law which states that the frictional resistance F is inde- 
pendent of A,—denoted in what follows by AmI; and Amontons’ 
Second Law which states that F is directly proportional to P— 
denoted by AmII. With the A-P characteristics demarcated into 
two distinct regimes, the following can be said of AmI and AmII 
in connection with some of the better recognized theories of fric- 
tion: 

A. The Interlock Theories. The classical macroscopic theory 
{1] and Feng’s plastic roughening theory [3] can be stated as 

= (h/l)P, where h is the average height of and / is the average 
distance between asperities, respectively. When these theories 
apply, it is apparent that for all values of P: Aml is valid, and 
AnlII is valid for h/] constant—this is the condition for Coulomb 
friction under the interlock theories. 

B. Ideal Case of Total Weld-Junction Theory. The weld junc- 
tion (or adhesion) theories [1], [4], and [5] are stated in various 
forms. But the qualitative description of the theory of Bowden 
and Tabor [1] can be simply stated as F = A-7 where 7 is the 
average shear strength of the welded joints. It is apparent that: 
(a) For P < P., AmI is valid; and AmII is valid if A is directly 
proportional to P—this is the condition of Coulomb’s friction 
under the ideal case of total weld-junction theory, (b) for P > P., 
neither AmI nor AmII is valid for a given apparent area. Now 
one of the reasons why the A-P characteristics play an important 
role in the quantitative understanding of friction is summarized 
below: Under conditions for which the mechanism of an interlock 
theory is operative, AmI and AmII describe frictional behavior. 
On the other hand, under conditions for which the mechanism of 
a weld-junction theory is operative, the A-P characteristics are 
necessary to describe frictional behavior. — be 


2 Statement of Problem 7 


It is the purpose of the present paper to investigate the nature 
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of the A-P characteristics for P < P,, where A = ¥(P). Since © 
¥(P) is not in general directly proportional to P in practice, for 
situations such as in metal processing where P ~ P,, the following | 
sections are devoted to illustration of some of the factors which | 
cause the departure from linearity. Only the case of semismooth 
contiguous surfaces and static loading is examined. Static 
loading refers to the case where no relative motion exists in the — 
tangential direction of the contiguous surface except that due “7 
plastic flow of asperities under compression. Under “‘kinetic”’ 
loading (i.e., the case with relative motion) the problem is far — 
more complex as A is in general also time-dependent [6]. Finnie — 
and Shaw [7] gave a phenomenological treatment of the A-P 
characteristics for kinetic loading. 


3 Method of Analysis 


Various contact problems have been solved. For smooth sur- 
faces of bodies in elastic contact there is the classical problem of — ; 
Hertz [8] and, more recently, that of Mindlin [9] among others. | 
For rigid, perfectly plastic bodies there is the problem of Hill | 
[10], for example. However, of concern here is that one of the 
contact surfaces consists of many macroscopic surface asperities. 
As these asperities are deformed to any large extent compared 

to their size, the elastic deformations are overshadowed by the i 
plastic deformations, as Ittner and Magill [22] have shown. In | 

any actual deformation process the initial deformation is arvedl 
in nature and it is known that ¥(P) is not directly proportional > 
P [1]. To acquire any semblance of the actual contact picture, 
the effects, if any, of strain hardening, size, shape of asperities, 
statistical distribution of the shapes, starting and terminating — 
positions of the asperities, and any correlation between the items _ 
mentioned, among others, must be taken into consideration [11] _ 
and [12]. Of course this presents a problem of insurmountable — 
difficulty. 

One of the surfaces in contact will be considered macroscopically 
flat and rigid [top body, Fig. 1(a)]. The other surface will be 
looked upon as one with asperities in the form of two-dimensional 
wedges [bottom body, Fig. 1(a)]. Fig. 1(6) shows more details _ 
of these wedges. Each may have a different wedge angle 8 and ~ 
starting level. All of them have the same thickness L = 1. Fur- — 
thermore the contacting surfaces are taken to be well-lubrieated. 
The last assumption of well-lubricated surfaces may be removed 
in the manner shown in Section 7. In the meantime, the iow. 


method of analy sis with finite friction would not be oa ery ‘ 
Strain-rate effects are not discussed for this static-loading prob- 
lem. Surface films are not considered. 


by a rigid, lubricated punch Fig. 2. He shows that if the punch | 
is pressed down with uniform speed, the slope @ of the deformed © 
sides remains constant. As Hill has pointed out, many of the at 
solutions to plasticity problems involving large movements in 
boundary are incorrect. To solve the problems, such as the one — 
in question, solutions of the stress and strain fields as well as the - 
strain-velocity field must be made simultaneously. 
problem, if the velocity of compression is not uniform, different: 
results will be found. Fig. 2 shows such a wedge and Hill’s re- — 
sults. (This symmetrical solution is chosen for the present con- — 
sideration. It must be noted that there exists an alternate un- — 
symmetrical solution to this problem [1] and [13].) Here & is the 
plastic yield point in shear, AP is the applied load, and AA is the 
resulting area. £8 is the semiwedge angle before compression and ~ 
a is the angle which the sides make with a vertical line after com-— 
pression. The reference level is the level of the tip of the highest 
wedge before compression in a group of wedges, z is the distance 
from the reference level to the tip of a generic wedge before com- 7 
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Fig. 1 (a) Schematic view of two surfaces in contact, (b) isometric 
view of lower surface 
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4 
Fig. 2 Hill’s wedge and solutions to wedge problem mL 


pression, and y is the distance to the top of the deformed surface 
of the same wedge. The term y,, is the maximum value of y for 
which Hilil’s solution holds, that is, the point where the material 
of a given wedge is on the verge of mingling with those of its 
neighbors at C and D, and h is the height of a generic wedge. 
It is seen that for a wedge made of rigid, perfectly plastic material 
under static compression AA/AP is constant. In other terms, the 
area of contact AA is directly proportional to the yield load AP. 
In what follows it is proposed to illustrate some of the reasons 
why ¥(P) is not directly proportional to P by considering: (a) 
Statistically the properties of a large number of wedges which 
constitute one of the surfaces in question; (b) that all the wedges 
are made of rigid, perfectly plastic material but do not necessarily 
have the same yield point; and (c) the statistical correlations be- 
tween the properties of the wedges. 

Consider a large number N (so that discrete statistical dis- 
tributions may be approximated by continuous ones) of wedges 
for which 8, < 8 < 8; + A and the starting points areO < x < 
Ah < ym, where §; is the smallest value of 8 of the group and Ah 


is the difference between the level of the highest tip and the low- 
est tip of wedges in the group. Designate the distribution of the 
wedges by the probability function p(z, 8). In Fig. 2 for a wedge 
of unit thickness, AA represents the contact area. The elemen- 
tary contribution of area from wedges starting between z and 
(xz + dz), and having initial angles between 8 and (8 + df) is 


(y —2)p(z, 8) dzd8 
Since AP is the yield load for one wedge, the elementary con- L 
tribution of P corresponding to dA is 


dP = APp(z, B)drd8 = 2(1 + a)kdA (2) 
Given p(z, 8), A(y) and P(y) can be obtained by integrating 
Equations (1) and (2) : 


y = 
@) 
Pty) Bi 0 dP 
If p(z, 8) is of the form p(z, 8) = pi(z)p2(8), it may be seen 
that Equation (3) in conjunction with Equations (1) and — 
(2) will yield two parametric equations A(y) and P(y) for which 
A(y)/P(y) = constant. In other terms, if there is no statistical = 
correlation between the respective distributions of z and 8, what- _ 
ever form they make take, the A-P characteristics will be linear. 7 
Here, of course, the case of k = constant is meant. 


4 Effects of Statistical Correlation Between Starting Levels and . 
Wedge Angles 


Now, assume k = constant and a statistical correlation between 
starting levels and wedge angles for a large number of N wedges. 
It seems reasonable to assume that the wedge angles are normally 
distributed. Measurements of actual area as a function of dis- 
tance perpendicular to the plane of the surface by Abbott and 
Firestone [14] suggest a normal distribution in the direction cor- 
responding to the z-direction in the present notation. As an ex- 
ample consider a bivariate normal-distribution function with a 
correlation coefficient p between z and 6 [15] 


N 
(4) 


— 


0,08 


p(z, 8B) = 


wt = mean value of z; y mean value of 8; o, and ag are so de- 
fined that the inflection points for 8 = y occur at r = +o, and 
those forz = pat = 

In order that such a bivariate function may be used for a finite 
z — B domain, let o, and ag be so selected in relation to Ah and 


Ah 
f p(x, B)drdB 
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~ f p(2’, = N (5) 


Since there is a one-to-one correspondence between a@ and £, de- lt i 
fine 
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and P (see 


F(8) and G(8) = (1 + a) 
By introducing dimensionless forms of z, y, 8, 
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nomenclature) Equations (3) and (4) become bad 
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Let 0, = Ah/4 and og = A®/4; Equation (5) is satisfied. 
Consider arbitrarily 8, = 30 deg and A8 = 50 deg (remembering 
Hill’s solution is good only for 8 > 26.6 deg or a > O deg; and of 
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Fig. 4 Schematic diagram for estimating 7,, 
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course 8 = 7/2 means flat surfaces which are not to be considered 
in this analysis). Fig. 3 shows f(@) and g(@) for —8 < 0 < 6 
where 8 = AG/2e0g = 2. The case of Y < 7 means that the 
depths of the wedge with the largest 8, which started at the high- 
est level, must be Ah. This does not seem realistic. If the 
depth of the wedge with the largest 8 ~ Ah, y,, would be only a 
fraction of Ah, see Fig. 4. Integration of Equations (6), see 
reference [16], yields two parametric Equations A(n) and P(n) 
from which A is plotted against P in Fig. 5. Curves I and II 
represent the envelopes for all values of p. It is seen that there 
is some nonlinearity of the A-P characteristics due to the interac- 
tion of nand @. It may be noted that p > 0 means there are more 
small angle wedges than large angle wedges at & < 0 and the re- 
verse is true for & > 0. The signifiance of p < 0 is just the 
reverse of p > 0. 


5 Effects due to the Influence of Position, Starting Level, and 
Angle of Wedges on the Yield Stress 


Suppose k is a function of z, y, and 8, or in particular k = k(y — 


_ 


Fig.6 A wedge of 8 = 26.6 deg and rigid, perfectly plastic material 


(a) before and (b) after compression 
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Fig. 5 Plots of A versus P showing effects of statistical correlation 


between starting level of wedges and wedge angles 


Fig. 7 A wedge of 8 = 67.6 deg and rigid, perfectly 


plastic material (a) before and (b) after compression 
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z, 8), then Equation (3), in conjunction with Equations (1) and 
(2), would show that A(y) and P(y) are not in direct proportion 
to each other in general. The notion that & is a function of z, y, 
and 8 may be justifiable in the following way: (a) For actual ma- 
terials which strain-harden, Hill’s solution naturally is not ap- 
plicable. In view of the fact that a simulated actual surface con- 
sists of a large number of wedges distributed in manners only 
tractable statistically and, as these wedges are deformed by a 
plane, various parts of a generic wedge would be strained to 
various degrees. Let each wedge be made of rigid, perfectly 
plastic material but let each take on a distinct value of k which 
may represent some average value. Referring to Fig. 2, (y — 2) 
represents the total vertical deformation of a generic wedge. 
Since for an actual material which strain-hardens, where the 
larger the total deformation the larger is the shear-strain in 
general, it may be expected that k increases with increasing (y — 2). 
On the other hand, Figs. 6 and 7 show respectively a small-angle 
and a large-angle wedge before and after deformation for rigid, 
perfectly-plastic material. It may be seen that, on the average, 
the shear strain is greater for the smaller value of 8. Therefore it 
may be expected that k decreases with increasing 8. (b) Shaw 
and Finnie [11] and Morrison [12] studied the effect of specimen 
size on k. It was found that for small sizes, within certain limits 
at least, k decreases with increases of specimen size (cross-sec- 
tional area perpendicular to load direction). Since (y — z) tan 8 
measures the average cross-section area of a generic wedge com- 
pressed to the level y, it may be expected that k decreases with 
increases in both (y-r) and 8. Two examples will be used to il- 
lustrate what may be the effects of each of the factors—pseudo 
effects of strain-hardening as outlined in (A) and pseudo effects of 
size as outlined in (B). 


A. Psuedo Effects of Strain-Hardening 


In the first approximation, let the shear strain be linearly re- 
lated to (y — x) and 8, and since the effect of shear strain on yield 
stress k is linear in many instances [17], it may be expected that 


k + Kify — — K28 (7) 


Assume that p(z, 8) = p:(x)p2(8) where both p; and p2 are normal 
distribution functions, that is, Equation (4), with p = 0. Using 
the dimensionless quantities for Equation (6), (7) may be written 
as 


k = ko[l + Ka(n — &) + + 4.4)] (8) 


where Ky = K,o,/ko and Ky = K.og/ko. For a maximum of 25 
per cent pseudo strain-hardening due to changes in (y — &) alone, 
K; would be of the order of 3/8. On the other hand, allowing a 
maximum of 25 per cent pseudo strain-hardening due to changes 
in 7 — ~ alone, K, would be of the order of 1/20. Fig. 8 shows A 
versus Po, from equations similar to (6) considering variations in 
k by Equation (8), for some selected values of Ky and Ky, Py) = 
P/2ko(20,N) . 


B. Pseudo Effects of Size 


Shaw [18] derived an expression for k taking into account the 
effect of size 


k =k* + K;/t (9) 


where k* is the bulk yield stress, K; is a constant, and ¢ is a linear 
measurement of size. In the present problem let ¢ be the average 
size (width of the cross-sectional area) between z and y ort = 
(y — xz) tan 8. Itis clear that size from some finite value down to 
zero is of interest and Equation (8) yields an infinite value at t = 
0. Therefore the equation needs to be modified. An examination 
of Fig. 9 (Fig. 4 of reference [18]) suggests that 


Fig. 8 Plots of ~ 
hardening 
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Fig. 9 Log-log piot of variation of shear stress k in cutting with 
depth of cut ¢ for SAE 1112 steel (reference [18)) 


k = k* + ke/(e* +0) (10) 


would serve as a suitable empirical fit to the data including that 
for ¢ small. Apparently for e* small, the main features of Equa- 
tion (9) are retained on the one hand, while enabling the extrapo- 
lation to zero ¢t to be made on the other. Letting t = (y — z) 
tan 6 and changing y and z to dimensionless quantities as before 


K, 

e+ (n — &) tan 8 
where K; = K,/o,k* ande = e*/o,. For SAE 1112steel, for in- 
stance, from Fig. 9 it may be estimated that K,/e = 36 and ec, = 
2.22 X 10-*in. In other terms, given a material, the relation be- 
tween K; and €¢ is fixed; and, given a value of ¢,, which is a 
measure of the depth of the wedges, K; and € may be determined. 
Fig. 10 shows A versus P* from equations similar to Equation 
(6), considering the variations in k by Equation (11) for some 
selected values of o, and for SAE 1112 steel, P *= P/2k*(20,N). 


6 Effects of Terminating Levels of Wedges 


Although the problem, in general, defies any rigorous treat- 
ment, a simple example shown below may serve to illustrate the 
effect of terminating levels of asperities on the A-P character-_ 
istics. 

Admit a set of wedges made of rigid, perfectly plastic material 
(described in Fig. 2), which are connected together as shown in =) 
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Fig. 10 Plots of A versus P* showing pseudo effects of size 


Fig. 11(a). Only half of the set is shown in this figure. Group I 
contains two wedges and Group II contains three wedges. Fur- 
thermore restrict the wedge angles to 8 = 26.6 deg for all mem- 
bers of the set. Now as these wedges are compressed by a rigid 
body (represented by a line with shades on one side) the sides of 
the deformed shapes will be straight (Hill’s solution), and when 
y = 1/, the wedges in Group II fuse together. If AP’ represents 
the total yield load for the set and AA’ the corresponding area for 
these wedges with unit thickness (using Hill’s solution in Fig. 2) 
and letting AA* = AA’/2 and AP* = AP’/4k 

AA* = AP* = 5y for O<y< ; (12) 
For y > '/2, Hill’s solution still applies to Group I but the yield 
condition for Group II would be different. Let APi* denote the 
load for Group I to yield at y = 1/2 and AA;* the corresponding 
area, then AAi* = APi* = 2y = 1. For Group II the condi- 
tion of incipient flow must be examined. Fig. 11(6) shows the 
slip-line field for the configuration shown. Let APi:* denote the 
load for Group II at incipient flow, and AA1* the corresponding 
area, then obviously AAn* = 3/2. APi:* consists of two parts: 
Over the distance ab the yield pressure is 2k, and over the dis- 
tance be, the pressure is 2k (1 + 8) according to Hencky’s 
Theorem [19]. Therefore APi1* = '/2(1) + (1)(1 + 8) = 1.97 
for 8 = 26.6 deg. From the definition of AA* and AP*, 


AA* = 2.5 


AP* = 2.97 


\ for incipient flow at y = 1/2 (13) 
What follows for y > 1/2 is a complex question. Define Z such 
that the new position of Group I is ljpr of Fig. 11(c) (if there is no 
interaction with Group II) and that area acfd = areajadgp. Z is 
found to be 5/6, if the position of Ir is substantially unchanged 
from its ideal position (i.e., if there is no interaction with Group 
II). Then AA* = z+ 3 aty = 5/6. Imagine rs extends suf- 
ficiently long as shown in Fig. 11(d)._ The condition for incipient 
flow for this configuration may be taken as a lower limit of the 
yield load for the case where rs is very short. Similar to the case 
of Fig. 11(6), the yield load may be calculated 


AA* = 3.83 
AP* = 5.24 


(14) 


\ for incipient flow at y = 5/6 


Fig. 12(a) shows the following: Line 0-1 represents Equation 
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Fig.11 (a) A special set of wedges; (b) slip-line field for Group II for 
incipient flow aty = 1/2; (c) simplified condition of the set aty = 
5/6; and (d) slip-line field for the set for incipient flow at y = 5/6 


(12) with the parameter y eliminated. Line 1-2 represents the 
condition shown by Equation (13). Point 3 represents the con- 
dition shown by Equation (14). Figs. 12(b and c) represent, 
respectively, AP*(y) and AA*(y) versus y with the dotted por- 
tions filled arbitrarily. For the shapes shown, admit a large 
number N’ groups of wedges of the kind just shown, each starting 
at different level z. For simplicity, let the distribution of these 
groups p(x) be constant. Denote , 


A® § AA*yy, 2) 

Fig. 13 shows A®° versus P® [from A® (y) and P® (y) with the 
parameter y eliminated]. It is not possible to extend the curve 
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‘g. 12 (@) AA* versus AP* for a special set of wedges; (b) 
versusy; and (c) AA* versus y 
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Fig. 13 Plot of A® versus P® showing effects of terminating level 
of wedges 


to larger P since knowledge of AA* and AP* for y > 5/6 is want- 
ing. 
of the A-P characteristics due to the fact that the wedges do not 
terminate at the same level. 8 as 


Nevertheless the curve does show substantial nonlinearity 


7 Generalization of Hill’s Problems 


| 
It can be shown that the slip-line field of Hill’s problem with 
finite friction is, in the manner of Lee [20], as shown in Fig. 14. 
If the co- 
efficient of friction is u and the corresponding frictional resistance 
per unit area is 7, then it is easily shown that Tr. = k cos (;, and 


ships exist: 


Here again, only the symmetrical solution is shown. 


— 0+ a. Define = 72/k. The following relation- 


= [1 + (sin a)(1 + S,)'/]2/(cos a@)(1 + 


[2 + (sin + S,)'/2 
AA Lt inal 
“(eos a) (1 + 


=k (: + — S; + (1 — + 22) AA (15) 


tan 


AP 


where 0 < S, < 1 and cos 8, refers to the principal value only. 
When S, = 0, the set reduces to Hill’s solution in Fig. 2. The 
sections mentioned can be treated very much the same way for 


the general set of Equation (15), 
> q 


Fig. 14 Flattening a wedge with finite friction at interface 


8 Discussions and Conclusions 


An ideal case of “semismooth’’ contiguous surfaces under 
static loading has been studied for the contact area A and the 
yield load P. In particular the reasons why the A-P character- 
istics may not be linear were examined. It is customary in the 
friction literature to express the A-P characteristics as A = P¢ 
for qualitative discussion. For elastic contact, ideally g = 2/3, 
see for instance [1], [8], [21], and [22]. However, for loads above 
approximately 10 grams, plastic deformation takes over [22]. 
Therefore for the present discussion for loads up to P,, the de- 
formation is predominately plastic in nature, and under this con- 
dition q is often considered as unity [1], [4], [6], [21], and [22]. 
As P increases to the order of P,, as in the metal-cutting situation 
where there may be load of the order of a hundred pounds over a 
small area, the departure from unity of g is very pronounced; 
this departure could not be the result of elastic deformation. The 
following may be said in the light of the present study: 


1 In the case where the mechanism of a weld-junction is 
operative, Amontons’ Second Law is not necessarily valid and the 
A-P characteristics are necessary to describe frictional behavior. 
Whenever the A-P characteristics deviate from a linear relation- 
ship Amontons’ Second Law fails to be valid. 

2 Archard [21] calculated the A-P relationship for a set of 
idealized asperities for both the elastic case (starting from Hertz’s 
solution g = 2/3) and the plastic case (starting from the perfect 
plastic solution of gq = 1). In each case one of the bodies was 
considered flat and rigid, and the other with macroscopic asperities 
in the form of hemispheres. They were considered uniformly dis- 
tributed in starting level. For the plastic case, he found that q 
remained unity when a group cf hemispheres, distributed as de- 
scribed above, was loaded. Equation (3) in conjunction with (1) 
and (2) shows this in a generalized way: That is g = 1 for the 
plastic case if k = constant, there being no interactions between 
the individual asperities, no matter what form of distribution the 
starting levels may take. This is true even if the wedges (spheres) 
are allowed to have varying angles (radii). However, if there is 
any statistical correlation between the starting-level distributions 
and the wedge-angle (radius of hemisphere) distribution, the 
situation will be different, see Fig. 5. For a negative-correlation 
coefficient or p < 0 (more large-angled wedges near the surface) 
q > 1, and for a positive-correlation coefficient or p > 0 (more 
small-angled wedges near the surface) g < 1. 

3 Bowden and Tabor [1] among others have shown that 
strain-hardening would cause q¢ to be less than unity. For their 
particular problem q = 4/5. Fig. 8 shows that strain-hardening 
does tend to make gq = 1. However, if a set of asperities dis- 
tributed in wedge angles and starting levels is considered, strain- 
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hardening does not necessarily show a decrease of g from unity; 
the reason is that two opposing effects exist. It must be noted 
that in plastic theory the basic property of material is the yield 
stress in shear, k, which is used in this study. In Chapter I of 
Bowden and Tabor [1] yield pressure p,, is defined as P/A. 
Therefore, to check the results of the present study with that of 
the experiment (Fig. 7 of reference [1]) on the effect of strain- 
hardening, the following must be done: Corresponding to the 
experimental conditions, K, of Equation (7) would be zero; and 
it can be shown that AA ~ (y — x) and AP ~ (y — x)™ where 
m > 1, whence p,, ~ AP/AA ~ (y — x)™~—'. This means that 
Pm increases with (y — z) which is a measure of strain; this agrees 
with the experimental data in question. To check the experi- 
mental data of Fig. 8 of reference [1], which states that p,, in- 
creases with semiwedge angle, refer to Fig. 2. p,,~ AP/AA = 
2k(1 + a); here it must be recalled that @ is related to 8, say, 
a@ = a(8). Now consider the change in k due to changes in 8 
alone, Equation (7) with K,; = 0: p,, = 2ko(1 — K28)[1 + a(@)]. 
a(B) is known and it can be shown that where KX: is plausibly 
large, p,, still increases with 8. 

4 The size considered here refers to the size of asperities under 
static compression. As Archard [21] has so well put it: “There is 
little direct evidence on which to base any estimate of the sizes and 
distribution of the individual areas. . .’’, The work of Rabinowicz 
[23] shows a way to estimate the size from the size of the detached 
fragments. Unfortunately, it would be difficult to estimate the 
size and distribution of all the small contributing areas under 
load. In this analysis, size distribution at a given load is prede- 
termined once the distribution of wedges is set. The effect of size 
on the yield stress in shear due to dislocations in metal is con- 
sidered by Shaw and Finnie [11]. Fig. 10 shows that this size 
effect may cause q to be greater than 1. The extent depends on 
the range of sizes under consideration, and the material, among 
other factors. 

5 Now, if interactions of neighboring asperities are considered, 
Fig. 13 shows gq < 1. It may be noted that in constructing the 
plot a uniform distribution of starting levels is assumed, the same 
as Archard had used. For low loads, say P® < 2 (that is, before 
interaction takes place) g = 1 as Archard has found. As P® in- 
creases, the departure from q = 1 is quite pronounced. Again this 
analysis generalizes the conclusions of Archard’s problem. 

6 Surface film has not been considered. The extent of its effects 
on the A-P characteristics is not clearly known. Let the experi- 
mental contact-resistance yield-load relationship be expressed em- 
pirically as R = RoP~’, then r may be approximately ascertained 
from a set of data. R is the sum of R,, the film resistance, and F., 
the constriction resistance. Referring to references [4] and [22], 
R may be ideally expressed as R = R, + R, = aA~! + bA nae, 
Let an actual A-P relationship be of the form A = P2, where q 
may be found from a given set of data. Thus # can be written as 
R = C,P-7+ C,P-v? = RP. The following can be said: 
(a) When film resistance predominates, g = r; (b) where con- 

striction resistance predominates, gq = 2r. According to Ittner 
and M: agill [22], who tested four noble metals in vacuum (films 
about 2 A thick), r ~ 1 for 0.1 < P < 1 gram andr & 1/2 for 
10? < P < 10° grams. In the light of the foregoing, these experi- 
mental findings may be interpreted thus: If case (a) is valid, then 
q 1 for 0.1 < P < 1 gram and q ~ 1/2 for 10? < P < 105 
grams. On the other hand, according to Campbell [24] and [25], 
who tested non-noble metals cleaned by abrasion (films about 
504 thick), r>>1 for 1 < P < 10 grams andr ~ 0.2 for 50 < P 
< 150 grams. Thus if case (a) is valid, gq >1for1 < P < 10 
grams and g ~ 0.2 for 50 < P < 150 grams. 

It may be that the existence of films complicates the A-P 
characteristics. The exact nature of this problem needs further 
investigations. It is quite possible, however, that size effect of 
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Section 5 (B) may play an important role. Fig. 10 shows that, 
for small loads, g may be but is not necessarily >>1. Any com- 
parison of the two sets of experiments cited would be dif- 
ficult, since P, for these cases is not known. The range of loads 
where g < 1 may be ~P, in the respective cases. If this can be 
definitely established to be wrong, then film effects would seem to 
be a more plausible explanation. 

7 From the studies of the various effects independently, Sec- 
tions 4, 5 (A), 5 (B), and 6, it is seen that g = 1 is possible not 
only for a perfectly plastic material, but also for a combination of 
effects which may be mutually compensating. 
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Transition From Laminar to Turbulent Shear 


Flow —A Review ot Some Recent Advances — 


in Its Understanding 


By M. V. MORKOVIN,? BALTIMORE, MD. 


Recent experimental studies of transition from laminar to 
turbulent shear flows are reviewed. Certain common features 
are emphasized and related to the stability theories of viscous 
shear layers. The three-dimensional character, the unsteadi- 
ness, and the nonlinear and random behavior of the latter stages 
of the transition process are also examined. 


Introduction ‘ 


LIKE many other continuous systema, a shear layer is capable of 
“natural oscillations’ around its mean state. If the mean-ve- 
locity profile has an inflection point such a disturbance can absorb 
energy from the mean flow even for an inviscid flow. (This is the 
main reason for the low stability of free shear layers separated 
from solid boundaries.) Viscosity of the fluid tends to dissipate 
any excited oscillations, but it also changes their phase across the 
layer, the y-direction. Fora given frequency of oscillations, there 
may exist a Reynolds-number range in which this phase shift is 
such that the undulating motion absorbs energy from the mean 
motion over a portion of the width of the layer even if the 
mean profile U'(y) has no point of inflection. As a matter of 
fact the rate of this energy input may be greater than the rate of 
viscous-energy dissipation in the whole layer so that the ‘‘dis- 
turbance’ may actually amplify = laminar instability in 
presence of viscosity. 

Approximate calculations of the oscillatory motion are feasible 
by linearizing the governing equations. Those solutions of the 
resulting (so-called Orr-Sommerfeld) equations which have wave 
fronts and vorticity perpendicular to the mean fiow velocity U, 


bauer-Skramstad [6] and Liepmann [7] forced a laminar boundary 
layer to oscillate by vibrating a thin magnetic ribbon immersed in 
the layer confirming the hitherto purely theoretical concepts of 
T-S waves and Re.r. However, transition to turbulence is gen- 
erally found to occur at Reynolds numbers much greater than 
critical. Thus the problem of calculating the stabiljty of a shear 
layer and the problem of understanding and predicting how the 
actual transition is born are distinct problems. Furthermore, 
most flows such as those in the presence of high free-stream dis- 
turbances do not appear to pass through regular oscillation states 
before transition. The transition process might not be unique. 

More recently it has been observed that in boundary layers 
(with the possible exception of those with sharp uniform adverse- 
pressure gradients) transition at any given time does not occur at 
the same z across the span but rather has a three-dimensional 
and unsteady character. Charters [16] found that, behind a 
stronger fixed local disturbance, tongues of turbulent flow appear, 
contaminating the adjacent laminar flow laterally at a near-con- 
stant angle as shown in Figs. 1 and 3. In 1950 Emmons [1] ob- 
served that the disturbance which triggers transition may also be 
“local in time.’’ Once initiated, a small turbulent spot moves 
downstream and grows steadily in all directions, sweeping out a 
tonguelike wedge with time. Typical cross-sections and growth of 
Emmons’ spots as studied by Schubauer-Klebanoff [3], with a 
hot-wire anemometer are shown in Fig. 2. In Fig. 4, shadow 
photography contrasts several turbulent spots and adjacent 
laminar patches at supersonic speeds, the contrast being due to 
the higher temperature and finer structure (spectrum) of the 
turbulent regions. 


the z-direction, are known as the Tollmien-Schlichting waves. 
Actually, oscillations may have wave fronts and vorticity oriented 
at angles other than 90 deg to U. A theorem by Squire [20] 
states that at incompressible speeds a skew wave is always more 
stable ‘than the corresponding T-S wave. Waves in which vor- 
ticity is oriented along the streamline, that is in the z-direction 
are known as Gértler waves. Theoretically these can amplify in 


It would seem that each time we begin to grasp a set of con- 
cepts consistent with the growth of disturbances in shear layers 
all the way to the fully turbulent flow, some new experimental 
observations contradict our earlier conceptual picture. The areas 
of agreement will be clarified and the areas where understanding 
is still lacking will be underscored. 

Distinction Between Laminar and Turbulent Shear Flows. A 


A 


sufficiently concave shear flows [43]. 


The Transition Process 


The lowest Reynolds number at which a shear layer can sus- 
tain and amplify an “‘infinitesimal’’ Tollmien-Schlichting wave is 
termed the critical Reynolds number Reer. In the forties Schu- 
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working distinction between laminar and turbulent shear flows 
follows. A shear flow may be highly randomly agitated and yet 
retain laminar behavior. The boundary layer near the leading 
edge of a flat plate which is placed in a free stream of high turbu- 
lence is an example. The main distinguishing feature is that in 
the laminar layer the unsteadiness and vorticity of a lump of 
fluid decay with time during its travel, that is, the unsteadiness 
does not feed on the energy of the mean shear motion. Even 
when there is energy transfer as in the Tollmien-Schlichting 
waves, the motion remains laminar until the characteristic turbu- 
lent transfer of energy down the hierarchy of three-dimensional 
‘““eddies’’ is established. The spectrum in a turbulent shear layer 
is then three-dimensional and includes significant fluctuations on 
a scale as much as hundreds and thousands of times smaller 
than its own characteristic length—say the thickness of the 
layer. 

In terms of these concepts, the recent experimental evidence 
strongly suggests that at any instant there is a remarkably sharp 
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Fig. 1 Turbulence wedge produced by a three-dimensional roughness. Time traces as sensed by a hot-wire anemometer. 
Reproduced from Fig. 5 of NACA tech. rep. no. 1289 by G. B. Schubauer and P. S. Klebanoff. 
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Fig. 4 Shadowgraph of turbulent spots in supersonic flight. Reproduced from Fig. 3(f) of NACA TN 3342 by 


J. R. Jedlicka, M. E. Wilkins, and A. Seiff. 


‘line’ of demarcation between shear flows which are locally 
laminar and those which are turbulent according to Emmons 
[1], Mitchner [2], Schubauer-Klebanoff [3], Charters [16], and 
others. Of course, instruments with slower time resolution such 
as pitot tubes are unable to sense the demarcation, and their 
signals correspond to special averaging and smoothing of the in- 
stantaneous features of the flow. This explains why the demarca- 
tion was discovered only about ten years ago and why there still is 
so much confusion about the ‘‘transition region’’ or “‘transition 
state.”’ 

The Transition Region 

We are now quite certain that the transition region is composed 
of Emmons type turbulent spots growing steadily in size as they 
are transported downstream. Rotta [4] and Lindgren [5] have 
demonstrated that the spots which Emmons, Mitchner, Schu- 
bauer, and Klebanoff studied in boundary layers, have their 
counterpart in “turbulent slugs’’ in Reynolds’ transition phe- 
nomenon inside pipes. In the transition region these growing re- 
gions of turbulence are sandwiched in between more or less dis- 
turbed‘ laminar regions. The sharpness of the demarcation gives 
rise to various intermittency features, which may differ depending 
upon location of the measuring instrument. There are several 
aspects of this that are not understood well. 

‘It is interesting to note that Schubauer and Skramstad [6] as well 
as Liepmann [7] observed relatively large and increasing lateral fluc- 
tuations, w’, upstream of actual turbulent bursts in 1943-1945. 
However, the then startling presence of the more regular two-dimen- 
sional fluctuations identifiable as the theoretically predicted Tollmien- 
Schlichting amplified waves had drawn the attention away from the 


three-dimensional aspect of the problem. Only recently the three- 
dimensionality has again been recognized as an important feature. 


Initiation of Turbulent Spots 


First, the mechanism of the initiation of the turbulent spots 


remains unknown. The linearized boundary-layer stability 
theory which predicts well the early amplification of two-dimen- 
sional disturbances cannot, of course, be expected to clear up the 
matter. Using a second-order approximation, J. T. Stuart [8] 
concluded recently that for two-dimensional flows and disturb- 
ances the amplification tends to be self-limiting, that is, would 
not necessarily bring about a “‘catastrophy’’ usually interpreted 
as turbulence. In presence of Tollmien-Schlichting waves stream- 
lines acquire curvature. Gértler [9] conjectured that secondary, 
so-called Gértler vortexes, are likely to grow in the (moving!) 
regions of concave streamline curvature. These correspond to 
regular vorticity disturbances aligned along the streamlines. 
Since they have no turbulent features in themselves, the question 
of ultimate breakdown into turbulence would still remain un- 
resolved. Experimentally, Schubauer and Klebanoff [37] were 
able to force the levels of their nearly two-dimensional fluctua- 
tions u’ with the magnetic ribbon to some 1.5 per cent of free- 
stream velocity U, before nonlinearity set in and distorted the 
mean-velocity laminar Blasius profile. At u’/U» of 7.5 per cent 
or so, more violent disturbances with smaller scale appeared to 
set in near the middle of the thickness of the shear layer. And 
shortly thereafter the energy of the disturbance spread across 
the spectrum, with sharp local peaks at first. 

To what extent the remnants of initial three-dimensionality 
did influence these carefully nurtured two-dimensional disturb- 
ances of Schubauer-Klebanoff [37] is not clear. However, they 
found that the amplitude of the amplified oscillations varied in a 
semiregular fashion across the span z, yielding ‘‘peaks’’ and 
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‘“‘valleys’’ of excitation. 


Concomitantly, there were present 
growing regular w fluctuations of the same frequency as the u — v 


Tollmien-Schlichting waves. (The wave fronts remained per- 
pendicular to the stream direction z.) The measured lateral con- 
vective energy-transfer terms wu? indicate that these peaks of 
higher oscillation are fed, at least in part, by the fluctuations in 
the neighboring valleys. 
“eb : Many investigators feel that three-dimensionality, however 
‘small, must lead to small loops in originally straight vortex lines 
_of the steady mean and/or the unsteady regular two-dimensional 
_ velocity distributions. These loops would inevitably stretch into 
_ longer and longer loops by the differences in mean velocity at 
- different heights of the shear layer, thus increasing w’ fluctuations 
_as remarked in an earlier footnote. From motion pictures of arti- 
- ficially introduced vortex lines by Hama and co-workers [10], 
_ Weske [11], Webb and Harrington [12] it seems that, as a conse- 
quence of the stretching of a vortex line and of its contorted 
geometry, the vorticity and associated velocity may build up 
locally to such magnitudes that a local instability, often described 
as a turbulent “burst’’ or “puff’’ results. It is not clear at this 
stage whether the lateral transfer of energy due to vortex stretch- 
ing and the one observed by Schubauer-Klebanoff [37] describe 
the same effect. 

Turbulent Bursts and Spots. Whatever the mechanism—which 
need not have unique features—turbulence is born rather sud- 
_ denly and violently. In the early stages, the fluctuation levels, 


high. The growing turbulent regions, however, soon® assume the 
features of fully turbulent shear flows, as one would expect when 
_ the dimensions of the spot or slug are sufficiently large with respect 
to the thickness of the shear layer (Schubauer and Klebanoff [3], 
-Rotta [4]). The turbulence in these spots is then regenerative 
and feeds on the energy of the mean shear flow. The correspond- 
- ing dominant transfer processes responsible for local skin friction, 
heat transfer, and temperature recovery, appear to be character- 
istic of turbulent layers. Without such rege any local 


7 Rate of Growth of Turbulent Spots. Another as-yet-unexplained 
feature of the transition region is the rate of growth of the turbu- 
lent spots. This rate is much faster than that with which turbu- 
lent regions “eat into’ laminar surroundings in the absence of a 
_~pre-existant laminar shear. The latter was assessed by Corrsin 
and Kistler [14] and Townsend [15]. The presence of the ordered 
vorticity in the laminar layer is apparently essential, though not 
sufficient as will be discussed later. The Schubauer-Klebanoff 
[3] studies of isolated turbulent spots growing in time linked the 
temporal rate of growth with the lateral rate of propagation 
downstream of a fixed strong disturbance. This phenomenon 
had been known as transverse or lateral contamination since its 
discovery by Charters [16] in 1942. At low subsonic speeds, the 
angle of propagation (as well as the temporal growth) appear to be 
constant, 8.5 to 11.5 deg (see Figs. 1 and 2), despite the fact that 
the laminar layer is getting increasingly more unstable with dis- 
- tance downstream. At supersonic speeds the angle of the turbulent 
wedges is much narrower, 5 to 7 deg, and often appears to increase 
slowly with distance downstream, Korkegi [17], Morkovin [18]. 
The very existence of the wedges would seem to call for criteria 
of breakdown based on finiteness of the required disturbance or on 
finiteness of time needed for build-up to breakdown, after dis- 
turbance is first felt. 
: There are similar questions with respect to the temporal rate of 
growth of turbulent spots in boundary layers and turbulent slugs 


P * At very high speeds there may not always be enough time to 
reach this asymptotic condition. 
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inside pipes. Of special interest are the “‘surfaces of contact’’ 
between the laminar and turbulent regions which are displayed in 
time as they pass over a stationary hot wire. While in transverse 
contamination only the downstream edge is observed, Schubauer 
and Klebanoff [3] also mapped out the conditions at the leading 
edge and side edges of the moving turbulent spot to some extent, 
Fig. 2. They also discovered extraordinarily undisturbed, calmed 
regions, which follow the turbulent spot as this latter is blown 
downstream. Further study of these ‘‘contact surfaces’’ should 
throw light on the propagation of already initiated turbulence into 
laminar shear layers, and not so much on the initiation itself. 

Critical Reynolds Number. Schubauer and Klebanoff [3] 
generated their artificial turbulent spots by spark discharge in the 
boundary layer. The sparks were always strong enough to create 
turbulence locally, no matter what the Reynolds number. How- 
ever, there was no propagation of this turbulence into the sur- 
rounding laminar shear layer until the Reynolds number ex- 
ceeded the critical minimum for amplification of Tollmien- 
Schlichting waves, and thereafter the propagation was at the 
constant rate discussed earlier. There are similar indications of 
the inability of strong three-dimensional disturbances to initiate 
transverse contamination below Ree, for example, Schubauer- 
Klebanoff-Tidstrom [19] for spherical obstacles or roughness. If 
these observations of a link between sustained transverse con- 
tamination and Reer were general, two possible implications are 
worthy of note. First Re.r corresponds to a theory of infinitesimal 
disturbances while the above disturbances are strong. Hence it 
would appear that the stability limits are only weak functions 
of the amplitude of even finite disturbances.* Second, Reer 
corresponds to two-dimensional Tollmien-Schlichting waves, 
whereas these disturbances are three-dimensional. Of course 
Squire’s theorem [20] tells us that oblique waves have a higher 
Reer, at least at “incompressible’’ speeds. If one can generalize 
from the studies of two-dimensional channels by Haupt [44] and 
Grohne [45], one can decompose any “‘infinitesimal’’ three-di- 
mensional disturbance into its Fourier components and modes in 
the plane of the layer, and study their stability and amplification 
separately. This aspect of the infinitesimal theory would then 
also appear to be sustained for these relatively strong disturb- 
ances. 


Effects of Disturbances 


A word of caution with respect to the assessment of the effects 
of disturbances is in order. If the disturbance modifies the 
existent boundary layer over a sufficiently large area or period of 
time, one may encounter the instability of the modified flow, 
rather than that of the original boundary layer. This is the case 
for the so-called single (two-dimensional) roughness elements. 
The flow over the obstacle separates and forms a new free shear 
layer. Free shear layers are an order of magnitude more un- 
stable’ than attached shear layers (Lin [22], Lessen [23], Sato 
[24]). Hence the turbulence observed behind most such ob- 
stacles sets in very early, but is, at first, characteristic of the free 
shear layer or wake.* If this occurs below Reer of the neighbor- 
ing undisturbed laminar layer, there should be no transverse 
propagation from this turbulent patch in the strict sense used in 


* According to the findings of Leite and Kuethe [21], the situation 
may be different for flows in pipes at low Reynolds numbers. The in- 
dications were that below a given finite strength the disturbance de- 
cayed, while it grew for higher strengths. However, Lindgren [5] 
states that the experimental Re,, and the growth or damping rate of 
turbulent spots in pipe flow are independent of the strength of dis- 
turbances, in agreement with the boundary-layer findings. 

7 At supersonic speeds both theory (Lin [22]) and experiment 
(Chapman [25]) indicate that the stability of a separated shear layer 
increases rapidly with Mach number. 

8 At low supersonic speeds separation and transition are often caused 


by incident, even rather weak, shock waves. 
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this review. Early transition behind such two-dimensional 
obstacles appears to be governed by the ratio of the height of the 
obstacle to the displacement thickness of the undisturbed 
boundary layer at the given station, and to a lesser extent by the 
Reynolds number that would exist in the layer at the height of the 
obstacle Re, (Dryden [26], Tani [27]; at high speeds, Van 
Driest [28], Luther [29], Brinich [36]; see also Dryden [B}). 

Three-dimensional roughness, of course, need not initiate tur- 
bulence right at Recr, or at its own location if placed downstream 
of Recr. Satisfactory correlation of the strength of the disturb- 
ance vis-a-vis the stability of the layer can be made on the basis 
of the afore-mentioned Re,. For Re, smaller than 400-500 tran- 
sition does not appear to be appreciably hastened by the presence 
of the roughness. Near Re, ~ 500 transition appears, often in- 
termittently, some distance downstream (presumably, the build- 
up distance, corresponding to the given disturbance level) and 
‘‘moves’’ very rapidly toward the roughness location as Re, in- 
creases up to approximately 600 (Schubauer-Klebanoff-Tidstrom 
{19], Von Doenhoff-Horton [30]). Thereafter one obtains the 
turbulent wedge associated with transverse contamination as 
discussed earlier, Fig. 1. 

In pipe flow the entrance region also has stability characteris- 
tics different from those of the fully developed Poiseuille flow 
under investigation further downstream. According to Lindgren 
[5], the turbulent bursts and spots always originate in this en- 
trance region as a consequence of amplified free-stream disturb- 
ances. These spots then damp or grow depending upon whether 
the Reynolds number of the fully developed flow is below or 
above Recr, just as in the case of the boundary layer. 


Strength of Disturbance 


A similar question of strength of disturbance relative to the 
local stability of the layer is encountered in the case of transition 
triggered by high free-stream turbulence. Originally Taylor 
[31] proposed a criterion of transition based on the idea that (un- 
damped) pressure fluctuation associated with free-stream tur- 
bulence outside the layer can separate the laminary layer at the 
wall, locally and instantaneously. Hot wires, however, give no 
evidence of flow reversal’ at or prior to transition. They do in- 
dicate that the turbulence of lumps of fluid from free stream de- 
cays as these are convected into the growing layer and “‘assimi- 
lated’ by it. Using a spectral analyzer, Bennett [32] showed 
conclusively that even for the relatively high free-stream turbu- 
lence of 0.42 per cent of free-stream Ul’, there is considerable 
amplification of approximately that part of the spectrum pre- 
dicted by Tollmien-Schlichting theory, before turbulence sets in. 
Therefore, while a different mechanism of transition is not ruled 
out, especially for still stronger free-stream turbulence, there is a 
good possibility that the amplification and the turbulent-burst 
process are not basically different in this case. However, this 
would involve the complete history of the disturbance (decay and 
amplification) from the leading edge plus the induced effects at 
distance of the turbulence remaining just above the laminar 
layer. Amplification of oblique Fourier waves composing the 
disturbance would also enter. Furthermore, high degree of three- 
dimensionality of the disturbance might evoke a more vigorous 
vortex-loop formation and stretching as described earlier. Once 
turbulence is initiated locally, the turbulence in the free stream is 
probably immaterial to the growth of Emmons’ spots. 

The feeling (permeating this discussion) that the infinitesimal 
theory (with oblique waves included) describes quite well part of 
the phenomenon is based, of course, on the older experiments by 


* The pressure fluctuations just upstream of a transverse contamina- 
tion line, Fig. 1, do not appear to bring about flow reversal even 


though they are likely to be stronger than those caused by commonl 
encountered free-stream turbulence levels. 


Schubauer-Skramstad [6] and Liepmann [7] and the recent ones 
at supersonic speeds by Laufer and co-workers [33]. Moreover, 
the transition follows trends predicted on the basis of the linear- 
ized stability theory when the layer and therefore its response 
characteristics are modified by pressure gradients, cooling, suc- 
tion, and so forth, even at supersonic speeds (see reviews by 
Dryden [A], [B], Gazley [D]). Recent exploration of the three- 
dimensional aspects of the phenomena indicate that these ob- 
servations do not contradict the earlier picture but supplement 
it. 

“Multiple Responsibility’ and ‘‘Dominant Responsibility.’’ For 
adequate interpretation and comparison of experiments one 
should keep in mind the possibilities of multiple responsibility 
and dominant responsibility of flow features promoting transi- 
tion. Since there are always some free-stream disturbances (tur- 
bulence, temperature spottiness, random or regular sound), some 
roughness, some three-dimensionality of the flow, some unevenness 
of leading edge, some waviness of the skin, some vibrations, some 
heat transfer, some pressure gradients, and so forth (all very 
hard to measure), their effects may cumulate in different and non- 
linear ways. A typical but relatively simple example is found 
in the nonsuperposable combined effect of cooling and roughness 
at supersonic speeds, for example Van Driest [28] and Czarnecki 
[34]. It is only in terms of such shifting ‘‘co-responsibilities’’ that 
such paradoxes as the one recently reported by Diaconis, et al. [35] 
may be understood. Beyond a certain cooling limit, the transi- 
tion region reversed its trend and started moving rapidly up- 
stream. However, Van Driest and McCauley [46] report finding 
no reversal at comparable cooling rates and Mach number. 


Unified View of the Transition Process 


A possible unified view of the transition process of a boundary 
layer taking into account the various experimental observations 
could be as follows, see Fig. 5. The basic early mechanism of 
damping or amplification of flow disturbances would be that 
described by the linear-stability theory of the full family of Four- 
ier wave components, of which Tollmien-Schlichting and the Gért- 
ler waves are special members. The resulting ‘‘regular’’ unsteady 
vorticity would grow with distance downstream but its ampli- 
tude and general appearance—which may be irregular as a result 
of superposition—would depend strongly, but nearly linearly, on 
the spatial and temporal structure of the complete set of con- 
tributing disturbances. 

Upon this field of vorticity would be grafted a nonlinear process 
leading to local, generally random, breakdown into “turbulent- 
spot sources.’’ This may possibly be accomplished in extra 
regular stages of instability, for example through formation of 
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secondary Gértler vortexes, or through formation of highly con- 
centrated two-dimensional vortex cores similar to those in von 
Karman streets and local flow reversals (Betz [38] ) though neither 
of these has been observed as such. The experimental evidence 
suggests that at some stages, however, the three-dimensional non- 
linear processes involving lateral-energy transfer in z-direction and 
vorticity stretching are inevitable. 

Once the turbulent-spot sources are formed they propagate 
through transverse contamination at a rate which appears to be 
nearly constant. While this propagation mechanism remains 
theoretically unexplained, the constancy of the propagation 
makes possible a relatively simple analysis of the statistics of the 
transition region based on the concept of source density g(z, y, t) 
and easily observable intermittency factor y(z) (Emmons [1]). 
The functions y and g must again be dependent upon the com- 
plete set of contributing disturbances, and their adequate predic- 
tion would constitute a ‘‘solution’’ of the transition problem. This 
dependence can be studied experimentally” only in so far as the 
relevant structure of the disturbances is measurable. 


Three-Dimensionality of Flow 


Most of the understanding was achieved for the simplest ex- 
perimental and theoretical flow—that over a flat plate.'! How- 
ever, most flows have some degree of steady three-dimensionality. 
For instance, Schubauer and Klebanoff [37] found spanwise 
variation in the thickness 6 of their laminar boundary layer which 
could not be attributed to any measurable nonuniformity of the 
free stream. Later it was traced to slight nonuniformities in a 
damping screen in the settling section and the variation in 6 was 
reduced to 2 per cent and less. Some early observations were de- 
pendent on this small degree of three-dimensionality. 

Gregory, Stuart, and Walker [40] set out to investigate the 
effects on stability of three-dimensionality of the mean flow in 
incompressible boundary layers. Stuart’s theoretical section of 
the paper generalized the concept of oblique Fourier-component 
disturbances to flows over curved surfaces and arrived at both 
Tollmien-Schlichting instability and Taylor-Gortler instability 
from a unified point of view. Wave formations in spirals were 
predicted for a spinning disk and one set of these was observed in 
the experiment. All these possible instability modes, of course, 
represent regular oscillations of the shear layer, and one must 
again look for further criteria of their breakdown into turbulence. 
Stuart also generalized Rayleigh’s inviscid-instability criterion of 
a velocity profile with an inflection point. It is likely that this 
type of instability may occur readily in three-dimensional flows 
such as those on a spinning sphere and on a body revolution at an 
angle of attack. Large changes of transition on slender bodies 
were indeed observed at supersonic speeds for angles as small as 1 
and 2 deg (Witt [42], Jedlicka, et al. [41)]. The concepts may 
have important implications for swept-back wings and rotating 
machinery. 


Instability Over Concave Walls 


Instability of boundary layers over convex and concave walls 
(with an otherwise two-dimensional geometry) has been investi- 
gated theoretically by Gértler [43] and experimentally by Liep- 


1%” According to a preliminary report of Narashima (39), the transi- 
tion region for a variety of disturbance fields for a flat plate at low 
speeds possesses certain nondimensional similarities. These appear 
compatible with the assumption that the source function g is very 
nearly a Dirac delta function with pointlike breakdowns occurring 
along a single line z = const. 

11 Here, the multiple responsibility for the transition could be 
most easily resolved. One by one, the disturbing effects of lateral 
contamination, separated leading-edge bubble, high free-stream dis- 
turbance, etc., were eliminated until the response shed much of the 
random aspect and disclosed many regular features predicted by the 
linearized theory. 
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mann [7]. Theory predicts that on concave walls, regular vor- 
texes along the mean streamlines would tend to form and grow 
in strength. Their size and amplification depend selectively on 
Res(9/R)'/? where Reg is the local Reynolds number based on 
momentum thickness 6, and R is the curvature of the concave 
wall. Once more, a further criterion is needed for breakdown to 
turbulence. Experimentally, Liepmann [7] found a rapid shift of 
transition forward reasonably well correlated on the basis of the 
Gortler parameter Reg(9/R)'/*. However, there has been no 
reported observation of these vortexes as such, comparable to the 
hot-wire observations of Tollmien-Schlichting waves. The re- 
quired technique would involve delicate X meters and would be 
difficult. Quasi static reasoning shows, of course, that there is a 
dynamic instability between the centrifugal forces and the pres- 
sure gradient in the boundary layers over concave surfaces. It 
follows that the earlier described tendency for the formation of 
three-dimensional vortex loops with consequent stretching and 
high local amplification is very much enhanced. This mechanism 
differs from Gértler’s and may well be co-responsible for the ob- 
served earlier transition. 

Recently, Gértler [9] reported that the idealized two-dimen- 
sional viscous flow against an infinite normal flat plate exhibits 
similar regular instability modes. Some observations of early 
transition on blunt bodies of revolution have been ‘‘explained’’ 
as due to such an instability in the region where the streamlines 
are concave, but because of other possible causes such interpreta- 
tions must be viewed with caution until confirmed by direct evi- 
dence. 

Before closing, some speculations are in order concerning 
transition in unsteady flows. Transition itself, of course, has been 
revealed as an unsteady phenome on. 


Transition in Unsteady Flows 


The rather successful linear theories disregard the rate of 
change in shear-layer characteristics with distance even in the 
presence of pressure gradients. This is partly justifiable by ob- 
serving the order of the terms that were neglected. In other 
words local conditions can be used as if they were extant every- 
where. It is likely that a similar state of affairs may exist in the 
case of temporal rather than spatial variations. We have also 
seen that (corresponding to the part of the nonlinear regime) a 
turbulent spot in the transition region has no way of propagating 
its turbulent characteristics upstream and is essentially blown 
away downstream at a mean speed on the order of two thirds of 
local free-stream velocity. It is replaced at the given position by 
a new patch of the boundary layer in a state characteristic of its 
own disturbance history. We might say that we have a fresh 
transition problem as soon as the Schubauer-Klebanoff [3] calm- 
ing period is over. We may conjecture, therefore, that if the un- 
steadiness of the free stream is such that its changes are small 
during the time it takes a free-stream particle to cover once or 
twice the distance from leading edge to the point of observation, 
then steady-state criteria are likely to apply. As an example the 
cyclical shifts of transition on an oscillating cone traveling at 
supersonic speeds through a ballistic range as documented by 
Witt [42] can be cited. This quasi steady state of affairs will 
probably include a large portion of technically important cases in 
view of the relatively large inertia of bodies moving through 
fluids. 

At the other extreme would be the extra fast changes of velocity 
completed before practically any distance is covered by a particle 
in the free stream. If this were a start from rest, the usual bound- 
ary layer would not have time to develop except near the leading 
edge. Elsewhere, the flow would essentially correspond to a 
spreading Rayleigh shear wave with its own characteristics. In 
case of periodic oscillations, the incremental shear wave would be 


> 


-, 
1126 
| 
| 
- 
. 


JULY, 1958 


confined to a very thin layer within the boundary layer. The 
disparity of scales and frequencies would probably preclude 
coupling of the two processes. 

In the intermediate range of rapidity of changes (or interme- 
diate frequencies) little can be said about transition except 
that some interaction is likely. However, the theoretical treat- 
ment of the stability of time-changing flows, if feasible, would 
be exceedingly complex. Fortunately, at intermediate and high 
frequencies the magnitude of the flow changes will generally be 
small because of large flow impedance and large inertia of bodies 
forming the boundaries. Such changes may then perhaps be 
treated as linearizable flow disturbances rather than full-scale 
changes of the basic flow. So far little success has been achieved 
even with this approach. For instance the experiments of Schu- 
bauer and Skramstad [6] in which a nonrandom three-dimen- 
sional sound field was shown to excite Tollmien-Schlichting waves 
and promote early transition has not been explained on the basis 
of linearized theory. The required mathematical coupling be- 
tween the forcing field and the response field is likely to be 
achieved either through the boundary conditions or through 
second-order terms. Experimentally [6], the coupling evoked 
(viscous) Tollmien-Schlichting waves of the same frequency as 
the exciting sound despite the fact that the two types of waves 
propagate at different speeds. It was also noted that during one 
complete cycle a particle in the free stream traveled only one 
fifth to one twentieth of the distance from the leading edge of the 
plate to the transition region. There was indeed ample oppor- 
tunity for cumulative interactions even through second-order 
effects. 
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Flow Characteristics of a Multiple- 
Cell Pump Basin © 


By W. 


Variations of the flow pattern in a pump-suction pit containing 
a variable number of pumps in operation are of interest in studies 
to determine the most economical pumping structure. The use 
of a one-to-ten scale model of a large pumping plant gives quick 
and relatively inexpensive answers to questions concerning 
proper pump submergence, spacing, influence of baffling, and 
mechanical appurtenances such as screens and gates, and the 
relative influence between two or more pumps with various num- 
bers of units operating together. Visual effects for flow observa- 
tion make positive analysis fairly simple. Use of Froude’s law in 
this investigation confirms results of previous experimenters and 
simplifies test procedure. 


ConsIDERING the continually increasing demands today for 
more and more water, it is rather surprising to find that relatively 
few data are available for proper pump-basin design. The princi- 
pal reason is probably the diversity of situations encountered and 
the fact that generalizations are difficult to make from specific 
case studies. Nevertheless most investigators agree with Fraser 
(1)* that a ‘‘wet pit pump is no better than its intake performance 
and as much study and investigation must go into its design as 
into the pump itself.” 

The problem of pump-basin design is of paramount impor- 
tance to the manufacturer of pumps since the majority of problems 
encountered in present-day pumping occur at the suction end of 
the pump. This is not to say that pump design at present is weak 
on the suction components, but rather that many troubles blamed 
on the pump occur primarily because of improper suction-basin 
design. 

The problem as it confronts the supplier of pumps is twofold. 
He is often called upon to furnish pumps for existing structures. 
These structures are more often than not designed for other types 
of equipment, or for lower capacities than later contemplated. 
His other concern is with the design of an entirely new structure 
in which considerations of adequate flow patterns are seldom 
given preference over structural and economical consideration. 
Because the vertical circulating pump in a wet pit offers the 
maximum savings in building requirements, the tendency is often 
to overdo the savings to the point of sacrificing hydraulic 
efficiency. 

For practical purposes a compromise between the best hy- 
draulic solution and the most economical structure must be 
worked out. In this regard, one limiting factor will be the mini- 
mum submergence requirement in relation to the specific speed of 
the pump. Regardless of economic considerations, certain sub- 
mergence values must be maintained to insure long life, cavita- 
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tion-free operation, and maximum efficiency with minimum up- 
keep. The tenth edition of Hydraulic Institute Standards, figures 
BF-15 and BF-16, gives suggested relationships between pump 
specific speed and the required suction head for a given total — 
pump head. These charts are the combined averages of many 
tests of various manufacturers and will give a working basis for 
the proper range of submergence to be required by specific pumps. 


Problem 


Our discussion here is concerned chiefly with the problem faced 
by Tidewater Oil Company in the construction of a new refinery — 
at Delaware City, Dela. The operation of this refinery required an 
initial continuous supply of 275,000 gpm of water. The only 
available supply in such quantity was the Delaware River, a 
brackish-salt tide controlled junction of the Delaware River with 
an inlet from the Atlantic Ocean. C F Braun & Company of 
Alhambra, Calif., was engaged to construct the refinery including 
the pump basin. 

The original pump-basin design based on structural require- 
ments was substantially a square with the required number of 
pumps situated around the periphery with the water supply en- 
tering through one wall. The total number of units to do the 
duty was primarily an economic consideration that involved not 
only the pumps but valves, piping, and structure size as well. It 
became apparent after a considerable study that eight units with 
one unit as a spare making a total of nine would give the greatest 
flexibility with the minimum amount of capital expense. The 
performance for each of eight units was then fixed at 34,375 gpm 
at 184 ft total head. The pump best suited for this purpose was 
a 54in. 2-stage vertical circulating pump operating at 595 rpm. 

The specifications called for absolute dependability of the pump 
operation and maximum life span of both pumps and structure. 
The final depth of the structure was to depend upon the pump- 
submergence requirements. The recommended submergence of 
6 ft 6 in. proved to be quite satisfactory, with safety of at least 2 
to 3 ft as shown by lower level tests which indicated no change 
of performance. The structure originally presented as a square, 
having nine units equally spaced around the periphery, was not 
ideal from a hydraulic standpoint. It was rather difficult to en- 
vision maximum life for pump or structure from such an arrange- 
ment. 


Solution 


A series of discussions between the structural and hydraulic 
engineers brought about a modification of the original structure to 
a rectangular form with all water entering the pump basin from 
the same direction and simultaneously to each pump. This ap- 
proach is considered to be the most satisfactory arrangement, see 
Stepanoff (2). The prototype minimum spacing of 10 ft 6 in. 
was arrived at by what was considered a conservative velocity of 
approach in the forebay of 1 fps or less and the suction-bell size 
determined by bell entrance velocity of 3 fps. The original in- 
stallation was to be nine units, one being a spare, but provision 
had to be made for three future units, necessitating twelve pump _ 
chambers. 

The structure originally having been divided into three main 
Das it was necessary to incorporate four pump chambers into 
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Table 1 Relationships of parameters for model and prototype 
according to Froude’s law for a model to prototype ratio of 1:10 


Function Prototype Model 
(a) Ratio linear dimension (D).... 1 1/10 
(b) Froude’s law V(=velocity) = ; 
v(gH) = V(gD) 1 V1/10 = 0.316 
(c) Area ~ D?. 1/100 
(d) Pump hare or ‘submergence (H) 
~ V3; ..~D? X 
(e) From (d) rpm ~1/VD....... 1 V10 = 3.16 
(g) Flow = area x velocity _ = 
(1/10)? = 1/10(2'/2) + 
NPSH 
(7) Cavitation coefficient - me 
Fig. 1 Scale of model 1:10 shows relative magnitude of project. 1/10 1 a 2 1 
Inlet ‘‘River’’ along front of tank not to scale. ar eee 74! 
a? 


Bev 


“‘*splitters.’’ 


each bay. Size and cost considerations had determined that three 
inlet screens were to be used for each bay. This gave rise to a de- 
viation from ideal flow since the pump dividing walls would not 
line up with the screen-support walls. One further consideration 
in question was the “dead’’ pump chambers where no pumps were 
to be installed, and the one chamber where an installed spare 
would normally not be in operation. 

With foregoing considerations of doubt in the minds of all 
concerned it was felt desirable to run model-basin tests to de- 
termine the bad effects if any on the pump operation of the 
finalized basin design. Byron Jackson Division of Borg-Warner 
Corporation was called upon to construct a scale model of the 
pump basin and run complete tests simulating flow conditions. 


Model 


At the time the request for this model test arose the contractor 
was in urgent need of answers to enable him to finalize pit de- 
sign and commence construction. It was surmised that a velocity 
of 1 fps in the prototype pit should give trouble-free operation. 
Based on Froude’s law a model size of one to ten gave convenient 
dimensions for model construction and close to an available 
pump size, Figs. 1 and 2. Table 1 gives for this proportion the 
corresponding different parameters. The suction-bell diameter 
was scaled properly, but the inlet diameter and the suction-eye 
diameter were smaller than the scale proportion. This made the 
conditions on the model more severe than they would be on the 
prototype. In addition the distance from the center line of the 
impeller to the suction inlet was greater than the scale propor- 
_ tions would call for, again wanes the model condition much 


Fig. 2 Model dimensions in plan and elevation showing all divider walls in place and location of optional 
Note double screen and resulting drop in operating water level. 


more severe than would be realized with the prototype operation. 
The pump velocities therefore were higher than normal and the 
resulting effects on the pump in regard to submergence and cavita- 
tion were potentially more disastrous than the comparable rela- 
tionships on the prototype. However the cavitation-curve 
characteristics of the prototype were very well known from many 
previous model pump studies. We were not concerned with 
again proving such characteristics, but were concerned only with 
determining satisfactory entrance flow conditions which would be 
smooth enough to insure the proper functioning of the unit under 
its own proper submergence conditions. Therefore the lack of 
complete agreement between model and prototype in so far as the 
pumps were concerned was not considered significant. 

In addition to a great amount of model test data our company 
had had twelve identical prototype units operating at the General 
Electric Hanford Works at Richland, Wash., for some time. 
The pump performance, therefore, was not a consideration here 
and it remained only to check actual flows in the pump basin. 
This could be done by moving the water through the pump basin 
at the required velocity. Pit velocities of 1 fps have proved to 
be satisfactory in a considerable number of former installations. 
As will be shown later, higher velocities than this cause consider- 
able disturbance in the flow channel. 

Some experimenters such as Denny (3) do not agree com- 
pletely with Froude’s law applying to such a case, but others such 
as Markland (4) and Pope (5) suggest that this law may be used 
with caution. Another observer, Wauchope (6), concludes from 
existing experimental data that the only correct solution for 
model use is with Froude’s law relationship. This is further cor- 
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Fig.3 Aerial view of tank in test position with discharge manifolding 
valved to allow each pump to operate at 110 gpm. With center pump 
acting as nonoperating spare, total flow was 880 gpm, equivalent to 
275,000 gpm in prototype. Depth of water was controlled by co- 
ordinating inlet flow through 6-in. pipe at rear with discharge through 
2-4 in. manifolds into waste pit. 


Fig. 4 Trash screens (two from Bay I removed to show gate and 
pumps) were scaled to size and mesh, but did not rotate as in proto- 
type. Resultant plugging up necessitated frequent cleaning. Gate 
and screen width of 12'*/,« in. at 10.2-in. water depth gave a velocity 
of 0.24 fps through the gate and 0.30 fps through the screen. 


roborated by Rigby (7), so it would appear to be a reasonable 
method of attack. 

Iversen (8) has made studies of pump pits involving the use of 
Froude’s law and his findings are generally substantiated by the 
results of these tests. The following description will indicate 
the physical make-up of the model test and the program followed 
to obtain the desired results. 


Tests 


The pump basin was modeled exactly as far as the inlet wall 
containing six 8-ft-square gates, which are included. Beyond this 
point the Delaware River inlet was not model scaled, but an 8-in- 
wide tank collected water from a supply pump and let it flow by 
gravity through the gates into the forebays and into the pump 
chambers beyond, Fig. 3. Velocity was maintained in the bays 
by operating 8 of the 9 pumps at the predetermined rate of 110 
gpm each. A minimum pumping level of 10.2 in. was held at the 
pump-suction bell, which varied from '/2 to 1 in. lower than the 
level in front of the screens. The maximum velocity reached (re- 
ferred to the prototype) through any pump chamber, screen, or 
basin, with or without divider walls, and with any number of 
pumps operating was 1 fps. 

Screen loss becomes an important factor in total head con- 


Fig. First series of tests made with full divider walls. Note 
confetti indicating flow path. With water 10.2 in. deep in 10'3/,.-in- 
wide chamber, velocity is 0.32 fps. 


Fig. 6 Later tests run with walls removed in each bay, but not 
between bays. Note ‘‘splitter’’ plates to place below pump-suction 
bell to break up eddying. Combined chamber width of 46'*/\ in. at 
10.2 in. depth made pit velocity with three units running 0.22 fps, 
with two units, 0.15 fps. 


consideration and should be kept as low as possible. Van 
Hengel (9) shows that low pit velocities and minimum screen 
losses are essential to economical pump operation. The minimum 
water level was maintained on the pump side of these screens, and 
no test was run with screens in such condition that the velocity 
exceeded the approximately '/, fps required in the model basin, 
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Fig. 7 Final tests run with portion of wall restored, leaving space at 
rear wall open. Improved flow over solid walls was noted, especially 
next to empty chambers or where pump was not operating. Note 
‘‘splitters’’ in place under pump suction bells. 


Fig. 8 Division Gate ‘‘S’’ between Bays II and III. All flow for 


pumps 9, 10, 11 now independent of other units. 


Removable gates were provided at each screen, and also be- 
tween each main pump bay, Fig. 8. Nine pumps were installed 
leaving chambers Nos. 1, 7, and 12 empty. Valves were installed 
at each pump discharge so that individual pumps could be 
eliminated from service. Normally this was No. 6, the installed 
spare. Temporary extensions were added to the divider walls for 


a portion of the test runs, Figs. 5, 6, and 7. The nominal shape of 
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Fig. 9 Wire layer gage floats threads at various levels to indicate 
direction and relative velocity of flow. Surface and bottom flows 
often proved to be in different directions. 
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g.10 End elevation of model designates flow T at surface of water 

id flow U along bottom of tank. Various valve arrangements and 
one change in flow level are shown in relation to test ‘‘runs,’’ as well 
as combinations of operating pumps. 


ch divider-wall edge was semi-circular. An attempt was made 
reduce some of the minor eddying that occurred at various 
times by inserting ogive noses on the walls in one pump basin. 
All tests were run with various combinations of gates in place, 
and comparison made operating with suction-pit water at dif- 
ferent levels. A wire gage indicated direction of flow, Fig. 9. 
Colored paper confetti was used to be able to follow the change 
in direction of flow as well as to note the approximate velocity, 
Fig. 5. Sequence shots were taken at approximately 3 to 5-sec 
intervals to show the change in location of the confetti. This 
gives the recorded plot of the actual flow pattern. A third method 
of recording flow was by adding colored liquid in drops to the 
water. This liquid with a specific gravity equal to water would 


remain at its introductory level and graphically chart stream flow. 
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Run No. 2-U 


Fig. 11 Good flow patterns in Bays I and II with divider walls re- 
moved appear both on surface (1-T) and below (1-U), but empty 
chamber 12 in Bay III shows surface disturbance and minor eddying 
at pump in chambers 11 and 9, even with Gate ‘‘S’’ closed. 


Observations 


Since none of the standard test runs, Fig. 10, gave any serious 
vortexing which could be observed, it was finally decided to run 
one test at less than minimum required submergence. Although 
the water was quite unruly under these conditions we were still 
unable to produce a serious vortex until the inlet space to a pump 
chamber was cut down by temporarily inserting an extra baffle 
plate. However, the roiled condition of the water with this less 
than minimum required submergence caused considerable fluctua- 
tion in the level and disturbance in the pump which in turn caused 
unbalance and some rough operation. Undoubtedly the effects of 
this velocity on a wider section of the pump inlet would also have 
developed to greater vortexing had time permitted. 

Tests made in runs Nos. 1 through 11 verified anticipated re- 
sults, Figs. 11-20. Run No. 12is not shown. This run duplicated 
test No. 11 except for the amount of water in the pump chambers. 
The level was reduced to various positions from 4 to 15 in. No 
basic change in the flow was noted. As the level decreased the 
velocities increased, but without a change in direction no serious 
results were noted. When the level was increased beyond the 
minimum requirement the velocity decreased without any notice- 
able improvement in flow. 

It was noticed that the flow through the 9.6-in. square opening 
into the main forebays was accomplished with very little trouble. 
The distribution to the forebays seemed to be good, but the ve- 
locity as it reached the top of the deep end of the bay was low (0.7 
fps) and may not be adequate for good chlorine mixing. When 
the screens were new, the drop through both sections was quite 
low, probably not over 2'/; in. on the prototype. This amount 
increased as the screens become clogged. Flow through and be- 


Fig. 12 Closing gates A, B, C makes a violent direction change, and 
high velocity through Gate N, thus causing a circling flow pattern, but 
vortexing did not occur without divider walls to again change flow. 
Highest velocity occurred at screen D. : 


direction. This became more pronounced in front of the empty — 


chambers. Surface flow varied from 0 deg (right angles to screen 
faces) to 30 deg into each chamber. et 
The confusion of flow in the dead-end chambers, Nos. 1, 7, and : 
12, was alleviated somewhat by closing the gateat AorJ. No.7 | 
not being directly in front of the screen it was impossible to cor- 
rect it in this fashion. A tendency to eddy at the walls adjacent 
to the empty chambers was considerably minimized by the closing 
of these gates. 
Elimination of one or more units from the flow changes the — > 
nature of the flow in the remainder of the pump chambers. Each : 
time a pump is cut off the line it contributes a dead-end bay with- : 
out eliminating the inlet water. This causes the water going 4 
into this bay to double back and provide water fur adjacent pumps 
from a circular path. 
With the divider walls completely eliminated in bays Nos. 1 
and 11, the water flow was comparable to that with full walls in 
many respects. However, there being no dead bay as such, the 
entire flow into the pumps became much straighter, with flow 
from screen A blending across at a slight angle to pump No. 2. 
This eliminated the eddying at divider wall No. 1-2 but ap-— 
parently created enough change in direction to cause local eddies 
to appear at each of the pumps, notably in the area behind the __ 
pump next to the wall. These eddies were substantially elimi- _ 
nated by placing the vertical fin-type splitter below the suction | 
bell, Fig. 7. Splitters were not used on the prototype because — m 
divider walls were used which give substantially the same effect. : 


Run No. 1-T Run No. 2-T 
Bar I Sav Bev Bar I Sav Bey mr 
in No. 1-U 
2 3 ‘ 5 6 9 4 9 2 
_| pe i | 
Bay I Bay IL | Bev mr | Bay I ew 
gate since the velocity increases through screens BandC. 
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Fig. 13 Closing gates G, H, J increased velocity through gate F and 
caused more violent action in chamber 9, where minor eddies oc- 
cured, Flow in all other chambers was uneventful. 


Fig. 14 Closing the center bay gates D, E, F increased velocities 
at gates Nand S. Resulting directional changes in flow to chambers 
5 and 8 minimized by large pool area and low bay velocity. 


Run No. 5-T 
»aane With gates N and S open, a cross stream was set up which 


ade the water action much more violent than when these gates 


PT. were closed. 
Conclusions 


-- same As -- — As a direct result of these tests it became apparent that the de- 

ri — sign of the structure as proposed would be adequate for the in- 

, tended service. A number of minor suggested changes were not 

=f | ucceptable in view of structural and mechanical considerations. 

One of the surprising results was the small difference noted under 

certain conditions between pumps operating in separate chambers 

and several pumps operating in the same undivided chamber. 

This particular result, however, did lead to further investigation 
which determined several interesting conclusions. 

It was seen that an uneven arrangement of inlet gates or screens 
and divided pump chambers resulted in a slight alteration of 
straight-line flow which proved less than ideal, Fig. 14. This par- 
ticular feature was further complicated by the spacing of several 
“dead” pump chambers among operating pumps. This arrange- 
ment created situations of two-directional flow in the empty 
chambers which of course gave rise to eddying at adjacent spots. 
This condition was further aggravated by the cutting off of one or 
more screens on the inlet side or by changing the number of 
operating pumps. As a direct result it may be said that in such a 
situation all available pump suction space should be occupied by 
operating pumps, Fig. 20. Two alternatives to this would be to 
(a) open the dividing walls at the rear of the pump chambers or 

b) cut off the inflow directly in front of the empty chamber. 


e*cceT 


Fig.15 (left) With all divider walls in place, flow is uniform except 
adjacent to empty chambers, where eddying occurs at end of walls 
due to reversal in empty chamber. 
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Fig. 16 Change in direction with all divider walls in place and gates 
A, B, C closed gives fiow considerable turbulence. Eddies are more 
prominent in areas of higher velocity and direction change, but do 
not vortex at any point. 


It may be said further that from a flow standpoint no particular 
advantage is gained by an excess amount of submergence al- 
though a definite minimum can be established. 

It is readily seen that the two items to be considered above all 
others in proper sump design are the velocity of the water and 
the direction of flow. Even a small] change in either of these be- 
gins to have serious effects on the pump. Since it is usually possi- 
ble with new design to maintain straight-line flow and low ve- 
locity in the suction entrance to pump pits it may be possible by 
adhering to these basic fundamentals to eventually eliminate a 
great amount of trouble which is quite often blamed upon the 
pump. 

In setting up this model it may be remembered that certain 
idealized dimensions were used in obtaining the minimum spacing 
of pumps and their distance from the bottom of the sump. These 
dimensions are based on a relationship of the suction-bell diame- 
ter. While these ratios do not agree arithmetically with those of 
some previous experimenters, it may be seen that the same end 
results may be obtained as far as the pump pit is concerned if a 
definite rule is established for velocities at the pump-suction bell. 

A relationship has been established between the size of suction 
bell and the total dynamic head of the pump. This is expressed 
in a diameter which gives equivalent velocities of up to 1'/2 fps for 
a TDH up to 20 ft; a 2-fps bell-inlet velocity for heads of from 20 
to 50 ft; and a 3 to 4-fps bell velocity for heads above 50 ft. The 
velocity mentioned is the linear velocity of the entering water 
around the periphery of the suction bell. Having established 
these basic velocities for the type of pump in question, the rela- 
tionships of bottom of bell to bottom of sump, center line of pump 
to closest wall, and center line of pump to center line of adjoining 


Fig. 17 Influence of flow change into chambers 5 through 8 from 
Bays I and III when gates D, E, F are blocked, on other pumps is 
noted by increase in eddying at each dividing wall. Surface move- 
ment has increased. Oe 


pump, as well as a distance to the closest screen becomes a mat- 
ter of trial and observation. 

In line with the preceding tests and conclusions drawn there- 
from, previous findings in regard to the arrangement of these di- 
mensions and therefore the ultimate pump-suction pit sizes have 
been determined in accordance with the ratios used for these 
tests. Although these values may be said to be the minimum op- 
timum conditions they may also be said to be close to the maxi- 
mum optimum conditions in point of sump economics. While this 
may seem to leave a rather small margin of design tolerance, field 
observations have indicated that it would be highly illogical to 
have a great variety of possibilities for such a straightforward 
problem. 

It is apparent, of course, that the tests conducted here were | 
rather restricted in scope and do not give complete answers to all 
design questions involved in suction pits. However, it is hoped 
that the analysis of the problems encountered and the results ob- 
tained will add to previously obtained knowledge to such an ex- 
tent that some correlation will begin to emerge to give some basic 
pit design data. It may be said that it will be of mutual benefit to 
pump manufacturers and consulting engineers to obtain some 
semblance of order in sump-design data. The establishment of 
industry-wide standards would help eliminate so-called “pump” 
trouble jobs and give the pump user a more economical installation 
as well as a longer lasting one. 
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Fig. 18 Arrangement with four pumps running, all divider walls in, 
and all gates open makes a generally uneventful flow pattern, as in 
run No. 8. Reversal of position of operating pumps causes opposite 
flow pattern even to location of minor vortex at wall 5-6 in run No. 9. 
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Fig. 19 Most ideal arrangement for operation of only four units, 
with uniform flow. Pump and wall arrangement as finally used in 
prototype. 
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Discussion 


D. F. Denny.* The author has described some very interesting. 
model experiments and has shown the value of making model 
studies prior to construction of the pumping plant. Many de- 
signers have learned by painful experience that poor suction-pit 
design can lead to serious pumping problems and that alterations 
to existing structures to improve flow conditions can be very 
costly. 

The use of model suction pits for flow study is becoming quite 


* Research Engineer, British Hydromechanics Research Associa- 
tion, Harlow, Essex, England. 
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usual and it is timely therefore to consider what such models can 
tell us. Can flow conditions be reproduced satisfactorily? Can 
the model results be scaled up to give accurate quantitative data 
concerning pump submergence? The author has largely avoided 
these difficult questions in his paper and has, by careless reading of 
published articles, satisfied himself that the issue is straightfor- 
ward. In fact, it is far from being so. 

Two aspects of the flow into the intake are important: (1) The 
flow should be uniform so that the pump is provided with good 
suction conditions; and (2) there should be no entrainment of air 
into the pump through a vortex. While there seems no doubt 
that the main flow patterns in the basin can be reproduced in a 
scale model by maintaining the same Froude number, there is also 
abundant evidence that experiments based on Froude velocities 
sometimes may underestimate seriously the submergence neces- 
sary to avoid vortexes. Inarecent paper by Denny and Young,‘ 
evidence is given which suggests that the vortex itself is only rep- 
resented to scale if the velocities in the model are equal to those in 
the prototype. So it is not strictly possible to make a true model 
of a suction pit because of the necessity of obeying, simulta- 
neously, laws which conflict in their requirements. 

Fortunately it is often possible to raise velocities up to those 
necessary to obtain representative vortexes without the main flow 
patterns or the surface profiles being affected. Then quantita- 
tive data concerning safe water levels can be obtained. In cases 
where it is not possible to raise the velocities without distorting 
the flow, it seems unlikely that accurate submergence data can be 
obtained. However, in our experience it is always possible even 
at Froude velocities to observe the persistent surface swirls which 
indicate the start of an air-entraining vortex, and if these can be 
prevented in the model then one can be sure of avoiding trouble in 
the full-scale suction pit. 


R. J. MacMeekin.’ The author has made a fine contribution 
to the field of basin or intake design, showing effective use of a 
scale model in a multicell basin with many variables involved. 

The particular intake investigated here shows well how an 
apparently straightforward arrangement may have aspects which 
make forecasting of operation difficult without a model test. 
The deflections of flow due to idle cells or screens out of service, 
together with the operation of various combinations of pumps, in- 
troduce possibilities of trouble which a model test can expose. 

Modifications to an installation after start-up are so undesirable 
that a model test such as this offers worth-while protection. 

The comment is made, in the paper, ‘“With gates N and S open, 
a cross stream was set up which made the water action much 
more violent than when these gates were closed.’’ This agrees 
with similar observations we have made on models somewhat 
approximating this arrangement. In one case the current in the 
river passing the screen house caused recirculation through similar 
openings to such an extent that water was returning to the simu- 
lated river through the screens of the upstream bay. This caused 
large vortexes in the model. The openings as planned were 
very large and would not have had gates, so it was as well that 
the model test was completed before the structure was built. 

Low velocities favor flexibility, which is important in a multi- 
ple-cell intake. Fortunately, in an intake of this type, designed 
around rotary screens, it is practical to arrange for low velocities 
such as the 1 fps used. In fact, the necessary screen widths and 
water depth would favor the possibility. However, successful 
installations exist with higher velocities. In some situations, 


4“The Prevention of Vortices and Swirl at Intakes,”’ by D. F. 
Denny and G. A. J. Young, Proceedings Seventh Congress Interna- 
tional Association for Hydraulic Research, Lisbon, Portugal, 1957. 

'Chief Engineer, Pump Division, C. H. Wheeler Manufacturing 
Company, Philadelphia, Pa. Mem. ASME. ta 


particularly old tunnels, it is almost impossible to provide even 
low average velocity. 


In certain configurations we have found relatively high ve- 
locities lead to better conditions than low. Such seeming para- 
doxes emphasize the desirability of model studies on special proj- : 
ects as they arise. 

Engineers working with pump-installation design will appre- : 
ciate the author’s study and the clarity with which it is presented. 


Author’s Closure 


The author wishes to express his thanks for the comments sub- 
mitted by Mr. Denny and Mr. MacMeekin, and for the questions 
raised which should encourage further experimentation and cor- 
relation of field data. 

As the paper states, the tests conducted were limited in scope 
and did not attempt to give complete answers to all design ques — 
tions relating to pump suction pits. While Mr. Denny is quite — 
correct in stating that the Froude and model laws prescribe con- — 
tradicting requirements, the former will give, in most cases, good 4 
answers with a reduced model. At the time the paper was writ-_ 
ten, the full-scale pumping plant had not been in operation long — 
enough to indicate successful correlation to the model test. It — 
may now be said with some assurance that since the prototype 
flow follows the same patterns as that found in the model, and 
since no harmful flow characteristics have been noted, in this 
case flow conditions were evidently reproduced satisfactorily 
using Froude’s Law. 

No attempt was made to determine other than general varia- 
tion in flow patterns by a change in submergence. It was not the 
purpose of the test program to determine pump characteristics, 
since, as stated in the paper, these were well known in so far as the 
subject pumps were concerned. Flow in the pump basin, at — 
proper submergence, found to be uniform and of low enough veloc- 
ity to prevent vortexing was the immediate object of the test pro- 
gram. 

The author agrees with Mr. MacMeekin that, particularly in — 
older installations, it is not always possible to maintain low ve- 
locities. In many instances, higher velocities than those obtained 
in these tests have been observed which have not proved to be 
detrimental to pump or pit. However, as he states, there can- 
not be a generalization and such special cases require special 
model tests. The author feels that, even with carefully designed 
pits, the permissible approach velocity is related closely to the 
total dynamic head of the pump. As pointed out in the paper, 
relationships between TDH and bell-inlet velocities give a com- 
fortable working arrangement which the author’s company has 
proved with a great many field installations. A series of vortex- 
ing pumps at widely scattered installations was successfully con- — 
verted to vortex-free, vibration-free operation by following the 
TDH bell inlet velocity ratios discussed under Conclusions in the 
paper. To clarify this velocity-TDH ratio, the author would 
like to add that this really refers to single-stage units and there- 
fore may be better expressed in terms of specific speed. The 
function of velocities and specific speed could be formulated that _ 
up to 20 ft TDH the specific speed would vary from 12,000 to 
9,000 corresponding to an inlet bell velocity of 1'/: ft per sec; 
from 20 to 50 ft TDH the specific speed would vary from 9,000 to 
6,000 corresponding to an inlet velocity of 2 ft per sec; and above 
50 ft TDH, the specific speed would vary from 6,000 to 3,000 
corresponding to an inlet velocity of 3 to 4 ft per sec. 

Previous papers have discussed the relationship of suction pit 
dimensions to bell diameter without properly defining the bell 
diameter. Correlation of such data becomes rather difficult. It 
is to be hoped that a common basis for discussion of this impor- 
tant phase of pit design can be reached to aid both the pit de- “4 


signer and the pump design-:. Gam 
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The flow of a flashing mixture of water and steam through 
smooth annuli of fine clearance has been investigated experi- 
mentally. Test data have been obtained with inlet conditions to 
600 F and 3000 psi. Critical conditions have been observed 
experimentally up to these temperatures and pressures. With 
the assumption that the flashing mixture is homogeneous a 
method for the prediction of flow and two-phase pressure drop 
is presented and discussed. 5 


Nomenclature 


The following nomenclature is used in this paper: 


D = diametral clearance, ft + tom 
f = friction factor, dimensionless _ 
J. = gravitation constant, ft/sec? 
G = mass-flow rate, lby/sec-ft? 


G. critical mass-flow rate, lbu/sec-ft? 
G,’ upper limit of critical mass-flow rate, lbu/sec-ft? 
G, mass-flow rate for back pressure corresponding to satura- 
tion, lbu/sec-ft? 


L = breakdown length, ft 
p = pressure, lbr/sq ft a 
P = pressure lbr/sq in. 
Pi, = pressure at inlet, lbr/sq in. 
P, = saturation pressure, lbr/sq in. 
P, = critical pressure, Ibr/sq in. ia fo 
= lower limit of critical pressure, lbr/sq in. 
T = temperature, deg F > sil} 
V = velocity, fps 
v = specific volume, cu ft/Ibu 
v, = specific volume of mixture, cu ft/lbu 
3, = average specific volume of mixture, cu ft/lbu 


p = density, lby/cu ft 


Introduction 1 


Numerous investigations, haetind and experimental, have 
been conducted on the flow of a single-phase fluid through annuli 
of fine clearance. A recent contribution by Tao and Donovan 
(1)® presents methods to facilitate solutions to engineering prob- 
lems associated with the application of various pressure-break- 
down devices encountered in turbomachinery design. It was 
the objective of this investigation to extend the present knowl- 
edge into the region of two-phase flow, encountered when the 
temperature at entrance to a pressure-breakdown device is high 
enough so that the liquid flashes before exit. 

The problem of two-phase flow has been treated experimentally 
Linning (2) found in his experiments that for a given 


by others. 


1 Research and Development Section, Worthington Corporation. 

2? Research and Development Section, Worthington Corporation. 
Assoc. Mem. ASME. 

3 Numbers in parentheses refer to the Bib'iography at the end of 
the paper. 

Contributed by the Hydraulic Division and presented at the 
Annual Meeting, New York, N. Y., December 1-6, 1957, of THe 
AMERICAN SocieTy OF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 1, 1957. Paper No. 57—A-78. 
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Water Flow Thr rough 
inlet pressure and adiabatic conditions there was a flow of water 
that could not be exceeded even by further decrease of the exit 
pressure. This critical flow was encountered at qualities as low 
as 1 or 2 per cent. G. Leppert, et al. (3) found that when treat- 
ing two-phase flow as a uniform mixture the acoustical velocity 
is quitelow. Harvey and Foust (4) using the expression for sound 
velocity in a compressible fluid, found that their prediction of the 
critical flow agreed well with experimental data. Martinelli and 
Nelson (5) obtained a great number of experimental data to ena- 
ble the prediction of pressure drop in the flow of two phases. 

Almost all of the previous investigations were on medium to 
large-diameter pipe ('/, in. to several inches), some with heat 
addition and some substituting air-kerosene to obtain a constant 
‘“quality.’’ These facts contributed to the choice of the method 
of attack involving average properties. The large diameters, 
low flows, and pressure gradients introduced difficulties in the 
form of separation of phases, relative velocity between phases, 
and gravitation effects. 

The problem treated here is that of two-phase flow through 
smooth concentric annuli of fine clearance. The range of test 
variables was selected to duplicate those encountered in actual 


application work with the exception that a nonrotating test unit 
was used. 
Experimentation 

The apparatus and hydraulic circuit used for the experimental 
investigation are shown schematically in Fig. 2. Water from the 
discharge of a high-pressure pump was heated to the desired 
temperature and controlled by allowing a fraction of the flow 
to bypass the heater. Pressures were varied by throttle valves 
before and after the test unit. 

The test unit is shown in Fig. 1. The body of the fixture con- 
sisted of a stainless-steel cylinder (Type 316) of a sufficient thick- 
ness to minimize distortion resulting from internal pressure. A 
l-in-diam honed bore 10 in. long made up the test section. 
Variations in annular clearance were made possible by the use 
of insert shafts (also Type 316 SS) machined to various diame- 
ters. The shafts were held in place by a slight press fit and 
shoulder on the inlet end and a slightly tapered fit on the exhaust 
end. Chrome plating on the fitted surfaces prevented galling. 
The insert shafts were installed and removed from the inlet end 
of the fixture which was so designed as to permit the interchange 
of the shafts quickly. 

Five temperature and pressure-measuring stations were lo- 
cated in the tester as shown in Fig. 1. The three intermediate 
stations were placed along the breakdown length while the first 
and last were located before and after the test sectior. Temper- 
atures and pressures were measured at the same point using the 
fittings shown in Fig. 3. Heavy insulation around the cylinder 
was provided to keep the heat loss at a minimum. 

Iron-constantan thermocouples were used in conjunction with 
a Leeds and Northrup Wheatstone-bridge potentiometer circuit 
enabling the measurement of thermocouple potential within 0.01 
mv. Flow measurements were made by either of two calibrated 
rotameters depending upon the flow-rate range during the test. 
Calibrated bourdon-type pressure gages were used for all pres- 
sure measurements. 
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Fig. 2 Schematic diagram of test setup 
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Fig. 3 Thermocouple-pressure tap fitting 


Before any test reading was made the water was allowed to flow 
through the test fixture until the outside wall of the cylinder at- 
tained a maximum temperature. This was done to minimize 
dimensional distortion caused by thermal gradients. 

During any test run iniet temperatures and pressures were kept 
constant. The range of experimental variables was as follows: 


220 to 600 
500 to 3000 
0.006, 0.009, 0.012, 0.017 
6 and 10 
0 to 35 


Temperature, deg F 

Inlet pressures, psig 

Diametral clearances, in...... . 
Insert shaft lengths, in 


Flow, lb per min...... 


Results 


For all temperatures, clearances, and lengths critical condi- 
tions were observed experimentally. From the test results, 
plots of mass-flow rate G versus the ratio of exhaust pressure to 


FILTER 
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inlet pressure P/Pi, were made to illustrate graphically the en-— 
countered critical flows. Fig. 4 shows such a plot for the 0.009- 

in. diametral clearance for various inlet temperatures and pres- 

sures. Fig. 5 is plotted for various clearances at a constant inlet 

temperature of 400 F. The dashed portion of each curve indi- 

cates the expected relationship between the parameters if the 

liquid had not flashed. 

For inlet temperatures up to 400 F the critical flows were en- 
countered at back pressures corresponding to the saturation pres- 
sure. As will be noted in Fig. 5 the critical mass-flow rate at 
400 F is slightly in excess of the mass-flow rate corresponding to 
saturated conditions. In Fig. 4 it can be seen that as the inlet 
temperature is increased above 400 F the excess of the critical 
flow over the flow corresponding to the saturation pressure in- 
creases also, particularly at the high inlet temperature of 585 F 
where the flashing portion of the curve approaches the predicted 
liquid curve. To explai. this it must be noted that, as tempera- 
tures and pressures increase, a mixture of a given quality will con- 
tain less vapor by volume and it can be expected that the flow 
characteristics of the mixture will approximate those of a pure 
liquid more closely. 

Fig. 6 shows the penetration of the point where flashing begins 
into the annulus for various flows. As the back pressure is 
lowered below the saturation pressure the point of flashing re- 


cedes into the annulus until the critical flow is attained. Further _ 


decrease of the back pressure results in an apparently higher pres- 
sure drop per given length only in the two-phase region since the 
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Fig. 4 Mass-flow rate versus pressure ratio for 0.009-in. clearance 
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Fig. 5 Mass-flow rate versus pressure ratio for 400 F inlet 


relationships for compressible flow might be used to predict 
the critical or maximum mass-flow rate and the pressure drop 
in the two-phase regime. Furthermore the implication is that the 
mixture is homogeneous with no relative motion between the 
phases. This could have been assumed initially since the physi- 
cal size of the flow section and the high velocities attained render 
separation improbable. 

The expression for the critical mass-flow rate for a compressible 
fluid is 


The expression dp/dv is evaluated at constant entropy after the 
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Fig. 6 Pressure versus breakdown length 


maximum flow establishes the pressure gradient in the fully liquid 
region. Actually, the existence of a maximum flow also should 
fix the two-phase pressure-drop curve and the fluid should expand 
to the final back pressure after it leaves the clearance. 

There was no definite relationship between critical-pressure 
ratio and inlet conditions. Computing the ratio of the experi- 
mentally observed critical pressure to the saturation pressure 
yielded values between 0.450 and 0.861; the only noticeable 
trend being that the higher inlet temperatures yielded the lower 
values of the critical-pressure ratio. 


Method of Attack 
The fact that the experimental investigation showed evidence 
of choking for the complete range of test variables suggests that 
the mixture might be treated as being compressible and as such the 
« 


end point in the thermodynamic process has been determined by 
assuming an adiabatic process at constant enthalpy. The lat- 
ter assumption is justifiable since the test section was heavily 
insulated against heat loss to the surroundings. 

For the prediction of the pressure drop in the two-phase region, 
C. E. Lapple, et al., (6) developed an expression by substituting 
the continuity equation 


into the general energy equation for a compressible fluid 
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Equation [4] cannot be integrated explicitly, but a numerical in- 
tegration is possible. Rewriting Equation [4] 
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4 Oe Table 1 Comparison of experimental critical values with predicted limits 
0.012 
400 


0.006 
398 


Diametral clearance, in.. . 
Temperature, deg F..... 


G, (lower limit) 
G. (experimental) 
G.' (upper limit). . 
Per cent error... 
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- According to Bottomley (7) and Benjamin and Miller (8) the 
values of the friction factor f will vary from the values of liquid 
flow to approximately 0.012. 


AL = 


Prediction of Critical Conditions 


Since Equation [1] can only be used directly if the end point of 
the process is known (the critical pressure P, in this case) it 
might appear that its usefulness is of limited value. However, 
this is not the case since a graphical solution is possible whereby 
the upper and lower limits of the critical mass-flow rate G, can 
be established. 

To illustrate the solution, reference is made to Fig. 7. A plot of 
G versus P/Pi. is computed based upon liquid flow only. The 
conventional friction-factor Reynolds-number plots are employed 
using the properties of the liquid as determined from the inlet 
conditions. Even though the curve has meaning only up to the 
saturation pressure (point 2 on the curve) the relationship is ex- 
tended as though it remained a liquid beyond this point (the 
dashed portion of the curve). Applying Equation [1] a curve 
representing the critical flow for various back pressures is also 
plotted against P/Pin. It is necessary to select P fairly close to 
P, if the temperatures are relatively low (below 500 F) since the 
curve begins as a ray from the origin and approaches P,/Pin 
as an asymptote. To obtain reasonable accuracy, however, the 
points must be far enough from the saturation pressure to result 

in reasonable vapor weight fractions. 


DIAMETER 1.00" 
LENGTH 10.0" 
CLEARANCE 0.006" 
TEMPERATURE 600°F 
SATURATION 
PRESSURE 1543 PSIA 
INLET 
PRESSURE 2500 PSIG 
LEGEND 
oTEST POINTS 
©CALCULATED CRITICAL 
FLOWS 
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The limits of the critical point have now been determined. 
The upper limit is given by the intersection of the ‘‘sonic ray’’ 
with the fictitious liquid curve (point 1 in the figure). The 
lower limit is given by the flow corresponding to saturation pres- 
sure as the back pressure (point 2). The critical pressure and 
flow must lie on the sonic line somewhere between the flows cor- 
responding to the upper and lower limits. 

The foregoing method was used to correlate the test data. 
Table 1 shows the comparison of some of the experimental maxi- 
mum flows with the determined limits. The values of percentage 
error were obtained by assuming that the critical flow was the 
average of the upper and lower limits. Note that for the lower 
temperatures the average gives excellent results while for the 
higher temperatures the percentage error increases. This is to 
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be expected as mentioned under Results since for the higher tem- 
peratures the critical mass-flow rate approaches the upper limit 
as a result of the decrease in the volume of the vapor for the same 
quality. 

Figs. 8 and 9 were constructed to facilitate the computation of 
the critical velocity and flow for various qualities. Fig. 9 indi- 
cates that the pressure has very little influence on the critical 
velocity for a given quality. 


Prediction of Two-Phase Pressure Drop 

Martinelli (5) presents correlations to predict the two-phase 
pressure drop. However, his solution has application when 
the pressure drop is small in comparison with the pressure level 
and where average values for properties have meaning over 
large increments as in boiler tubes and blowdown or cascade 
piping. In this investigation the pressure gradients are very 
high and the changes in quality and specific volume are due to 
the pressure drop alone. 

The construction of the flashing portion of the curve in Fig. 6 
by use of Equation [5] is a probability. It involves the selec- 
tion of several mass-flow rates and for each the length of the non- 
flashing portion is calculated by conventional means using (Pin — 
P,) as the pressure drop. For a given total length the flashing 
length is thus determined. The exit pressure can be calculated 
by taking decrements in AP and finding the corresponding AL 
by Equation [5] until [AL equals the flashing length. The 
exit pressure is then equal to P, — 2AP. Whenever AL becomes 
negative ic means that too large a decrement in pressure has been 
taken. The decrement should be reduced until AL becomes posi- 
tive or equals zero; if the latter, the critical conditions have been 
established. If AL remains negative the assumed flow is above 
the critical flow. 

The computation of two-phase pressure drop by this method is 


a tedious procedure. “There is a lack of friction-factor data for 
the two-phase region and the skill with which the decrements of 
AP are chosen influences the accuracy of such calculations. 


Conclusions 

The presence of critical conditions for two-phase flow through 
annuli of fine clearance has been verified experimentally. For 
ordinary engineering computations the critical conditions can be 
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estimated with sufficient accuracy by use of the limits given by 
the acoustical velocity equation and the saturation pressure. 
The method involving Equation [5], while more rigorous, is of 
less practical value owing to the lack of friction-factor data in 
the two-phase region. To meet this need the authors are pres- 
ently engaged in experimental work to obtain friction-factor data 
in the two-phase region, for both smooth and serrated break- 
downs. 
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Sy mposium or on Welded Spiral Cases From the | 


Consulting Engineer 


and U Sers 


Hydraulic and Weight Features of Welded Spiral Cases 


By R. A. SUTHERLAND,' NEW YORK, N 


An illustrative emis of comparative head loss of welded 
and riveted plate-steel spiral cases shows that a substantial 
monetary value may accrue by the use of a welded case. An 
approximate relationship for weight of case in terms of rated head, 
case-design head, and inlet diameter is derived and checked 


ainst known data. —— 


Tue consulting engineer is employed by the owner of a pro- 
spective power plant to design and supervise construction of a 
plant which will give the greatest value for the money expended, 
not only in regard to first cost but also the cost of operation. In 
this capacity he is bound to be interested in spiral-case design, al- 
though it is primarily the problem of the manufacturer. The 
user is of course vitally interested in reduction of cost and im- 
provement of performance. Increasing size of turbines has em- 
phasized the difficulties of design and construction of riveted 
eases. This and other factors have led to increasing use of welded 
construction, permitting more effective use of the steel and inci- 
dentally leading to an appreciable reduction in head loss. 


Introduction 


Hydraulic Considerations 


A rather complete comparison of riveted versus welded cases 
for the Grand Coulee turbines was published in 1938 by The 
James F. Lincoln Welding Foundation (1).2. The welded case 
illustrated in that article was designed on a theoretical basis on 
the assumption that segments of case and stay ring could be 
stress-relieved in the field, and differed considerably from the tur- 
bines as installed, which had flanged circumferential joints. 
Hydraulic losses, weights, and other factors were estimated and 
evaluated in the comparison. 

In the following paragraphs an attempt is made to do only two 
things; i.e., to evaluate the hydraulic loss for a particular case, 
merely as an example of the order of magnitude, and to deduce an 
approximate relationship for the weight of either a riveted or a 
welded case, for the information of those who may wish to make 
an estimate for a particular instance. 

The improvement in efficiency by using a welded case is due to 
two main elements; namely, ‘a) reduction in head loss in case, 
and (b) reduction in turbulence of water entering turbine. 

The second of these two factors is difficult to evaluate and only 
the first one is covered in the example which follows. 

Riveted cases for low heads may be entirely lap-riveted. For 
somewhat higher heads the circumferential joints may be lap- 

1 Civil Engineer, Ebasco Services Inc. Mem. ASME. 

2 Numbers in parentheses refer to the Bibliography on page 1145 

Contributed by the Hydraulic Division and presented at an 
ASCE-ASME joint symposium at the Annual Meeting, New York, 
N. Y., December 1-6, 1957, of Tae AmeRicAN Society or Me- 
CHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
July 24,1957. Paper No. 57—A-106. ; 
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riveted, with one or two rows of rivets, while the longitudinal 
joints are of the double-butt strap type, with the joints staggered. — 
For still higher heads the girth joints may be of the single-butt 
strap type, with the longitudinal joints of the double-butt strap 
type, with the joints lined up for constructional reasons. The 
inside rivet heads are commonly of the raised countersunk type. 
Obviously the friction factor will vary with the type of joint and = 
the Scobey K may vary from 0.40 to 0.50 (2). 

The head loss in the spiral case has been evaluated for the tur- 
bine shown in Fig. 1 on the basis of Scobey’s coefficient of K = 
0.32, for welded construction. The computations are summarized 
in Table 1, and the head loss at full load is found to be 0.33 ft. 
If Scobey’s K for a riveted case is taken as 0.45, the relative head 
loss would be 0.465 ft, and the increase in head loss 0.135 ft. If 
this gain is evaluated on the basis of the money paid to develop 
each foot of head for this development, the capital-cost benefit is 
found to be approximately $65,000. If, on the other hand, the 
annual value of the increase both in capacity and energy for all 
units in the development is evaluated and capitalized, the capi- 
tal-cost benefit is found to be approximately $85,000. A very 
substantial benefit is evident, which should not be overlooked. 


Comparative Weights of Riveted and Welded Spiral Cases 


In the literature on water turbines, the weight of the spiral case 
alone is seldom given, but with the help of some of the turbine 
manufacturers and from other sources, an attempt has been made 
to obtain a general basis on which to estimate the comparative 
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Guernsey 75 1.04 
Norris 180 | 100 | Data taken in part 
Merwin 190 117 from fig 83 of Ref 3 
Green Mtn 210 133 | 
Anderson Ranch 260 L26 
Grand Coulee 330 
| Boulder _ 480 
Bou Ider 525 160 
Fig. 2 


weights of steel required for fully riveted cases, part welded and 
part riveted, and fully welded. 

All other things being equal, the weight obviously varies di- 
rectly with the case-design head H and with the cube of the inlet 
diameter d, inasmuch as the latter affects the three dimensions of 
length, circumference, and thickness. However, it is well known 
that the relative dimensions of the turbine change with the rated 
head, and an attempt has been made to allow for this also. Fig. 2 
shows for various rated heads the ratio between the spiral-case 
entrance offset A ft and the inlet diameter d ft. It is found that 
this ratio varies approximately as h'/* where h is the rated head. 
It is assumed that the length of the center line of the spiral case 
varies with A, other things being equal. Hence this factor hi/s 
must be introduced and we ob in the approximate relationship 

Wt of case, lb = W = C d*Hh'/* 
where C is a constant 


The values of C = weight/d*Hh'/* are shown in Table 2, and it is 
seen that, while some variation occurs in this quotient, it does 
show some consistency. The variation is due in part to varia- 


Table 1 Head loss for casing shown in Fig. 1, if welded <8 
Loss of Head s length e Loss Ave. Q@ 
Diameter Discharge Velocity feet, 1,000" Mean s between Oh = se between 
Section ft cfs ft/sec K = 0,32 ft,1,000' Sections ft ft Sections cfs @@h 
24.0 8,900 19.7 2.8 
2.05 22 8,680 502 
« 1 24.0 5,455 18.7 2.5 
3-95 39 +19 7,340 87 
2 19.8 6,230 20.2 3.0 
$ 15.4 4,005 21.6 5.4 
7.5 29 2,890 op 
10.0 1,780 22.7 9.6 : 
12.55 (1) 15 890 


Total @Ah = 2,95 


Effective loss for Q = 8,900 = 2,956 = 0.33 ft 


Table 2 Comparative weights of turbine cases __ - 


Shipping 
Rated Design Inlet wt of 
head head diam case 
Name h, ft H,ft d,ft W,lb d*Hh'/ 
Fully riveted 
Grand Coulee* 355 415 15.0 392,000 0.064 
Norris 164 287 20.5 430,000 0.652 
Cherokee 100 180 19.0 278,000 0.074 
Cabinet Gorge 100 125 26.2 416,000 0.058 
Merwin Nos. 1 
and 2 180 212 14.5 171,500 0.072 
Yale 250 324 13.5 235,000 0.074 
Mean 0.066 
Riveted to stay ring, otherwise welded 
Peixoto Nos. 1 
and 2 15 221 16.0 150,000 0.047 
Peixoto Nos. 3 
and 4 170.6 221 16.0 230,000 0.070 
0.059 
Fully welded 
Grand Coulee* 355 415 15.0 218,000 0.036 
Shipshaw 208 300 16.0 200,000 0.043 
Merwin No.3 190 224 14.3 137,000 0.056 
Fontana 330 489 12.0 250,000 0.070 
Cheoah No. 5 185 230 12.8 86,000 0.048 
Hiwassee 190 345 14.0 216,000 0.061 
Noxon? 152 196 24.0 288,000 0.032 
Swift Creek No. 
2 128 187 16.0 185,500 0.072 
Mean 0.050 


* Comparative designs from reference (1). These figures do 
not apply to the Grand Coulee turbines as actually built, which 
consist of shop-welded segments with flanged radial joints. 

+ A design for Noxon turbine using mild-steel case. Does not 
apply to the turbines as actually being built, which have T; steel 
cases. 


tions in design practice of the different manufacturers. Among 


such variations in design practice are : 


1 Design stress used. 
2 Type of joint and efficienc —, = oth tne 


3 Length of inlet section of case. 

4 Relative proportions of runner, stay ring, and spiral case. 
(In one case the unit is a pump-turbine of unusual proportions. ) 

5 Permissible water velocities. 
If we accept the basis stated as being approximately correct, it is 
clear from the mean figures of each group that the weight of a 
welded case with a riveted joint at the stay ring shows only a 
nominal saving in weight as compared with a fully riveted case, 
but that the weight of a fully welded case is approximately */; of 
that of a fully riveted one. 

In only one example case do we have in this table a direct weight — 


=~ 


"TRANSACTIONS OF THE ASME 


& 


A 
Pe 
| 
“te (1) Extrapolated figures by use of se — 
40 oe A 
SG 
= = 


JULY, 1958 


compartson between riveted and welded construction for similar 
units in the same powerhouse, and here the comparison is perhaps 
partly invalidated by two different manufacturers being involved. 


Bibliography 
1 “Are Welding in Design, Manufacture, and Construction,” 
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Welded Spiral Case Construction Procedures _ 


This paper discusses comparative costs between riveted and 
welded spiral cases, suggests specific requirements for insuring 
satisfactory welded spiral cases, under varying erection condi- 
tions, and sets forth construction and welding procedures being 
carried out on three different examples. 


General 


Many turbine manufacturers in submitting proposals for their 
equipment recommend field-welded spiral cases instead of riveted, 
and the welded construction is claimed to be better and more 
economical. Examples of representative installations are re- 
ferred to but definite figures on the over-all savings are not availa- 
ble. 

The manufacturer may submit alternate quotations for a 
welded and a riveted spiral case giving a definite saving for the 
material or ‘“‘shop’’ costs. The comparative erection costs must 
be estimated and are subject to wide variation, and estimated 
savings often do not materialize. It is true that riveters are 
scarce and difficult to obtain; however, qualified field welders are 
not always available, particularly in the remote locations where 
hydro plants are usually constructed. 

The welding of the spiral case is very important as it is of an 
unsymmetrical shape, and the welding shrinkage with its resulting 
distortion is of major concern to the engineer. Defective welding 
which must be removed and replaced can increase the construc- 
tion costs tremendously. Various processes are available such as 
special steels, preheating of welds, peening, magnafluxing, radio- 
graph examination, low-heat stress relieving, and pressure testing 
the completed case. What requirements should the engineer 
specify to insure a completely satisfactory welded installation? 

It is recommended that the turbine manufacturer have the sole 
responsibility for the structural adequacy of the turbine, and 
also that he should be responsible for the field welding. The cur- 
rent practice of the author’s company for welded spiral cases is 
usually to accept the turbine manufacturer’s recommended con- 
struction. On domestic projects it is specified that the turbine 
manufacturer do the actual field welding, but the fitting up of the 
spiral case is done by the turbine-erection contractor. On foreign 
jobs the turbine manufacturer has furnished a welding supervisor 
to insure that the field welding is done to their complete satis- 
faction. The purchaser’s inspector also inspects the field welding 
to insure that it conforms with good practice. The weld inter- 
sections and representative sections of the linear welds are spot- 
radiographed to confirm the quality of the welding. After com- 
pletion, the case is hydrostatically tested before concreting to in- 
sure that an entirely satisfactory job has been obtained. 

It is appreciated that welded spiral cases have simpler shop fab- 
rication and require less material as the riveted splice material is 
eliminated. The completed welded spiral case is considered a 
better installation as it has a smooth interior without the nu- 
merous rivets, and eliminates the leakage common with riveting. 
However, the total cost of the completely erected spiral case 


8 Chief Architectural-Structural Engineer, Ebasco Services Inc. 


NEW YORK, N. Y. 
does not represent a tremendous saving over the riveted cases. 
A turbine manufacturer furnished estimated costs for a repre- 
sentative one-unit installation as shown in Table 3. 


Table 3 Spiral case comparative estimated direct cost 
Riveted 
$113,000 
2,000 
2,000 
$117,000 


Welded 
$ 92,000 


Item Difference 
Casing—shop fabricated 


Stay-ring extra work 


Freight extra 
Total material cost $ 92,000 
Field welding $ 10,000 


Field riveting 
Field erection 12,000 
Total erected cost $114,000 
Extra inspection and 
pressure test $ 18,000 
Final total cost $132,000 $139,000 $7,000 
Indicated saving $7000 with welded spiral case. 


$25,000 


$ 12,000 
10, 000 
$139,000 


$25,000 


@ Includes $14,000 for bulkhead and stay-ring closure which is 
available for testing future units when plant is extended. 


Installations 

The following are descriptions of field-welded spiral cases con- 
structed or in progress by the author’s company. 

Example A. This is a foreign installation consisting of two 
40,000-kw units with a head of 210 ft including water hammer. 
The spiral case is of ASTM A-285 Grade C, flange quality steel, in 
thicknesses varying from °/; in. to 1'/: in. with a working stress of 
12,000 psi. The inlet diameter is 15 ft 6 in. and the distance 
across the spiral case is 42 ft. The plates are welded to each 
other but riveted to the stay ring. The turbine manufacturer 
provided a welding supervisor. 

The spiral case was completely shop-assembled with the stay 
ring and match-marked and field-assembly fittings attached. In 
the field the case plates were erected, and tie rods were provided _ 
to maintain the proper diameters. Adjustable jacks were used un- — 
der the support brackets, and extreme care was taken to maintain 
a true alignment. The assembly was completed and checked for 
alignment before starting to weld. 
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Fig. 3 Example A, scroll-case erection, view 1 


Fig. 4 Example A, scroll-case erection, view 2 


The plates were beveled to eliminate overhead welding. Welds 
were 60 deg, single vee, welded both sides or welded one side with 
a back-up bar. All welding was done with AWS Specification 
Electrode E-6010, °/32 and */i, in. diam. The joints were first 
welded with heavy tack welds, */s in. thick and 6 in. long, spaced 
about 3 ft apart. The welding was continued maintaining a uni- 
form thickness until the weld was about °/s; in. thick. The root 
was back chipped and welded, and then the first side of the joint 
was completed. Welds were checked by spot x-ray. 

All longitudinal joints were welded to form rings prior to weld- 
ing any circumferential seams. To minimize distortion and 
locked-up stresses, the circumferential joints were welded in two 
operations. First, approximately one half of the joints were com- 
pleted, connecting two or three separate rings into one section. 
The joints at the small end were welded first. Erection bolts at 
joints not being welded were loosened but maintained at a snug 
fit during the welding of the other joints. The welding of each 
joint progressed simultaneously and uniformly on the top and 
bottom halves in increments. 

For the second operation of connecting the sections, the welding 
procedure was the same except that special precautions were taken 
to minimize distortions due to weld shrinkage. Gage marks were 
center punched across the joints at approximately 4-ft intervals 
with a double-pointed center punch. Each layer of weld except 
the first was heavily peened to maintain the gage marks as close 
to the original position as possible. After all welding was com- 
plete the plates were then riveted to the stay ring. 

A dished bulkhead was welded to the case inlet, and a barrel 
section installed which sealed against the stay ring, and the com- 
pleted spiral case was then hydraulically pressure-tested to 125 
per cent of the design head. The test pressure was raised in 
stages to stress the meta! gradually to permit adjustment of 
localized welding stresses. 

The construction superintendent for this installation has erected 
both riveted and welded spiral cases, and advised that he pre- 
ferred the welded as it was more rigid with less leakage and was 
easier to concrete. The time required for erecting the first unit 
was 3600 hr and 4800 hr for the second unit. The increase was 
due to fitting difficulties of the plates and excessive welding be- 
cause of larger gaps between adjoining plates. 

Example B. This is a domestic installation consisting of a 
45,000-kw unit operating at 224-ft head including water hammer. 
It is an extension to an existing plant in which the existing spiral 
cases are of riveted design. The spiral case is of ASTM A-285, 
Grade B firebox-quality steel, in thicknesses varying from '/2 in. 
to 1 in. with a working stress of 12,500 psi. The inlet diam is 
14 ft 4 in. and the dimension across the spiral case is 44 ft. All 
connections are welded including the connection to the stay ring. 
This spiral case is presently being fabricated and will be installed 


Fig. 5 Example A, scroll-case erection, view 3 


in late 1957. The field welding is to be done by the turbine 
manufacturer, but the spiral case will be assembled by the tur- 
bine-erection contractor. 

The spiral case will be completely shop-assembled with the 
stay ring and match-marked and field-assembly fittings attached. 
The spiral-case plates are shop-welded into sections of reasonable 
lengths for shipment and provided with internal bracing. The 
only field welds will be the circumferential joints joining the sec- 
tions and the joints at the stay ring and two longitudinal joints at 
the inlet. The assembly will be completed and checked for 
alignment before starting the field welding. 

The plates are beveled to eliminate overhead welding. Al! 
welds are 60 deg single vee, with a root gap of '/s to #/;zsin. Back- 
up bars are to be used for all welds and removed and the weld 
root chipped out and rewelded. Maximum misalignment speci- 
fied is '/;, in. Whether this can be attained will be determined 
during the construction. All welding is to be done with AWS 
E-6010 electrodes, 5/32 to '/,in. diam. Metal is to be preheatea to 
150 F and all weld layers except first and last are to be peened. 
Every other layer will be magnafluxed and defects repaired be- 
fore proceeding. The completed spiral case will be checked by 
spot x ray at all intersections and at representative points on the 
seams. 

The two longitudinal joints at the inlet sections are to be welded 
first. The circumferential joints are to be welded in succession, 
starting at the inlet opening and progressing around the case to 
the small (nose) end. All circumferential joints must be com- 
pleted before welding to the nose piece as this is quite rigid, and 
all movement of the case must take place before this last joint is 
welded. 

After completion of circumferential joints the plates are to be 
welded to the stay ring. The turbine head cover and a bottom 
ring with a spider will be placed in the stay ring to minimize dis- 
tortion during the field welding. The bottom joint will be welded 
first and is to be completed before starting the top joint. Welders 
will be placed diametrically opposite each other and placed equi- 
distant around the stay ring, and will weld in the same direction 
simultaneously. 

At the completion of field welding, all welds will be given a 
low-temperature stress-relief treatment. 

A bulkhead for the inlet and a barrel bulkhead for the stay ring 
will be installed, and the completed spiral case will be hydrauli- 
cally pressure-tested to 130 per cent of the design pressure. The 
test pressure will be raised in stages at a controlled rate to stress 
the steel gradually to permit adjustment of localized welding 
stresses. 

Example C. This is a domestic installation consisting of four 
100,000-kw units with a 195-ft head including water hammer. 
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The spiral case is of T-1 steel in thicknesses up to 1 in. with a 
working stress of 27,500. The inlet diameter is 24 ft and the di- 
mension across the spiral case is 65 ft. The spiral case is of 
welded construction including the connection to the stay ring. 
The spiral case will be assembled by the turbine-erection con- 
tractor, and field-welded by the turbine manufacturer. 

The T-1 steel is a low-carbon, quenched-and-tempered alloy 
plate steel with a high yield strength of 90,000 psi which is approx- 
imately three times the yield strength of ordinary carbon steel. 
The tensile strength of T-1 steel is 105,000 psi min and it has ex- 
cellent properties of notched toughness and good welding proper- 
ties. The advantages of T-1 steel are less thickness of material 
to be welded; and savings in freight, shop work, handling, and 
erection time. Added precautions are being taken, as T-1 steel is 
relatively recent, and the case will be 100 per cent x-rayed and 
pressure-tested. 

The spiral case will be completely shop assembled with the stay 
ring and match-marked and field-assembly fittings attached. 
Special care is to be taken in the joint alignment to provide exact 
clearances for welding as few adjustments can be made in the 
field. The individual plates and plate sections of the knocked- 
down cases will be adequately braced for shipment. One section 
at the small end will be shop-welded. A tapered T-1 transition 
piece will be shop-welded to the heavy low-carbon-steel stay ring, 
and then furnace-stressed relieved. A tapered transition ring of 
T-1 steel will be provided for field welding between the T-1 steel 
spiral case, and the low-carbon-steel penstock. 

The spiral case will be completely assembled in the field using 
adjustable jacks and steel shims on concrete pedestals, and 
checked for proper aligament before starting any field welding. 

Welders are to be qualified to Section 9 ASME Code using T-1 
steel in the qualification test. The plates will be beveled to elimi- 
nate overhead welding, and welds are 45-deg single vee, with a 
root gap of !/, in., with backing strips. Any back-up strips that 
become part of the completed structure will be of T-1 steel. 
Welds, from which the back-up strips are removed, will be back- 
chipped at the root and rewelded. Preheat of 200 to 300 F will 
be used and this temperature will be maintained while welding is 
in progress. The weld rod used will conform to the AWS speoi- 
fication E10016 which has physical properties similar to T-1 steel, 
1/, to 7/32 in. diam. 

All longitudinal joints are to be welded prior to welding the 
circumferential joints, which are to be welded in succession, start- 
ing at the inlet opening, and progressing around the case to the 
small end. All circumferential joints are to be completed before 
starting to weld the circumferential joint near the nose piece. 
All welding of joints on the spiral case will be done before welding 
to the stay ring. The turbine head cover will be placed in the 
stay ring and a spider placed in the discharge ring to minimize 
distortion of the stay ring during field welding. In welding case 
to the stay ring, a sequence of welding will be followed which will 
result in a minimum of residual stress and distortion. The welders 


This paper describes erection and welding procedures carried 
out on Fontana, Hiwassee, and Watauga Units of the Tennessee 
Valley Authority, and gives erection costs of both welded and 
riveted cases where such costs are comparable. 


4 Head Mechanical Engineer, Tennessee Valley Authority. Mem. 
ASME. 
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will be placed equidistant around the stay ring, and will weld in 
the same direction simultaneously. 

A T-1 bulkhead for the inlet and a barrel bulkhead for the stay 
ring will be installed, and the completed spiral case will be hy-— 
draulically pressure-tested to 150 per cent of the design pressure. 
The test pressure will be raised in stages at a controlled rate to— 
stress the steel gradually to permit adjustment of localized welding 
stresses, 


Summary 


In general, the basic erection and welding procedure has been 
established by the spiral-case manufacturers and modified if — 
necessary in accordance with purchaser’s comments. The radio- 
graphing, either spot or 100 per cent, and the pressure testing has 
been specified by the purchaser. 

For the domestic installations, the spiral-case manufacturer 
performs the field welding but not the field assembly. For the 
foreign jobs, the spiral-case manufacture’ as furnished only a 
welding supervisor and the installation uade by the job con- 
struction crew. 

In examples B and C, as much shop welding as possible of the 
plates into sections will be done to reduce the amount of costly 
field welding. In example A the material was transported by 
ship, in which the shipping costs are based on cubage and weight. 
To reduce these costs, the shaped plates were shipped loose and 
nested where possible to save volume. 

In all cases the longitudinal joints were completed before the 
circumferential joints. In example A the welding of the cireum- 
ferential joints started at the small end, and proceeded around the 
spiral case to the inlet end. In examples B and C, this procedure | 
is reversed. 

For example A, heavy peening was performed on the final cir- 
cumferential joints to reduce weld distortion, while for the other 
two examples only the usual peening was used throughout. 

The spiral-case plates were riveted to the stay ring for example 
A and welded for examples B and C. 

A skip or increment welding sequence was used for example A 
but not for Band C. The skip sequence will tend to reduce dis- 
tortion and locked-up stresses in joints where the plates are not 
free to move. 

For examples B and C, the plates will be preheated for welding. 
Tn addition, for B, every other layer of weld will be examined by 
magnafluxing. None of these operations was performed for A. 

As can be seen from these comparisons, there are some dif- 
ferences in the procedures as set up by the different manufacturers 
which are based on their judgment, experience, and preference. 

The spiral case for example A has been installed, and in general 
the procedure was satisfactory except for poor field fit in some 
parts. The heavy peening was found to be helpful in reducing 
weld distortion but it was not 100 per cent effective. The other 
two installations as of July, 1957, have not been completed and it 
will be of interest to compare the actual construction to determine 
which method results in the best installation. 


By R. M. GARDNER,* KNOXVILLE, TENN. 


General 

Since creation of TVA in. May, 1933, 20 major dams have been 
completed. A total of 77 hydroelectric units have been installed 
in the powerhouses of these projects, including 13 new units in- 
stalled by TVA in existing plants built prior to creation of TVA. 
Of 77 TVA-installed units, 54 have concrete spiral cases, 15 have 
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Table 4 TVA steel spiral cases 
Spiral Case Data 
Initia Weight Hydrostatic N 
Operation Rated Rated in Plate Design Test 
‘ } First Unit Head, Flow. Tons Inlet Thickness Head, Pressure, Assembled 
Project Unit Horsepower Feet Type Specified by TVA Type Furnished crs(13 Each Diameter Min. aX PsI PSI Sections 
Norris 1 & 2 7-28-% 66,000 165 Plate steel riveted Plate steel riveted 215.0(2) 20-0" 1° 1-11/16"— 125 3 
: Hiwassee 1 5-21-40 80,000 190 Plate steel riveted Plate steel riveted 4,490 200.0 18'=0" 1" 1-3/8" 10 - ue 
2 5-24-56 83,000 190 Plate steel riveted or Plate steel welded 4,500 162.9(3) 14'-6-1/8" 3/i" 1-1/4" 140 210 1 
welded 
Cherokee 100 Plate steel riveted Plate steel riveted 1%.3 7/8" 1" 70 - 
j Dovglas 1 & 3 3-21-43 41,500 100 Plate steel riveted Plate steel riveted 4,800 134.3 19"=0" 7/8" 2° 70 - 57 
2&4 5-22-49 35,500 80 Plate steel riveted Plate steel riveted 5,200 13%.3 19"-0" = 7/8" 1" 70 - 5 
Ocoee No. 3 4-30-43 33,500 280 Plate steel riveted cr Plate steel riveted 1,550 60 est(3) 9%ao" ° _ " 195 - 6 
(one unit) cast steel bolted or 
plate steel shop-welded 
and field-bolted 
4 Apalachia 1 9-22-43 53,000 360 Plate steel riveted or Cast steel bolted 1,750 62.45(3) 9%=0" 2-2/2" ass 360 
ey, ih &2 cast steel bolted or 
Plate steel shop-welded 
and field-bolted 
Fontana 1 & 2 1-20-45) Cast steel bolted or ‘ 
2= 91,500 330 plate steel shop-welded Plate steel welded 3,100 167.25(3) 12'-0" 1-7/8" 212 371 
and bolted or plate 
= Seam steel shop- and field- 
welded 
Watauga 1 & 2 34,500 216 Plate steel riveted or Plate steel shop- 1,700 70.64(3) 11-0" 5/8 1-1/2" 210 - & 
welded welded and field= 
bolted 
me i ee Sovth Holston 1 2-13-52 48,500 180 Plate steel riveted or Plate steel riveted 3,190 94.75 14'=0" 2° 1-9/16" 190 - 27 
tle shop-welded and bolted F 
Chatuge 1 1229254 13,800 100 Plate steel riveted Plate steel riveted 1,500 31.50(4) 12%=0" 1/2" 13/16" 8) - Mu) 
Nottely 1 1-10-56 21,000 12h Plate steel riveted Plate steel riveted 1,900 55,00() 12%0" 5/8" -1/8 110 - 9(L) 


(1) Maxim m flow at. 100 percent gate and rated head. 
(2) Estim ted shipping weight. 

(3) Inclwles stay ring. 

(4) Howell-Bunger valve nozzle. 


plate-steel riveted cases, 2 have cast-steel cases, 4 have plate- 
steel welded cases, and 2 have combination plate-steel welded and 
bolted cases. A tabulation of the 23 units having steel spiral 
cases is shown in Table 4. 

Listed below is the chronological order of TVA 
welded-and-bolted spiral cases: 


all-welded or 


Commercial 
Project == ‘Unit operating date 
Fontana 7 1 January 20, 1945 
March 24, 1945 
Watauga (itt August 30, 1949 
Watauga September 29, 1949 
Fontana = 3 _ February 4, 1954 
Hiwassee 2 24, 1956 


Fontana Spiral Cases 


Fontana Units 1 and 2 were the first TVA-purchased and in- 

stalled welded spiral cases. Unit 1 erection was begun in April, 

1944, and Unit 2 in July, 1944. Unit 3 erection commenced in 

October, 1952. At the time Unit 1 was purchased and installed it 

was one of the largest all-welded spiral cases in the United States. 

A construction view of the Unit 1 case, showing the inlet test 

head ready for attachment, is shown in Fig. 6. The case was 
fabricated of shop-and-field-welded structural steel plates and the 
stay ring of steel castings; the plates of the case were welded to 
the stay-ring sections in the manufacturer’s shop. The complete 
case and stay-ring assembly was fabricated and shipped in eight 
sections. All shop-welded joints were stress-relieved. The 
over-all diameter of the stay ring is 22 ft 1 in.; its over-all height 
is6ft4in.; the ID is 17 ft6in.; and the opening of the water 
passage is 29'/,in. high. The 334,500-lb spiral case has an inlet 
diameter of 12 ft. The sections of the stay ring were bolted and 
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Fig.6 Fontana Unit 1—TVA all-welded spiral casing 


doweled together with joints in the ring provided with round rub- 
ber gaskets to prevent leakage of water from within the case. 
Before the case was welded, the stay ring was aligned as closely as 
possible for concentricity and level. Frequent concentricity and 
level checks were made on the stay-ring flange while the field 
joints were being welded. These checks were made in the morn- 
ing before the joints were heated and on week ends when there was 
no welding. Welding of the case field joints was performed by 
the turbine contractor. 

Chipping and peening of the mentioned joints was also done by 
the contractor, although the cost of this work was back-charged 
to TVA. Welding was done in accordance with the ASME Boiler 
Construction Code for Unfired Pressure Vessels, Section VIII, 
except that stress-relieving of the joints was not required. 
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Welders took their certification tests, and were qualified at the 
site by the Pittsburgh Testing Laboratory. 

The contractor kept a close check on the welding work at all 
times. Test samples were cut from the welds and tested in the 
field, and strain-gage readings were taken in the base metal ad- 
jacent to the weld in order to be able to tell if sufficient peening 
was being done to reduce local stresses induced in the plate by the 
welding. All welds were back-chipped to good metal, and the 
back-chipping was carefully checked by magnafluxing. 

The contractor was required to test the completed case at a 
hydrostatic pressure of 371 psi. To make this test, the contrac- 
tor supplied a test head, which was welded to the inlet end of the 
case, and a cylindrical-shaped test ring that fitted inside the stay 
ring. This ring sealed, by means of round rubber gaskets, at the 
same point that the main-cover plate seals with the stay ring, and 
a point on the discharge ring below the joint between the dis- 
charge and stay rings. 

The extensive precautions taken by the contractor to ensure a 
good welding job in the field actually proved to be economical as 
the cases withstood the pressure tests with no trouble whatever 
from the welded joints. They also provided much valuable in- 
formation on field-welding procedures and means for stress-reliev- 
ing. The strain-gage readings showed that, if the peening was 
done immediately after 3 or 4 ft of weld bead was laid, the stresses 
set up in the base metal adjacent to the weld could be relieved to a 
large extent by peening. The cutting of test bars gave the physi- 
cal properties of the weld metal in place, and provided a means for 
visible inspection of a cross section of the welds. 

The foregoing procedure was followed for erection of both Units 
1 and 2, and was essentially the same for Unit 3 except the field 
welds for Unit 3 were stress-relieved by the low-temperature 
stress-relieving process developed by Linde Air Products Com- 
pany. Welding of the field joints for Unit 3 was completed in 
approximately 70 days by 7 welders working on a 45-hr-week 
schedule. Stress-relieving of the welds for Unit 3 was completed 
in 11 calendar days, working six 9-hr shifts per week. 


Hiwassee Unit 2 Spiral Case 


Hiwassee Unit 2 pump-turbine is the latest TV A-purchased and 
installed all-welded spiral case. The TVA procurement specifica- 
tions permitted either a riveted plate-steel case or a shop and 
field-welded case. The Conditions of Bid provided for evaluation 
of bids concerning the two types, stating that an amount of $30,- 
000 would be added to the bid price of a field-riveted case because 
of the additional field work required. Only one bid was received 
and this was based on an all-welded case, so no evaluation was re- 
quired. Since this is the most recently installed all-welded case, 
some discussion follows regarding erection, welding, and testing 
procedures. 

Erection. The complete case and stay-ring assembly was fabri- 
cated by the manufacturer and shipped in ten sections. The 
plates of the case were welded to the stay-ring sections in the shop. 
The largest section weighed 65,000 lb and smallest 12,500 lb with 
the complete case and stay-ring assembly weighing 381,000 Ib. 
The over-all diameter of the stay ring is 31 ft 8 in.; the height is 
8 ft 7'/. in.; ID is 27 ft 6'/, in.; and the opening of the water 
passage is 3 ft 10'/, in. high. The case inlet diameter is 14 ft 
6'/s in. The sections of the stay ring were bolted and doweled 
together with connection bolts as well as tapered and straight 
dowels. The joints in the ring are provided with a round rubber 
gasket in each flange to prevent leakage of water from within the 
case; this gasket fits in a groove cut in one face of each coupling. 

Field-weld joints were single vee-type (approximately 50 deg) 
with some made from the interior of the case, and others from the 
exterior so that as much down-welding as possible could be done. 

A view of one of the case sections being transperted from rail- 
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head to the job on a 75-ton float is shown in Fig. 7. The first 
case section was lifted and leveled by manipulation of chain hoists 
incorporated in the slings, and was lowered to its approximate 
final position and placed on five 20-ton screw jacks. Anchorages 
for the case consisted of 11/;-in. rods from the case-jacking pads to 
the reinforcing bars embedded in the first-stage concrete. A 
transit was used to align the center-line punch marks on the sec- 
tiori; a steel tape was used to set the section the proper distance 
from the center of the unit, and a level on an instrument tower 
located in the center of the wheel pit was used to set the section to 
approximate grade. 


After the first section was approximately aligned and braced 7 ce 


with adjustable pipe bracing, the second section was lowered into 
position and coupled with 12 bolts; the third section was set in a 


like manner. Sections 4 and 5 were set back approximately 1ft6 
in. from their final location; these sections were coupled, set in ~ 


place, and coupled to other sections, thus completing the ring. 

When the five stay-ring sections were connected, the coupling 
bolts were stretched. An acetylene torch was inserted in a hole 
in the center of each bolt; the bolt was heated to approximately 
400 F, enough to allow it to be stretched the desired amount but 
before any plastic flow in the metal could develop. A record of 
the actual elongation of each bolt was made. 


Fig. 7 Section of Hiwassee spiral case on 75-ton float, being trans- 
ported from railhead to project 


The ring was again aligned and leveled and the remaining four 
sections of the spiral case were set in place and bolted to the ad- 
jacent sections with clip angles welded to the sections. 

A 50-lb plumb bob submerged in oil, suspended by piano wire, 
was hung at the center of the ring from the adjustable instrument 
head on the tower. In checking the ring for concentricity, a 
wooden tram with a steel contact point on one end and an inside 
micrometer on the other was used in conjunction with an electric- 
contact headphone. 

The nearly completed case assembly prior to start of field- 
welding is shown in Fig. 8. An interesting comparison is shown 
in Fig. 9 of the Hiwassee Unit 1, 200-ton (less stay ring), riveted 
spiral case being cons’: ucted in 1939. 

The case inlet pipe, fabricated from plates ranging in thickness 
from 15/\, to 1'/z in., was shipped to the job site in eight sections, 
The joints to be field-welded were provided with clip angles and 
aligning plates to facilitate assembly. The ID of the pipe varies 
from 18 ft at the connection to the existing penstock to 14 ft 6 in. 
at its junction with the spiral case. To facilitate the installation 
of the pipe it was field-assembled in two equal sections. Each 
section was set on rollers, and turned for welding of the joints; a 
temporary shelter was erected over the pipe; heaters were placed 
inside to maintain a constant temperature while welding. A test 
head, fabricated from 1'/.-in. plate, was provided by the manu- 
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Fig. 9 Hiwassee Unit 1 riveted spiral casing installed in 1939 


facturer for the upstream end for the hydrostatic test. Five jack- 
ing pads were provided on each side near the bottom for support- 
ing the pipe. The water passage of the stay ring was closed off 
with a test ring fabricated from 2-in. plate and braced with pipe 
spiders. This ring was.shipped in two sections which were bolted 
together and lowered into place in the stay ring. The bottom of 
the ring sat on the flange just below the water passage; the ring 
was then bolted to the discharge ring with 2!/s-in. stud bolts. To 
provide a watertight seal between the top of the test ring and the 
bottom of the outer head cover the top surface of the ring was 
machined and provided with a groove for round rubber gasket. 
After setting the ring in place the outer head cover was set and 
bolted to the stay ring; a 12-leg pipe spider was then installed in 
the outer head cover which provided a means of adjusting the stay 
ring when required. 

As originally set forth in the contract, the turbine manufacturer 
was to perform all work in connection with the field-welding, while 
the TVA would handle the spiral case and inlet pipe sections and 
do the usual caulking, chipping, grinding, and finishing. To en- 
able the personnel to be under the supervision of only one em- 
ployer, and to allow that employer to do all the work relating to 
the field-welding, the contract was altered. As a result, the tur- 
bine manufacturer set the parts, performed all welding, and did 
the necessary inspection and stress-relieving. The field welding 
for the inlet pipe commenced in late November, 1954, and by the 
first of April, 1955, all magnafluxing and stress-relieving were 
finished. The welding of the field joints in the spiral case was 
done after the inlet pipe had been completed and pulled to its 
final position. The same welders and procedures were used for 
the spiral case and the inlet pipe. Spiral-case welding began Feb- 
ruary 18, 1955, and was finished April 14, 1955. 

The welding procedures established by the turbine manu- 
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facturer and approved by TVA for the spiral case and inlet pipe 
were as follows: 


Semiautomatic Welding Procedure 


1 Preheat metal adjacent to welds to 150 F at start of each 
work period (morning and noon) for total distance assigned to 
each welder. This disposes of any water condensate and pre- 
vents too rapid chilling of the weld metal, thus preventing brittle 
welds. Use oxyacetylene torches with multiflame heating tips for 
preheating. 

2 Minimum interpass temperature is 100 F. Heat will proba- 

y be required at the start of each new bead, but thereafter the 

‘at caused by the welding will probably keep this interpass tem- 
perature above 100 F. Use hand pyrometer or tempilstiks for 
measuring temperatures. 

3 First 3 passes are to be made using °/3:-in-diam AWS 6010 
rod and 4/,.-in-diam AWS 6020 rod (Smithway 35) by hand 
welding. The hand-welding procedure is to be followed here. 

4 Remaining passes are to be made using manual Lincoln 
weld unit (squirt gun) with */3:-in-diam L 60 mild-steel automatic 
electrode and Lincoln No. 780 automatic flux. Wherever possi- 
ble, welding tabs should be used at the start and finish of welded 
joints. 

5 All passes made using squirt gun are to be made in flat posi- 
tion or traveling slightly uphill. Passes are to be made using a 
minimum amount of weaving, if any. 

6 Each layer is to be finished completely before starting a new 
ver. Each layer is to be magnafluxed and all defects repaired 
fore proceeding to the next layer. 

7 Welds will not be peened. 

8 Slag is to be cleaned from welds using pneumatic slag ham- 
mer and powered rotary wire brushes by welder’s helper. 

9 Extensometer stations to be established for each welder on 
each joint and readings taken for an indication of residual stresses. 
E:xtensometer readings should be taken after each weld layer is 
completed. 

10 Hand pyrometer is to be used for taking temperatures for 
correcting extensometer readings. 

11 All welds will be made with backup strips. 

12 All welds will be back-chipped using Arcair gouging gun. 
Gouged metal will be wire-brushed, magnafluxed, and defects re- 
paired before welding is continued. Squirt gun or hand welding 
can be used for back-welding. 1f back-welding is done by hand, 
use */;.-in-diam AWS 6020 rod in flat position. 

13 Each welder shall back-weld his own weld. 

14 After spiral case and inlet pipe are completely welded the 
field-welded joints are to be stress-relieved using the low tempera- 
ture stress-relieving process of the Linde Air Products — 


Hand-Welding Procedure 7 


1 Preheat metal adjacent to welds to 150 F at start of each 
work period (morning and noon) for total distance assigned to 
each welder. Use oxyacetylene torches with multiflame heating 
tips for preheating. 

2 Minimum interpass temperature is100F. Heat will proba- 
bly be required at the start of each new layer, but thereafter the 
heat caused by the welding will probably keep this interpass tem- 
perature above 100 F. Use hand pyrometer or tempilstiks for 
measuring temperatures. 

3 Initial passes on girth joints are te be made using °/3-in- 
diam AWS 6010 rod followed by */;e-in-diam AWS 6010 rod. All 
overhead welds to be made using °/32-in-diam and #*/;.-in-diam 
AWS 6010 rod. 

4 Each pass is not to exceed '/, in. in thickness. 

5 Weaving width is limited to three times the diameter of 
welding rod being used. 


| Fig. 8 Hiwassee Unit 2 pump-turbine—welded spiral case 
| 
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6 Welder is to weld a pass or layer not any longer than that 
obtained by using two electrodes, before peening. In layers re- 
quiring more than one bead, finish complete layer before peening. 
This procedure obtains a more uniform over-all temperature be- 
fore peening. 

'7 All vertical welds are to be made using vertical-up weld- 
ing technique. 

8 All layers except the first three and last layers shall be 
peened. Peening to be continued until peened metal starts to 
flake. Peening to begin as soon as possible after welding and 
cleaning to take advantage of the heat remaining in the weld. 
Peening to be done by welder’s helper. 

9 Slag is to be cleaned from welds using powered rotary wire 
brushes by welder’s helper. 

10 Extensometer stations are to be established for each welder 
on each joint and readings taken for an indication of peening 
results. Suggest weld allotted to each welder be long enough to 
prevent his making more than one layer per day. Extensometer 
readings should be taken after the day’s work is completed to en- 
sure more accurate readings. 

11 Hand pyrometer is to be used for taking temperatures for 
correcting extensometer readings. 

12 All weld layers are to be magnafluxed, and defects chipped 
out, before further welding is permitted. Suggest magnafluxing 
be done after day’s work is completed. 

13 All welds will be done with backup strip. 

14 All welds will be back-chipped using Arcair gouging gun. 
Gouged metal will be wire-brushed and magnafluxed before weld- 
ing is continued. 

15. Each welder should back-weld his own weld. 

16 After spiral case and inlet pipe are completely welded, the 
field-welded joints are to be stress-relieved, using the low-tem- 
perature stress-relieving process of the Linde Air Products Com- 
pany. 


Testing 


When all welding and stress-relieving were completed, and the 
test heads were in place, the spiral case was filled with river water 
by gravity through a 2-in. pipeline in approximately 9 hr. To 
provide the necessary pressure for the hydrostatic test, a motor- 
driven pump was furnished by the turbine manufacturer. The 
water pressure was initially raised to 50 psi; thirty minutes later 
the pressure was 210 psi. This maximum pressure was held for 
30 min during an inspection under the supervision of a represen- 
tative of the Division of Design. Results indicated no leaks at 
any of the welded or permanently bolted joints. The external ap- 
pearance of the welded joints was very good; the surface of the 
welds was smooth and the ‘oints fitted together well. After the 
test was performed the test heads were removed and holes were 
countersunk for riveting in the upstream end of the inlet pipe. 
After all second-stage concreting had been placed, and using the 
holes in the penstock as a template, holes were drilled and reamed 
in the upstream end of the buttstrap and 5/,-in. filler plate. The 
buttstrap and filler plate were removed, cleaned, and replaced; 
the rivets were then driven and the edges of the buttstrap caulked. 


Cost Comparisons 


Where specifications permitted the furnishing of either riveted 
or welded spiral cases, in no instance were alternate prices secured 
from any one bidder which would allow comparison of the dif- 
ference in first costs for the two types. Prices on both types were 
secured but from different bidders in each instance, and since the 
prices quoted included the complete cost of the turbine, compari- 
son of the first cost of the two types of cases alone cannot be 
made. 

At Watauga, the original contract for the two turbines was 


Fig. 10 Cherokee riveted spiral case under construction 


Fig. 11 Watauga shop-welded and field-bolted spiral case, in place 
before concreting 


awarded on the basis of riveted spiral cases; after award the tur- 
bine manufacturer offered to furnish shop-welded and field-bolted 
cases at an additional cost to TVA of $12,500 per unit. TVA 
made an erection cost study using Cherokee riveted-plate steel 
This study showed about $20,000 per 
unit in erection costs in favor of the shop-welded, field-bolted 
case, or a net estimated savings of $7500 per unit. Fig. 10 shows a 
construction view of the Cherokee riveted spiral case and Fig. 11 
illustrates the Watauga shop-welded and field-bolted case in 
place before concreting. 

Some difficulties are apparent in trying to compare Watauga 
and Cherokee case-erection costs due to the difference in unit 
The Watauga case, which weighs 


cases for a comparison. 


sizes and spiral-case pressures. 
approximately 70 tons, was furnished by the turbine builder in 
four shop-assembled, flanged sections which included the stay 
ring, and required only the bolting of these sections for field as- 
sembly; eight working days were required to assemble the spiral 
cases for two units in the erection bay before lowering the com- 
plete assemblies in the unit recesses, and eight additional days 
were required after setting in place to align and connect to the 
draft tube liners and penstocks prior to placing of concrete. 

The Cherokee spiral case, which weighs approximately 136 
tons, was supplied by the turbine manufacturer in 57 separate 
plate sections for field riveting, with the stay ring being shipped 
separately. All field joints were rivet-connected and either tool- 
caulked or continuous-bead-welded. The case was assembled in 
the manufacturer’s shop, and measurements were made and re- 
corded. These shop measurements were used during field erec- 
tion as a guide for checking. 
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puch As soon as the stay ring and discharge ring were leveled, Table 5 Comparative total-erection costs 
2 A) rounded, and bolted down satisfactorily, erection of the spiral Watauga South Cherokees 
4 case was begun. Item Units 1&2 Holston Unit 
be t Each section of spiral case was set and bolted 50 per cent or (2) 
» be > setti > nex The 
more before setting the next larger section. When setting and 
2 bolting had progressed approximately 270 deg around the stay ‘Total weight spiral case, tons 141.3 104.0 136.3 
ring, reaming of holes for rivets was started at the crotch section spiral case Riveted Riveted 
and followed about the same rate as erection. Riveting was be- Erection start Nov. 1948 Dec. 1949 Feb. 1953 


gun at the crotch section, after all sections around the stay ring ypjoaa and Guanspert foun Sailieed 
and those connected to the crotch section had been set and bolted. to Job, and Handle on Job Prior to 


Caulking of the joints followed riveting. Assembly 
Some sections of the spiral case were warped and bent during me = ( $ 26h.65 $ 358.00 $ 125.33 
shipping and handling, a fact which caused considerable difficulty 638.00 575.70 642.56 


in fitting; however, this was overcome by various methods of 
pulling and jacking. Horizontal and vertical checks for size and 
position were made as the erection progressed; these measure- Assemble Prior to Setting in Place 


Subtotal $ 902.65 $ 933.70 $ 1,067.89 


ments were compared with the shop measurements, and adjust- Labor $1,609.07 . - 
The spiral case, including the connection to the stay ring, and a 
the draft tube liner connection to the discharge ring required a 
total of 7956 rivets. Riveting on Unit 4 started on February 2, —Set_in Place and Align 
1953, and was completed on March 3, 1953, with 0.84 per cent eis ’ $2,05.22 $ 6,409.72 $11,629.7h 
After all joints in the spiral case had been riveted and caulked, Welding expense anise 1,310.57 825. 
: the case was tested for watertightness. Water was sprayed over a cost) 10.00 iia ws i 
2ach joint and rivet on the outside in the upper half and on the in- Brake pipe i = us? 02 
sda > re ins Lumber - - 52 
i side in the lower half; the opposite side of the joint was observed, en ‘ 8.36 107.03 364.5 


and all leaks were marked. The leaks were then recaulked and 


again tested. Subtotal $10,458.99 $15,678.08 


A comparison of actual total-erection costs for the Watauga (a) 
shop-welded and field-bolted cases, and the riveted cases for  aiveting 
Cherokee Unit 4 and South Holston is shown in Table 5. These 
Labor - $ 8,604.06 $11,132.59 
costs include unloading the spiral case at the railhead, transport- Handling equipment a i 107.42 
ing to the job site, storing, setting in place and aligning, riveting, 
welding, caulking, insulating, all materials, supplies, and serv- Rivet sets - al 1,101.83 
ices, ¢ rice ine ms ac ap’ -rvisi Lumber - - 467 .50 
ices, and the services of the turbine manufacturer 8 supervising 775.81 32 
erecting engineer where required. The weights and costs shown 
do not include the cost of making the buttstrap connection to the oatets. : $13,779.03 $15,156.70 
penstock. Welding 
In trying to compare erection costs shown in Table 5, if the hema ss $ 3,439.78 $ 6,700.79 
extra first cost for the Watauga shop-welded-and-bolted casing of Handling equipment - - oan 
$25,000 is added to the $7529 total-erection cost, the total cost to 
TVA would be $32,529 or $16,264 per unit. This would increase 
“ Subtotal $4,391.48 $ 8,251.91 
the erection cost per ton for Watauga from $53.28 to $251.44 per 
ton which is still considerably below the erection cost per ton #slation of Casing 
shown for the South Holston and Cherokee riveted spiral cases. Labor $ 319.18 $ 260.98 $ 1,086.95 
In trying to check our original comparative-cost estimate for the ee cork, coal-tar enamel, etc. 39h.us =. 1h 
' two types of spiral cases considered for Watauga by use of the Miscellaneous - - 41.16 
final erection costs per ton shown in Table 5, it would appear that ne $ 815.81 $ 559.69 $ 2,77h.37 


a net savings of approximately $6143 per unit was realized at Wa- 


tauga if the Cherokee erection cost per ton is applied against the Selary and Expense of Erection Bnginesr $},076.25 §___52.67 = 


Watauga case weight. Or if the South Holston erection cost per Total Erection Cost $7,529.42 $30,175.56 $43,228.95 
ton is applied against the Watauga case weight the apparent net — gota) erection, cost per ton $ 53.28 $ 290.15 $ 317.16 
savings at Watauga by selection of the welded-and-bolted case Labor only, cost per ton 32.54 183.39 227 .27 
All other charges, cost per ton 20.7h 106.76 89.89 
was $4235 per unit. Labor cost to total 
The Table 5 erection-cost comparisons probably do net. properly erection cost, percent 4 83 
; account for the difference in size of the spiral cases. An accurate erection cost, percent __ ; 39 37 
cost comparison can only be made by comparing erection costs of nn —- Bi « 


similar size and pressure cases installed essentially during the 
same period of time in an area where the labor rates are compa- 
rable. 

Table 6 gives the erection labor costs for the riveted spiral per ton and cost per ton for field erection for the Hiwassee welded 
cases of the recently constructed Nottely and Chatuge units and case compared to the Chatuge and Nottely riveted cases. 
for the all-welded Hiwassee Unit 2 pump-turbine case, where the 
erection man-hour costs were available. On the basis of this 
table, there appears to be There are definite construction advantages in favor of the 


(1) Weights and costs are for two units; weight includes stay ring. 


Conclusions 
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Table 6 Comparative field-erection labor costs 
Hiwassee 
Item Chatuge Nottely Unit 2 


Number of units... .. 1 1 
Spiral case weight, 55 227 .9¢ 


« 
of case. Riveted Welded . 
ha 


Erection start. June, 1955 January, 1955 
Erection labor only . Amount Man-hr Amount Man-hr? 
Unload.. $ 96 2¢ $ 84 
Handle pricr to setting 118 
Erection. 2372 2521 470 1205 
Bolting. . 1783 2948 2 5 
Riveting. . 2174 4908 
Welding by TVA 322 2085 15 


Amount? 
3 107 


40 


Welding by turbine manufacturer. 
Insuls ation . 


Man-hours per ton. 

Cost per ton. 

Average rate, TVA. 

Average rate, turbine manufacturer 


5875 
141 
9890 
16,429 


17,625 
371 
29,671 
$49,024 


* Includes weight of stay ring and 58-foot section of inlet penstock. 


* Includes erection of 58-foot section of inlet penstock. 


welded spiral case over the riveted case. These are: (a) Possibly 
fewer sections of casing to be transported, handled, and assem- 
bled; (b) the stay ring is shop-assembled to the case sections by 
the turbine manufacturer, making field-setting and alignment 
simpler; (c) less chance of warpage and costly field-corrective 
work to assemble, as occurs frequently with riveted-plate sec- 
tions; and (d) good weld joints which are generally obtained are 
less likely to fail and leak during the hydrostatic pressure test as 
compared with the amouut of caulking required for riveted joints. 
Experience to date does not indicate that there has been any 
particular difficulty in obtaining welders, as compared to securing 
the services of riveters. 

Where welded cases are used the turbine manufacturer 


> 


It is the practice of the Bureau of Reclamation to pressure-test 
hydraulic-turbine spiral cases in the field at case-design pres- 
sure and to embed them under normal operating pressure. 
This paper gives reasons why this practice was adopted and 
describes some of the methods used. 


is re- 


By BRADLEY G. 


Introduction 


Tue spiral cases of vertical shaft hydraulic turbines are, except 
for very small units, embedded in the mass concrete of the power 
plant. This is done to provide stability against movement and 
vibration, and to provide an ample structural path by which the 
weight of the generator can reach the foundation of the plant. 

Since the case will assume a more nearly circular shape, expand, 
and “‘stiffen’’ when placed under pressure, the resulting movements 
must be anticipated and provided for. The two provisions com- 
monly used are: (a) Coating the case with a yielding material, 
(b) placing the case under normal operating pressure before plac- 
ing concrete around it. 

The feeling of confidence engendered by pressure-testing the 
case before embedding it forever in the power-plant substructure 


5 Engineer, Bureau of Reclamation, U. 8. Department of the 
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quested to subassemble the case in the shop into the largest sec- 
tions which can be shipped. This has the obvious advantages of 
reducing the number of field joints to be made and allows the 
shop welds to be furnace-annealed. 

There is a substantial weight reduction in favor of the welded 
case which should result in lower first cost per ton, and definitely 
results in lower shipping, handling, and field-erection costs. 

Hydrostatic tests are specified for all-welded or cast-steel 
cases. The disadvantage of these tests is obviously the cost, 


since spiral-case test heads are required; this cost, however, is 
partly reduced in a multiunit plant where test heads can be re-used 


on successively installed units. 


SEITZ,* DENVER, COLO. 


is a strong argument for this precaution. Large field- we slded or 
field riveted turbines can be pressure-tested only in the field. 
For the smaller shop-assembled units the shop pressure-test is of 
much value, but a field test is still an attractive safeguard against 
leaks or failures resulting from distortion, shipping damage, 
erection damage, faulty assembly, or other unexpected sources. 
The compatibility of field pressure testing with pressure embed- 
ment isapparent. Necessary bulkheads for closing the spiral case 
inlet and the cylindrical opening of the stay ring, as well as water 
connections and piping, serve a dual purpose at no extra cost. 
The field pressure test therefore presents itself as a valuable auxil- 
iary benefit, always to be accepted when the method of pressure 
embedment is used. Figs. 12 and 14 illustrate the various fittings 
required for testing and embedment. 

The numerous turbines which have been successfully installed 
using a yielding coating, and which have operated without trou- 
ble, show that the method can be, and has been, successfully ap- 
plied. However, the method of pressure-embedment, first used 
by the Bureau of Reclamation at Hoover Dam in 1935, has been 
found to offer a number of advantages which well justify its use. 


Undesirable Features of Earlier Methods 
If a turbine case is embedded in a “‘deflated’’ condition, the 
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case and the surrounding concrete will be stressed when penstock 
water fills the case. The division of stress between the two struc- 
tures, and the location of stresses in the concrete, will depend upon 
relative stiffness, initial out-of-roundness and sagging of the case, 
and distortion occurring during concrete placement. The result- 
ing uncertainty of loading makes design of the reinforcement for 
the concrete quite indeterminate. Insufficient reinforcement 
steel will of course result in cracking or failure in some areas, 
while reinforcement for the penstock pressure duplicates the 
strength already available in the spiral case. 

The application of a yielding coating around the case before 
concrete is placed has been widely used to permit movement of 
the case and relieve the concrete of uncertain stresses. This 
measure is partially effective, but has a number of inherent faults, 

Coatings of cork, felt, or similar yielding material are awkward 
and costly to fit and apply over the curved surfaces, irregularities, 
and flanges of the case. Application of mastics, tar, or bitumi- 
nous coatings is a tedious and messy operation, and such soft coat- 
ings may require a canvas jacket, or extra care in concrete placing, 
to avoid displacement. 

The yielding coating cannot be fully relied upon to perform its 
function of relieving the concrete of bursting stress. Porous 
yielding materials may be rendered nonyielding by impregnation 
with cement liquid during concrete placement. Also, leakage at 
penstock pressure may fill the area between case and concrete 
and thus transmit bursting forces to concrete areas not designed 
for them. This can result in cracking and leaks at gallery walls, 
turbine floor, or other areas where concrete cover is thin. 

One primary purpose of embedding the case is to firmly anchor 
it against any relative movement due to hydraulic or temperature 
forces and to discourage vibration of the case. The application 
of a soft jacket around the case does not seem consistent with this 
purpose, and the possibility of metal fatigue caused by vibration 
or “‘breathing’’ of the case is notably increased. 


Advantages of Pressure-Embedment 


The undesirable features outlined in the foregoing are largely 
eliminated when the case is kept under pressure during embed- 
ment. Pressure eliminates the tendency of the case to sag, and 
rounds and expands the cross section. Internal bracing or false- 
work inside the case is not required. This means a substantial 
saving in time and expense, particularly for large low head turbines 
having a relatively thin shell. It is necessary, however, that the 
stay ring bulkhead be braced in some cases, or that the head 
cover be in place, to avoid distortion. Figs. 15, 16, and 17 are 
photographs illustrating field conditions before embedment. 

The greater stiffness of the pressurized case, together with 
proper anchoring, makes it possible to place concrete in high con- 
tinuous lifts without appreciable shifting or distortion. For 
example, at Hungry Horse power plant, where the construction 
contractor requested permission to make a continuous placement 
of 18 ft, the change in out-of-level during placement was only 
0.005 in. max and 0.002 in. average for 4 units. Records for 
Parker power plant show levels well maintained, with a continu- 
ous lift 20 ft high and 1200 cu yd in volume. After concrete has 
set and voids are grouted, the case is firmly held against vibration 
and movement. 

With pressure-embedment, as compared to nonpressure-em- 
bedment without a yielding coating, concrete reinforcement is 
greatly reduced. This reinforcing need be designed to resist only 
the difference between embedding pressure and maximum pres- 
sure. Bureau of Reclamation turbines are embedded at about 
normal operating pressure, and the concrete reinforcement is 
generally designed to withstand the water-hammer pressure. 
This method does still involve some duplication of strength, in 
that both case and concrete are able to resist the transient pres- 
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Fig. 15 Hungry Horse Unit 1 with test bulk 


place, embedding pressure of 175 psi being maintained 


Fig. 16 Hun 
pressure is 250 psi 


Fig. 17 22-ft-inlet-diam Parker turbine, showing test bulkhead, 
test ring, and field-welded radial ribs for support 


sures. A further duplication may exist if embedment pressure is 
near the lower limit of a range of operating heads created by fore- 
In spite of these limitations, the method offers a 


bay fluctuation. 


rational and economical basis for reinforcement steel design, and 
has been generally effective in avoiding cracking of concrete 
around the spiral cases. In the design of high head plants, where 
the case is relatively thick, the case and concrete are considered 
structurally composite for above normal pressures. 

Temperature rise caused by heat of hydration of the concrete 
surrounding the case can be a source of strain or displacement of 
the machined surfaces of the stay ring and head cover. If ma- 
chined surfaces are allowed to shift appreciably from this cause, 
erection may be delayed until cooling occurs. When the case is 
pressurized with water, heat can be removed more effectively 
from its vicinity by circulating cooling water through it. Erec- 
tion can thus proceed as soon as the concrete has cured sufficiently 
and the ease is drained. 

Additional costs chargeable to pressure-embedment are largely 
offset by savings. Cost reductions may arise from omitting a 
yielding coating, reducing concrete reinforcement, omitting inter- 
nal bracing, or speeding up concrete placement and machinery 
erection. For field riveted cases, the field pressure test accom- 
panying pressure-embedment confines rivet caulking to the leaking 
rivets, rather than tedious caulking and recaulking of all rivets and 
plate joints to insure against leakage. A comparative estimate 
made for embedding the 22-ft-inlet-diam cases at Parker power 
plant showed that the cost for pressure-embedment, including 
test bulkhead, test ring, and special supports for water load, was 
less than the cost using conventional methods. 

It appears quite possible that the greater assurance against 
cracking the concrete above the case, which accompanies pressure- 
embedment, could result in a thinner concrete cover, a lower gen- 
erator setting, and hence a lower building superstructure in some 
instances, 


Methods and Details 


Piping, equipment, and procedures for the field pressure tests 
should be selected to eliminate any danger of applying excessive 
pressure to the case. All air in the case should be vented during 
filling. Pressure should be maintained by a standpipe, or a cen- 
trifugal pump with a moderate shut-off head, not by a positive 
displacement pump. Duplicate pressure gages, checked before 
use, are advisable. Water admitted to the case should preferably 
not be colder than 60 F, and pressure should not be applied until 
water and case have reached a comparable temperature. A relia- 
ble full-eapacity relief valve is required, and should be tested 
before use. Test pressure should be built up slowly and kept un- 
der close control. Bureau of Reclamation specifications normally 
call for a field test pressure of 150 per cent case-design pressure 
if the case is too large for shop assembly and testing, or 100 per 
cent of case-design pressure if a shop test at 150 per cent has been 
made. The case-design pressure is given in the turbine specifica- 
tions and includes water hammer. The field test pressure is 
maintained for 2 hr after all leaks have been stopped. After 
the pressure test is complete, pressure is lowered to the embedment 
pressure (normal operating pressure), the relief valve is reset or 
replaced, and the flow of cooling water is started. 

The supporting columns, brackets, jacks, tie-rods, and anchors 
which maintain the heavy water-filled case in position during em- 
bedment should be carefully designed to avoid local yielding, dis- 
tortion, or excessive movement. These details are especially im- 
portant for large flexible cases, where loads to be supported are 
substantial. The assembled cases for Davis power plant weighed 
over 700,000 Ib, and contained 2,000,000 lb of water. Corre- 
sponding weights for Parker power plant were about 90 per cent as 
large. Radial or circumferential ribs or rings may be required to 
spread jack-column loads properly over the thin shell (see Fig. 
13). Jacks should not be loaded too heavily, or they will be diffi- 
cult to adjust. Rated jack capacity should preferably be 1'/2 
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or 2 times the vertical load including tie-rod prestress. Pre- 
stress in the tie-rods should preferably be such that vertical forces 
due to the tension will balance flotation forces when the case is 
immersed in wet concrete. Concentrated loads at tie-rod lugs 
and at jack pads, when ribs or beams are not provided, should be 
spread by backing plates and brackets as required to avoid local 
overstress. 

A typical procedure as customarily specified by the Bureau of 
Reclamation for embedding a spiral case is illustrated below in 
abbreviated outline form: 


1 Assemble lower draft tube liner on jacks, align by means of 
jacks and tie-rods, and place concrete. This placement is made to 
the level needed to support inner spiral case jacks. 

2 Assemble upper draft tube liner and spiral case on jacks, and 
align by means of jacks and tie-rods. 

3 Install test bulkheads, test piping, grout piping, and cool- 
ing-water piping. 

4 Make field pressure test, maintaining specified pressure for 
2 hr after leaks have been stopped. 

5 Reduce pressure to specified normal value, check align- 
ment, and make up field joints between case and draft tube liners. 

6 Prestress tie-rods, weld turnbuckles, and jacks, start flow of 
cooling water. 

7 Place concrete. Maintain pressure and regulate cooling 
water to limit temperature rise of the case metal to 5 F during cur- 
ing. After concrete has set, pressure-grout (low pressure) under 
stay ring. 

8 After 7 days, drain case and remove temporary fittings. 
Continue cooling case by spraying as required. 


Summary 


When a turbine spiral case is to be embedded in the concrete of 
the power plant, the methods and details to be used must be care- 
fully selected, if economy of material and construction cost is to 
be secured and future difficulties avoided. Common practice is 
to embed the case in a relaxed or nonpressurized condition, with a 
yielding coating over it to avoid bursting stress on the concrete 
when the case expands. There are several objections to this 
method, which can be largely avoided by pressure-embedment of 
the case. Pressure-embedment permits making a field pressure 
test at nominal extra cost. The method has been found gener- 
ally satisfactory in installing about 100 turbines with capacities 
totaling over 7,000,000 hp. 


fal 
Discussion 

Olav Lavik.6 The paper by Bradley G. Seitz should be of 
great interest to the profession. The question of pressure- 
embedment versus the use of an elastic coating will arise time and 
time again. The choice of the method to be used should, we be- 
lieve, depend principally upon the economics of the particular 
project, because both methods have been used with success in the 
past. 

TVA practice has been to provide an elastic layer around the 
steel casing to prevent load transfer from the steel casing to the 
surrounding concrete. This layer consists of a mixture of ground 
cork and tar troweled onto the steel casing to a thickness of about 
3/, in. This layer is applied over only the upper two-thirds of 
the spiral case, leaving the lower one-third firmly bedded in the 
concrete. A continuous drain is installed at the lower edge of the 
elastic layer to prevent any build-up of hydrostatic head between 
the concrete and the steel casing. Consequently, the reinforce- 
ment in the turbine block is designed only to minimize cracking 
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due to volume changes of the concrete. To prevent distortion 
of the spiral case, the concrete is placed in 2-ft lifts at the rate of 
1 ft per hr. The interval between lifts is just long enough for the 
concrete to obtain its initial set. With these time limits added to 
other construction requirements, the embedment of the spiral 
casing can normally be completed in less than two months. Con- 
sidering other work to be done, this has not delayed the comple- 
tion of the projects. TVA’s use of this method of embedding 
spiral casings has been entirely satisfactory. 

From time to time we have considered using the pressure-em- 
bedment. method, but, for the reasons listed below, we have so far 
always specified the elastic coating method: 


(a) We do not normally pressure-test our spiral casings and, 
consequently, the cost of bulkheads and pumps has to be weighed 
against the cost of the elastic layer and the slower placing of con- 
crete. With our typical installation consisting of one or two units 
at a time, the cost per unit for pressurizing the scroll case tends 
to be high. 

(6) We have questioned whether the volume changes of the 
concrete would possibly in time negate the benefit of the pres- 
surizing. 

(c) When the spiral casing is depressurized, it was thought that 
excessive stresses might develop where there are flanges, lugs, or 
other projections on the steel casing. 


In view of our many successful installations of the elastic coat- 
ing type, our choice in the future will probably continue to be 
dictated by the estimated over-all economics, considering both 
costs and time, of the particular project. 


Harold B. Nunnelee.’ Despite the many years’ usage of various 
welding processes for successfuily joining metals together, there 
still exists an aversion to welding, particularly it seems, in the ap- 
plication of welding to unfired pressure vessels. At this late date, 
we are comparing welded spiral casings with riveted spiral casings. 
In G. R. Latham’s article, Table 3, the estimated direct cost of a 
riveted and welded spiral casing is compared. The writer ap- 
preciates the difficulties Mr. Latham must have had in trying to 
obtain the information to prepare this table. In any comparison, 
the objects being considered must be compared on an equal basis. 
The question immediately arising after looking at this table is 
why wasn’t the riveted casing inspected and given a pressure 
test? Is riveting so well established that little inspection is re- 
quired, and is welding such an unknown that all welding must 
be looked upon with extreme suspicion? Why wasn’t each rivet 
x-rayed, and the riveted spiral casing given a pressure test of 1'/, 
times its rated pressure to determine if the casing would with- 
stand the pressure, and to repair leaks? If the same restrictions 
normally applied to welded spiral casings were similarly applied 
to riveted casings, the cost differential in favor of welded casings 
would be even greater. 

In the final analysis, a spiral casing is desired that will do the 
job at a minimum cost. That a welded casing will do the job is 
fairly well known, but very little is known as to how much better 
the welded casing is than what is actually required. The ASME 
Code for Unfired Pressure Vessels is quite specific as to joint 
efficiencies, inspection procedures, and tests required for welded 
unfired pressure vessels. The Code requires that all welded joints 
be examined by x-ray, sectioning, or a combination of the two 
unless the design stress value is reduced to 80 per cent of the 
allowable stress and also based on the joint efficiencies allowed. 
It is restrictions such as these that raise the cost of welded spiral 
casings. To assign a joint efficiency of 80 per cent to a welded 
joint consisting of plate witha minimum tensile strength of 50,- 
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000-55,000 psi, welded with a welding rod that consistently tests 
above 60,000-65,000 psi, in the welded condition, is seriously 
penalizing a welded joint. 

On the Cheoah No. 5 field welded casing, sections of the plates 
containing welds were cut out and '/,-in. diam test bars made and 
pulled for supposedly analyzing the field weld. The '/,-in. test 
bar was considered too small, as even a small weld defect was 
proportionally a large part of the total area tested. Actually the 
test bar was a check on the weld rod manufacturer’s claim for his 
rod. On the Fontana No. 3 field welded casing, the field welds 
were trepanned using a hole saw obtaining cylindrical weld speci- 
mens. It is now considered and generally accepted, that tre- 
panning of the field welds is injurious to the field welded structure 
because stresses are set up in the repaired weld (due to trepan- 
ning) which were not present in the original joint. Magnafluxing 
is recommended as a nondestructive inspection method because 
of its ease of application. Roughly, magnafluxing will disclose 
serious defects in the weld for a depth of '/,in. X ray, of course, 
is a good nondestructive method of weld inspection, but is ex- 
pensive. 

Another factor that must be overcome to help reduce the cost 
of welded casings is the aversion to overhead welding. It is 
quite logical that due to weld shrinkage, the best welded joint is 
that with the least amount of weld which, in most cases, is the 
double Vee weld. If a sound single Vee joint is made requiring 
back-chipping and welding, the resulting joint is a double Vee, 
but without the advantages of the double Vee such as minimum 
amount of welded metal and distortion. If a welder is any good 
at all, he can make as good a weld in the overhead position as in 
the flat position. 

The writer has practiced heavy peening of the field welds to 
lower distortion and locked up stresses. The most effective prac- 
tice of peening was that done before the weld metal had an oppor- 
tunity to cool down to less than 400 F. In plate over one inch 
in thickness, this is not easy to do, because of the rapid rate 
of cooling. It was found that a uniform heat distribution over the 
weld to be peened could be obtained by having the welder burn 
one or two rods, lay another bead alongside the first one, and 
continue until the gap to be welded was closed, then clean the weld 
and peen. Using an extensometer, readings were taken in the 
plate adjacent to the weld both parallel and perpendicular to the 
weld. Readings were taken initially and after each pass, correct- 
ing for temperature, and the results plotted. The first three 
passes were not peened because of possibility of crack initiation 
and also because, on back gouging, the first few weld layers will be 
removed. The last pass was not peened because peening actually 
destroys the surface of the weld metal. When new weld metal 
is placed on top of this destroyed surface, the destroyed metal is 
remelted and becomes an effective part of the welded joint. Peen- 
ing definitely can reduce the distortion in a welded joint. Peening 
is a form of mechanical stress relief as is the pressure test, but no 
increase in joint efficiency is permitted by the code. Peening is 
a costly process. It is the belief of the writer that peening is not 
required for field welding of spiral casings with plates one inch 
or less in thickness. 

Low-temperature stress relief has been used on field welded 
casings, which were also peened. The results obtained were 
questionable. Low-temperature stress relief depends on stretch- 
ing the weld metal in a joint into plastic flow in order to lower 
residual stresses in the joint. Apparently, if the weld metal is 
peened heavily, the weld metal is not stretched into plastic flow 
when given the low temperature stress relief, and thus somewhat 
erratic results were obtained. It is felt that if the weld joints 
had not been peened, the results of low temperature stress relief 
would have been more favorable. 

Commenting on the article of Mr. Seitz on Pressure Embed- 
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ment of Spiral Cases, the practices of the Bureau of Reclamation 
in concreting their hydraulic turbines are certainly logical. If 
the turbine is embedded without pressure in the spiral casing, or 
no means taken to allow for the expansion of the casing when 
under pressure, the concrete is going to take the load whether 
designed for it or not. In such a situation, all that is required is a 
liner and not a structure designed to take full pressure. In using 
a yielding coating on the top half of the spiral casing when 
placing in concrete, some steps should be made to thin down the 
yielding material at the sides near the horizontal center line of 
the casing to avoid an abrupt change between the concrete and the 
casing in order to minimize bending stresses. 


Wm. J. Rheingans.* The calculated difference of 0.135-ft head 
loss between a riveted casing and a welded casing shown by R. A. 
Sutherland, represents approximately '/,) of one per cent of the 
rated head. This percentage probably holds true for most casings 
in this size range (24-ft inlet diam) regardless of the rated head, 
since the casing velocity is usually close to a fixed constant times 
the spouting velocity of the rated head. While a 0.1-per-cent loss 
in head does not seem large, it is a definite loss and when the dif- 
ference in capacity and energy is capitalized it does represent a 
substantial sum. Furthermore, the loss due to turbulence of the 
water entering the turbine, while difficult to evaluate, certainly 
has some effect on the performance of the turbine. This is an 
added advantage of welded casings. 

The constants in Sutherland’s formula for casing weights vary 
50 per cent for riveted casings and over 100 per cent for welded 
casings. Thus in order to make a fairly accurate comparison of 
the relative weights of welded casings and riveted casings, on 
the basis of these constants, many additional examples are needed 
for both types, so as to obtain truer mean values. 

While welded casings will definitely weigh less than riveted 
casings, the real question is how much less. 

Table 2 indicates that the welded casing weights are 75 per cent 
of the riveted casing weights. However, based upon actual de- 
signs of both types for a given installation, it appears that the dif- 
ference in weight is substantially greater. For example, the 
Grand Coulee casings as shown in Table 2, based upon compara- 
tive designs, show that the weight of the welded design is 56 per 
cent of the riveted design. 

In order to make an accurate comparison of the relative 
weights for the two types of casings for a particular installation, 
it is necessary to make a careful design of each casing for such in- 
stallation and calculate the respective weights involved. 

However, Sutherland has done an excellent job in calling atten- 
tion to the advantages of a welded casing, both from the stand- 
point of reduction in head loss and reduction in weight. 

In Table 3, Latham shows an example of comparative costs 
between a welded and riveted casing. The 22-per-cent saving 
shown for shop fabrication, freight, and stay ring work for the 
welded casing as compared to the riveted casing checks fairly 
closely with studies made on comparisons of these costs for 
various sizes of casings. However, Table 3 shows the erection 
cost of the riveted casing to be 20 per cent less than for the 
welded casing. Latham does not give the weight of either casing 
but the weight of the welded casing is probably about 65 per cent 
of the weight of the riveted casing. Certainly, the handling of 
that much less weight should be less costly. Furthermore, it 
would seem to be more difficult to erect and fit a riveted casing 
with its numerous butt straps and holding bolts for practically all 
rivet holes than to erect a lighter weight casing with simple 
joints. It is quite possible that the price per ton for erecting the 
welded casing is about the same as the price per ton for erecting 
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the riveted casing. We could therefore expect that the cost of 
erecting the welded casing would actually be less than the cost 
of erecting the riveted casing. 

The greatest disadvantage of the welded casing as shown in 
Table 3 is the cost of the field pressure test. Since the majority 
of field welded casings are not pressure tested, it is not proper to 
charge this cost against the welded casing when comparing over- 
all costs. Out of 29 installations of field welded casings by the 
writer’s company, only 9 were pressure tested. It is felt that 
with the background, experience, and improvement in welding 
techniques in recent years, field pressure tests can usually be 
eliminated unless the casing is to be embedded under pres- 
sure. Furthermore, in a multiple unit installation, the cost of 
field pressure testing per unit would be reduced considerably be- 
cause the cost of the bulkhead and stay ring closure ($14,000 in 
the Table 3 example) would be divided among the number of units 
involved. 

Eliminating the field test and even disregarding the possibility 
of a saving in erection costs with the welded casing, there still 
would be a $25,000 saving in favor of the welded casing in the 
Table 3 example. This is a substantial sum for the size of this 
casing, which apparently has a weight, in riveted form, of 50 to 60 
tons. Larger-sized casings weighing two to three times as much 
would show a saving of 2 to 3 times this amount. 

R. M. Gardner presents some very interesting data on the 
cost of field erection of riveted and welded casings, and the cost 
of riveting and field welding. We can sympathize with him, 
trying to derive definite conclusions from the complexity of the 
costs involved in this type of work. However, his detailed break- 
down of all of the various factors should be of considerable value 
in an analysis of casing erection costs. While we cannot agree 
exactly with all of his conclusions, such as the requirement for 
subassembly of the casing in the shop into the largest sections 
which can be shipped, we do agree with his conclusions regarding 
the advantages of welded casings over riveted casings. 

B. G. Seitz makes quite a case for the pressure-embedment of 
spiral cases. Whereas improvement in welding technique, pro- 
cedure and inspection in recent years have eliminated the neces- 
sity for making pressure tests of field welded casings, if the ad- 
vantages of pressure-embedment warrant the cost of furnishing 
bulkheads, then the small additional expense of making a field 
pressure test is certainly warranted. 

However, there are two factors involved in either pressure test- 
ing or pressure-embedment that Seitz did not mention. 

A casing that is filled with water before embedment in con- 
crete requires a more elaborate system of external supports and 
foundations, which could add to its erection costs. Also, large 
casings and casings made of the new T-1 steel, require substan- 
tial internal supports while they are being filled with water, to 
prevent excessive distortion. 
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R. A. Sutherland. Mr. Rheingans has pointed out the diffi- 
culties in obtaining a true comparison of weights of riveted and 
welded casings, and his comments are appreciated. It is unfortu- 
nate that seldom are there side-by-side designs or construction of 
the two types of casing from which a true comparison of weight 
and cost could be made. This lack of information no doubt ac- 
counts, at least in part, for the conservatism of consulting engi- 
neers implied in Mr. Nunnelee’s opening remarks. It may be 
well tc point that there have been other occasions when the manu- 
facturers were the conservative parties, and no doubt steady 
progress in any field is made by the interaction of one party with 
progressive ideas and the other who demands to be shown. 

There is no question but that the welded casing is here to stay. 
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G. R. Latham. Both Mr. Nunnelee and Mr. Rheingans com- 
mented on the erection costs shown in Table 3. These had been 
estimated from data obtained from the manufacturers and con- 
struction cost records of similar class work. They were presented 
as approximate only and are subject to variation depending upon 
specific conditions such as amount of shop welding provided, 
number and size of pieces, availability of competent welders, and 
job location and conditions. Control and welding under field 
conditions is more difficult and costly than in the shop and repre- 
sentative costs are being obtained for these installations. 

Regarding Mr. Nunnelee’s statements on a general aversion 
to welding, we believe there is a fundamental difference between 
welding and riveting. Riveting does not induce any locked up 
shrinkage stresses in the completed case and the driven rivets 
can be inspected for tightness and visual defects and replaced if 
necessary. We have a long record of satisfactory riveted spiral 
case installations and therefore do not consider a pressure test 
necessary. 

It is appreciated that a welded case is better theoretically both 
structurally and hydraulically and also that on many large size 
units it is not practical to rivet spiral cases. However, there 
have been occasions of brittle failures of welding and the field 
welding of the spiral shaped case is apt to induce distortion and 
locked up shrinkage stresses. A careful erection and welding 
sequence must be followed to minimize these stresses and thor- 
ough inspection must be provided to insure quality welding 
throughout. Our opinion is that more conscientious work is 
obtained from all parties when a pressure test is specified. Con- 
sidering the importance of the installation the cost of the test is 
believed justified as it gives definite assurance of a satisfactory 
installation and also provides a measure of stress relief. When 
the welding procedures are more standardized throughout the 
industry and we have installed a number of satisfactory welded 
spiral cases, it is probable that the pressure test will be eliminated. 

The following additional information on the previous examples 
may be of interest: 

On Example A the casing was shipped entirely knocked down 
with the plates nested. The turbine manufacturer provided a 
welding specialist to supervise the welding of the spiral case. The 
first spiral case fitted satisfactorily but the second required 33 
per cent more time to construct. The plate fit-up was difficult 
and some joints were over '/: in. requiring excessive field weld- 
ing. The pressure test was assurance of a structurally adequate 
installation and we believe proved its worth. 

Example B is now erected and will be tested shortly. The 
turbine manufacturer has provided a maximum amount of shop 
welding and shipped the sections in large rigidly braced sub- 
assemblies. The field fit-up and welding progress was excellent 
and this is expected to be an economical installation. 

We concur with Mr. Nunnelee that a double vee weld is pref- 
erable for minimum weld metal and distortion. It is of interest 
to note that for Example C the turbine manufacturer has sub- 
stituted double vee welding for the thick plates in place of the 
original single vee. 

In conclusion, we believe that the welded case will become more 
prevalent as it is better hydraulically and more economical in 
material. However, claims of tremendous savings in cost must 
be reviewed carefully for substantiation. Ample provision 
should be taken to insure a structurally adequate installation and 
at present we believe the pressure test is justified. 

This author wishes to thank Mr. Nunnelee and Mr. Rheingans 
for their discussion and also express appreciation for the interest 
shown and the interchange of information by the symposium. 


Bradley G. Seitz. The discussions by Mr. Lavik, Mr. Nunnelee, 
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and Mr. Rheingans are appreciated. In connection with Mr. 
Lavik’s discussion, we favor the field pressure test rather strongly, 
as it has disclosed leaks many times. Even shop-tested cases 
may not be found drop-tight when tested after erection in the 
field. Volume changes of concrete are minimized by circulation 
of cooling water through the case, and sometimes through the 
concrete itself, during setting. Where projections are likely to 
create any appreciable restraint on the shell, they are faired out 
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with some grout, as indicated by the sloping lines in Fig. 13(c). 

If a yielding coating is used on the upper half, Mr. Nunnelee’s - 
point that an abrupt change at the end be avoided seems very 
well taken. 

The special supports for water load mentioned by Mr. Rhein- 
gans are referred to on page 1155. With large flexible cases, the 
need for internal bracing while filling the case can be avoided with 
rib or girder type supports illustrated in Figs. 12 and 13. 
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Blowdown and Charging Processes in a Single 


Gas Receiver With Heat Transter 


Gas blowdown and charging processes are generally analyzed 
on the basis of an adiabatic thermodynamic process. In most 
such processes of technical interest there is a considerable 
amount of heat transfer between the gas and the container walls, 
and in some applications heat capacitors are deliberately in- 
serted in the container to control temperature or store thermal 
energy. In this paper the general problem of blowdown and 
charging is considered, including the effects of heat transfer to 
or from container walls or inserted heat capacitors. An ex- 
perimental investigation of blowdown with heat transfer is de- 
scribed, and it is shown that the results correspond very well with 
the analysis. 


Nomenclature 
The following nomenclature is used in the paper: 
= heat transfer area, ft? -_ 
= thermal capacitance of receiver shell or internal heat ca- 
pacitors, Btu/deg R 

= specific heat at constant pressure, Btu/(lb deg R) 
specific heat at constant volume, Btu/(lb deg R) 
acceleration of gravity, 32.2 ft/sec? 
specific enthalpy, Btu/Ib 
unit convection conductance, Btu/(hr ft? deg R) 
ratio of specific heats, c,/c, 
length dimension, ft te 
mass, lb 
pressure, #/ft?, #/in.? 
heat transfer rate, Btu/hr 
total heat transfer resistance, hr deg R/Btu 
absolute temperature, deg R 
total internal energy, Btu = 
specific internal energy, Btu/lb 
mass flow rate, lb/hr Sethe 5 
coefficient of thermal expansion, 1/deg R (= 1/7 for a 

perfect gas) 

thermal conductivity, Btu/(hr ft? deg R/ft) | > 
density, lb/ft* 


viscosity, Ib/(hr ft) 
time, hr 


Nondimensional Groupings 
Co* = C./(Me,) 
M 
NTU 1/(Rc,wo) = (hA),/(c,wo) 
NTU* = 1/(Recw) = 
p/Po = Wap 
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T/T 
T./To 
w* = w/w = 


Subscripts 


initial conditions 
inlet state 
= capacitance 
= environmental conditions, or conditions outside the re- 
ceiver shell 7 
= conditions inside the receiver shell _ 


Introduction 

Gas blowdown and charging processes are employed exten- 
sively in industrial and military equipment. In the course of de- 
sign of such systems reasonably accurate predictions of system 
behavior would often be very desirable. The commonly used ap- 
proach is to assume that the processes are adiabatic, and then ob- 
tain expressions for the state of the gas in the receiver by purely 
thermodynamic reasoning. However, in many cases, neglecting 
the effects of heat transfer can lead to substantial error in the pre- 
diction of system behavior. In this paper a variety of system 
analyses is developed in which heat transfer between the confined 
gas and either the receiver walls or internal solid heat capacitors 
are considered. Two types of flow that are of particular interest 
in technical applications and to which this paper will be restricted 
are constant mass flow and blowdown through a criticel-flow 
nozzle. Consideration in this paper will be restricted to these two 
types of flow. 

The simplified models of the systems to be considered are shown 
in Figs. 1 and 2. It will be noted that essentially a lumped- 
parameter method of analysis is to be used, since a single uniform- 
temperature heat capacitor is employed, and one temperature is 
used to characterize the gas state. 

The objectives of this paper are then as follows: 


1 To obtain general solutions of the lumped-parameter sys- 
tems shown in Figs. 1 and 2 for a constant-mass flow rate. 

It will be shown that the solutions obtained are in series form 
and are rather difficult to use for engineering design purposes. 
However, more useful closed-form solutions can be obtained for 
certain limiting cases, and these give rise to the second objective. 

2 To obtain simple blowdown and charging solutions for the 
following limiting cases: (a) Isothermal (slow flow rate or low 
heat-transfer resistance), (b) adiabatic (high flow rate or high in- 


< 


Fig. 1 Idealized model of the blowdown system 


du, 
4 ae 


Fig. 2 Idealized model of the charging system 
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thermal source with constant-mass flow and with blowdown 
through a critical-flow nozzle (infinite capacitance of receiver 
walls, or zero capacitance), (d) inside resistance negligible (both 
gas and walls or internal capacitors at same temperature). 

3 To determine the limits of applicability of the simple 
closed form solutions. 

4 To demonstrate by experiment the applicability of the 
blowdown solution for critical flow with heat transfer from an iso- 
thermal source, with the following more specific objectives: (a) 
7 To experimentally verify the form of solution obtained, (b) to de- 
termine the adequacy of a simple free-convection correlation for 
prediction of the inside-convection conductance. 


The Differential Equations for Blowdown and Charging With 
Heat Transfer 


The models of the blowdown and charging systems employed 
in the present analysis are shown in Figs. 1 and 2. The differen- 
tial equations governing the thermodynamics of the processes are 
obtained from energy considerations, and the following assump- 
tions are made: (a) The receiver volume and the mass and 
) specific heat of its walls are constant; (b) the gas in the receiver is 
: mixed and at the same state everywhere in the receiver; (c) the 
gas is a perfect gas with constant specific heats; (d) the heat- 
transfer convective conductances on the inside and outside of the 
receiver are constants. 

These assumptions allow the thermal capacitance of the re- 
ceiver to be ‘“‘lumped’’ as indicated by Figs. 1 and 2, and the 
differential equations are therefore ordinary. 

The differential equations may be written in a number of forms, 
and it is most convenient to use the absolute temperatures of the 
gas and the solid capacitor as dependent variables, and the mass 
of gas in the receiver as the independent variable. In this man- 
ner the differential equations for blowdown (or charging) become 
a pair of coupled first-order ordinary differential equations. The 
mass in the receiver may always be related to time by integration 
of the flow rate. 

Differential Equations for Blowdown. The significant energy 
terms are shown in Fig. 1. The instantaneous mass discharge 
rate w is given by 


w = —dM /d0 


if dM is taken as an increment of mass. The rate of change of 


energy stored in the gas in the receiver is 


d(Mu) 
= ——.......... [2] 


dé 
An energy balance on the gas in the receiver gives a bs 
[3] 


dU iM 
ai 
4 


An energy balance on the capacitance (receiver walls, and so 
forth) gives 
dU, 
Rate equations for the two heat-transfer resistances give 


(6) 


Combination of Equations [1], [2], [3], and [6], and use of the 
perfect gas equation of state results in 


side heat-transfer resistance), (c) heat transfer to or from an iso- 


(5) 


dM 


1 
|r+ T. = 0...(7] 


Similarly, combination of Equations [1], [4], [5], and [6] leads 
to 


Ryeww 


ar, iff 1 1 
0. . [8] 


Equations [7] and [8] may be written in dimensionless form 


aT* 
w*M* dM* [((k — 1)w* + NTU]7T* + NTU T7,* = O.. [9] 
w* Ge (NTU, + NTU]T,.* + NTU =| 
+ NTU. T.° = 0..[10) 


where the various parameters are defined in the nomenclature. 
These are the differential equations for blowdown, which are 7 
to be solved subject to the initial conditions that 


at M* = 1 T* = 


T.* = T.,* (12) 


Note that a suitable expression for the flow rate as a function of 
the mass and temperature of the gas is required, and that the 
differential equations are linear only if the flow rate is inde- 
pendent of temperature. Once the equations for 7'* have been 
solved, the pressure P* may be obtained from the perfect gas 
equation of state, P* = M*T7™*. 

Differential Equations for Charging. The significant energy 
terms are shown in Fig. 2. The instantaneous mass inflow rate 
w is given by 


w = dM/d0 [13] 


if dM is taken as an increment of mass. The rate of change of the 

energy stored in the gas in the receiver is again given by Equation 

[2]. An energy balance on the gas in the receiver gives 
dM dU + 

do” 


An energy balance on the capacitance (receiver walls, and so 
forth) gives 


Again, by suitable manipulations with the foregoing equations 
and the equation of state of the perfect gas, one may obtain 


qT T-T 

wM aM + Re. + [7 kT Ju 0 [18] 


Equations [18] and [19] may be written in nondimensional form 


aT* 
w*M* —— + (T* — T,*)NTU + (T* — kT;*)w* = 0. . [20] 


> ‘ 
: 
= 
Rate equations for the two heat-transfer resistances give ee - 
4 
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These are the differential equations for charging, which are to be 
solved subject to the initial conditions that 


at M* =1 


“4 
yy. 
* 
— 
8 


[23] 


A suitable expression for the flow rate in terms of the mass and 
temperature of the gas in the receiver is also required. Note that 
the equations are linear only if the flow rate is independent of 
temperature. Once the equations have been solved for 7'*, the 
pressure may be determined from the perfect gas equation of state, 

General Solutions for Constant-Mass Flow 

1, and considerable simplifi- 
It is still necessary, however, to solve a pair 
of simultaneous linear equations for the gas and capacitance 
temperature. The two equations may be combined to yield one 
single second-order linear ordinary differential equation with 
variable coefficients. For both blowdown and charging the result- 
ing differential equation has a solution in terms of confluent hyper- 
geometric functions, which are well-known series (1).* The 
evaluation of the constants of integration from the initial con- 
ditions is quite lengthy; moreover, the functions depend on three 
arguments, and thus are not conveniently presentable in tabular 
form. For these reasons the general solutions are not particu- 
larly useful for engineering computations and will not be given 
here explicitly. For a number of particular cases these solutions 
have been computed (2) and the results of these computations are 
presented by Figs. 3 and 4. 


If the flow rate is constant, w* = 
cation is obtained. 


Special Solution for Blowdown 

Considerable simplification in the general equations can be ob- 
tained if certain approximations are made. The resulting solu- 
tions are in simple closed form and are more useful for engineering 
calculations. The results are restricted to cases where the ap- 
proximations are reasonable, and criteria for the applicability of 
each of the special solutions are required. A summary of the 
special closed-form solutions for blowdown, and the criteria for 
their applicability, is given in Fig. 9. 

Isothermal Blowdown. Isothermal behavior is obtained if Co* 


3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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obtains in receivers having large thermal capacitance C,, ac- 


companied by a high value of inside hA, and the latter in sy mea] 


where the mass-flow rate is extremely low. For isothermal 


blowdown, the solution is by definition T7* = 7)* = T.*. Note. 
that this also follows from Equation [9] by setting NTU = “i 
Adiabatic Blowdown. Adiabatic behavior is usually obtained by 


systems in which blewdown is extremely rapid, such as the 
cylinder of an internal combustion engine during the early stages’ 
of the exhaust process. The effect is to make NTU small. The 
differential equation for adiabatic blowdown may be obtained 
from Equation [9] simply by setting NTU = 0. The resulting 
equation is easily integrated to give 


[24] 


The temperature-mass and pressure-mass functions are shown 
in Fig. 5 for a wide range of values of k. Note the significant de-— 
pendency of T* on k, and the relative independence of P* on k. 
For the purpose of plotting the more complicated solutions, k 
will be taken as 1.4, but it is well to bear in mind the fact that k 
is a parameter of significant importance. 

Blowdown at constant-mass flow with heat transfer from an iso- 
thermal source. 
metal-receiver walls, or of internal capacitors, far exceeds the 
thermal capacitance of the gas. In this case the temperature 
change of the walls is much less than that of the gas, and a a 
for the limiting case of C,* = @, that is, where the sole heat trans- _ 
fer occurs between the gas and an isothermal! source, is applicable. 
For constant-mass flow w* = 1. Then, for 7,* constant, Equa- 
tion [9] integrates directly to give 


In many systems the thermal capacitance of the 
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Fig. 6 Blowdown at constant-mass flow with heat transfer from an 
isothermal source 
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Fig. 6 shows this result for a number of values of the parameters. 
Note that the effect of heat transfer may be substantial if NTU is 
at all large. 

Blowdown through a critical-flow nozzle with heat transfer from 
an isothermal source. For a critical-flow nozzle it may be shown 
that w* = M*(7T*)'/*. Then, for 7,* constant, Equation [9] re- 
duces to 

dM* 


T*)NTU _ 


M —(k—1)T* + - = 0... [26] 


Mere": 


Note that NTU is characterized by wo, the initial flow rate. Equa- 
tion [26] is nonlinear and cannot be solved in closed form, but it 
may be readily integrated by numerical methods. This has been 
done for a number of cases, and the results are shown in Fig. 7. 
Note that the temperature first drops, as in the constant-flow 
case, but then rises again as the heating due to heat transfer over- 
comes the cooling due to expansion. 

Blowdown at constant-mass flow with inside resistance negligible. 
The assumption of NTU = ©@ allows a closed-form solution to be 
obtained. Large values of NTU are obtained in three ways: 

1 The inside heat-transfer area is large. 

2 The inside heat-transfer conductance is high. 

3. The flow rate is relatively low. 


If NTU = o, Equation [9] reduces to 7* = 7,*. In order to 
obtain a differential equatior for the gas temperature, it is neces- 
sary to combine Equations [9] and [10] to eliminate NTU, and 
then set 7’,* = 7'*. Doing so, and setting w* = 1, one obtains 


dT* 


* 
(Co* + M*) 


—(k —1+NTU,)T* + NTU,T.* =0 


Mice Mey © 


This equation may be integrated to give 


[k -1+ NTU, NTU.) 


T* = — 
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Fig. 7 Blowdown through a critical-flow nozzle with heat transfer 
from an isothermal source 
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Fig. 8 Blowdown at constant-mass flow with inside resistance 
negligible 


these solutions will be useful only if the approximations are 
reasonable. By comparing the various solutions it is possible to 
obtain criteria for the applicability of each solution. The result- 
ing criteria are included on the summary sheet, Fig. 9. Further 
details on the derivation of these criteria are available in Reference 
(2). 


Special Solutions for Charging 


Charging solutions similar to the special solutions for blow- 
down are also of interest. These solutions are presented below as 
obtained from the differential Equations [20] and [21]. These 
solutions and the criteria for their applicability are summarized 
in Fig. 13. 

Isothermal Charging. Isothermal behavior is obtained if Cy* = 
© and NTU = ~,orif NTU = ~ and NTU, = —. The first is 
obtained by receivers having large thermal capacitance C, ac- 
companied by a high value of inside hA, and the latter by systems — 
where the mass-flow rate is extremely low. By definition, the 
solution for isothermal charging is simply T* = 1. 


+ T,*NTU 


— 1 + NTU,]) 


This result is shown by Fig. 8 for a number of values of the 
parameters. 

Criteria for application of the special blowdown solutions. The 
special solutions for blowdown were obtained by making certain 
approximations which simplify the differential equations, and 


[28] 


Adiabatic Charging. Adiabatic charging is usually obtained by 
systems in which charging is extremely rapid, such as the sudden 


filling of an evacuated receiver. The effect is to make NTU 
small. Setting NTU = 0 in Equation [20] and integrating, one 
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Fig. 9 Summary of special blowdown solutions 
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4 Fig. 10 Effect of inlet temperature on adiabatic charging Fig. 11 Charging at constant-mass flow with heat transfer to an 


7 isothermal sink 
[29] Charging at constant-mass flow with heat transfer to an isothermal 
sink. In many systems the thermal capacitance of the metal- 
The temperature-mass and pressure-mass functions are shown in _ receiver walls or any internal capacitors far exceeds the thermal — 7 
Fig. 10 for a wide range of values of 7,* and for k = 1.4. The capacitance of the gas. In this case the temperature change of — = 
dependence upon k is not shown, but it is evident from the equa- the walls or capacitors is much less than that of the gas, and a 
tions that k is an important parameter. Note that, as the pres- solution for the limiting case of C)* = ©, that is, where the sole 
sure increases without limit, 7* approaches k7,*. Thus if 7* = heat transfer occurs between the gas and an isothermal sink, is 
1/k the charging is in effect isothermal, and if 7,;* < 1/k ade- applicable. For constant-flow rate w* = 1. Then, if T,* is 
crease in the temperature of the gas in the receiver is observed. constant, Equation [20] integrates to give 


+ NTU 7.* — [kT,* — 1 — NTU + NTU |M* 
1 + NTU 
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Fig. 13 Summary of special charging solutions 


(ADIABATIC) — 


CHARGING AT CONSTANT 
MASS FLOW WITH INSIDE! 
RESISTANCE NEGLIGIBLE 
Te! #0 
_NTUe*0 CONST FLOW NOT ROD 


(ADIABATIC) 


+! 
NTUe 


5 6 7 8 


Fig. 12 


Charging at constant-mass flow with inside resistance 
negligible : 


[1 + NTU, — kT,* — NTU.T."1 


definite information for determining the effect of capacitance on 
the thermodynamic behavior of charging systems. For NTU = 
«©, Equation [20] reduces to T* = T,*. In order to obtain a 
differential equation for 7'* it is necessary to combine Equations 
(20] and [21] to eliminate NTU, and then set 7,.* = 7*. Doing 


so, and setting w* = 1, one obtains the differential equation 


(M + Co*) + NTUQ)T 
— kT,\*+— NTU,T.,* = 0 (31) 
This equation integrates to give 


Co* + 1 


Fig. 11 shows this result for a few values of the parameters. 
Charging at constant-mass flow with inside resistance negligible. 
The assumption of NTU = @ allows a closed form solution to be 


obtained. Large values of NTU are realizable in three ways: 


1 The inside heat-transfer area is large. 
2 The inside heat-transfer conductance is high. 
3. The flow rate is relatively low. 


The real value of this solution lies in the fact that it supplies 


— [32] 
1+ NTU, 

This result is shown in Fig. 12 for values of the parameters. 
Criteria for applicability of the special charging solutions. By 
comparison of the various solutions, criteria for the validity of ; 
each of the special charging solutions can be obtained, and these — 

criteria are summarized with the solutions on Fig. 13. 

Effect of imperfect mixing on the thermodynamics of the charging | 
process. An important idealization in both the blowdown and _ 
charging analyses is that a single temperature and pressure 
characterize the state of the gas in the receiver at any instant. 
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For blowdown this is a fairly realistic idealization, but for charg- 
ing the entering gas may be at a quite different temperature from 
the gas already in the receiver, and this idealization implies com- 
plete and instantaneous mixing. To investigate the importance 
of this idealization, the adiabatic charging case has been worked 
out for no mixing and compared to the case of complete mixing 
(2). The following conclusions were reached. The mixed mean 
temperature (mass-average) and the pressure in an adiabatic 
charging process are completely independent of the degree of 
mixing. Furthermore, the volume-average temperature is suf- 
ficiently close to the mass-average temperature so that the former _ 
can be used in interpreting data on charging. 


Experimental Investigation of Plowdown With Heat Transfer 


The various solutions presented for blowdown and charging 
with heat transfer have been based upon a very simplified model 
of the processes and have incorporated a number of simplifying 
idealizations. Perhaps most restricting has been the assumption 
that the heat-transfer convection conductance on the inside of 
the receiver can be treated as constant throughout the process, 
despite wide variations in gas temperature and pressure. If the 
assumption of a constant conductance turns out to be not too 
restricting, there still remains the problem of how to predict the 
conductance with at least sufficient precision for reasonable en- 
gineering estimates. 


Fig. 15 Strip and can capacitors 


was initially inserted in an attempt to approach adiabatic be- 
havior, but further analysis indicated that it was having very 
little effect, and the test results would have been essentially the 
same had the liner been omitted. A diagram of the test tank is 
shown in Fig. 14. A rectangular balsa-wood tube extended from 
the top of the tank to the center; inside this tube was mounted 
a 30-gage iron-constantan-thermocouple junction which was 
used to measure the air temperature. This method of thermo- 
couple installation was used to minimize radiation errors and 


v = w 4 . . . . . 
minimize lag by providing a considerable flow velocity over 
4 DISCHARGE ind ; the junction. A critical-flow nozzle, 0.126 in. diam, was mounted 
TO ATMOSPHERE d 
in the lid of the tank at the top of the balsa tube. Immediately 
i outside of the tank was a 1-in. gate valve which could be quickly 
7 opened to allow flow through the nozzle. Air for charging was 
dried before entering the tank. The inside surface area of the 
= 
tank was 7 ft?. 
The thermal capacitors are shown in Fig. 15. For the first 
z set of tests the copper strips shown on the left side of Fig. 15 were 
~ 
8 mounted vertically and were held in place by a very thin balsa 
ide > ac etri -anaci rs 5 AT 
2% 3 cm: spide r. The surface area of the strip capacitors was 5.57 ft®, 
ea oo STEEL TANK giving a total surface area, including tank walls, of 12.57 ft?. 
28 ee The second set of tests were run with the concentric-can capacitors 
= & 38 shown on the right side of Fig. 15. These had a surface area of 


INSULATION 23.3 ft?, giving a total surface area of 30.3 ft?. The can capacitors 
were merely set in the tank without other support. An iron- 
constantan thermocouple soldered onto the capacitor provided a 
measurement of capacitor temperature. 
All temperatures were recorded on a Brown fast response (!/2- 
sec full scale) recording potentiometer modified to a 5-mv full 
>JUNCTION AND scale. Pressures were measured by a Bourdon gage mounted 
POTENTIOME TER directly on top of the tank and were recorded visually. 
In making a test run the tank was first charged to about 100 
psig with approximately 150-F air. A period of at least three 
minutes was allowed for the thermal] mixing of the air in the tank 
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Fig. 14 Test apparatus for blowdown experiments 


To establish the validity of the analyses and to get some idea 


of the convection conductances in a system of this type, a limited T T l 
experimental investigation was carried out. Only blowdown t ‘GRITICAL FLowt 
through a critical flow nozzle was considered because of experi- 
mental system simplicity. | — {NTU = 2.00 — 
Two series of tests were run in which heat capacitors in the , ——~s 7 
| 
form of both vertical copper strips and concentric sheet-metal 
| = 
cans were inserted in the tank. In both of these tests the heat °%° s _ 
capacity of the metal capacitors was sufficiently high so that the O° po "2 nal 
capacitor temperature dropped only a few degrees during the —,,, i | Se 
test. Thus the tests corresponded essentially to the case of blow- | | | apapatic_/ Pas 
down through a critical flow nozzle with heat transfer from an SOLUTION 
| 
Description of Experimental Apparatus. The test apparatus = = 
: consisted of a 10-gal paint-spray tank which was lined internally Me 
: with a 5/,-in. thick layer of balsa wood. The balsa-wood liner Fig. 
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Fig. 17 Test results for blowdown with concentric-can capacitors 


and for warm-up of the capacitors and the internal surface. The 
discharge valve was then opened quickly and the critical-flow 
blowdown was initiated. A number of observers with stop 
watches recorded the time for each 5-psig drop in pressure while 
the air temperature was recorded using the Brown recorder. 
Runs were then repeated under identical conditions to record 
capacitance temperature. A typical run lasted for about 20 sec. 

Results of Tests With Heat Capacitors. For each test point M* 
was evaluated from the nondimensional form of the perfect gas 
equation of state, P* = M*T*, P* and 7* having been measured 
directly. The test results were then plotted in the form 7* 
versus 1f/*. Two test runs for the vertical-strip capacitors are 
shown in Fig. 16, and two test runs for the concentric-can capaci- 
tors are shown in Fig. 17. For the various runs the capacitor 
temperature 7,* varied only over the range 1.015 to 0.984. 

As a next step the test data were superimposed upon Fig. 7 in 
order to determine which, if any, of the NTU curves corresponded. 
The strip-capacitor runs corresponded very closely with the NTU 
= 2 curve, while the concentric-can test results fell between the 
NTU = 2 and 5 curves. Rather fortuitously, integration of 
Equation [26] for NTU = 4 yielded a curve that corresponds 
very well with the concentric-can test results, Fig. 17. 

The test results in Figs. 16 and 17 show excellent qualitative 
agreement with the analysis, and the trend with heat-transfer 
surface area is as would be predicted. As a first tentative conclu- 
sion it would appear that the convection conductance does not 
vary greatly during the process, 

The apparent average convection conductance can be evaluated 
from the definition of NTU 


NTU = Ah/(woe,) 


where w» is the initial flow rate of gas out of the tank. The initial 
flow rate was evaluated from the critical-flow metering equation 
for the nozzle, using the discharge coefficient data of Grace and 

aapple (3). Calculating h from Equation [33], the following re- 
sults were obtained: 


Run No. 5 NTU = 2.0 (strip capacitors) 
h = 2.71 Btu/(hr ft? deg F) 

Run No. 7 NTU = 4.0 (can capacitors) 
h = 2.29 Btu/(hr ft? deg F) 


These conductances are of the order of magnitude that one 
might expect for free convection from air with moderate pressure 
and temperature difference. It is of interest, however, to see how 
closely the conductances might be estimated from independent 
considerations. The capacitors were deliberately designed with 
large vertical surfaces in order to provide a relatively simple 
convection geometry. Theconvection mechanism is then free con- 
vection from a vertical surface, but the free-convection boundary 


Fig. 18 Conductances predicted on basis of free convection 


layer is a transient one rather than steady-state. An investiga- 
tion of the Grashof number at about the mid-point of the vertical 
surfaces for a typical test run indicates that, although it starts at 
zero at time zero, it quickly assumes a near-constant magnitude 
for the remainder of the run. The reason is that the increase in 
temperature difference with time is approximately compensated 
by the decrease in density. The Grashof number is in excess of 
10° which suggests the probability of a turbulent-free convection 
boundary layer. To estimate the conductance, McAdams’ (4) 
equation [7-4a] on p. 172 is convenient 


AL/k = 


If the properties of air at 60 F are inserted into this equation, but 
the pressure dependence of density is retained, the computing 
equation for the conductance is 


where p is in #/in? abs and AT is the temperature difference be- 
tween the air and the solid surface in deg R. 

The variation in estimated conductance with time for runs 5 
and 7, using Equation [35], is plotted in Fig. 18. It will be noted 
that the conductance rises rapidly from zero in the first few sec- 
onds and then does not vary markedly thereafter. The mean 
estimated conductances with respect to time, shown in Fig. 18, 
are, respectively, 17 per cent and 11 per cent below the apparent 
experimental conductance for runs 5 and 7. 

In conclusion, the experimental results correspond remarkably 
well with the analysis, they indicate that the assumption of a 
constant conductance is not at all unrealistic where the pre- 
dominant mechanism is free convection, and they indicate that 
the convection conductance can be predicted with fair accuracy 
using steady-state free-convection data. It should be noted, 
however, that the experiments reported were for an only moder- 
ately fast blowdown and it would be more difficult to predict 
conductances accurately for a faster process. On the other 
hand, a faster blowdown results in a smaller NTU (see Equation 
[33]), and an accurate estimate of convection conductances be- 
comes less important. 


Summary and Conclusions 


A general solution has been obtained for the blowdown and 
charging systems shown in Figs. 1 and 2. The results are pre- 
sented in graphical form for a few values of the parameters for 
constant mass flow in Figs. 3 and 4. Closed-form solutions for 
blowdown and charging have been obtained for a number of 
special cases. These solutions are summarized in Figs. 9 and 13, 
along with criteria for their range of applicability. 

A differential equation has been derived for blowdown through 
a critical-flow nozzle with heat transfer from an isothermal 
source. Equation [26] can be readily integrated numerically and 
the results for a number of magnitudes of the parameters are pre- 
sented in Fig. 7. 

An experimental investigation of blowdown through a critical- 
flow nozzle with heat transfer from an isothermal source yielded 
results in very good agreement with the analysis and indicated 
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that for iain calculations the convection conductance 
may be treated as a constant and that reasonable predictions of 
the convection conductance can be made using steady-state 
convection correlations. 
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The Transient Response of a Tw o-Fluid 
Counterflow Heat Exchanger— 


The Gas-Turbine Regenerator 


By R 


Presented are some solutions for the transient behavior of a 
two-fluid direct-transfer counterflow gas-turbine regenerator, 
obtained experimentally using an electrical analog system. While 
restrictions were imposed on certain parameters with the gas- 
turbine-regenerator problem in mind, these results, presented 
in nondimensional form, are also of limited use for other two- 
fluid exchanger problems. A set of seven independent nondi- 
mensional parameters is proposed for general use. These in- 


clude the three commonly associated with the steady-state per- 
formance plus four additional parameters unique to the transient 
problem. The electrical analog system is described in the Ap- 
pendix and the associated experimental uncertainties are con- 


sidered. 


Nomenclature 
Tue following nomenclature is used in the paper: 
= heat-transfer area, sq ft 
» = specific heat, Btu/lb deg F 

specific heat at constant pressure, 
fluid capacity rate, Btu/hr deg F 
fixed capacity, Btu/deg F 
flow arrangement, counterflow, parallel flow, crossflow, 


Btu/lb deg F 


and so on 
unit conductance for thermal convection, Btu/hr sq ft 
deg F 
= unit thermal conductivity, Btu/hr ft deg F 
total flow length, ft 
mass, Ib 
= number of heat-exchanger transfer units, 
AU /Cmin or Equation [5] 
total heat transfer resistance, hr deg F/Btu 
temperature, deg F 
fixed temperature difference, deg F 
— = O—)] time variable temperature differ- 
ence, deg F 
over-all unit heat-transfer conductance, Btu/hr sq ft 


deg F 
= flow velocity, ft/sec 


dimension- 


less = 


= flow-length variable, ft — 
flow-length increment, ft 
heat-exchanger effectiveness, dimensionless 
time, sec 


dwell time, see = C/C = L/V 
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A@ = fixed difference in time, 
p = density, lb/cu ft ; 
® = a functional relation 


Subscripts 
c = cold 
= dwell 

hot 
inlet 
integer 
maximum capacity rate or associated with Cmax 
minimum capacity rate or associated with Cm ic 
outlet 
steady state 


Nondimensional Quantities Characterized by )* 
z* = position in the heat exchanger, Equation [7] 
6* = time relative to the dwell time, Equation [8] 
6,* = dwell-time ratio, Equation [9] 
C,,* = wall capacity relative to fluid capacity, Equation [11] 


R* = selative resistance ratio, Equation [10] 


t,*, t.*, &,*, €.* are relative temperature differences, Equations [3] _ 


and [14] 


The Analytical Problem 

In order to study the transient performance of any heat ex- 
changer, a sufficiently general analytical model must be estab- 
lished which is both an adequate idealization of the physical sys- 
tem and capable of reasonably simple mathematical description. 
Such a model is pictured schematically in Fig. 1, for a parallel or 
counterflow arrangement. The following analysis is based upon 
this model and employs an extension of the effectiveness—NTU 
parameters used in steady-state heat-exchanger analysis pre- 
sented in reference (10).* 

The heat-exchanger model, Fig. 1, employs the following ideali- 
zations necessary for a transient study: 

1 Temperature of each of the fluids and the wall are functions 
of time @ and distance z; ¢ = t(z, 6). This idealization one-di- 
mensionalizes the problem. 


3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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Fig. 1 Heat-exchanger model 
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2 System is over-all adiabatic; 
rounds the exchanger. 

3 No internal sources exist for thermal-energy generation, as 
by nuclear fission, chemical reaction, or electrical heating. 

4 Heat-transfer resistances are lumped between the wall 
capacity and the fluids. 

5 Zero thermal conduction is assumed parallel to flow direc- 
tion. 

6 Properties of the fluids and the wall such as specific heat, k, 
and p, and also the heat-transfer coefficient h are independent of 
temperature, time, and position. 

7 Fluids are assumed to be low-velocity liquids or gases at 
essentially constant pressure so that enthalpy can be treated as a 
function of temperature using the specific-heat property. 

8 The thermal capacity of the shell of the exchanger is con- 
sidered as negligible relative to that of the heat-transfer surface. 

9 The mass flow rates w, and w, are constant. 


that is, perfect insulation sur- 


Based upon these idealizations, the differential equations relat- 
ing the system temperatures may be derived from energy balance 
and heat-transfer-rate-equation considerations applied to a dif- 
ferential element dz of the heat exchanger. The resulting three 
coupled, linear, partial differential equations expressing tempera- 
tures ¢,, ¢,,, and ¢, as functions of z and @ are 


- tel _ , Jc. 
— tel Ste tel Oly 


+ counterflow 


— parallel-flow 


Looking at the first equation of the set, it may be noted that 
the left-hand term comes from the rate-equation expression 
for the heat transfer from the hot fluid to the wall; the first 
term on the right is from the decrease of energy storage in the 
hot fluid; while the second term on the right (for counterflow) 
comes from the excess of inflow over outflow thermal energy in 
the C, stream. A parallel interpretation can be made for the 
second equation of the set for the wall-to-cold-fluid heat transfer. 
For the third equation, the two terms on the left come from the 
difference between the two heat-transfer rates (a) to the wall 
from the hot fluid, and (6) from the wall to the cold fluid. The 
right-hand term comes from the rate of thermal energy storage 
in the wall element. 

In principle, the transient system temperatures of Equation [1] 
exist for any specific transient disturbance applied to the heat- 
exchanger inlet temperatures. The specific disturbance under 
consideration may be introduced into the solution by means of 
the following two boundary and three initial temperature con- 
ditions 


cthinitial = 0); th boundary >= or L, 6) 
twinitial = 0) [2] 
t. initial = 0); t. boundary > t.(0, 6) 


Unfortunately, only a very few special case solutions are 
available for the Equation [1] set and the associated boundary 
conditions. These include the following: 


1 The classical solution of Anzelius and Schumann (8 and 9) 
for the case of the porous solid, which in terms of Fig. 1 becomes 
a one-fluid heat exchanger with the other side of the transfer 
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surface perfectly insulated; as, for example, the hot-air-duct 


problem of reference (7). Then one (either the first or second) 
Equation of Set [1] is eliminated and one term in the third equa- 
tion drops out. 

2 The case of the condenser or evaporator, where either the 
hot fluid or cold fluid temperature is uniform with z, also can 
be treated by the analytical methods developed by Rizika (2 
and 3), and by numerical methods as demonstrated in reference 
(5). Rizika’s results are in the form of fairly complex mathe- 
matical functions, available in graphical form, which in turn 
have to be combined; and the procedure is sufficiently complex 
so as to discourage wide-spread use by designers. 

3. The general two-fiuid heat-exchanger problem is considered 
by Paynter and Takahashi (4) from the viewpoint of modern 
automatic control analysis. In fact, the problem they consider is 
even more complex than the situation described by the Equation 
[1] set in that allowance is made for the influence of the shell ther- 
mal capacity with the introduction of a fourth equation. The 
solutions are given exactly only in the Laplace-transform form. 
The inverse transformations are established only approximately 
by synthesizing a solution out of lag-delay, root-lag-delay, and 
multi-lag models. 

To handle the solution of the Differential Equation [1] by an 
electrical analog experimental procedure, the parameters need to 
be formulated in a nondimensional form so as to obtain the re- 
quired “model laws.”’ Additionally, the use of these nondimen- 
sional parameters provides (a) greater generality to the special 
results obtained; and (b) a greater degree of compactness to a 
graphical presentation of the results, whether obtained by purely 
analytical, or numerical, or experimental analog methods as in 
the present case 

Because the differential equations and boundary conditions 
are available, Equations [1] and [2], it is possible to formulate 
an adequate set of nondimensional parameters by purely formal 
methods. In fact, many sets of parameters may be formulated, 
each being convertible to any other set. In the judgment of the 
particular analyst or experimentalist one set may have ad- 
vantages over another in terms of (a) readily understandable and 
namable dimensionless groupings; (b) groupings which experi- 
mentally are most readily varied, keeping the others constant; 
and (c) groupings which have been used previously in related 
problems and therefore are ‘‘old friends.”’ 

With these criteria in mind, the following set of nondimensional 
parameters was conceived; the left-hand terms denoting the 
dependent temperature parameters and the right-hand terms the 
independent operating and design parameters under the control 
of the experimenter working with the analog 


= 


Can 
FA, NTU, 2", 6°, 0,*, R*, O*}.... [3] 


max 


Steady-state 
parameters 


Transient 
parameters 


where 


FA denotes flow arrangement; counter, parallel, etc... . .[4] 


AU 1 


NTU = Coun = (R, +R, = nu) ber of transfer units 


[5] 


Cain 
— = capacity-rate ratio of fluids......... [6] 


x 
= dimensionless flow length. ........ [7] 
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= 


= dimensionless time 
64 min 


6 
— dwell-time ratio 
64 max 


= heat-transfer resistance ratio 


=> = — Ce — = wall capacity ratio 

Coie (C64)min 

Note that 6,* ard R* may be equal to, greater than, or less than 
unity in that the subscript “min’’ means being associated with 
the minimum of C, and C, and not that @2min is necessarily less 
than 64 max. 

With respect to the dependent nondimensional parameters of 
Equation [3], it will suffice at this time not to define completely 
t,*, t,.*, and ¢.* other than to note the temperatures would be re- 
ferred to a convenient reference temperature as the datum, a 
reference temperature which remains constant with time, as 
specified by the boundary and initial conditions; for instance, 
t. in if the ¢. our response to a & in change is to be investigated. 
€,* and ¢.* are the temperature parameters of major interest for 
the control problem. These are defined in the following text so 
as to have a magnitude of zero at 6 = 0+ and unity for 0 = @ 
for the response to step changes. 

For steady-state heat-exchanger analysis, the nondimensional 
temperature parameter is the effectiveness €;; defined as the actual 
heat-transfer rate divided by the maximum possible heat-transfer 
rate as limited by thermodynamic considerations (10) 


th out) CAt. out ™ t. in) 


= Cathe ~in) [12] 


— 
( min( ly t. in) 


For the transient problem, a time-dependent effectiveness for 
each fluid may be specified in analogy to Equation [12] as follows 
Crltr in(8) — th our(O)] 

Cmin{th in(9) in( 

C [te out( 9) t. 

in( 0) t.in( } 


€,(0) = 


€(0) = 


Now a dimensionless parameter, which normalizes changes in the 
time-dependent effectiveness for each fluid and represents the 
transient response, is defined as the generalized effectiveness ford 
for either fluid as foliows 


= o~) — = 0+) 


where €(9 = ) =€,, of Equation [12] for the condition that the 
inlet terminal temperatures eventually become constant so that 
a steady-state solution exists. 
= 0+ and unity for time 6 = © for a step-function change. 
Thus the departure from zero in the direction of unity is a measure 
of the degree of approach to the new equilibrium. 

To consider the transient performance of any heat exchanger, 
each of the independent parameters, Equations [4] to [11], must 
be specified as fixed, or the effect of their variation must be de- 
termined for a variety of boundary and initial conditions. Be- 
cause of the complexity of che differential equations, boundary, 
and initial conditions, and the large number of independent pa- 
rameters, a general solution for the two-fluid exchanger problem 
is practically impossible. However, several simplified special 
cases have been solved by use of three basic methods: (a) 
Analytical solutions; (b) numerical solutions; and (c) analog 


It is clear that €* is zero at time 6 © 


solutions. A survey of the three methods indicates their areas of 
application. Analytical methods, as evident from references 
(1—4, 8, 9), present substantial difficulties even in the most re- 
stricted cases and, as a consequence, have limited popularity. 
Numerical solutions (5, 6, 7) employing the methods of finite 
differences may be applied to the most complex problems and are 
becoming more practical with the availability of high-speed 
digital computers and the associated technology. Analog 
methods of solution (11 and 12) may be employed, provided a 


realistic and accurate analog model of the physical system can be — 
Analog studies are desirable because a “physical — 


constructed. 
feel” for the problem is maintained since there is one-to-one cor- 


respondence of the dimensionless parameters, and the desired — 


response is produced directly as a function of time. The lumped- 
parameter electromechanical analog approximating the heat- 
exchanger model of Fig. 1, used for obtaining the solutions pre- 
sented in this paper, is described in the Appendix. 


Analog Solutions Applied to Gas-Turbine Regenerator 


The problem of the gas-turbine regenerator is considered be- 
cause of the current interest in this field and because its nature 
permits a worth-while reduction in the number of independent 
variable parameters. In fact, to allow a reasonably compact 
graphical representation it is essential to limit to no more than 
three the number of independent parameters in Equation [3] 
that are retained as variables, and preferably only two. The 
question now is what parameters should be fixed and at what 
magnitudes? Consideration of a typical gas-turbine cycle with 
regeneration, Fig. 2, will be helpful in this respect. As it is de- 
sirable to have a regenerator of high effectiveness, an over-all 
counterflow unit will be specified. Since heat transfer occurs 
through a metallic wall element between gases of relatively low 
densities, the fixed thermal capacity C, of the wall is much greater 
than the thermal capacity C of either gas within the regenerator. 
The mass-flow rates of the hot and cold gases are approximately 
equal, differing only by a few per cent due to fuel addition; there- 
fore the thermal-capacity rates of both gases will be approximately 
equal, with C, slightly greater than C,. A typical high-effective- 
ness regenerator may employ extended heat-transfer surfaces, so 
that a balanced design with approximately equal gas-side ther- 
mal resistances, R, ~ R, is sought by the designer by his control 
of the percentage of extended surface on each side of the direct 


surface. 
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Fig. 2 Flow diagram open-cycle regenerator gas-turbine plant 


In view of the foregoing observations, conditions in dimension- 
less form may be defined as in Table 1 for the typical gas-turbine 
regenerator. 

Four of the eight parameters, FA, Cmin/Cmax, 2*, and R* in 
Equation [3] are essentially fixed by this application. Therefore 
the regenerator response is now a function of only four variable 
independent dimensionless parameters 


a = @(NTU, 6°, C,*)......... [15] 


— 
....... 
| tw | 
— 
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Table 1 


Parameter 
ira 


Fixed for counterflow 
L<NTU<10 


— 
Fixed at Ge = 1.0 
Ca 


Fixed for terminal effects 


= counterflow 


0<0*< 


Fixed at R* = 1.0 

— —— 1.0 Design variable 

(CO ac) 

Clearly, a further reduction is still necessary if a compact graphi- 
cal representation of the analog-solution results is to be achieved. 

The next step is to investigate the transient conditions which 
are of greatest engineering importance to the response and con- 
trol of the gas-turbine cycle. Variations in the inlet conditions 
to the regenerator will cause transients in the outlet gas tempera- 
tures and influence the response of the entire system. However, 
as the gas-turbine cycle is controlled through the amount of 
thermal energy introduced in the combustion chamber (or reac- 
tor for a closed-cycle nuclear power plant) as determined by the 
turbine load demand, transient variations of the temperature of 
the heated cold gas leaving the regenerator, €,*, in response to a 
hot gas-inlet temperature change is of prime interest. 

Another transient of considerable interest is the response of €,* 
and ¢€,* arising from simultaneous changes in both C, and Cj, 
maintaining C./C, approximately unity still, but changing NTU 
in the process. 

In summary, the transients to be considered are the following: 


1 €,* as a function of 0* due to a step function change At, ia 
of the hot-fluid inlet temperature keeping NTU, C,*, and @,* 
constant in Equation [15]. 

2 «¢,.* and e,* asa function of 6* due to a step-function change 
in C, and C, varying NTU in Equation [15], but retaining C,,* 
and 6,* as constant. 


After the foregoing step-function changes are established, and 
since the basic differential Equations [1] are linear, well-estab- 
lished mathematical methods can be used to calculate the 
transient response for arbitrary input changes in terms of a se- 
quence of step-function changes. 

Solution for €,* for a Step-Function Change in t; in. At the out- 
set it is worth noting from symmetry that such a solution is also 
applicable for €,* resulting from a step-function change in ¢, in. 

According to Equation [15] four independent parameters are 
involved, but it was discovered both empirically and from a con- 
sideration of the nondimensional form of the Equation [1] set 
(with C,, C. = 0) that €,* was virtually insensitive to variations 
in 6,* for C,* > 10. Moreover, it was noted that an empirical 
correlation of €,* versus 0*/(1.5 + €.*) quite adequately accom- 
modated changes in C,,* over the test range 0 to 50. Thus Equa- 
tion [15], in this consideration, reduces to a problem of two 
instead of four independent parameters 


= o{NTU, 0*/(1.5 + [16] 


Fig. 3 presents these results covering the following test ranges: 


Gas-turbine-regenerator conditions 
Range of parameter 
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Fig. 3 «.* response to a step-function change At, 


heat exchanger, R* = 1, Cw* > 10, Cin/Cmax = 1, 0.* variable 


NTU from 0.6 to 8, 6* from 0 to 
6,* = unity 


a C,,* from 0 to 40, 

Fig. 4 is included to demonstrate the validity of 0*/(1.5 + C,*) 
as a correlating parameter. 

The restriction to 0,* = 1 was necessary because for C,,* of 
less than 5, €,* was not so completely insensitive to changes in 
6,* as was the case for C,* > 10. For the gas-turbine-regenerator 
problem this limitation is not in the least restrictive, since C,,* 
will be much greater than 10. 

While physical limitations, imposed by the number of micro- 
farads of capacitors available, forced a maximum test C,,* of 40, 
it is believed that the range covered is sufficient to justify extrapo- 
lation of the results to include the asymptotic solution of C,,* 
approaching infinity. 
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re 


Fig. 4 «.* correlation provided by parameter 0*/(1.5 + Cu*) 


Because the analog approximates the distributed parameter 
physical system of Fig. 1 with only four lumpings (see Appendix) 
an increasingly significant error is introduced for NTU magni- 
tudes greater than 3. In consequence, the NTU = 8 curve in Fig. 
3 was derived from a particular numerical solution of the differen- 
tial equation set [1] that was made available to the authors. 

It is evident from Fig. 3 that 90 per cent response of €,* is 
achieved for 


6*/(1.5 + C,*) = 1.0 for NTU 5 1.5 


and since for the gas-turbine regenerator C,,* >> 1.5, it follows that 
6* ~ C,*. This approximation might prove useful, as a rule of 
thumb, since the foregoing result in dimensional form reduces to 
simply 


[17] 


To illustrate the utility of Fig. 3 and Equation [17] consider a 
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75 per cent effectiveness gas-turbine regenerator defined by the 
following parameters: 


75 per cent, NTU = 3.0, and C,/C, = 1 

Cmin = (240,000 lb/hr)(0.243 Btu/lb deg F) = 58,200 
Btu/(hr deg F) 

5.0 corresponding to 6,, = 0.077 sec, 0,,4 Oamin = 
0.382 sec 

(68,500 lb)(0.11 Btu/lb deg F) = 7500 Btu/deg F 


(58,200 )(0.382/3600) 


1220 


Then directly, the rule of thumb Equation [17] yields for the 90 
per cent response time 09 = 7500/58,200 = 0.129 hr = 465 sec. 
From Fig. 3 the time required for a 63 per cent approach to equi- 
librium is obtained from the condition 03*/(1.5 + €,*) = 0.40. 
Thus 43 = 0.40(1.5 + 1220)(0.382 sec) = 187 sec. 

Solution for €,* for a Step-Function Change in NTU. In this 
consideration, as applied to the gas-turbine regenerator, it will be 
specified that C,,* remains constant. In turn, because C,, is con- 
stant, (C@,), must remain constant. Thus any change of C, oc- 
casioned by a decrease of the mass-flow rate w, is compensated for 
by an increase in the dwell time 6,,. If flow densities remained 
constant, this condition would be rigorously correct, but it is not 
quite the case for the gas-turbine regenerator. However, it was 
noted from the analog test results, Fig. 5, that C,* has only a 
minor influence on this transient response when C,* is large. 
Therefore the restriction of C,* a constant and its consequence, 
that (C@,). be constant, is not at all serious for the regenerator 
problem. 

In Fig. 5 the analog results are presented for two step-function 
changes in NTU from 1.5 to 1 and from 1 to 1.5. The correspond- 
ing steady-state effectivenesses €.5 are 50 per cent for NTU = 1 
and 60 per cent for NTU = 1.5, reference (10). Within the ex- 
perimental uncertainties the two response curves fall on top of 
each other and appear to be virtually insensitive to C,,*, at least for 
the first 80 to 90 per cent of the response. 

The foregoing experience plus other tests not reported here 
suggest the tentative conclusion, applicable to this type of 


transient, that for NTU > 1 


e.* = o(6*)... [18] 


irrespective of the NTU magnitude; this is a tremendous simpli- 
fication over the four-independent-parameter situation of Equa- 
tion [15] and even the two-independent-parameter situation of 
Equation [16]. 

Direct verification of this important tentative conclusion is 
difficult to achieve in that test results at the higher NTU’s are 
required. To illustrate this. point consider a test involving a 
step change from NTU = 3 to NTU = 3.5. The steady-state 
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Fig.5 «-* response to a step-function change in NTU. (i) NTU 1.5 
to 1.0; (ii) NTU 1.0 to 1.5. 


Thus the experimental problem involves measurements in a range 
involving only a 2.8 per cent change of the dependent variable of 
voltage (analogous to temperature), Available oscillograph 
equipment was not adequate for this task, and for this reason the 
results of Fig. 5 are based on a large fraction step change at a low 
NTU. The two saving features of this dilemma follow: (a) The 
step-function changes in NTU encountered in practice are rela-_ 
tively small because a decrease of C is largely compensated by a 
decrease in U in the definition NTU = (AU /Cnin). Conse- 
quently, at a high NTU level, e.g., NTU = 3, the change in the 
steady-state effectiveness €.. is very small as previously shown, 
so that even though €,.* ranges from zero to unity this variation 
represents only a small change in ¢, our. (b) Another saving feature 
from a control point of view is that Fig. 5 indicates the response 
to a flow step change is essentially complete within a time inter- 
val 8 = 64min, and this is substantially faster than the response 
to a temperature step change, Fig. 3, where the 90 per cent re- 
sponse requires C,* times 0, min, and C,,* of greater than 50 can 
be expected for actual regenerators. Thus, as step-function 
changes in flow will also be accompanied by step-function changes 
in inlet temperature, f, in, one can expect the 50 or more times 
slower response to the inlet temperature changes to control the 


To illustrate the foregoing conclusions, consider again the re- 
generator of the previous example. A step-function load change 
of, say, from 100 per cent to 80 per cent will involve roughly an 


> 
1173 
effectivenesses are, respectively, 75 per cent and 77.8 per cent. 


over-all behavior. 


NTU change from 3.0 to 3.3. For the flow change alone, the 
corresponding temperature change for ¢, our is only about +10 deg 
F total, and 90 per cent of this change will be achieved in a time 0 
corresponding to one dwell time or 0.4 sec. The 90 per cent re- 
sponse time to the hot-fluid temperature change was previously 
noted as about 465 sec! 

Solution for €,* for an Arbitrary Change in ty in. From the step- 
function solution presented, the transient response of the cold-gas 
outlet temperature AT’, = — t(@ = O—)}ourdue to 
any arbitrary variation in the hot-gas inlet temperature AT) in(@) | 
= {t,(0) — t(6 = O—)}in may be derived. The approach, 
known as Duhamel’s method (1 and 13), follows. Any arbitrary | 
input temperature variation, ¢, in for instance, may be approxi- d 
mated by the sum of a finite number of step functions, as shownin _ 
Fig. 6. The transient response at any time @ is then the sum of 
the independent responses to the step functions which have y 
occurred prior to time 0, because of the linear nature of the dif- 
ferential Equations [1]. 

Fig. 6 illustrates the result of such a calculation for a regenera- a4 
tor with €,, = 90 per cent, NTU = 7.70, C,,* = 62.0, R* = 1.0, 7 
Cmin/Cmax = 0.96, 0;. = 0.6 sec, and 6,* = 3. 
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Fig. 6 Response of cold-gas outlet temperature to indicated hot- 
gas-temperature disturbance. NTU = 7.70, C.* = 62.0, R* = 1, 
Bac = 0.6 sec, Aun = 0.2 sec. 
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Summary and Conclusions 


The important features of this paper may be summarized as 
follows: 


1 The treatment of the two-fluid heat-exchanger transient 
response has not vielded to a purely analytical attack because of 
mathematical difficulties. However, the electrical analog ap- 
proach has proved to be fruitful for the gas-turbine-regenerator 
application. 

2 A set of nondimensional parameters are proposed for this 
type of problem that includes the three normally used for steady- 
state heat-exchanger behavior plus four more unique to the 
transient problem, Equation [3]. 

3 A substantial reduction of effort has been achieved in the 
analog test work for the gas-turbine regenerator by (a) the em- 
pirical observation that 6*/(1.5 + C,*) serves as a correlating 
time parameter in place of the separate factors 0* and C,,*; (b) 
the fact that the response is insensitive to 0,* for C,,* > 10. 

4 The important results for the gas-turbine-regenerator re- 
sponse are summarized in Figs. 3 and 5 for step-function changes 
in inlet hot-fluid temperature and in flow rates, respectively. 
The step-function-change results can be extended to include any 
imposed input with time variation as illustrated in Fig. 6. 

5 It is to be noted particularly that the regenerator-outlet 
temperatures respond very rapidly to changes in flow rate and 
much more slowly to changes in input temperature. In conse- 
quence, the input temperature controls the outlet-temperature 
response and the influence of flow-rate changes can be ignored, as 
a good first approximation. - 
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Appendix 

The electrical analog of the idealized heat exchanger in Fig. 1 
is described by the circuit diagram in Fig. 7. A view of the com- 
plete analog, power auxiliaries, and oscillograph is provided in 
Fig. 8; and Fig. 9 is a close-up of the stepper-switch device used 
to flow the electrical capacity lumps through the analog, simulat- 
ing the fluid flow through the heat exchanger. 

The analog simulates the heat exchanger by substituting for 
the distributed thermal capacities and resistances, four discrete 
lumped circuits corresponding to equal increments of flow length 
in the exchanger Az = L/4, as indicated in Fig. 7. It is well to 
note in the visualization of the analog that Fig. 7 can be con- 
ceived as either a thermal circuit representing a lumped-parame- 
ter heat-exchanger approximation of the heat-exchanger model in 
Fig. 1; or an electrical circuit of the analog representing the four- 
lump heat exchanger. 

The simulation of fluid flow is performed by mechanical 
switching, timed through a synchronous motor, variable-speed 
drive, and gear-train system, which enables the lumped-fluid 
capacitors to “‘step’’ along the wall elements in discrete incre- 
ments of time, as suggested by the “rolling’’ contacts on the 
1/4 C lumps described in Fig. 7. 

The experimental solutions of the cold-gas outlet response re- 
sulting from step-function changes in the hot-gas inlet tempera- 
ture were obtained specifically as follows: A step function in the 
potential of the hot-gas capacitors was applied to the charging 
element, with the first charged capacitor entering the heat- 
exchanger element at time @ = 0. The potential of the cold-gas 
capacitors leaving the last heat-exchanger element were recorded 
as a function of time on a two-channel Sanborn oscillograph. The 
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Fig. 7 Circuit diagram for four-lump electrical analog of two-fluid 
exchanger, Fig. 1 
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response in terms of the generalized effectiveness €,.* was com- 
puted from the measured cold-gas outlet potentials using Equa- 
tion [14]. Experiments of this type were performed for the speci- 
fied ranges of the independent parameters, resulting in the corre- 
lation of Fig. 3. 

The electrical analog offered many advantages in this study: 
(a) One-to-one correspondence exists between the dimensionless 
parameters of the analog and prototype, and hence the analog 
variables are readily understandable in physical terms. (b) Values 
of electrical resistances, capacitances, and fluid step times and 
ratios are easily varied on the analog, providing wide ranges of 
the dimensionless parameters, so that simulation of many different 
heat exchangers is possible. 

Because of the lumped capacitance, resistance, and the stepped- 
flow approximations, the transient response of this analog was 
checked against known analytical solutions. The analytical re- 
sults for the insulated-pipe case (8) and the condensing steam-to- 
water heat exchanger (2) were compared to solutions obtained by 
this analog. The agreement of solutions in both instances was 
excellent, and this provides confidence in the validity of the re- 
generator transient-response results of Figs. 3 and 5. Moreover, 


for the two-fluid exchangers, the experimental steady-state re-. 


sponse of the analog against the readily calculable steady-state 
behavior of the physical system (10) provides a continual calibra- 
tion of the analog system and oscillograph. 

Because of the experimental nature of the solutions presented, 
the uncertainties of the e* versus 0*/(1.5 + C,,*) characteristics 
of Fig. 3 must be considered. Sources of inaccuracies are (a) the 
four-lumped approximation of the heat exchanger of Fig. 1 by 
the thermal circuit, Fig. 7; (6) uncertainties in the physical con- 
stants and experimental measurements associated with the 
transient tests; and (c) the method of empirical correlation used 
in presenting the data. Considering all these factors, the tran- 
sient response €,.* presented is estimated to be accurate within +3 
per cent of the full-scale value or 0.03 on the €,* scale of Fig. 3 for 
NTU < 3. The lumping error, item (a), invalidates the results 
for NTU > 3 and thus the NTU = 8 curve was derived from a 
particular numerical solution made available to the authors. The 


Fig. 9 Stepping switches for two fluids 


uncertainty of €,* of Fig. 5, for the flow step-function change, is 
larger than +7 per cent due to factors discussed in the text. It 
is pointed out, however, that high accuracy is not required be- 
cause of the very fast response and small actual temperature 


change associated with €,* = 1. 


Discussion 


G. M. Dusinberre.‘ Like the hydraulic analog described by 
Juhasz,§ this electrical analog approximates the continuous fluid 
flow by an alternation of zero-velocity and infinite-velocity steps. 
This is quite similar to the purely numerical model. In all three 
models it is necessary to observe a limitation on the number of 
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NTU that can be used in a single subdivision. The present 
authors recognize this when they state that their apparatus should 
be limited to a total NTU of 3, or in effect to €,, < 0.75. Since 
there are four subdivisions this amounts to a limit of NTU < 
0.75 per subdivision. 

With R* = 1.0, this sets a limit of 1.5 per subdivision on the 
quantity hA/C. If R* ¥ 1.0, it is perhaps more useful to consider 
the maximum value of hA/C on the two sides separately, as the 
writer did in reference (5). There, a limit of 2.0 per subdivision 
was proposed. The present authors are more conservative and 
properly so. 

After setting this limitation on NTU and using a numerical 
solution for NTU = 8, it is rather surprising that the authors have 
chosen an NTU value of 7.7 to illustrate the performance of their 
analog in Fig. 6. 

This sort of limitation can apparently be removed in the 
numerical analysis by the use of what amounts to logarithmic in 
place of arithmetic mean temperature differences. See, for ex- 
ample, a paper by Kosko.* His work shows a logarithmic mean in 
respect to time. For large values of C,* we can introduce a 
logarithmic mean in respect to space. But although the electrical 
analog inherently uses a logarithmic mean in respect to time 
within a given switching interval, the authors have found that 
this does not permit discarding all limitations. 

This brings us to the question: What is the authors’ criterion 
for choice of the switching interval? With large C.,* this will not 
depend on fluid stream conditions but it will depend on the rela- 
tion of NTU to C,. 

For stress analysis, metal temperatures are of primary interest. 
The reader should realize that any calculated temperature is 
located at the center of the subdivision and, if inlet and outlet 
temperatures are needed, extrapolation is required. 

The authors do not consider the transient of perhaps the great- 
est importance, namely, the starting transient. In starting a gas 
turbine, combustion will begin at some very low fraction of de- 
sign flow rates. Under this condition the NTU may be double 
the design value or more. 

When both inlet temperatures vary, there is little advantage 
in the dimensionless temperature ratios, which are, in fact, not 
even defined. The effort to express everything in dimensionless 
ratios becomes confusing. How, for example, are we to talk about 
C,,*? Is it C-sub-w-bar-star, or C-bar-star-sub-w, or what? 
Perhaps it would be better to let some of the ratios just stand 
as ratios rather than write a special symbol for each. This may 
be a matter of taste, but the writer does believe that for clarity 
and generality it would be preferable to use a notation which 
would consider the two fluid streams separately. 


J. W. Hlinka.? The authors have chosen a timely topic of con- 
siderable interest in heat exchanger technology; however, the 
paper has several points which require discussion. Basically, 
the writer feels the paper suffers in that the authors did not ap- 
proach the choice of dimensionless parameters with emphasis on 
the set of differential equations governing the system. 

Accepting their definition for dimensionless position 


z* = 2/L.. 
introduce the following parameters 
F, = ¢,/C, 
= 1/R,C,.. 


®“*The Numerical Determination of Transient Temperatures in 
Wings,” Canadian Aeronautical Journal, vol. 3, no. 3, 1957, p. 87. 

7 Senior Research Engineer, Heat and Mass Flow Analyzer Labora- 
tory, Columbia University, New York, N. Y. 
= 
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Fy = C/C, 
Fy = 1/RC, 


C, 
=— dimensionless time 


ww 


With this set of parameters, authors’ Equations [1] are rewritten 
as 


F; Ot, + Ot» 
or oxr* 


at, 
+ + — = 0 


+ —t,) =0 [26] 


Fit, — — Fst, — = 


The response in functional notation, with the authors’ bound- 
ing conditions and definitions for temperatures in terms of effec- 
tiveness, is 


response (z*, r) = f(FA, Fi, F2, Fs, Fs, Fs)... . . . [29] 


Thus the response for a particular location and time is a func- 
tion of six parameters, which is the conclusion reached by the 
authors as expressed by Equation [3] (the writer prefers to dis- 
tinguish between parameters, which are design and operation 
characteristics, and variables, time and position). However, the 
authors’ parameters are different from those above, and it would 
be of interest if the authors would show the sufficiency of the six 
parameters they suggest. 

Since the authors considered only symmetrical heat exchangers 
(including equal weight of fluid on each side; i.e., when Cmin/Cmax 
= 1.0and 6*, = 1.0 then C./C, = 1.0), the following simplifica- 
tions occur ee 


F, = F; 


F, = Fs 
F, = 1.0 


Thus the response is a function of F; and F; only, i.e., response 
(0,7) = f\(Fi, F2). Further with = C, = 0,ice., Fi = 
one parameter, F2, alone defines the response function. It should 
be noted that in this case the authors’ empirically derived time is 
equal to r. 

The question might be raised regarding the use of 7 in the un- 
likely limit when C, = 0 and C, = C, # 0. For this case it can 
be shown that the choice of dimensionless time for a minimum 
number of dimensionless parameters is 6*. Here again for the 
special case of F; = F; but one parameter is required and, with F2 
fixed, the response is defined. Thus the authors’ empirically de- 
rived correlating parameter has the form which satisfies the 
straightforward mathematical approach in the limiting cases 
when C, = C, = 0 or when C, = 0. However, the contention of 
the paper is that, if time is presented in the authors’ fashion, 
variations in the fluid masses (i.e., F;, Fs) are accounted for also. 
Such a generalization would unquestionably be useful, but a test 
seemed in order. 

The Heat and Mass Flow Analyzer Laboratory at Columbia 
University has developed a circuit similar to the one described by 
K. Heindlhofer and B. M. Larsen,® but with a number of gas and 
air capacitances. Both the Heat and Mass Flow Analyzer circuit 


3 ™ 0, 


5 An Electrical Analogue of the Flow of Heat in a Regenerator Sys- 
tem,” T. P. 1798, Metals Technology, August, 1945. 
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NTU = 30 


COUNTER FLOW 
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and Heindlhofer’s were used for heat exchangers with heat storing 
walls (open hearth regenerator). It should be mentioned that 
Heindlhofer describes in considerable detail the principle of the 
analog the authors used in their paper. More recently, however, 
an improved method has been developed and described for heat 
exchangers, although usable equally well for the open hearth 
regenerator.’ This circuit eliminates the mechanics (stepping 
switches, motor drive, etc.), yielding considerable ease and ac- 
curacy of computation. Fig. 10 is a comparison of the results thus 
obtained on such circuit with those of the authors. This figure 
shows a degree of correlation between curves marked 1, 2, 3 at 
the 90 per cent point, but a writer would be hesitant to accept 
the deviation when C,, 

Further comments will, a the sake of brevity, be enumerated: 


1 How can the case of C, = C, = 0 be computed on the 
authors’ computer when in fact the sliding capacitors are zero and 
therefore do not exist? 

2 Are the lumping error check cases sufficient in the light of 
the fact that they are not a true representation of heat exchanger 
conditions? For example, the condensing steam to water check 
presents a case where because of zero temperature gradients on 
the steam side, there can be no lumping error on this side since 
the lumping error is related to the gradient. A four-section net- 
work, from personal experience with analogs, can produce con- 
siderable percentage errors. 

3 The example for Equation [17] seems to be in error. Why 
is @ taken for an €,* of 63 per cent rather than 90 per cent? If 
the 90 per cent point is taken, a A = 1.1 (1.5 + 1220)(0.382) = 
514 sec is obtained, which is in closer agreement to the 465 seconds 
determined from Equation [17]. 

4 Fig. 7 is somewhat misleading in that for counterflow the 
power supply and associated switching should be at the opposite 


* “Electric Analogy Studies of the Transient Behavior of Heat Ex- 
changers,”” by V. Paschkis and J. W. Hlinka, Trans. N.Y. Academy 
of Sciences, Ser. II, vol. 19, no. 8, June, 1957, pp. 714-730. 


Fig. 10 


end of the network. The schematic shown applies to parallel flow 
only. 

5 This writer cannot discern the range which Fig. 3 covers, 
since the caption contradicts the range for C,,* cited in the title 
box, 


8) 
Professor Dusinberre discusses in a general way the errors in- 
troduced by using a 4-lump or, more generally, an n-lump analog 
approximation of the heat exchanger. It is possible to answer 
this question more specifically in terms of the steady-state re- 
sponse of an n-lump “model” relative to the steady-state 
response of the ‘‘prototype”’ (n = » ) having a continuous variation 
with z of wall temperature. Fig. 11 summarizes this comparison 
for n = 4 for both the regenerator problem (Cmin/Cmax = 1) and 
the condenser or evaporator problem jeune, = 0). The 
equations for the regenerator problem are summarized below. 


Authors’ Closure 


NTU /R*¥+1 


_ NTU 
n 


é=l-—e 


(R*+1) 
h = 1 


€es prototype = NTU/(1 + NTU) 


€ss modes 


6.41 = ¢(NTU, n, R*). 


€ss proto 

Equations [30) and [31] are derived in reference (10) and Equa- 

tions [30a] and [30b] can be derived by elementary methods from > 

the definition of the n-lump model, each lump having a uniform — 
wall temperature at any instant. 

It is clear that: (a) The lumping error as expressed by 6,, is 


TTT TT 
— 
| 
| (30a) 
| [30b) 
(31) 
bo ey 


LUMPING ERROR FOR N#4 ON THE 
STEADY-STATE EFFECTIVENESS 
( Ess , proto - Ess, model )/Ess, proto 


Steady-state lumping error for the regenerator (Cmin/Cmax 
= 0) problems 


Fig. 11 
= 1) and condenser, and evaporator (Cmi./Cmax 


small, even for high NTU, for the condenser problem. (b) 
For the regenerator problem, with NTU = 3, the error is a 
minimum for R* = 1, one of the conditions of Fig. 3, and is less 
than 4 per cent. (c) A major part of this error is eliminated from 
the transient response €,*, as given by Fig. 3, because the evalua- 
tion of €,* includes the actual «5 of the analog (= model). (d) In 
view of the foregoing, it is concluded that for NTU < 3 the un- 
certainty in the results presented in Fig. 3, due to the use of only 
four lumps in the analog, probably is less than two per cent. 
Professor Dusinberre inquired as to the “‘criterion for the choice 
of the switching interval.”’ To answer this question the following 
model parameters are presented as being typical for the tests: 


500 k ohms oss Ore 
= 250 k ohms cat 

= microfarads 

to 40 microfarads 


= 250 X 10? X 4 X 2 X 10% = 


2 seconds 


it follows directly that NTU = 
the cold fluid dwell time for the 
The switching time for the cold 


From the definition of NTU, 
6,./(RE,) and, consequently, 
model is 6,, = 2 NTU seconds. 
fluid is then 6,./4 = NTU/2 sec. 

The starting transient, as Professor Dusinberre observes, is 
indeed an important problem. Fig. 5 may be of use in this con- 
nection in that the response to a step function change in the 
NTU is demonstrated to be much more rapid than the response to 
step input temperature. Possibly then, starting time could be 
broken into three (or more) intervals, each characterized by a 
suitably averaged NTU treated as a constant, and then the tem- 
perature could be evaluated as in Fig. 6. 

Mr. Hlinka comments that the authors did not approach the 
choice of dimensionless parameters with emphasis on the differen- 
tial equations. This is certainly not the case as indicated in the 
text above Equation [3]. The following differential equations 
parallel his set [26] to [28]. 
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min 


{26a} 


+ 1Xt, —¢,) = 0.. 


max 


R. [27a] 


(t. — = 0 


we 


1 Mth ty) 


NTU (= 
R* 


TU 
(R* + 
The ‘‘sufficiency of the six parameters” is demonstrated, as Mr. 
Hlinka requested. Note that a (—) sign is needed in front of F; 
in his equation [27]. 

While the nondimensional NTU parameter proposed by the 
authors appears to be more cumbersome than the directly re- 
lated F2, Fy, and F; factors taken separately, it permits retention 
of the steady-state heat exchanger performance parameters 
noted in Equation [3] and this is considered to be highly de- 
sirable in accordance with the philosophy expressed in the text 
preceding Equation [3]. 

The correspondence between Mr. Hlinka’s parameters and the 
set proposed by the authors is given below for later reference. 


[28a] 


NTU 4 —— 
FF: + Fs) 


Introduction of these definitions into Equations [26a], [27a], and 
[28a] will yield, with only slight rearrangement, Equations [26], 
[27], and [28]. 

Mr. Hlinka points out two conditions where the combination 
of 6* and C,,* into a single parameter is rigorous; namely, for the 
first case, when 


R* 4 F, IF; 1, 3 F;/F,F, = 1, and Cun /Cuex 4 F, = 
and quite obviously, for the second case when C,,* = 0. 
The really important question is the validity of using the 


empirically established 6* and C,,* combination 
15+C,* 15+ 


as a correlating time parameter for a variety of C,,* nian as 

used in Fig. 3, still under the restrictions of R* = 1, Cmin/C max = 

1, and = 1 
It may be shown, starting from the differential equations, that 

if C, > C., C,, @* and C,* do indeed combine into a single 

parameter, namely 6*/C,*; under these circumstances, as C,* >> 

1.5 the empirical correlating time parameter does reduce to the 

same result. This argument further justifies the extrapolation of 

the test results for C,* < 40 to the much larger C,* magnitudes 

characteristic of actual regenerators (see text preceding Fig. 4). 
Mr. Hlinka recognizes the value of the generalization afforded 

by the proposed 6*-and-C,* correlating factor in the statement, 

“However, the contention of the paper is that, if time is presented 

in the authors’ fashion, variations in the fluid masses (i.e., F;, F's) 

are accounted for also. Such a generalization would unquestiona- 

bly be useful, but a test seemed in order. ...’’ and the “tests’’ 


mS 
min =O 
re) 2 4 10 
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are presented in Fig. 10. Since for the NTU = 3 regenerator 
problem under discussion Cyyin/Cmax = 1 (= “variations in 
fluid masses” are reflected by 0,* 4 F;/FiFs = F:/F, = 
Since 6,* is specified as unity in Fig. 10, it is clear that the dis- 
cusser fails to provide the promised test. For the answer to this 
question the reader will still have to depend on the statement in 
the text preceding Equation [16], “that ¢,* was virtually in- 
sensitive to variations in 6,* for C,,* > 10.” This point resulted 
in the wording of the caption of Fig. 3 in contrast to the 0,* = 1 
test specification lettered on Fig. 3. 

Worth-while conclusions can be drawn from Mr. Hlinka’s Fig. 
10, namely: (a) The results from the Columbia University analog 
are in good agreement with Fig. 3 for NTU = 3 and help to 
substantiate the estimated uncertainty, as given in the Appendix, 
of +0.03 on the €,* scale. (b) Since curve 2 of Fig. 10 corresponds 
to C,* >> 40, while curve 3 corresponds to C,* = 4, their close 
agreement supports the authors’ view that the empirical 6*-and- 
C,,* parameter does provide a useful generalization, at least for 
6,* = 1, since first, it allows extrapolation to large C,,* behavior 
and secondly, a reduction of variables results. 

Mr. Hlinka “for the sake of brevity’? concludes his discussion 
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with five enumerated questions and comments. For the sake of | 
brevity these points will be answered in a like vein. 


1 Tests were not run for the case of C,, C, = 0. The impor- 
tant results for large C,*, i.e, Cy, C. << C,, were obtained by 
extrapolation, as discussed at length in the paper and also in this 
closure. 

2 The point regarding lumping errors is answered rather con- 
vincingly by Mr. Hlinka’s Fig. 10 and also in the discussion as- 
sociated with Fig. 11. Up to NTU = 3, for R* = 1, the lumping 
error is small for four lumps (probably somewhat less than 0.02 on 
the €,* scale). 

3 The example for Equation [17] is not in error. Two prob- 
lems are considered, the first to establish 4. from the approxima-_ 
tion Equation [17] and the second to establish 6.3 from Fig. 3. ; 

4 Fig. 7 is correct as shown. The C/4 lump leaving the 
charging section always enters the “exchanger.” 

5 The text prior to and following Fig. 3 specifies the reasons 
why the caption, which describes conditions of application of in- 
terest to the gas turbine regenerator designer, differs from the 
title box describing the specific test conditions. 
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sd Djiscussion on Similar Solutions for Free Convection From a 
Nonisothermal Vertical Plate’ 


A Myron Tribus.? The value of this paper lies not only in the 
fact that it gives a completely new solution to the problem of 
convection in the presence of nonisothermal walls, but also in the 
fact that these exact solutions permit one to check the approxi- 
mate solutions which have been obtained by other less rigorous 
methods. In reference (6) of the paper Sparrow has given an 
approximate solution for this same system but another set of 
boundary conditions. That solution, with slight modification, 
can be generalized to account for an arbitrary wall heat flux but 
because the method of solution is approximate, there has existed 
until now no convenient way to check its accuracy. Since space 
is limited the derivation of the more general solution will be given 
here only in outline form. In reference (6) Sparrow reduces the 
integral form of the boundary layer equation to a pair of simul- 

taneous total differential equations 


A? q Q 
— (022A) 1 
105 d. 6 Uf A [ ] 
1d 2q 
— — (QA%) = —................. 2 
30 dx ‘ Pr 2] 


with 7,, — T, = q6/2k, A = (gBqo/kv*)'/%, 


Q = (gByov?/k) —Vy 
X = (gBqo/kv?)'/4z 
where the symbols are all the same as in the paper except for 6 = 
boundary layer thickness, w = velocity parameter, and q = a 
“reference’’ heat flux density. 
If g(x) is prescribed one may integrate [2] directly. 


z 1/ 
= (gB8qo/kv*) 0 


Let Q = 


= where 
Q(x) is the total heat flux between 0 and xz. Upon integra- 
tion of [2], Q may be eliminated and by means of the change of 
variable Z = Q*qg~?A~-? followed by the change of variable W = 
Z*/* there results the simple first-order linear differential equation 
inW 


35 q\.. 7 
Pr W = [3 


which may be readily solved and the solution (with the arbitrary 
constant set equal to zero) expressed in terms of A as* 


»y 35 10 35 4 

At = : pe far Prt 3 [4] 
6 X 144q0 

Elimination of A and 6 using the first two definitions given above 

and replacing X by z, Q by Q from the appropriate equations 

converts equation [4], after some algebra, to the form* 


‘ py? ks 
2 


7 
Pr + 3,'/3 


1 By E. M. Sparrow and J. L. Gregg, published in the February, 
1958, issue of TRans. ASME, vol. 80, pp. 379-386. 

2 Engineering Department, University of California, Los Angeles, 
Calif. Mem. ASME. 

8 The integral in Equation [4] is an indefinite integral and permits 
no integration constant. 
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and finally to® 


Q 12 + 3 


This latter solution may be used for an arbitrary heat flux and is 
directly comparable to the one given by the authors. Since it was 
obtained by an approximate method it is subject to question. 
If one substitutes g = Az’ in the right-hand member, Equation 


[6] reduces to 
28\'/« 
—) + 1)” 


(Gr/4)'/4 35Pr te : 
12 +1}(¢+ 1) + 3 


Equation [5], as does the authors’ equation, predicts that if g 
4r+l 


varies as x’, then t, —t, willvaryasz ” . Therefore if we set 


1 
n = — (4r + 1) and substitute for r in [7] 


, fin + 3\'7 
(28/27)'/* pr ( 
Nu 0 4 


* 4 3 


The table below shows how Equation [8] compares to Fig. 2 of 
the paper: 


8] 


n Nu/(Gr/4)'/« (for Pr = 1) 
From Eq. 11 From Fig. 2 
3 1.03 : .08 
2 0.94 0.98 
1 0.82 0.84 
0.5 0.735 0.74 
0.2 0.666 0.65 
0 0.61 0.58 
—0.2 0.531 
—0.5 0.308 0.18 
—0.6 0 


The writer wonders if the point forn = —0.5, Pr = 1 is correct 
in Fig. 2. 

It is interesting to note that Equation [6] is most easily solved 
for the cases gq « x" org « e™*, the same cases as treated in 
the paper. 

For q « e* one finds from Equation [5] that 7,, — 7’, is pro- 
portional to e*?* as the authors show and that from Equation [6] 
{[—@’(0)] depends only on Pr and is given by [5376Pr?/135(35Pr 
+ 12)]'/ This equation predicts results 15 per cent higher than 
the values given by the authors. 

A deficiency in the available solutions is the inability to treat 
the case where the heat flux is discontinuous as in the case of 
horizontal heater strips mounted at intervals on an insulated 
vertical wall. 

Does it not follow that n = —0.6 is the case of the “insulated 
wall” above a brief heated region? In Equation [8],n < —0.6 
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yields imaginary values for Nu/(Gr/4)'/* which the writer in- 
terprets to mean that it is impossible to have (7, — 7) and q 
both be certain restricted power functions of z since one or the 
other must change sign. 

These questions, which are mathematical in nature, point up 
the need for an experimental program to check the applicability 
of these analytical results. Do the authors plan such an experi- 
mental program? 


Authors’ Closure 


The authors extend their thanks to Professor Tribus for his 
excellent discussion and welcome it as an important adjunct to 
the paper. 

Some measure of the success of the approximate method may 
be gained by inspection of the table given in the Discussion. 
Here it is seen that, for n > 0, the agreement between the ap- 
proximate findings and the exact solutions of the paper is good, 


but that deviations appear for n < 0. We can understand the 


reason for the relatively poor showing of the approximate method © 
for n < 0 by inspecting the boundary layer temperature profiles — 
given in Fig. 3 of the paper. There, it may be seen that the curves _ 
for n> 0 are of simple form, while the curves forn < 0 have inflec- 7 
tion points. Now, the approximate method given by Professor | 
Tribus is an extension of work presented in reference (6) of the — 
paper, where the boundary layer temperature profile was taken as 
a parabola. It is well known that a parabola cannot have an in- 
flection point. So, it is clear that such a simple curve cannot be a 

good representation of the inflection point temperature profiles _— 
for n < 0, and its use will lead to errors in the Nusselt number re- 

sults. Of course, the approximate method can readily be im- 


proved by selecting a more complex polynomial for character-— 
izing the boundary layer temperature distribution. 


Professor Tribus’ suggestion for experimental work is well 
taken. The authors are not now planning such a eam. 
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BEGINNING in January, 1959, the 
Transactions of the ASME will be pub- 
lished as a series of four quarterlies. 
The new plan, as set up by the Publica- 
tions Committee, was formally approved 
by the Board on Technology and the 
Executive Committee of Council. In 
addition, the chairmen of all ASME 
Professional Divisions, Research, and 
other Committees were apprised of the 
new scheme. 

Thus with the existing Journal of 
Applied Mechanics, the Transactions will 
include the Journal of Basic Engineering, 
Journal of Power Technology, and Journal of 
Industry Technology. (Titles are tentative.) 

Tables 1 to 3 list the subjects which 
will be included in each of the new 
journals. Papers recommended for 
Transactions will henceforth be chan- 
nelled into the proper journal in accord- 
ance with this subject breakdown. 

Table 4 lists the subject matter covered 
in the Journal of Applied Mechanics. 


ASME to Split Transactions Into Three Quarterlies 


Journal of Applied Mechanics continues as fourth Transactions quarterly 


In going to this new publication plan, 
it is proposed to add some new features 
to each of the new quarterlies. One such 
feature would be a section or department 
entitled ‘Technical Briefs.’ This would 
be similar to the ‘‘Brief Notes’ depart- 
ment in the Journal of Applied Mechanics 
and would consist of worthy contribu- 
tions of 750 words or less including one or 
two illustrations. Such contributions, 
however, should be reviewed and ap- 
proved by the specific division's review- 
ing committee prior to publication. 

In addition, the covers for the four 
quarterlies are being redesigned (see 
illustrations) and the format of the edi- 
torial content is being revamped. 

At the same time, the Publications 
Committee, the Board on Technology, 
and the Executive Committee, because of 
rising printing costs (60 per cent since 
1945) and increased volume of material 
to be published (90 per cent since 1945) 
voted to increase subscription rates and 


recommended the following price sched- 
ule for the new quarterlies, effective 
January, 1959. 


No. of Nonmember 
Journals Member Price Price 
1 $ 5.00 $10.00 
2 9.00 18.00 
3 12.50 25.00 
4 15.00 30.00 
4 


If mailed outside of United States, 
Canada, and Pan-American Union Coun- 
tries a charge of 50¢ for each quarterly will 
be made for postage. 

All ASME members will be afforded an 
opportunity to subscribe to the new 
journals on the Annual Dues Statement 
which will be mailed to the membership 
in August. 

With this new plan, the officers and 
staff of ASME hope to render a better 
service to the membership by publishing 
the Transactions in more usable packages. 


Jourmall of 
BASIC ENGINEERING 


1959 


POWER TECHNOLOGY 


Jowwal of 


1959 


Jourmal of 
INDUSTRY TECHNOLOGY 


Morel 1959 


Jourual of 
APPLIED MECHANICS 


Marek 1959 


Table 1 Table 3 Table 4 
Journal of Journal of Journal of 
Basic Engineering Industry Technology Applied Mechanics 
DIVISIONS DIVISIONS DIVISIONS Elasticity 
Heat Transfer 1c Power Aviation Plasticity 
Hydraulic a _ Gas Turbine Power Machine Design Dynamics 
Instruments and Nuclear Engineering Management Vibration 
Regulators Fuels Wood Industries Impact 
Lubrication Oil and Gas Power Maintenance and Plant Engi- — and Fracture 
Metals Engineerin | neerin tructures 


RESEARCH COMMITTEES 


Automatic Regulation 
Theory 

Effect of Temperature 
on the Properties of 

‘Metals 

Fluid Meters 

Heat Conduction Charts 

Lubrication 

Mechanical Pressure 
Elements 

Plastic Flow of Metals 

Prevention of Fracture 
in Metals 


Boiler Feedwater Studies 

Condenser Tubes 

Corrosion and Deposits From 
Combustion Gases 

Furnace Performance 
Factors 

High-Temperature Steam 
Generation 

Properties of Steam 


OTHER COMMITTEES 
Power Test Codes 
Air Pollution Controls 
Solar Energy Application 


Production Engineering 
Materials Handling 
Rubber and Plastics 


Petroleum 
Safety 
Textile 


Process Industries 


RESEARCH COMMITTEES 


Elevators 

Engineering Administration 
Flow of Bulk Materials 
Mechanical Springs 

Metal Processing 


Mechanical Properties of 


Materials 
Hydraulics - 1 
Aerodynamics 
Internal Flow 4 
Turbulence 


Boundary Layers 
Acroelasticity » 
Thermodynamics 


Heat Transfer 
Lubrication and 


Wear 
Computing Devices and 
Methods 
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TEST CODE FOR DIESEL AND BURNER FUELS, Pub. 1958. $4.00 
Present for and for determining 

TEST CODE FOR SAFETY AND RELIEF VALVES, Pub. 1958. $2.50 


Covering valves hendling steem, (the properties 
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AMERICAN DRAFTING STANDARDS 
MANUAL 
The following sever sections of this 17-Section Manual are now 
available. 


SZE AND FORMAT (Section 1) ¥14.1-—-1957 


PROJECTIONS (Section 3) ¥14,3-—-1957 
in the choice and arrengement of views 


PICTORIAL DRAWING (Section 4) ¥144-—-1957 $1.50 
Here the verious kinds of pictorial drawings are defined and the correct 


method of using them 

DIMENSIONING AND NOTES (Section 5) ¥14.5—1957 $2.00 

SCREW THREADS (Section 6) Y14.6—1957 $1.50 
plecing screw threed date on drawings 


Presents the ed 
Ss. 
GEARS, SPLINES, AND SERRATIONS (Section 7) 


seers (particularly the teeth), splines, and serrations on drawings, = 


20% Discount to ASME members 
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ASME POWER TEST CODES 
ee These new Codes contoin the best test procedures to follow in 
order to obtain accurate information on the adaptability of the 
Volume places vecerd © verification manufacturer's guorantee. Code 
contains a checklist of the items on which agreement should be 
processes, and power generation. So whether you wish to keep reached prior to starting the tests, specifies instruments and testing 
8 abreast of advances throughout the mechonical-engineering field, opporatus required, lists precautions to be taken, and gives in- 
obtain information that will help you develop a broad bockground, structions for computing ond tabulating test results. 
or have at your finger tips a unique collection of procedures and 
to the papers in this the for of which cools of 
help. They ore classified under the following major subject di- eaporouen wih conducive het 
for the testing spray type deserating hest- 
drostatic Ti Instruments. Lubricants end Lubrice- wrth cher 
Nucleer and Sc 
Superhesters. god es. of the dust semple. 
dynamics. Velves. . Wave Mechanics. W. . 
NERATORS, Pub. 1958. 
METALS ENGINEERING-PROCESSES 
423 Pages 512 Illustrations $13.50 
data on the various processes by which metals ore converted into 
: day engineering helps, the book covers such 
treatment of steel, all forms of casting, hot ond EE 
der metallurgy, welding, machining, and electroforming. 
For each of the manufacturing methods there is a 
basic physical choracteristics to be considered 
| aaa le! data concerning the suitability of various mechenicel 
and the natural tolerances on size and surface or heering. 
‘3 eae assist in evolving designs that meet all 
bese Forging, 
har eiee 1946 Standard, ore for more detailed, and go into areas not pre- 
Wire Of Kall viously dealt with. Moke them your on-the-job reference and 
Part Welding thereby prevent misunderstanding, eliminate costly mistakes, and 
De Part Vil—Maechining. Berre! increase all-round efficiency. 
Ba ee T Polishing, end Coating and Protection. Part 
Ne ix Index. 
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MATERIALS HANDLING HANDBOOK ine convannons AND LETINING 
mension lines end cutting-plene lines, ond Twenty- 
ae : Answering a need long felt throughout industry, this great new seven diagrams ond illustrate the text. 
Be itn, <2 Handbook now makes easily accessible the vitally important guid- 
meee ance to efficient, low-cost materials handling that has hithertotore 
coed a been dispersed through hundreds of sources. Here, abundantly 
ages = illustrated, are the facts needed to avoid costly errors and time- 
consuming research in solving operating and policy problems re- 
eres. lating to all aspects of materials handling. The vast amount of 
Bs a information in this Handbook has been digested and organized 
Be ues into 47 co-ordinated sections, carefully cross-referenced and in- 
4 ie dexed to help the user in finding all pertinent facts to the problem 
Bot hand. 
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